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DAMPING  AND  ISOLATION 


DESIGN  OF  A  DAMPED  MACHINERY  FOUNDATION 
FOR  HIGH-SHOCK  LOADING 

E.  V,  Tltum:in 

AnnapoliH  Division  of  Nnv.il  Ship  Rrst’.i  rclt 
«'inrj  Development  Center* 

AniMpoli**,  M-irylaivJ 


A  simplified  dcfii^n  procedure  is  set  forth  for  pipe  within 
a -pipe  members  supported  by  a  viscoelastic  adhesive.  Th** 
safely  of  the  design  procedure  has  been  verified  by  three 
separate  exposures  to  high- shock  testing. 


INTRODUCTION 

The  design  of  machinery  foundations  using 
elastic  materials  has  been  advanced  to  a  rela¬ 
tively  sophisticated  state  by  Belshelm  and 
O'Hara  (or  impulsively  loaded  structures  f  1 1. 
However,  their  method  becomes  analytically 
unmanageable  If  a  viscoelastic  material  Is  in¬ 
corporated  as  a  load-carrying  member  in  tbe 
design.  When  such  a  viscoelastic  material  has 
a  high  damping  coefficient,  plus  normal  non¬ 
linear  elastic  properties,  the  differential  equa¬ 
tions  of  motion  of  the  dynamic  analysis  method 
grow  beyond  the  capabilities  for  solution  of  the 
largest  computers. 

Prior  to  the  development  of  the  dynamic 
analysis  method  for  shock  design,  the  only 
available  methods  for  evaluation  of  a  design 
were  shock  machine  testing  or  explosive  test¬ 
ing  on  a  shock  barge  facility.  These  methods 
are  adequate  for  testing  damped  structures,  but 
are  primarily  designed  for  testing  machinery 
rather  than  foundation  structures.  For  ma¬ 
chinery  foundation  structures  designed  to  be 
attached  directly  to  a  ship  hull,  rather  than  to  a 
deck  or  intermediate  structure,  the  shape  ol 
the  hull  as  it  affects  the  foundation  must  be 
simulated  for  testing  on  a  shock  machine.  This 
requires  fabrication  of  on  intermediate  simulated 


hull.  The  foundation  to  be  evaluated  must  then 
be  fabricated  on  the  hull  share.  Loading  of  the 
foundation  requires  the  use  of  shipboard -type 
isolation  mounts  supporting  a  mass  simulating 
the  shipboard  machine  This  procedure  re¬ 
quires  design  simulation  of  the  hull  structure 
of  the  ship  plus  nonresonant  machine-simulation 
masseB. 

The  design  procedure  discussed  in  this 
paper  was  developed  specifically  for  a  pipe 
within  a  pipe  supported  by  a  viscoelastic  cylin¬ 
der  adhered  to  inner  and  outer  elastic  pipes 
(Fig.  1).  This  foundation  member  was  dcvel- 
upeu  for  vibration  attenuation  nj  the  attached 
machinery.  The  design  for  shock  safety  in 
combat  vessels  is  required  for  containment  of 
supported  machinery. 


VISCOELASTIC  MATERIAL 
PARAMETERS 

The  viscoelastic  material  used  for  the 
pipe-in-plpe  leg  la  a  lead-filled,  flexible  epoxy 
resin.  This  material,  like  most  long-chain, 
cross-linked  polymeric  materials,  is  highly 
rate  sensitive  for  shear  loading  beyond  the 
nunreversible  loading  limit.  Tills  rate  sensi¬ 
tiveness  is  caused  by  the  superelastic  uncoiling 


♦The  opinions  and  assertions  herein  are  those  of  the  authoi  and  are  not  to  be  construed  as  those  u! 
the  Annapolis  Division,  The  Center,  the  Navy,  or  the  naval  service  at  large. 
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Fig.  i  Pipe  within  a  pipe  sup 
ported  by  vi *c url'iwtu  cylinder 
.idhercd  to  inner  ind  outer  pipes 


of  cross-linked  molecular  structure.  This  dif¬ 
ference  in  rate  was  measured  experimentally 
on  a  testing  machine  with  a  programable  rate 
of  force  application  up  to  1000  lb/sec.  With 
500  and  1000  lb/ sec  as  loading  rates  on  many 
samples  of  pipe-ln-plpe  specimens,  the  strees- 
deformatlon  curves  seen  m  Fig.  2  were  gener¬ 
ated.  The  linear  stress -deformation  portion  of 
the  curve  terminates  at  a  shear  stress  level  of 
510  psi.  Beyond  this  point  all  the  way  to  (all¬ 
ure,  superelastic  nonrecoverable,  rate-sensitive 
deformation  occurs  Failure  occur6  at  t  te  same 
Shear  deflection,  regardless  of  luadmg  rate. 

The  average  failure  stress  of  samples  at  the 
1000  Ib/oec  loading  rate  was  40  percent  higher 
than  the  average-  failure  stress  for  the  samples 
tested  at  the  500  lb/sec  loading  rate.  The  test¬ 
ing  machine  data  (Ftg.  2)  do  not  approximate 
the  high  loading  rates  of  shock  inputs.  They  do, 
however,  provide  an  Indication  of  the  added  de¬ 
sign  factor  of  safety  owing  to  the  composition  of 
the  viscoelastic  adhesive  used  in  the  pipe- 
withln-a-pipe  leg. 


Fig  Z  St  re  si  •  deformation  uirvn 

length  of  viscoelastic  adhesive  required  for  a 
pipe-within-a-pipe  foundation  is 

r  »  SEN 

L  -  (  ‘ii  I  . 

.Is  •• ■  ■  .1  ■  M0 

where 

w  =  a-i.  t.i  .  machine  in  pounds, 
rN  -  eh.  ..  .1  imber  from  Fig.  3, 

<..4!t',  .  a- 

.'»  ts.  ameter  of  inner  pipe  in 

<  i  H 


DESIGN  PROCEDURE 

The  testing  machine  data  on  the  viscoelas¬ 
tic  adhesive  will  be  used  as  design  sttess  lo.ul 
at  the  extent  of  the  repeatable  shear  stress - 
deformation  limit  of  510  pot  This  limit  is  used 
with  Navy  shock-design  curve9  (Fig.  3)  to  de¬ 
termine  a  total  shock  design  number  (SDN) 
based  on  the  Installed  .-eight  of  machinery. 

With  the  viscoelastic  adhesive  data  from  the 
testing  macnlne  used  as  a  base,  the  total  shear 


EXPERIMENTAL  EVALUATION 

This  method  has  beer  u?ed  successfully  for 
design  of  a  double-damped  portal  frame  founda¬ 
tion,  a  highly  damped  toraiunal-boam  foundation, 
and  a  braced  cantilever  foundation  for  shipboard 
use.  These  foundations  were  tested  on  a  me¬ 
dium  weight  shock  machine  under  M1L-S-901C 
specifications  with  no  damage.  A  foundation  was 
also  dcstgned  for  future  evaluation  in  a  Na^al 
Research  vessel  under  explossivc  loading. 
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Fig.  3.  Navy  shock-design  curves 
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CONSTRAINED  LAYER  DAMPING  WITH  PARTIAL  COVERAGE 


David  S.  Nokea  and  Frederick  C.  Nelson 
Tufts  University 
Medford,  Massachusetts 


A  theoretical  and  experimental  study  is  presented  for  the  damping  of 
beams  by  constrained  viscoelastic  layers  when  only  a  portion  of  the 
beam  is  covered.  The  results  of  Ungar  and  Kerwin  are  extended  to 
nonsinusoic'al  mode  shapes  and  to  partial  coverage  in  which  only  the 
central  portion  of  the  beam  is  covered  with  a  constrained  viscoelastic 
layer.  Both  theory  and  experiment  show  that  for  stiff  viscoelastic 
layers  the  loss  factor  is  greater  for  partial  coverage  than  for  full 
coverage. 


INTRODUCTION 

This  paper  deals  with  the  damping  ol  beams 
by  constrained  viscoelastic  layers  when  only  a 
portion  ol  the  beam  is  covered.  A  layer  of 
viscoelastic  material  is  applied  to  one  surface 
of  the  beam  and  covered  with  a  metal  constrain¬ 
ing  layer.  This  produces  large  shear  strains 
in  the  viscoelastic  layer  and,  thus,  high  damping. 

The  first  treatment  ol  this  problem  appears 
to  have  been  by  Kerwin  [1]  in  1959.  Shortly 
thereafter  a  more  general  treatment  was  given 
by  Ross,  Ungar,  and  Kerwin  [2j.  They  later 
developed  a  simpler  method  ol  derivation  using 
energy  methods  [3],  which  led  to  the  currently 
accepted  form  of  the  equations  for  the  loss  fac¬ 
tor  of  the  beam  [4]  Their  results  have  since 
been  extensively  checked  against  experiment, 
the  most  complete  works  being  by  Yin  et  al.  {0) 
and  Ruzleka  et  al.  (6).  These  works  report  good 
agreement  for  the  case  considered  by  the  Ungar 
and  Kerwin  theory. 

The  theory  of  Ungar  and  Kerwin  was 
derived  for  an  infinitely  long  beam  with  a 
sinusoidal  waveform.  The  tiieory  applies  to  a 
pinned-pinned  finite -length  beam  but  not  to 
other  cases  ol  finite  beams.  DiTaranto  [7,8 J 
has  developed  a  general  theory  that  is  valid  lor 
any  end  conditions  but  still  assumes  the  entire 
beam  is  covered. 

Recently,  Yoos  and  Nelson  [9],  in  attempt¬ 
ing  to  damp  floor  panel  vibration  in  a  building, 
performed  tests  that  indicated  that  partial 
coverage  could  give  as  much  damping  as  full 


coverage.  These  tests  indicated  a  peak  in  the 
damping  at  about  60  percent  coverage  of  the 
beam.  While  no  other  cases  of  increased 
damping  with  reduced  coverage  have  been  re¬ 
ported  in  the  literature,  comments  at  the  pre¬ 
sentation  of  their  paper  indicated  that  other 
people  had  observed  this  effect  but  had  attrib¬ 
uted  it  to  experimental  error.  At  that  time 
there  was  apparently  no  theory  available  for 
predicting  the  effect  of  partial  coverage. 

As  a  result,  It  was  decided  to  conduct  a 
theoretical  and  experimental  study  of  the  ef¬ 
fects  of  covering  only  the  central  portion  of  the 
beam  and  also  evaluating  the  effects  ol  different 
beam  end  conditions.  In  this  paper,  a  theory  is 
developed  that  Is  applicable  to  any  symmetrical 
boundary  conditions  and  assumes  the  mode 
shape  is  the  same  as  that  of  the  corresponding 
undamped  beam.  The  theory  predicts  that  for 
stiff  viscoelastic  layers  the  damping  will  be 
higher  for  partial  coverage  than  ior  full  cover¬ 
age.  The  loss  factor  was  measured  and  agreed 
with  the  theory  to  within  limits  ol  accuracy  of 
the  property  data. 


ANALYTICAL 

The  following  derivation  uses  the  same 
assumptions  as  the  Ungar  and  Kerwin  theory 
[4],  with  two  exceptions.  The  mode  shape  is 
assumed  to  be  the  same  as  that  of  the  undamped 
beam,  but  not  necessarily  sinusoidal.  The  mode 
shape  for  any  symmetric  boundary  conditions 
can  be  used.  Also,  only  a  fraction  ol  the  beam 
is  assumed  covered.  The  damping  layer  in  a 
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s'-igle  section  of  length  -t  -which  Is  centered  on 
' -.3  length  of  the  main  beam  as  shown  In  Fig.  1. 


e^etH-is) 

W«WM 


Using  these  equations  and  the  stress-strain 
laws,  the  following  equation  Is  found  for  s3  In 
terms  of  the  beam  slope,  «,  and  constants  (see 
Ref.  [10]  for  a  detailed  derivation): 


- -  -  s s,  ^  -  HRL <t>  (3) 

d£3  J 


where 


Fig.  1.  Beam  and  damping 
layer  geometry 


A  differential  equation  Is  developed  for  s3 , 
the  horizontal  displacement  of  the  neutral  axle 
of  the  constraining  layer.  The  viscoelastic 
material  Is  represented  by  a  complex  modulus 
o  s  o'  +  »G’  =  o'(l  t  i/3).  In  all  the  following 
equations,  steady-state  sinusoidal  motion  Is 
assumed,  that  is,  all  quantities  can  be  taken  as 
multiplied  by  e*"*  where  Is  the  frequency  of 
oscillation. 

The  geometry  o4  deformation  is  shown  In 
Fig.  2.  From  the  geometry,  the  shear  strain  In 
the  viscoelastic  layer,  f,  Is 

S,  “  si  “  (c, ♦ h  +  c.)  ♦ 

y  *  _J - ! — l_i - Li-  .  (1) 


h  U3aJ  \e,aJ 

(4) 

c.  ♦  h  ♦  c- 
H  7  -JL - i 

, 

\  ’  W 

(5) 

‘•f- 

(8) 

11  x  =  0  at  the  center  ol  the  beam,  then  the 
mode  shape  for  any  symmetric  boundary  condi¬ 
tions  Is  given  by 

y  =  cos  4-  cr  cosh 

(?) 

for  symmetric  mode  shapes,  and 

y  =  sin  4  a  jinh  K( 

(8) 

For  equilibrium  In  the  x  direction  of  the  con¬ 
straining  layer,  the  tensile  force  In  the  con¬ 
straining  layer,  F,,  and  the  shear  stress  In  the 
viscoelastic  layer,  r ,  are  related  by 


for  antisymmetric  mode  shapes.  The  solution 
is  given  below  only  for  the  symmetric  modes: 
see  Ref.  [10]  for  the  antisymmetric  mode  solu¬ 
tion.  The  damping  layer  is  assumed  to  cover  a 
fraction  of  the  total  beam  length,  0  -  -f/L  , 


(2) 


and  overall  equilibrium  In  the  x  direction  gives 
the  tensile  force  In  the  main  beam,  F . ,  equal  to 

Ca¬ 


using  the  symmetric  mode  shape  and  the 
boundary  conditions  of  s ,  =  o  and  f  =  o  from 
symmetry  and  d?3/d£  -  o  at  f  -  0'2  for  a  free 
end  of  the  constraining  layer  gives 


i,  -  - 


KRA 

(\*  *  R> 


sin  - 


HRX  ^ 

(\3-R) 


sinh 


HR\3 

R) 


,  0  HR\3  ,  6 

COS  A.  —  +  - 7 -  o  cosh  \  — 
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The  tensile  strain  In  the  constraining  layer  is 
the  derivative  ol  Eq.  (9)  or 


-i 

"  L  d? 

=  D  ( -  cos  K(  -  D  cosh  +  E  cosh  vTf  s  )  .  (10) 


Fig.  i.  Geometry 
of  deformation 
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where 


V  =  A  (sin  K£  -  B  »inli  K£  +  C  sinh  ^/V f)  (14) 


(ID 

where 


E 


cos  \  -j  +  B  cosh  A  y 
cosh  vTT  y 


(12) 


(13) 


By  substituting  Into  Eq.  (1),  the  shear  strain  In 
the  viscoelastic  layer  Is  fount!  to  be 


Using  the  energy  expressions  of  Ret.  [8J, 
the  loss  factor  of  the  beam  Is  given  In  terms  of 
the  strain  energies  by 


/SG'AjL 
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(17) 


Because  all  quantities  containing  R  are 
complex  numbers,  the  expansion  of  Eq.  (17) 
is  lengthy.  The  complete  set  of  resulting 
equations  and  a  Fortran  computer  program  for 
calculation  are  given  in  Ref.  [10]. 

The  Iobs  factor  was  calculated  for  a  rec¬ 
tangular  steel  beam  (0.125-ln-  thick,  2.0-ln. 
wide,  20.0-ln.  long)  with  a  0.050-tn.  thick 
viscoelastic  layer  and  a  0.031-in.  thick  steel 
constraining  layer.  The  material  loss  factor  B, 
was  taken  as  1.0  and  the  shear  storage  modulus 
G',  was  varied  to  give  different  values  of  R’  (the 
real  part  of  R).  The  resulting  damping  vs  frac¬ 
tion  of  length  covered  for  a  free-free  beam  In 
the  first  mode  is  shown  lr.  Fig.  3. 


For  full  coverage,  Yin  et  al.  [5]  had  sug¬ 
gested  using  the  Ungar  and  Kerwln  theory  modi¬ 
fied  by  substituting  an  equivalent  wavelength 
equal  to  1.10  L.  Results  using  this  assumption 
are  compared  to  the  present  analysis  In  Table  1. 
Thus,  it  appears  that  this  procedure  Is  not  a 
valid  extrapolation  of  the  Ungar  and  Kerwln 
theory. 

R'  Is  the  ratio  of  the  stiffness  of  the  visco¬ 
elastic  layer  In  shear  to  the  tensile  stiffness  of 
the  constraining  layer.  It  can  also  be  viewed 
as  a  measure  of  the  coupling  between  the  main 
beam  and  the  constraining  layer  (see  Fig.  4). 

As  R'  -*o,  the  two  layers  deform  independently 
with  no  stretching  of  the  constraining  layer.  As 


Fig.  3.  Damping  vs  coverage,  first  free-free  mode 
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TAiLE  1 

Comparison  oi  ijcus*  B  actors  (or  Fully 
Covered  Free-Frse  Beams 


R' 

T)  from 
Present 
Analysts 

q  from  Modified 
Ungar  and 
Kerwln  Theory 

1.0 

0.162 

0.066 

6.0 

0.238 

0.222 

20.0 

0.132 

0.239 

100.0 

0.036 

0.095 

ft' — o  S’  —  <D 


Fig.  4.  Deformation  for 
low  and  high  R' 


R'  ■*  ®,  the  layers  are  rigidly  coupled  together 
and  deform  as  a  single  Bernoulll-Euler  beam. 

For  small  R’ ,  the  damping  decreases  con¬ 
tinuously  as  coverage  is  decreased.  This  Is 
expected  because  il  the  constraining  layer  has 
not  stretched,  the  shear  strain  at  any  point  Is 
Independent  od  the  fraction  covered.  Removing 
coverage  simply  eliminates  a  portion  of  the 
viscoelastic  material  without  affecting  the 
energy  stored  in  the  remainder,  thereby  re¬ 
ducing  the  loss  factor. 

For  large  R' ,  the  damping  initially  In¬ 
creases  as  coverage  Is  decreased.  In  this 
case,  the  stretching  of  the  constraining  layer 
has  an  important  effect.  As  coverage  is  re¬ 
moved,  the  end  of  the  layer  will  contract. 
Therefore,  the  shear  strain  at  any  point  in  the 
remaining  viscoelastic  material  will  increase. 
In  effect,  for  very  large  R',  the  shear  strain 
tends  to  concentrate  in  a  boundary  layer  at  the 
ends  of  the  constraining  layer.*  Thus  the 
energy  dissipation  will  depend  mostly  on  the 
beam  curvature  beneath  the  ends  of  the  con¬ 
straining  layer.  Because  the  free-free  beam 


♦This  tendency  is  evident  io  Eq,  (3)  if  it  is  writ 
ten  in  the  form 


As  R  -*  ®>,  the  coefficient  of  the  highest  deriva¬ 
tive  approaches  zero.  This  behavior  is  char¬ 
acteristic  of  boundary  layer  problems  [11]. 


has  zero  ci.;  attire  at  the  ends,  but  a  peak  at 
the  center,  vhe  shear  strain  at  the  end  of  the 
damping  layer  will  rise  as  coverage  is  reduced, 
as  shown  in  Fig.  5.  Thus,  larger  shear  strains 
occur  for  less  coverage  but  the  length  over 
which  the  L'ioslpation  can  accumulate  Is  reduced. 
These  competing  effects  result  in  a  maximum 
of  dampvig  at  some  partial  coverage, 

T;.is  analysts  as  also  been  applied  to  a 
fixer'  fixed  beam  that  has  a  maximum  curvature 
at  the  ends  and  a  local  maximum  at  the  center 
(see  Fig.  6).  As  the  explanation  above  Implies, 
for  large  R'  the  less  factor  has  a  maximum  at 
full  coverage  and  another  peak  at  partial 
coverage. 

EXPERIMENTAL 

To  measure  the  beam  loss  factor,  steady- 
state  forcing  in  the  first  free-free  mode  was 
employed.  A  schematic  diagram  of  the  test 
setup  is  shown  in  Fig.  7.  The  test  beam  was 
mounted  on  a  load  cell  to  give  the  force  input  to 
the  beam.  An  accelerometer  was  used  to  give 
an  approximate  center  amplitude.  For  more 
accurate  center  amplitude  measurements,  as 
well  as  amplitude  measurements  at  other  poinla 
along  the  beam,  a  traveling  telescope  was  used 
to  sight  on  a  line  on  the  beam,  which  was  frozen 
by  a  stroboscope. 

The  loss  factor  was  obtained  from  the  force 
required  to  drive  the  beam  at  resonance  and 
also  from  the  bandwidth  to  half-power  points. 

A  test  beam  of  the  same  dimensions  as  that 
used  in  the  theoretical  calculations  was  used. 

Du  Pont  LR3-606  was  used  as  the  viscoelastic 
material.  Du  Pont  data  Indicated  0'  =  8200.0 
psi  (therefore,  R'  ■  80.0)  and  P  =>  0.73  at  the  test 
conditions  of  105  Hz  and  77°F.  The  results  are 
shown  in  Fig.  8.  The  data  shows  good  agree¬ 
ment,  with  some  Indication  that  the  effective 
sheRr  storage  modulus  is  less  than  that  given 
by  Du  Pont. 

The  assumption  that  the  mode  shape  re¬ 
mains  the  same  as  that  of  the  undamped  beam 
was  checked  by  measuring  the  mode  shape  at 
different  coverages.  The  maximum  error  of  5 
percent  of  the  tip  deflection  occurred  for  40 
percent  coverage  as  shown  in  Fig.  9.  Because 
this  was  a  very  heavy  damping  treatment,  it  is 
concluded  that  the  assumption  of  constant  mode 
shape  is  valid  for  any  practical  damping  layer. 

CONCLUSIONS 

1.  The  theory  can  predict  the  damping  for 
partial  coverage  of  any  beam  with  symmetric 
boundary  conditions. 
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Fig.  5.  Shear  strains  in  viscoelastic  layer  for  R'  =  100.0; 
free-free  beam,  center  amplitude  -  1.215  in. 


2.  It  Is  not  necessary  to  cover  the  entire 
beam  to  achieve  good  damping.  Partial  cover¬ 
age  is  more  practical,  particularly  ti  one  Is 
limited  to  a  relatively  still  material. 

3.  The  Ungar  and  Kerwin  theory  should 
not  be  used  lor  other  than  pinned-plnned 


beams  by  substituting  an  equivalent  wavelength 
as  suggested  by  Yin  et  al. 
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DISCUSSION 


Mr.  Conilsk  (Monsanto):  1  got  the  Impres¬ 
sion  IhaFyoiTtookonlylheshear  of  the  damping 
layer  into  account,  as  Kerwtn  and  Ungar  did. 
However,  you  also  stated  that,  with  the  suffer 
damping  materials,  you  got  some  stretch  in  the 
constraining  layer  which  Implies  stretch  of  the 
viscoelastic  layer;  yet  your  experiments  agreed. 
Do  you  have  any  explanation  for  that  ? 

Mr.  Nokea:  Probably  the  easiest  way  is  to 
look  at  it  In  terms  of  the  energy  stored  In  each 
of  these  different  types  of  things.  As  a  matter 
of  fact,  Ungar  and  Kerwln  do  allow  stretching  of 
the  constraining  layer,  although  it  is  not  quite 
as  obvious.  Even  with  the  stiff  material  I  used 
here,  we  are  still  talking  stiff  moduli,  which 
means  about  8000  psi  as  compared  with  a 
modulus  of  30  million  psl  for  steel.  We  also 
know  that  the  tensile  strains  are  going  to  be 
about  the  same  order  of  magnitude.  Therefore 
the  actual  tensile  strain  energy  in  the  visco¬ 
elastic  material  is  simply  negligible. 

Mr.  Bleimer  (Lord  Manufacturing  Corp.): 
When  you  tested  this,  did  you  use  one  particular 


frequency  or  a  band  of  frequencies?  A  con¬ 
strained  layer  treatment  is  very  frequency 
sensitive.  Might  this  have  given  a  frequency 
effect? 

Mr.  Nokes:  No,  those  data  are  all  at  the 
first  free-free  mode  so  there  is  comparatively 
little  variation  In  frequency,  but  there  was 
some  variation.  It  varied  from  about  100  to  80 
Hz  as  a  result  of  changes  in  natural  frequency 
of  the  overall  configuration;  but  the  theory 
curve  has,  in  fact,  been  corrected  for  this.  In 
other  words,  I  used  the  manufacturer's  property 
data  variation  over  this  frequency  range  to  cor¬ 
rect  the  theory  curve. 

Mr.  DlTaranto  (PMC  Colleges):  I  think 
your  work  is  very  Interesting.  I  wonder  if  you 
have  given  any  consideration  to  the  effect  of 
what  you  found  on  the  higher  modes  ? 

Mr.  Nokes:  The  theory  was  developed  io 
the  extent  that  the  computer  program,  in  fact, 
calculates  answers  for  the  higher  modes;  how¬ 
ever,  I  did  not  do  any  experimental  work  on  the 
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higher  modes.  My  assumption  that  the  mode 
shapes  stay  the  same  as  those  ot  the  undamped 
beam  Is  highly  questionable  at  the  higher  modes. 
11  you  want  a  guess,  I  would  say  that  I  might 
have  been  able  to  do  the  third  mode  with  this 
sort  o I  analysis.  1  certainly  would  not  have 
been  able  to  do  something  like  the  sixth  mode . 

Mr.  Brooks  (NASA,  Langley  Research  Ctr .Y. 
I  notice  that  you  had  r  asaraHo  which  was  the 
extenstonal  stillness  of  the  layer  on  top  ol  ttie 
beam.  1  believe  you  had  numbers  cd  R  up  to  100. 
What  Is  a  realistic  value  lor  F?  Was  the  R  that 
you  hod  on  your  curve  the  absolute  value  ol  the 
magnitude  ol  that  parameter  ? 


Mr.  Nokes:  What  I  had  on  the  curve  was 
the  real  part  ol  the  parameter.  In  other  words, 
tt  was  )ust  the  real  part  ol  g  tn  the  equation. 
Wliat  a  realistic  value  is  deponds  pretty  much 
on  what  you  have  available  lor  material.  11  you 
were  going  to  use  the  previously  available  the¬ 
ory  you  would  have  said  that  lor  this  geometry 
you  wanted  an  R  of  1  to  5,  simply  because  It  ts 
in  this  region  that  you  had  a  very  Inefficient 
layer.  One  ol  the  materials  that  was  available 
to  me  ]ust  happened  to  be  quite  still.  There 
would  have  been  no  way  ol  using  that  material 
although  tt  might  be  very  good  ior  other  pur¬ 
poses.  In  that  case  using  the  value  of  R  quite 
high  might  be  practical.  The  experimental 
beam,  lor  Instance,  had  an  R  value  ol  80. 
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THE  EFFECTS  OF  ROTATORY  INERTIA  AND 
SHEAR  DEFORMATION  ON  THE  FLEXURAL  VIBRATIONS 
OF  A  TWO-LAYERED  VISCOELASTIC-ELASTIC  BEAM 


T.  Nicholas 

Air  Force  Materials  Laboratory 
W right- Patterson  AFB,  Ohio 


The  equations  of  motion  (or  a  two-layered  sandwich  beam  consisting  of  viscoelastic 
and  elastic  layers  have  been  solved  considering  the  effects  of  deformation  owing  to 
shear  and  rotatory  inertia.  It  is  shown  that  the  effects  of  rotatory  inertia  may  be 
neglected  for  flexural  vibrations  of  most  beams,  while  the  effects  of  shear  defor¬ 
mation  are  small  in  calculations  relating  moduli  to  frequency.  For  calculations 
relating  the  damping  of  the  composite  to  the  damping  of  the  viscoelastic  layer,  it  is 
shown  that  shear  effects  are  not  always  negligible,  and  curves  are  presented  show¬ 
ing  the  errors  involved  when  using  "elementary  beam  theory"  in  which  shear  de¬ 
formations  are  not  considered. 


INTRODUCTION 

The  analysis  of  the  flexural  vibrations  of 
beams  Is  commonly  carried  out  with  the  aid  of 
the  well-known  Bernoulli- Euler  beam  equations 
In  which  it  Is  assumed  that  plane  cross  sections 
before  deformation  remain  plane  and  perpendic¬ 
ular  to  the  center  line  after  deformation  and, 
furthermore,  that  rotatory  Inertia  effects  are 
negligible.  This  analysis  is  known  to  be  accu¬ 
rate  for  low  frequencies  but  becomes  loss  ac¬ 
curate  as  the  vibrational  frequency  is  increased 
and  Is  quite  inaccurate  at  frequencies  near  the 
first  thickness  shear  mode  of  a  beam.  Although 
these  remarks  apply  to  a  beam  of  an  elastic 
material,  they  are  no  lees  true  for  the  analysis 
of  a  beam  of  a  viscoelastic  material  if  the  elas¬ 
tic  modulus  E  Is  replaced  by  the  complex 
modulus  E,( i  in). 

For  Improved  accuracy  In  the  analysis  of 
such  beams  at  higher  frequencies,  one  may  In¬ 
clude  the  effects  of  rotatory  inertia  In  the  equa¬ 
tions  of  motion  [1],  and  for  a  more  accurate 
solution  the  effects  of  deformation  owing  to 
shear  must  also  be  considered  (2],  The  result¬ 
ing  equations  are  the  Timoshenko  beam  equa¬ 
tions  which  are  known  to  be  accurate  up  to  the 
first  thickness  shear  frequency  of  the  beam. 

In  considering  vibrations  of  multilayered 
beams  of  different  materials,  the  analysis  takes 
on  added  complexities.  In  these  configurations 


the  flexural  and  shear  vibrations  are  generally 
coupled  together.  Hence  the  knowledge  of  the 
effects  of  shear  deformation  and  rotatory  Iner¬ 
tia  on  the  homogeneous  beams  is  of  little  help 
In  weighing  their  effects  on  multilayered  beams. 
These  effects  will  depend  In  general  not  only  on 
the  frequency  (and  wavelength)  of  the  vibration 
but  on  parameters  such  as  the  ratio  of  thick¬ 
nesses  of  the  layers  and  the  modulus  ratio. 
Equations  including  these  effects  have  been 
derived  previously  for  many  different  geome¬ 
tries  [3]  but  solutions  have  been  obtained  only 
for  very  specialized  cases  because  of  the  com¬ 
plexity  of  the  equations.  In  particular,  the 
three-layered  sandwich  beam  having  thin  .  uot.il 
facings  and  a  soft  thick  core  has  been  studied 
previously  In  Ref.  [4]  where  It  was  pointed  out 
that  for  certain  geometries  Ihe  predominant 
deformation  mode  Involved  shear  deformation 
In  the  core.  For  other  configurations,  It  Is 
generally  difficult  to  assess  the  importance  of 
shear  deformation  from  physical  Intuition  with¬ 
out  solving  the  equations  of  motion. 

One  of  the  more  common  experimental 
techniques  for  determining  the  complex  modulus 
of  a  viscoelastic  material  Is  to  sandwich  It  to 
an  elastic  beam  and  observe  the  vibrational 
modes  of  the  two- layered  composite.  This 
technique  was  first  proposed  by  Oberst  (5j  and 
has  been  used  by  Schwarzl  [6]  and  subsequently 
by  many  other  investigators.  The  analysis  is 
based  on  the  assumptions  of  simple  beam 
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theory;  namely  that  plane  lections  remain  plane 
and  perpendicular  (o  the  deformed  neutral  axle 
of  the  beam.  In  other  worde>  the  offoctc  of  de¬ 
formation  owing  to  shear  and  rotatory  Inertia 
are  not  considered.  The  question  of  the  validity 
of  this  assumption  arises  because  there  Is  a 
tendency  to  use  this  experimental  technique  for 
materials  having  wide  ranges  of  moduli  and 
damping  and  a  wide  range  of  thickness  ratios. 

It  was  therefore  decided  to  check  the  validity  of 
the  assumptions  Inherent  In  the  Oberst  beam 
calculations  by  performing  a  more  rigorous 
analysis  of  the  problem  and  comparing  results. 

In  this  paper,  the  effects  of  deformation 
owing  to  shear  and  rotatory  Inertia  are  studied 
separately  for  a  two- layered  beam  of  materials 
having  different  moduli  and  thicknesses  by  first 
solving  the  appropriate  differential  equations  of 
motion  for  free  undamped  vibrations.  The 
method  Is  extended  to  tho  case  of  a  viscoelastic 
layer  sandwiched  to  an  elastic  layer  by  Intro¬ 
ducing  the  complex  modulus  Into  the  oquatlons 
of  motion  and  through  the  Introduction  of  a 
"complex  frequency"  Into  the  tree  vibration 
solution.  Finally,  the  calculations  from  ele¬ 
mentary  beam  theory  for  the  loss  factor,  v.  of 
the  viscoelastic  layer  from  the  damping  of  the 
composite  beam  are  compared  with  those  from 
a  more  exact  theory  which  considers  the  eflects 
of  shear  deformation.  The  results  are  com¬ 
pared  for  a  wide  range  of  geometric  and  mate¬ 
rial  parameters  and  are  presented  In  graphi¬ 
cal  form. 


NOMENCLATURE 

i  Young's  modulus 

G  Shear  modulus 

h  Thickness 

i  Unit  Imaginary  number 

I  Moment  of  Inertia  about  center  of  layer 

M  Bending  moment 

l  Length  of  beam 

N  Axial  force 

0  Transverse  shear  force 

t  Time 

r  Kinetic  energy 

u  Displacement  component  along  axis  of  beam 

u  Potential  energy 

«  Displacement  component  normal  to  axis  of 
beam 

«  Work  of  external  forces 


x  Coordinate  along  axis  of  beam 

4  Logarithmic  decrement,  variation 

,,  Loss  factor  for  viscoelastic  material 
a  Wavelength 

f  Wave  number 

p  Mass  density 

•i>  Rotation  of  cross  section 
u>  Circular  frequency 

ft  Reference  frequency 

*  Superscript  denoting  dimensionless 

quantity 

i  Subscript  denoting  viscoelastic  layer 

a  Subscript  denoting  elastic  layer 

ANALYSIS 
Elastic  Beam 

The  equations  of  motion  of  a  two-layered 
beam  are  derived  first  for  the  case  where  both 
layers  are  linear  clastic  materials.  The  beam 
shown  in  Fig.  1  is  analyzed  by  applying  Hamil¬ 
ton's  principle  for  a  conservative  Bystem  in  the 
form 

5  (T-U)dt  ♦  MT  dt  o  (l) 

J'o 

where  the  first  term  represents  the  variation  of 
the  kinetic  minus  potential  energy  of  the  entire 
system  from  some  initial  time.  t0,  to  some 
other  time,  t .  w  represents  the  work  done  by 
external  forces  acting  on  the  system  and  will  be 
taken  as  zero  hereafter  for  the  case  of  free 
vibrations. 


Fig.  1.  Notation  for 
two- layered  beam 


Both  layers  of  the  beam  are  treated  as 
Timoshenko  beams  Including  the  effects  of  re¬ 
sultant  normal  forces.  This  analysis  thus  as¬ 
sumes  that  plane  sections  of  each  layer  remain 
plane  but  not  necessarily  perpendicular  to  the 
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deformed  centerline,  that  is,  shear  deformation 
Is  considered.  In  addition,  the  effectB  of  rota¬ 
tory  Inertia  arc  considered.  The  width  of  the 
beam  is  taJten  as  unity  in  a'l  subsequent  dis¬ 
cussion. 

Subscripts  1  and  i  are  used  to  denote  the 
top  and  bottom  layers  of  the  beam  respectively, 
the  top  layer  being  the  one  with  the  lower 
modulus.  The  rotation  of  a  cross  section  and 
the  axial  displacement  of  the  centerline  of  a 
layer  are  denoted  by  *•  and  u  respectively;  * 
represents  the  transverse  displacement;  and 
thickness  changes  are  neglected.  The  expres¬ 
sion  for  the  kinetic  energy  per  unit  length  of 
beam  Is  written  for  the  top  layer  as 
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where  . ■  is  the  mass  density,  h,  the  thickness, 
and  1 1  the  moment  of  Inertia  about  the  center- 
line  of  the  top  layer.  The  potential  energy  Is 


where  E,  and  G1  are  Young's  modulus  and  the 
shear  modulus  respectively.  The  energy  ex¬ 
pressions  for  the  bottom  layer  are  Identical  to 
Eqs.  (2)  and  (3)  with  subscript  j  replacing  sub¬ 
script  i. 


The  displacement  components  u,  and  u, 
are  not  Independent;  to  insure  continuity  of 
displacements  across  the  interface 
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Equations  (2)  and  (3)  and  the  equivalent 
expressions  for  the  bottom  layer  constitute 
expressions  for  the  kinetic  and  potential  ener¬ 
gies  In  terms  of  four  independent  displacement 
components,  »,  v>, .  r,,  u. .  after  applying  the 
continuity  condition,  Eq.  (4).  These  expres¬ 
sions  are  substituted  Into  Eq.  (1)  and  the  varia¬ 
tion  Ib  carried  out  for  a  beam  occupying  the 
region  >  0  to  «  '  leading  to  a  statement  ol 

Hamilton's  principle  In  the  form 


The  last  term  Involves  vnrlntlons  ol  the  four 
Independent  displacement  components  evaluated 
at  times  t  and  t.  and  Is  made  equal  to  zero  by 
specifying  the  values  ol  thcec  four  quantities 
lor  all  values  of  x  at  time  t#,  that  Is,  by  spec¬ 
ifying  the  Initial  conditions  In  the  problem. 
Equation  (5 )  can  be  made  equal  to  zero  for  any 
and  all  variations  of  «,  *  V],  and  u,  only  by 

setting  each  of  the  coefficients  of  the  variations 
in  the  first  four  terms  equal  to  zero  Identically , 
and  by  specifying  one  term  of  each  of  the  prod¬ 
ucts  In  the  next  four  terms  at  the  boundaries 
x  o  and  x  < .  After  rearranging 
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and  the  natural  boundary  conditions  In  the  form 

(Q,  ♦  0,)  <*») 


Is  seen  to  be  baaed  on  a  set  of  lour  coupled 
partial  differential  equations  given  by  Eqs.  (6). 
Because  the  solutton  of  these  equations  Is 
cumbersome,  the  effects  of  rotatory  Inertia 
and  Bh  jar  deformation  will  be  studied  sepa¬ 
rately. 

Consider  first  the  equations  when  only 
rotatory  Inertia  Is  taken  Into  account  and  shear 
deformation  ts  neglected.  The  shear  deforma¬ 
tion  in  each  layer  Is  taken  equal  to  zero,  re¬ 
quiring  plane  sections  to  remain  plane  and  per¬ 
pendicular  to  the  deformed  centerline;  thus 
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dw 

a7 
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^2 


dx 


0 


(9a) 


<!>,  =  </>j  =  'P  -  - 


dw 
3x  ' 


(9b) 


However,  because  the  shear  forces  In  each 
layer  are  not  zero,  this  can  be  accomplished 
only  by  making  the  shear  modulus  infinite,  such 
that  the  products 


(“.  -  T  N*)  <*t> 

("*  -  T  MJ  <*»> 

<N,  ♦  N,)  (U,) 

where  one  of  the  products  tn  each  expression 
must  be  specified  on  the  boundary  to  Insure  a 
unique  solutton. 


Substituting  Eqs.  (9)  and  (10)  Into  the  equa¬ 
tions  of  motion,  Eq.  (o),  and  rearranging  leads 
to  the  simpler  set  of  equations 
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H,,  Q, ,  Nt,  the  bending  moment,  trans¬ 
verse  shear,  and  axial  force,  respectively,  for  -  < es i  *  e  i  )  —  -  (p,h.  -  r  h  ) 

the  top  layer  In  the  beam  are  given  by  '  !  1  3  3'  3x«  ' ’ ■  3  3/  at2 
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and  similarly  for  m3  ,  q3  ,  n3  . 

The  solution  to  a  problem  Involving  the 
free  vibrations  of  a  two-layered  sandwich  beam 


*■  <v. 


»jl3) 


a4w 

dxaBt 2 


=  0  . 


(ii) 


which  will  be  referred  to  subsequently  as  the 
equations  that  consider  rotatory  inertia  only. 

In  a  similar  manner,  the  effects  of  rota¬ 
tory  Inertia  can  be  neglected  while  considering 
the  shear  deformation.  In  this  case 
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3au[  3JUj  31!/1, 


=  0 


3t 2  3tJ  3tJ  3tJ 

and  the  resulting  equations  of  motion  are 
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These  equations  will  be  referred  to  as  the 
equations  that  consider  shear  deformation  only. 

Finally,  the  "elementary  beam”  equations 
are  obtained  by  neglecting  both  rotatory  iner¬ 
tia  effects,  Eq.  (9),  and  deformation  owing  to 
shear,  Eq.  (12),  leading  to 


Elhl  E3h3  <hl  +  h3)J 

A  (E,li,  *  Ejhj ) 
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The  displacement  components,  Eq.  (IS), 
are  substituted  into  the  differential  equations 
and  lead  to  a  set  of  three  homogeneous  equa¬ 
tions  in  the  unknowns  A0 ,  A , ,  and  Aa .  For  a 
nonzero  solution,  the  determinant  of  the  coeffi¬ 
cients  of  the  unknowns  is  set  equal  to  zero  and 
results  In  a  frequency  equation  relating  4, 
and  the  parameters  of  the  sandwich  beam.  In 
the  solution,  nondimensional  quantities  are  in¬ 
troduced  in  the  form 


(hj  +  h})  (hj  ♦  h2 )4 
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where  fi,  is  a  fictitious  thickness  Shear  fre¬ 
quency  of  a  beam  having  the  geometric  average 
properties  of  the  sandwich  beam  and  is  given  by 
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and  where  e,  -  et  for  simplicity. 

The  frequency  equations  for  the  three 
cases  considered  are 
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The  seta  of  Eqs.  (11),  (13),  and  (14)  are 
each  solved  for  a  wave  traveling  in  the  x  direc¬ 
tion  in  an  infinite  beam,  with  Use  correspond¬ 
ing  displacement  components 

w  Aq  exp  [  i(sfx  -  !.it  )) 

y  I  ;  Aj  exp  [  i(£x  -  ^jt ) )  (15) 

i/ij  ■  Aj  exp  [i(^x  -  i.it)] 

for  the  set  of  three  equations  in  Eq.  (13),  for 
example,  where  4  is  the  wave  number  and  ...  the 
frequency.  The  wave  number  4  is  related  to 
the  wavelength  \  through 

, 

■  '  T  •  (16) 
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(19) 


where  and  represent  the  cases  con¬ 

sidering  (a)  only  shear  deformation,  (b)  only 
rotatory  inertia,  and  (c)  the  elementary  beam 
solution,  and  where  the  following  symbols  have 
been  introduced: 
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* 

(  I  ♦  h* )  X 

b  =  4  ((1  ♦  E*h*)(l  +  EVJ)  t  3E*h'(l  +  h*)1] 
d  =  (1  *EV>* 

«  =  (  I  *  E*h* )  [(1  ♦  4E*h*)  *  h*1(4  +  E*h*)] 
f-  [2h*(  1  +  E*h*)]  * 
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(It  E*h  )* 

36h*(ltE*)(ltir)  _  U(lth*»)  ,  12(1  +  EVJ) 
m"  (1  t  EV)  ~  +  (l  +  h*7  '  7l  *lV) 

(20) 

Viscoelastic  Layer 

The  case  o I  a  beam  consisting  of  a  visco¬ 
elastic  layer  sandwiched  to  an  elastic  layer  is 
easily  analyzed  by  taking  the  results  o£  the  two¬ 
layered  elastic  beam  and  making  the  replace¬ 
ments 

E,  -  E,(  1 1  iij) 

0,  -  0,(1  + It;)  (2x) 


where  the  damping  in  shear  and  extension  is 
assumed  Identical  and  s  represents  the  loga¬ 
rithmic  decrement.  The  Introduction  ol  a  com¬ 
plex  frequency  Into  free  vibrations  of  die  form 
ap(iwt)  leads  to  free  damped  oscillations  of 
the  form 

»xp  ( iort  )  exp  (-  “  tj  . 

Solutions  to  the  resulting  complex  fre¬ 
quency  equation  are  obtained  by  setting  the 
real  and  imaginary  portions  equal  to  zero 
Identically  and  solving  the  two  resulting  equa¬ 
tions  simultaneously. 


CONSIDERATIONS 

The  equations  of  motion  of  a  two- layered 
elastic  beam  were  solved  for  a  wave  having 
wavelength  x  and  circular  frequency  j  travel¬ 
ing  in  an  infinite  beam.  Three  particular  casee 
were  considered:  (a)  The  elementary  solution 
Including  only  the  additional  effects  of  shear 
deformation,  (b)  the  elementary  solution  includ¬ 
ing  only  the  additional  effects  of  rotatory  inertia, 


and  (c)  the  elementary  solutton.  The  equations 
that  considered  combined  shear  and  rotatory 
Inertia  effects  were  not  solved  because  of  their 
complexity.  The  three  sets  of  equations  were 
solved  numerically  with  the  aid  of  an  IBM  7004 
computer  and  the  results  were  plotted  as  curves 
of  nondlmensional  frequency  <S  against  h/x , 
where  u*  -  l  represents  a  thickness  shear  mode 
of  a  beam  having  the  geometrical  average  prop¬ 
erties  of  the  composite  two-layered  beam  given 
by  Eq.  (18),  and  h/>.  represents  the  ratio  of  the 
total  beam  thickness  to  the  wavelength  of  the 
vibration.  Two  typical  curves  are  presented 
as  Figs.  2  and  3.  The  curves  showed  that  the 
effects  of  rotatory  inertia  and  shear  deforma¬ 
tion  could  be  neglected  in  modulus  and  frequency 
calculations  for  h/x  ratios  leas  than  about  0.2 
for  a  range  of  E*  values  from  10' 1  to  10'5  and 
for  h*  values  from  0.1  to  10.  The  curves  also 
showed  that  the  elfects  of  shear  deformation 
were  more  significant  than  those  of  rotatory 
Inertia  for  the  ratios  of  moduli  and  thicknesses 
considered  in  this  investigation;  for  this  reason 
the  effects  of  rotatory  inertia  were  not  consid¬ 
ered  subsequently.  The  conclusions  that  can  be 
drawn  are  that  rotatory  Inertia  and  shear  effects 
can  be  neglected  in  flexural  vibration  problems 
except  when  considering  very  short,  thick  beams 
or  when  considering  higher  numbered  modes  of 
flexural  vibration.  An  h/x  ratio  of  0.20  is 
equivalent  to  a  fifth  mode  of  vibration  of  a 
cantilever  beam  having  a  length  to  thickness 
ratio  of  approximately  11. 

The  same  equations  discussed  above  were 
solved  again,  this  time  considering  the  damping 
of  the  softer  layer,  by  the  Introduction  of  the 
complex  modulus  E(i  +  in)  (and  Cn+  i-n))  into 
the  equations  of  motion  and  considering  the 
frequency  w  to  be  complex  also.  This  results 
in  a  free  damped  vibration  expressed  as  the 
product  of  a  sinusoidal  term  and  an  exponential 
decay  term.  Values  of  the  damping,  t,  ,  up  to 
unity  had  little  or  no  effect  on  the  relationships 
between  the  real  part  of  the  frequency  and  h/x , 
that  Is,  they  did  not  significantly  affect  calcula¬ 
tions  of  the  real  part  of  the  complex  modulus. 

The  effect  of  on  the  damping  of  the  com¬ 
posite  sandwich  beam  given  by  the  logarithmic 
decrement  $  was  studied  for  the  elementary 
beam  solution  and  lor  the  case  where  deforma¬ 
tion  owing  to  shear  was  considered.  The  nu¬ 
merical  solutions  were  plotted  as  i  against  h/x 
for  four  values  of  v  ranging  from  0.25  to  1.0; 
some  typical  curves  are  presented  in  Figs.  4 
through  7.  In  these  curves,  the  elementary 
solution  is  not  plotted  but  is  represented  by  a 
horizontal  line  Intersecting  the  curves  shown  at 
h/x  =  o .  The  elementary  solution  gives  a  loga¬ 
rithmic  decrement  or  composite  damping  that 
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is  independent  ol  frequency,  whereas  the  inclu¬ 
sion  of  effects  of  shear  deformation  makes  it 
frequency  dependent.  It  can  be  seen  from  these 
curves  that  the  effects  of  shear  deformation  on 
the  composite  damping  become  important  for 
li/X  values  greater  than  0. 1  and  even  less  for 
certain  geometries. 

To  study  the  effects  of  the  various  param¬ 
eters  on  the  damping  of  a  composite  beam,  cal¬ 
culations  were  carried  out  and  curves  were 
plotted  of  S/EV  against  the  thickness  ratio  h' 
for  two  specific  values  of  hA  (h/x  &  0,  0.1)  lor 
a  typical  value  of  v  of  O.S33.  The  curves  for 
h/x  =  o  correspond  to  the  elementary  beam 
solution;  the  curves  lor  hA  »  0.1  are  for  higher 
modes  of  flexural  vibration  or  for  very  short 
thick  beams.  The  plots  are  presented  as  Fig.  8, 
and  each  curve  gives  a  measure  ol  the  compos¬ 
ite  damping  per  thickness  of  the  damping  layer 


as  a  function  of  thickness  of  damping  layer  for 
a  specific  value  of  e',  For  a  relatively  stiff 
damping  layer  having  E*  =  10'*.  the  optimum 
thickness  ratio  is  about  unity  while  for  decreas¬ 
ing  E'  ratios  the  optimum  damping  of  compos¬ 
ite  per  volume  of  damping  layer  corresponds 
to  increasingly  thicker  layers.  It  can  be  seen 
from  the  curves  that  the  inclusion  of  the  effects 
of  deformation  owing  to  shear  had  little  or  no 
effect  on  these  conclusions  with  respect  to  the 
optimization  of  damping  by  varying  the  thick¬ 
ness  of  the  damping  layer. 

Finally,  a  comparison  was  made  of  the 
value  of  calculated  from  the  Oberst  beam 
experiment  which  was  based  on  frequency  and 
composite  beam  damping  observations;  the 
elementary  beam  equations  were  used  in  the 
experiment  with  the  value  of  r.  calculated  for 
the  more  exact  equations  which  take  into 
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Fig.  5.  Logarithmic  decrement  vs 
h/X  for  h*  =■  0.1,  E*  =  10'5 


account  the  deformations  owing  to  shear.  Cal¬ 
culations' of  17  as  a  function  of  8  were  carried 
out  using  the  two  theories  for  various  values  of 
E*  and  h*  for  a  range  of  frequencies  corre¬ 
sponding  to  h/x  values  between  0  and  0.2.  The 
results  are  presented  as  Figs.  9  through  13  In 
the  form  of  a  set  of  curves  of  the  ratio 
where  vcolc  is  the  value  of  v  calculated  from 
the  elementary  beam  equations  and  is  the 
"actual”  or  more  exact  value  as  calculated  from 
the  equations  that  consider  the  effects  of  shear 
deformation.  The  nondlmensionat  frequency  J" 
is  the  ratio  of  actual  ...  to  a  fictitious  thickness 
shear  frequency  ni  given  by  Eq.  (18).  The  cal¬ 
culations  were  found  to  be  insensitive  to  the 
actual  value  of  v  since  8  was  related  to  v  al¬ 
most  linearly  for  most  of  the  combinations  of 
parameters.  The  calculations  were  carried  out 
for  the  specific  value  of  r,  .  =0.1  but  are  ap¬ 
proximately  valid  for  v  values  up  to  unity. 


It  Is  seen  from  the  curves  in  Figs.  S 
through  13  that  the  calculated  value  of  v  from 
an  Oberst  beam-type  experiment  using  the  ele¬ 
mentary  beam  theory  equations  may  be  In  error 
at  frequencies  that  are  within  the  range  of  those 
encountered  in  laboratory  experiments  of  this 
type.  The  degree  of  error  depends  not  only  on 
the  frequency  or  the  h/x  ratio  but  on  the  E’  and 
h*  ratios  In  the  particular  experiment.  The 
error  Increases  with  increasing  thickness  and 
decreasing  modulus  of  the  damping  layer.  The 
curves  presented  are  not  "exact"  in  that  the 
equations  used  are  only  higher  order  approxl-  j 

matlons.  In  addition  the  difference  In  the  cal¬ 
culated  frequencies  between  the  "exact"  and 
elementary  solutions  Is  not  considered.  They 
are  presented  to  aid  In  the  assessment  of  the 
validity  of  the  assumption  that  shear  deforma- 
.lon  may  be  neglected  In  the  experimental  de¬ 
termination  of  the  complex  modulus  of  a  material 
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Fig.  7.  Logarithmic  decrement  ve 
hA  for  h*  =  10,  E*  =  10’5 
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Fig.  8.  Damping  of  composite  beam  as  a 
function  of  thickness  of  damping  layer 


using  the  Oberst  beam  technique.  An  approxi¬ 
mate  method  for  correcting  calculated  v  values 
follows: 

1.  Record  the  frequency  and  damping  In 
the  composite  beam. 

2.  Calculate  the  real  and  Imaginary  por¬ 
tions  of  the  complex  modulus  of  the  damping 
layer  (elementary  beam  equations). 

3.  Calculate  the  reference  frequency  ft, 
for  the  geometry  used. 

4.  Calculate  ~3* . 

5.  Locate  the  point  on  the  appropriate 
curve  corresponding  to  the  experimental  pa¬ 
rameters  by  Interpolation  (approximate). 

6.  Record  the  value  7?c.ic/,]«c,  and  correct 
the  calculated  v  by  dividing  by  this  value. 


CONCLUSIONS 

The  results  of  calculations  based  on  the¬ 
ories  that  consider  the  effects  of  shear  defor¬ 
mation  and  roiaiory  inertia  for  a  two-iayered 
viscoelastic-elastic  sandwich  beam  indicate 
that  the  elementary  beam  *beory  commonly 
used  Is  adequate  for  the  real  modulus  and  the 
frequency  calculations,  while  rotatory  inertia 
may  be  neglected  for  ail  calculations  Involving 
flexural  vibrations.  For  calculations  involving 
the  damping  of  the  viscoelastic  material  and  the 
composite  beam,  the  effects  of  shear  deforma¬ 
tion  must  be  considered  for  short  thick  beams 
and  higher  flexural  modes  of  vibrations,  that  is, 
when  the  wavelength  is  less  than  10  times  the 
thickness.  Finally,  It  appears  that  the  largest 
errors  In  calculations  occur  for  beams  with  in¬ 
creasingly  thick  damping  layers  of  relatively 
soft  materials.  The  effects  of  shear  deforma¬ 
tion  must  therefore  be  considered  and  evaluated 
before  using  the  Oberst  beam  complex  modulus 
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Fxg,  10.  Error  in  damping  calculations  using 
elementary  beam  theory  for  E*  =  10*  * 


Fig.  11.  Error  in  damping  calculation.  using 
elementary  beam  theory  for  E*  -•  10  1 


Fig.  li.  Error  in  damping  calculations  using 
elementary  beam  theory  for  E*  -  10' 4 


Fig.  13.  Error  in  damping  calculations  using 
elementary  beam  theory  for  E*  =  10*  5 
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METHODS  OF  DAMPING  VERY  STIFF  STRUCTURAL  MEMBERS 


H.  T.  Miller 

Lord  Manufacturing  Company 
Erie,  Pennsylvania 


The  problem  of  damping  any  structure  becomes  increasingly  difficult 
as  the  stiffness  of  the  structure  increases.  Practical  methods  have 
been  worked  out  and  parts  have  been  constructed  and  tested  for  provid¬ 
ing  a  significant  amount  of  damping  (composite  loss  factors  on  the  order 
of  0.10)  for  very  stiff  structures.  The  damping  can  be  accomplished 
through  proper  design  of  the  structure,  if  possible,  or  through  the  use 
of  the  spaced-damping  concept.  This  paper  will  present  theory  and  test 
data  on  both  of  these  damping  methods. 


Damping  can  be  added  to  any  structure  to 
reduce  the  effects  of  a  resonant  response.  The 
specific  reasons  for  wanting  to  accomplish  this 
are  many.  Control  of  resonant  amplitudes  limits 
motions  and  stresses  in  the  structure,  improv¬ 
ing  fatigue  life  for  sustained  disturbances,  and 
reducing  the  damaging  effects  of  shock  by  limit¬ 
ing  the  amplitude  and  the  number  of  high  stress 
cycles  in  the  residual  response-  In  submarines 
and  surface  ships,  damping  may  be  helpful  in 
reducing  structure -borne  vibration  that  causes 
self  and  radiated  noise. 


the  deformation  of  the  structure  being  damped. 
This  paper  will  discuss  methods  of  accomplish¬ 
ing  this. 

We  can  conclude  that  damping  the  bending 
waves  In  a  structure  becomes  more  difficult  as 
the  stiffness  of  the  structure  increases.  In 
some  cases,  the  stiffness  of  the  structure  is  so 
high  as  to  make  the  application  of  damping  more 
trouble  than  It  is  worth.  This  can  be  illustrated 
by  considering  the  equation  for  the  composite 
loss  factor  of  a  structure  being  damped  by 
meanB  of  a  free  layer  of  damping  material. 


Damping  is  achieved  by  adding  a  lossy  ma¬ 
terial,  usually  in  the  form  of  some  elastomer, 
to  the  structure.  These  lossy  materials  have 
the  ability  to  turn  part  of  the  energy  required  to 
deform  them  into  heat.  A  simple  way  of  adding 
damping  is  to  adhesively  bond  a  layer  of  damp¬ 
ing  material  to  the  structure.  In  this  manner, 
when  the  structure  bends,  the  damping  material 
deforms  in  extension  and  compression,  thus 
dissipating  some  of  the  energy  it  took  to  bend 
the  structure  and  the  material.  The  amount  of 
energy  that  is  dissipated  is  a  function  of  the 
amount  of  energy  required  to  deform  the  struc¬ 
ture  compared  with  that  needed  to  deform  the 
damping  material.  Obviously,  if  it  takes  99  per¬ 
cent  of  the  available  energy  to  deform  the  struc¬ 
ture  and  only  1  percent  to  deform  the  damping 
material,  no  more  than  1  percent  of  the  original 
energy  can  be  dissipated.  This  would  be  the 
case  if  the  damping  material  were  completely 
lossy  and  dissipated  all  the  energy  it  took  to 
deform  it.  Thus,  it  is  desirable  to  have  the 
damping  material  control  as  much  as  possible 


B'  *  K*s  Hj 


where 

tjc  =  composite  loss  factor  of  structure 

Bj  =  E,I, 

Et  =  Young’s  modulus  of  structure  being 
damped 

1 1  =  moment  of  inertia  of  structure  being 
damped  around  its  own  neutral  axis 

b;  -  e;  i3 

e'  =  real  part  of  Young's  modulus  of 
damping  material  being  used 

I  j  =  moment  of  inertia  of  damping  layer 
around  its  own  neutral  axis 
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-  K  a3 

A,  =  cross*  section  area  of  damping  layer 

0' =  e;  I, 

E*  =  imaginary  part  of  Young's  modulus  of 
damping  layer 

K*3  -  e;  a3 

Hjj  =  distance  between  neutral  aKls  of 
damping  layer  and  neutral  axis  of 
structure  being  damped. 

The  bending  stiffness  of  the  structure  ap¬ 
pears  in  the  denominator,  where  an  increase 
will,  of  course,  cause  a  decrease  in  the  com¬ 
posite  toss  factor. 

The  other  variables  in  the  equation,  except 
HJt ,  are  dependent  on  either  the  damping  mate¬ 
rial  properties,  or  its  dimensions.  During  the 
design  of  a  damping  treatment,  these  variables 
will  be  at  least  partially  controlled  by  [actors 
other  than  the  composite  loss  factor  that  is  to 
be  achieved.  These  other  factors  could  be  en¬ 
vironmental  limitations  on  the  type  of  damping 
materials  available  for  use,  or  overall  weight, 
which  would  limit  the  amount  of  damping  mate¬ 
rial  that  could  be  used.  This  leaves  H31  as  the 
only  other  variable  for  the  designer  to  work 
with  to  increase  damping.  The  distance  il3 ,  is 
time  potentially  a  very  powerful  tool  that  can  be 
used  in  the  design  of  a  damping  treatment. 

Added  to  this,  HJt  appears  in  the  equation  as  a 
squared  function,  making  its  impact  even 
greater. 

The  value  of  H3,  can  be  varied  by  a  de¬ 
signer  in  several  different  ways.  An  obvious 
way  is  to  place  the  damping  material  on  the 
structure  in  such  way  that  its  neutral  axis  is  as 
far  from  the  neutral  axis  of  the  structure  as 
possible.  Another  way,  if  possible,  is  to  design 
the  structure  itself  in  such  way  that  it  has  its 
neutral  axis  at  a  location  that  is  far  away  from 
an  area  that  will  be  available  for  the  application 
of  damping  material. 

To  illustrate  these  concepts,  take  the  struc¬ 
ture  of  Fig.  1(a)  as  an  example.  This  figure 
shows  the  base  structure,  essentially  a  hat  sec¬ 
tion,  with  a  layer  of  damping  material  bonded  to 
the  top.  The  damping  material  is  located  on  the 
structure  at  the  top  where  the  distance  to  the 
neutral  axis  of  bending  of  the  structure  is  the 
greatest.  The  damping  layer  is  0.150-in.  thick 
and  runs  the  entire  length  ci  the  beam.  With  the 
damping  treatment  as  shown,  the  value  of  the 
normalized  composite  loss  factor  (Ve,)  is 


0.050  (n3  is  the  loss  factor  of  the  damping  ma¬ 
terial).  The  Young's  modulus  of  the  damping 
material  was  assumed  to  be  5.0x  10s  psi  and 
the  base  structure  is  made  from  aluminum. 

Now,  consider  the  configuration  in  Fig.  1(b) 
The  base  structure  is  the  same,  but  the  damp¬ 
ing  layer  lias  been  modified.  The  same  amount 
of  damping  material  has  been  used,  but  the 
width  of  the  layer  has  been  cut  in  half  and  the 
thickness  doubled  compared  with  the  damping 
layer  of  Fig.  1(a).  This  modification  increases 
the  distance  between  the  neutral  axis  of  the  base 
and  that  of  the  damping  layer  and  also  Increases 
the  moment  of  inertia  of  the  damping  layer.  The 
structure  has  a  normalized  composite  loss  fac¬ 
tor  of  0.067 .  This  constitutes  an  increase  of 
about  35  percent  over  the  structure  of  Fig.  1(a). 

If  one  has  the  freedom  to  modify  the  base 
structure,  even  more  can  be  done.  Figure  1(c) 
is  an  example  of  this.  The  structure  is  like  the 
previous  one,  except  that  material  has  been  re¬ 
moved  from  the  top  and  added  to  the  flanges  at 
the  bottom  of  the  structure.  This  lowers  the 
neutral  axis  of  the  structure  toward  the  base. 

The  damping  material  configuration  used  is  the 
same  aB  in  Fig.  1(b).  The  bending  stiffness  of 
this  structure  compared  with  the  first  one  is 
only  slightly  reduced  (from  1.46x10s  to  1.28x 
10s).  This  new  structure  has  a  normalized 
composite  loss  factor  of  0.12,  more  than  double 
that  of  the  first  structure. 

In  this  example,  we  have  three  different 
configurations  that  will  structurally  do  about  the 
same  job.  However,  from  the  standpoint  of  re¬ 
duced  vibrations,  the  third  one  will  do  the  best 
job.  Comparing  one  and  two,  it  can  be  seen  that 
choosing  the  best  location  and  configuration  for 
the  damping  layer  causes  an  improvement. 
However,  if  one  designed  the  original  structure 
with  the  possibility  of  damping  in  mind  as  in  the 
third  case,  the  best  results  are  achieved.  How¬ 
ever,  it  may  at  times  be  impossible  or  imprac¬ 
tical  to  try  these  variations  (especially  changing 
the  base  structure) ,  so  that  it  becomes  necessary 
to  have  other  ways  of  accomplishing  the  same 
results. 

There  is  another  way  to  increase  the  dis¬ 
tance  between  the  neutral  axis  of  the  structure 
to  be  damped  and  the  neutral  axis  of  the  damping 
layer.  This  is  through  the  use  of  a  spacing 
layer  between  the  base  structure  and  the  damp¬ 
ing  layer  (Fig.  2).  This  layer  spaces  the  damp¬ 
ing  material  away  from  the  base  and,  thus,  in¬ 
creases  Hjj.  The  general  characteristics  of  a 
spacing  layer  are  low  extensional  stiffness  and 
high  shear  stiffness.  The  low  extensional  stiff¬ 
ness  insures  that  the  spacing  layer  will  not  add 


Fig.  Z.  General  spaced  damping  treatment 


any  bending  rigidity  to  the  base  structure,  mak¬ 
ing  it  more  difficult  to  damp.  The  high  shear 
stiffness  insures  that  the  bending  strains  in  the 
base  will  be  coupled  into  the  damping  layer. 

Figure  3  shows  typical  data  for  a  spaced 
damping  treatment.  The  configuration  from 
which  these  measurements  were  made  appears 
in  Fig.  2.  The  damping  material  used  is  the  one 
that  conforms  to  MU-P-23653A,  Class  II.  The 
spacing  layer  has  a  thickness  of  1  in  and  the 
base  bar  is  0.25-in.  thick.  Tests  on  the  spaced 
treatment  show  that  the  composite  loss  is  flat 
with  frequency  up  to  about  500  Hz  with  a  value 
Of  0.45.  Above  500  Hz,  the  loss  factor  then  falls 


with  increasing  frequency.  Also  shown  in  Fig.  3 
is  the  loss  factor  vs  frequency  data  from  a  test 
bar  that  has  the  same  amount  of  material  at¬ 
tached  directly  to  the  base  bar.  This  compari¬ 
son  shows  the  values  of  composite  loss  factor 
of  the  spaced  treatment  to  be  higher  than  the 
total  frequency  range  of  the  test. 

Generally,  all  spaced  damping  treatments 
have  the  type  of  composite  loss  factor  vs  fre¬ 
quency  curve  shown  in  Fig.  3.  All  will  have  an 
area  of  constant  composite  loss  factor  at  lower 
frequencies  and  an  area  where  loss  factor  falls 
with  increasing  frequency.  The  flat  area  of  the 
curve  is  where  the  spacer  is  acting  as  an  ideal 
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FREQUENCY  (Hi) 


We  can  now  take  a  look  at  what  magnitudes 
of  loss  factors  can  be  achieved  with  spaced 
damping.  If  we  assume  that  we  are  damping  a 
beam- like  structure  and  that  the  damping  layer 
cross-section  is  rectangular,  we  can  rewrite 
Eq.  (1)  as 


rw,  >v 


*3 


(2) 


r  l'  '—i t~  * 


where 


r-,3  =  loss  factor  of  damping  material 

Wj  =  width  of  damping  layer 

Itj  =  thickness  of  damping  layer. 


Fig,  3.  Compocite  loss  factor  vs  fre¬ 
quency  for  spaced  treatment  compared 
with  conventional  treatment 


one  (that  Is,  infinite  shear  stiffness,  zero  ex- 
tenslonal  stiffness) .  The  falling  portion  is  a 
result  of  the  actual  finite  shear  stiffness  of  the 
spacing  layer.  At  the  lower  frequencies,  the 
composite  loss  factor  will  be  given  by  Eq.  (1). 
This  equation  assumes  perfect  coupling  between 
the  base  structure  and  the  damping  layer  which 
is  what  an  ideal  space  accomplishes.  With  per¬ 
fect  coupling,  the  entire  configuration  bends  as 
a  unit  about  some  composite  neutral  axis.  By 
doing  this,  the  damping  layer  makes  the  greatest 
possible  contribution  to  the  overall  bending 
stiffness  of  the  damping  material  and  base  com¬ 
bination  and,  thus,  produces  the  highest  damp¬ 
ing.  At  the  higher  frequencies,  neither  the  as¬ 
sumption  nor  the  equation  continues  to  hold,  At 
the  point  where  the  loss  factor  starts  to  fall, 
the  damping  layer  is  becoming  uncoupled  from 
the  base.  If  the  frequency  Is  increased  far 
enough,  a  condition  is  reached  where  both  the 
damping  layer  and  the  base  are  bending  about 
their  own  neutral  axis  independent  of  each  other. 
At  this  condition,  the  damping  layer  will  have 
very  little  effect  on  the  bending  of  the  base 
structure.  The  frequency  at  which  the  decou¬ 
pling  process  starts  is  controlled  to  a  large  ex¬ 
tent  try  the  shear  stiffness  of  the  space  r.  II  the 
shear  stiffness  of  the  spacer  is  Infinite  (ideal 
spacer),  the  uncoupling  never  occurs  no  matter 
how  high  the  frequency.  However,  an  infinite 
shear  stiffness  can  never  be  achieved  in  prac¬ 
tice.  One  must  try  to  get  the  shear  stiffness  as 
high  as  possible  within  the  limits  of  a  design. 


Figure  4  shows  composite  loss  factor  (^c) 
vs  moment  of  inertia  of  the  base  structure  (1 ,) 
for  various  values  of  H,,  constructed  from  the 
above  equation.  For  the  construct;,  n  of  ",! - 
curve,  the  damping  layer  width  was  taken  to  be 
the  same  as  the  base  and  0.50  in.  thick.  Damp¬ 
ing  material  properties  of  E,  =  4.50  x  105  psi 
and  i,  =  0.45  were  assumed  with  a  steel- base 
structure. 

Figure  4  may  be  interpreted  as  follows: 
Taking  a  4-in.-sq  tube  as  an  example,  the 
moment  of  inertia  of  this  structure  is  1.17  in.3. 
(This  is  a  per  unit  width  value.)  If  we  look  at 
the  figure,  we  can  find  the  composite  loss  factor 
associated  with  the  various  values  of  H31.  It  is 
known  that  the  neutral  axis  of  bending  of  a  square 
tube  is  at  its  center  and  the  neutral  axis  of  the 
damping  layer  is  also  at  its  center.  This  says 
that  for  a  spaced  damping  treatment  of  the 
beam,  Hj,  is  equal  to  one-half  the  thickness  of 
the  beam  plus  one- half  the  thickness  of  the 
damping  layer,  plus  the  total  thickness  of  the 
spacer,  or  in  this  case: 

11,,  =  2.5  in.  +  H, 

II,  =  thickness  of  spacer. 

Thus,  if  a  spacer  1  in.  thick  is  used,  H,,  is 
3.5  in.  and  the  composite  loss  factor  is  0.035. 
The  type  of  plot  shown  in  Fig.  4  may  be  de¬ 
veloped  for  any  damping  material  and  any  con¬ 
figuration  of  the  damping  layer.  The  plot  will 
give  a  designer  an  idea  of  what  magnitude  of 
loss  factor  he  can  hope  to  achieve.  It  will  not, 
however,  tell  when  the  loss  factor  will  start  to 
fall  with  frequency.  This  is  a  separate  problem. 


32 


.001  £  I  .10  1.0  10  100 


MOMENT  OF  INTERIA  X. 


Fig.  4.  Composite  loss  factor  vs  moment  of  inertia  of  structure 
being  damped  for  various  values  of  ll31  (distance  between  neutral 
axis  of  layers) 


We  now  come  to  the  problem  of  what  kinds 
of  material  can  be  used  as  a  spacer  layer.  It 
has  been  suggested  that  such  items  as  honey¬ 
comb  or  like  materials  be  used  as  spacers. 
However,  we  have  found  that  for  most  applica¬ 
tions  the  shear  stiffness  of  honeycomb  is  not 
high  enough  to  maintain  the  coupling  between 
damping  material  and  base  to  high  enough  fre¬ 
quencies.  The  use  of  these  materials  is  all 
right  for  some  lower  frequency  applications 
(less  than  200  Hz),  but  is  insufficient  when  high 
damping  is  needed  over  a  broad  frequency 
range. 

One  class  of  materials  we  have  found  that 
can  be  used  as  spacers  are  structural  sections 
such  as  tees  or  channels.  These  sections  have 
high  shear  stiffness  and  also  have  suitable  areas 
for  the  attachment  of  damping  material..  How¬ 
ever,  these  sections  in  their  normal  form  also 
have  a  high  extensional  or  bending  stiffness. 

This  problem  can  be  solved  by  cutting  the  sec¬ 
tions  into  short  lengths  before  installing  them 
in  the  damping  treatment.  The  idea  here  is  to 
make  the  length  of  each  individual  spacer 
shorter  than  the  wavelength  of  the  bending  waves 
traveling  in  the  structure.  Selecting  the  length 
of  each  spacer  is  more  involved  than  just  con¬ 
sidering  wavelength.  The  tradeoff  between 
maintaining  a  high  shear  stiffness  and  keeping 
the  extensional  stiffness  low  must  be  considered. 


Figure  5  shows  an  example  of  a  spaced  damping 
treatment  optimized  for  a  particular  structure. 
The  spacers  are  made  from  tee  sections.  The 
tees  have  been  cut  into  2-  in.  lengths  and  are  at¬ 
tached  into  the  treatment  with  a  0.25- in.  gap 
between  each.  The  width  of  this  gap  is  critical 
and  is  involved  with  the  tradeoff  of  high  shear 
stiffness  and  low  extensional  stiffness  in  the 
spacer  layer.  The  loss  factor  vs  frequency 
curve  is  shown  in  Fig.  3.  Channel  sections  can 
also  be  used  as  spacers,  and  the  design  prob¬ 
lem  is  similar  to  the  tee  sections. 

Normal  extensional  or  free  layer  damping 
treatments  may  be  difficult  and  time  consuming 
to  apply.  The  surfaces  to  which  they  are  to  be 
applied  must  be  cleaned  and  specially  prepared 
to  insure  a  good  bond  between  the  structure  and 
the  damping  material.  In  some  locations  it  will 
also  be  necessary  to  construct  special  fixtures 
to  hold  the  damping  material  in  place  while  the 
adhesive  is  curing. 

Spaced  damping  treatments  offer  a  big  ad¬ 
vantage  because  they  can  be  welded  to  the  struc¬ 
ture  being  damped  with  no  degradation  of  the 
damping  material.  The  entire  damping  treat¬ 
ment  can  be  constructed  under  controlled  con¬ 
ditions  at  a  location  remote  from  the  final  ap¬ 
plication  area,  brought  to  this  area  and  simply 
welded  in  place.  The  special  preparation  for 
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Fig.  5.  Tee  section  spaced  damping  treatment 


bonding  of  the  surfaces  of  the  structure  being 
damped  is  eliminated.  Also,  the  possible  need 
for  flxturing  to  hold  the  treatment  in  place  while 
the  adhesive  is  curing  is  eliminated.  These 
facts  make  spaced  damping  treatments  faster 
and  cheaper  to  apply. 

Figure  6  shows  loss  factor  vs  frequency 
uata  for  a  spaced  damping  treatment  applied  to 
a  length  of  1.5  square  tubing.  Also  shown  for 
comparison  purposes  Is  loss  factor  vs  frequency 
results  from  the  same  tube  damped  by  a  layer 
of  damping  material  the  same  size  as  that  used 
In  the  spaced  treatment.  These  samples  were 
tested  by  hanging  them  In  a  free-free  condition, 
attaching  a  small  shaker  to  one  end,  and  record¬ 
ing  the  response  with  an  accelerometer  at  the 
opposite  end.  The  composite  loss  iactor  was 
determined  from  the  relationship  ije  =  AF/Fn 
where  Fn  Is  natural  frequency  and  af  is  fre¬ 
quency  bandwidth  of  the  half- power  points.  The 
spacing  layer  used  In  the  sample  was  short 
lengths  of  1-in.  high,  1.5-ln.  wide  channel.  The 
damping  material  covered  the  top  of  the  chan¬ 
nels  and  was  0.60  tn.  thick.  As  shown  by  the 
aaia,  the  composite  ioss  factors  of  the  spaced 
treatment  are  about  four  times  higher  than 
those  of  the  simple  one  layer  treatment. 

So  far  all  the  spaced  damping  treatments 
we  have  discussed  are  one-dimensional  treat¬ 
ments.  That  is,  they  efficiently  damp  bending 
waves  in  only  one  direction.  However,  in  many 
applications  it  is  desirable  to  damp  strictures 
that  have  bending  waves  traveling  In  two  direc¬ 
tions.  For  instance,  any  plate  has  waves  trav¬ 
eling  in  two  directions.  We  have  found  that  ap¬ 
plying  the  spaced  damping  treatments ,  previously 
discussed,  In  two-dimensional  patterns  will  do 
a  good  job  of  damping  these  structures.  Figure 
7  Is  an  example  of  this.  This  figure  shows  a  2 
by  3  ft,  0.25- In.  steel  plate  with  the  damping 
treatment  applied.  The  strips  of  spaced  damp¬ 
ing  are  applied  in  a  checkerboard  pattern  on 
approximately  8-In.  centers.  The  damping 
treatment  used  Is  the  one  made  from  the  tee 
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Fig.  6.  Comparison  of  loss  factor  of 
1.5-in. -sq-tube  treated  with  spaced 
damping  and  with  extensions!  damping 


Fig.  7.  Two-dimensional 
spaced  damping  treatment 
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Fig.  8.  Driving  point  admittance  of  spaced 
damping  treatment  as  compared  to  complete 
damping  material  coverage 


FREQUENCY  (Hi) 


Fig.  9.  Transfer  admittance  of  spaced 
damping  treatment  compared  to  com¬ 
plete  damping  material  coverage 


section  (Fig.  5).  Figures  8  and  9  show  the 
driving  point  admittance  and  corner- to- corner 
transfer  admittance  for  the  configuration  shown 
in  Fig.  8  as  compared  with  data  from  the  same 
plate  covered  with  4.5  lb/ft 1  of  Class  II  Navy 
damping  tiles.  As  can  be  seen,  the  checkerboard 
pattern  is  at  least  equivalent  to  the  complete 
coverage  treatmon*  and  in  many  areas  is  better. 
The  spaced  damping  treatment  of  this  plate  ac¬ 
tually  weighs  less  than  the  all  damping  material 


treatment  (about  4.0  lb/ft2  as  compared  with 
4.5  !b/ft2).  Spacing  layers  that  are  optimized 
to  work  in  two  directions  may  also  be  built. 
These,  however,  are  more  difficult  to  work  with 
and  will  not  be  discussed  here. 

This  paper  has  shown  methods  of  damping 
the  bending  waves  in  structures  that  are  quite 
stiff.  The  damping  may  be  accomplished 
through  optimum  positioning  of  the  damping 
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material  or  through  the  use  ol  spaced  damping. 
This  technique  oilers  the  designer  Improved 


damper  ior  a  given  we'ght  o(  treatment  and 
greater  flexibility  In  installation. 
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DISCUSSION 


Mr.  Kraft  (Unlv.  Dayton):  Depending  upon 
the  particular  application,  It  seems  that  you  are 
paying  a  considerable  penalty  in  weight  in  using 
a  spaced  damping  treatment  like  this  as  opposed 
to  some  other  type  of  treatment  that  could  be 
used. 


Mr.  Miller:  I  guess  I  neglected  to  mention 
that  the  plate  that  was  covered  with  the  spaced 
treatment  was  actually  done  with  less  weight.  A 
plate  with  the  spaced  treatment  weighs  less  than 
if  the  plate  were  entirely  covered  with  damping 
material  of  the  same  thickness. 


THE  OPTIMUM  DESIGN  OF  FIVE-PLY  VISCOELASTIC 
ISOLATION  FLEXURES  FOR  POINT-INERTIA  LOADING 


Darroll  A.  Frohrib 
Mechanical  Engineering  Department 
University  of  Minnesota 


The  engineering  theory  for  the  interaction  botween  elastic  and  visco¬ 
elastic  strata  developed  by  Korwin  and  DiTaranto  is  applied  to  the  iner¬ 
tialess  flexure  treated  on  both  surfaces  with  constrained  viscoelastic 
layers.  The  absolute  transmissibility  expression  is  developed;  equiva¬ 
lence  to  the  elastically  supported  daohpot  model  is  discussed  for  certain 
conditions  on  the  loss  ratio  G,  'G,  and  surface  constraining  layer  to 
clastic  properties  of  the  viscoelastic  layer.  Design  equations  are  pre¬ 
sented  to  expedite  calculation  of  size  and  shape  properties  of  the  flexure 
to  optimize  response  at  the  fixed  point. 


INTRODUCTION 

The  use  of  viscoelastic  materials  as  damp¬ 
ing  mechanisms  In  engineering  practice  has 
been  Btudled  extensively  in  recent  years.  An 
understanding  of  the  dynamical  properties  of 
polymers  (1],  coupled  with  knowledge  of  the  re¬ 
sponse  of  treated  engineering  structures  (2-4], 
has  permitted  a  prediction  of  the  design  ap¬ 
proach  to  the  use  of  viscoelastic  materials  In 
certain  cases.  Until  Kerwln's  and  DiTaranto' b 
work,  the  Interactions  between  the  constrain¬ 
ing  elastic  and  the  viscoelastic  media  were 
largely  unknown.  Current  investigations  appear 
to  be  largely  directed  toward  the  response  of 
beams  and  plates  with  distributed  mass  and 
elasticity,  when  treated  with  viscoelastic  appli¬ 
cations. 


In  the  case  of  a  vlscoelastlcally  treated 
support  subjected  to  polnt-lnertla  loading  (Fig. 
1),  one  can  anticipate  the  support  to  act  as  the 
discrete-element  model  Including  an  elastically 
supported  dashpot,  as  studied  by  Ruzlcka  and 
Cavanaugh  (Fig.  2).  A  quantitative  understand¬ 
ing  of  the  equivalence  between  the  model  param¬ 
eters  k,  N,  and  c  and  those  of  a  strata- like 
treated  flexure  appear  not  to  have  been  clearly 
defined.  Furthermore,  It  Is  well  known  that  the 
complex  modulus  of  viscoelastic  materials  is 
frequency  sensitive.  Tlierefore,  a  clear  under¬ 
standing  of  the  8ingle-degree-of-freedom  trans¬ 
missibility  expression  and  its  equivalence  to  the 
elastically  supported  dashpot  model  should  be 


established  to  enable  prediction  of  response  over 
a  wide  frequency  spectrum.  The  purpose  of  this 
paper  Is  to  develop  these  expressions  In  the 
framework  of  DITaranto's  theory  and  to  set 
forth  conditions  under  which  the  general  state¬ 
ment  Is  approximated  by  the  discrete-element 
model. 

NOMENCLATURE 

A,  Cross-sectional  area  of  ith  layer 
e  (El),  *  (El),  *  |EI), 
b  Flexure  width 

C,'s  Deflection  amplitude  coefficients 

c  Dashpot  viscous  damping  constant 

Ej  Modulus  of  elasticity  of  ith  layer 

F,  Axial  force  In  ith  elastic  layer 

G* .Gj.Gj  Shear  moduli  of  viscoelastic  layers 

11,  Half- thickness  of  ith  layer 

I ,  Area  moment  of  Inertia  about  Indi¬ 
vidual  neutral  axis  of  i  th  layer 

i  Imaginary  number 

k  Stiffness  constant  of  linear  spring 


Fig.  1.  Viacoola  ttical!  treated  support 
subjected  to  point- inertia  loading 


Fig.  2.  Elastically  supported 
dashpot  model 


h  Flexure  length 
M  Mass  at  flexure  rotdapan 


N  Spring  stiffness  ratio  of  linear  model 
q,q*,q”  Frequency  ratios 
R  bC'  (  ai,<  EA> , ) 

ta.T„  Absolute  and  relative  transmlaslblli- 
ties 

u  |  Axial  dynamic  displacement  of  cen¬ 
terline  of  iDi  elastic  layer 

An  11  (  -  Uj 

U.V  Functions  of  exponentials  of  visco- 
e'sstic 

v  Transverse  dynamic  displacement  of 
flexure 

xM  Output  displacement  response  of  flex¬ 
ure  at  mass  mounting  location 
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kd  Input  displacement  at  flexure  ends 


Itve-ply  symmetric  section  becomes 


.  (EA),  >*  (10) 
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R.- 


(A.i>* 
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Square  root  ol  amplitude  coefficient,  Eq. 
(4) 


Combining  Eqs.  (1)  and  (2)  Into  one  equation  In 
the  variable,  An. 


•  2(11,  «  at,  •  H,) 

.  Percent  of  critical  damping 

Axial  reference  position  of  element  In 
flexure 

'*  To n*  1  (C J  G, ) 

i.\  Natural  frequencies,  rad/sec 

„  ,U1 

2  Flexure  dynamic  elope 
.  Input  frequency,  rad/sec 
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Solution 


Defining  the  complex  square  root  ol  the 
coefficient  of  the  third  derivative  term  aB 
.j  «  i.'  ,  the  equation  has  the  general 
solution 

Au  C,  •  C,..  .  C,'!1  *  C4  exp  !-(.>,  *  i«’,1)il 


•  C,  exp  (*(•’,  *  i-?,)n).  (4) 

For  the  problem  under  consideration,  Eq.  (4)  Is 
specialized  to  the  following  boundary  conditions: 


ANALYSIS 
Equations  of  Motion 

The  analysis  la  developed  lor  a  model  of 
symmetric  cross  section,  composed  of  a  parent 
beam  and  two  identical  surface  applications  of 
viscoelastic  material  and  constraining  layers. 
(II,  Hj,  H,  H4,E,  Es,g;  g;  -see  Fig.  1.) 
Extending  DITaranto's  engineer  big  theory  to 
this  five-ply  lnertialess  flexure,  the  moment- 
def lection  equilibrium  equation  can  be  written 
In  terms  ol  beam  curvature,  /,  and  the  relative 
axial  motion  between  outer  strata  centerlines, 
Au,  as  follows: 

M  -  (EA).  j  (An i '  •  ur’  (1) 

where 

<i 

d-, 

From  geometry,  the  auxiliary  equation  for  the 


Force  boundury  conditions: 

1.  Axial  forces  (F)  at  p  0  on  the  strata 
are  zero: 

F,-F,,  ( EA) ,  ( Au ) 1  (from  DITaranto). 

2.  Moment  (m)  Is  zero  on  the  ends: 

M(0)  (EA)  ^  (  Nil )  ' I  .  B/1! 

1  »>  •  5  1 

Geometric  boundary  conditions: 

3.  ''earn  del  lection  v(«'  u. 

Symmetry  about  •  l  i: 

4 .  ii(  L  2  )  0  . 

5.  f(l.  2)  0 

From  these  boundary  conditions,  the  equations 
governing  the  C,  's  can  be  shown  to  be 


°  1 
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ih)' 
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l 

1  j 
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'"M>  .  , 
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As  !  v '  ,  the  solution  for  ‘m  and  its  derlv- 
ative..  can  be  substituted  Into  Eq.  (2)  and  Inte¬ 
grated  directly  to  determine  the  suspension  de¬ 
flection.  v(  -  > .  This  deflection  is 


v(  i) 


2  2  [vai^EA^A  B  2  / 


(8) 


!rxpl  ' 

'  )  “  rxp( - 

.•:V. 

where  n*  is  the  complex  shear  modulus  of  the 
layer: 

[a- 

0  In) 

■Hn  )> 

(5) 

C*  G,  ^.3). 

‘  \  G,  / 

v(L  2) 
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~>  ,  T  * 

~  '  jj 


where 

u  rxpl  i. )  -  exp(  - 


( EA) ,  1 


2D 


V  exp( .  1  •  exp(  -  1 


..  L 
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Satisfying  the  shear  requirement  imposed 
by  the  Inertia  force  at  midspan,  the  equation 
governing  the  center  deflection  v(L  2)  can  be 
written  in  terms  of  end  displacement  amplitude 

x„: 

Rolativ  t rnnsmi sslbi 1 i iv  TH 


J  /  t  \ 

7*  (l "  ,c;; 

tri 

where  - 2  -  1 48U  ML J ) ,  the  undamped  natural 
frequency  of  the  three-beam  suspense  without 
shear  interaction. 

The  -ibsolute  transmissibility  1*  is  deter¬ 
mined  from  xD  •  v  L  where 

Xj,  <  XvK  I  1  ■ 

'B  XB  *' M><  •  ’ 
vt  t.  J  f  V  L  .  pxp.  t 

am!  ihe  amplitude  arf  <  >mp*Fx  .  A  is 
\ 
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The  c  mplex  \\i 
f*  ^  ton  of  and  r<  3.  •  * 
v  .8  ueiat  • 


pt'ei  ♦  ol  the 


Writing  ^  ad 


( 1  ♦  . 


■" -rA"  &)"&)■• 

■  (£) )  •-  5 

‘(t)‘  ’  (i;V  ‘(A;)'  ‘ 
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where 


and 
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The  elastic  effects  ol  the  viscoelastic  layer  are 
represented  by  ,  the  dissipative  effects  by  . 


DISCUSSION  Ol  TRANSMISSIBILITY 
EvC  (7) 

Smaii  Values  oi 

*e  regard  !  .  the  bracket 

1  i  .i  i  '  ■-  4!  £>•„  sluw"  to  apptoach  unity  in 
the  li  ne  ■  <  Ti-vn  t>  becomes 


I  -  — 


th  undamped  linear  jscih  t  -r 


4U 


Large  Values  of  e  expanding  the  bracket  {  }  using  the  relation¬ 

ships 

The  bracket  (  )  approaches  0  in  the  limit 

,1-  i,  and  TA  becomes  U  =  exp  exp  -  exp(-Mt)  exp(-i/ia) 


■a 

ii  -t® 


■ _ _ ' 

*3(i  «). 


-  exp  n,(c os  »  i  s a tx  *ia) 

-  expt-a*, ){eos  fi j  -  i  sin  Mjl 


which  again  represents  linear  oscillator  re- 
spo>  with  zero  damping.  The  quantity 


and  similarly  for  V;  multiplying  and  collecting 
terms. 


>.3(1  *  a\ 


48(1  «  ..)(EIt  ♦  El3  ^  El5i 
ML3 


signifies  response  of  the  suspension  as  an  inte¬ 
gral  beam,  in  which  fibers  of  the  three  parallel 
elastic  layers  respond  as  a  combined  cross 
section  which  remains  plane  during  distortion. 


where 


Intermediate  Values  of  n 

For  the  general  case  when  i  0,  but  ^a  =  0, 
bracket  {  )  can  be  written 
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1 
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^1  *  a 


n  t  ib 
c  *  id 


G  '  “,(MI )  i 
b  b(^ru2) 
-  ’  cl(e,)  * 

d  :  d 


(10) 


{^("^v)}- r?1- •  (0) 

The  response  for  zero  damping,  and  for  finite 
and  infinite  values  of  ,, ,  is  then 


(i  j  3  i  ^  j  -  t  anh  ,.  J 

Dj  -3«a  tan  tnnh  u, 
b  -  3l(uj  -  tan  .,j)  ♦  ij  tonb  ,.j  tan  Wj] 
1 

cl 


l'3  {3^‘  *  [3*(7f),]“n- 

,fr  /..-x1! 


ta  may  be  rewritten 


1  *  ( 

l  C  / 

['  -  q  1 

]■■(: 
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1  -  q  (l  +  a  4] 
> 

J 

(11) 


Equation  (11)  enables  the  engineer  to  predict 
the  vibration  transmission  over  a  wide  fre¬ 
quency  range,  q,  where  *  -  f(q),  which  is 
typical  of  viscoelastic  materials. 


1  ,  it  Equivalence  with  the  Elastically 

-  *  i  Supported  Dashpot  Model 


For  nonzero  values  oi  ..a ,  the  absolute 
ii  .  esinitsibHity  rA  c  n  be  expressed  by 


Under  certain  conditions,  Eq.  (11)  can  be 
approximated  by  the  elastically  supported 
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dashpot  Isolator  considered  by  Ruzlcka  and 
Cavanaugh.  That  tranemlestbUUy  is 


R:  0.4  . 


These  authors  have  shown  that  the  fixed  point 
may  be  located  In  the  spectrum  and  used  to 
control  maximum  (resonance)  transraissibility 
by  appropriate  adjustment  of  N  and  c: 


The  ratio  Is  usually  substantially  smaller 
than  0.4. 


Retaining  only  first  order  terms  In  (^/V,  >3, 
Eq.  (13)  may  be  written 


(14) 


Then,  the  following  analogies  may  be  estab¬ 
lished* 


This  motivates  the  reconsideration  of  Eq.  (11) 
to  determine  under  what  conditions  It  is  equiv¬ 
alent  to  Eq.  (12).  If  equivalence  can  be  demon¬ 
strated,  parametric  analogies  between  the  visco¬ 
elastic  suspension  and  the  model  of  Eq.  (12)  may 
be  made,  and  optimum  design  parameters  Iden¬ 
tified. 


To  Bhow  this,  Eq.  (11)  Is  cast  into  the  form 
of  Eq.  (12)  in  the  following  way: 


where 


Studying  the  ratios  a/c  and  b/d ,  we  recognize 
that 


and 


DESIGN  PROCEDURE 

The  above  analogies  permit  calculations  to 
follow  the  pattern  developed  for  the  elastically 
connected  dashpot  isolator.  Selecting  the  maxi¬ 
mum  permissible  transmlssibiUty  and  locating 
It  at  the  fixed  point  ts  equivalent  to  determining 
both  Nop.  and  popt.  The  four  equations  relating 
Nop,  and  pop,  to  the  physical  and  geometric 
properties  of  the  flexure  may  be  written: 

Prom  the  definition  of  «: 


Location  of  resonance  of : 


for  «  1-  For  viscoelastic  materials, 

Gj/G,  seldom  exceeds  unity,  and  therefore 
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From  Uie  definition  of  *i, : 


=  (i* 


0  <  —  <  1  (flee  Fig.  3), 

ci 


^opt  —  aopC 


<  CO 


(17) 


From  required  damping: 


This  requires  «opt  =  Nopt  and  o./c,  =  1. 

For  design  purposes,  til  z.  o  l.  Then  Hj/H, 
Is  determined  from  Eq.  (15),  Hs  %  from  Eq.  (17), 
b  from  Eq.  (16),  and  the  required  i.atertal  loss 
modulus  g3  'G,  from  Eq.  (10). 

From  Eq.  (18) 


For  given  material  properties,  Eqs.  (15) 
through  (its)  may  be  regarded  as  four  equations 
in  the  unknown  geometric  parameters  b,  Hj  /h3, 
Hj/Hj ,  and  Hj/L.  Of  course,  they  may  be  used 
In  various  ways  depending  on  design  criteria. 

For  discu._L.on  purposes,  consider  the 
problem  In  which  we  want  to  minimize  the 
thickness  of  the  damping  layers  for  a  given 
maximum  transmissibillty,  TA.  Furthermore, 
consider  H,/h3  -  Hj/H3.  Minimizing  these  pa¬ 
rameters  Implies  minimization  of  a  .  As 


and 


2 

3 


1 1  *  Noo  t  )  ^*op  t 


1  + 


3  i  a  y 

2  Nopt  *  2  Nopt j 


=  f(TA)  • 

By  assumption  In  Eq.  (14),  <<  1 .  For 

small  ,  a(a,/ci )  *  and  for  aopt  =  Nopt, 
rj-V,  «  1  (3N)‘'J  or 

(3)‘  lN‘pJ  [l  *  |Nop«  'IC]1'1 

n  <<  -  —  ~  — 

op'  2  1  *  N  . 

op  t 

which  is  reasonable  for  the  elastically  supported 
damper  Isolator. 


Fig.  3.  a,  c,ae  a  function  of  M, 
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DISCUSSION 


Mr.  Verga  (Hazeltlne  Corp.):  Is  there  any 
opinion  at  this  time  as  to  whether  we  can  ever 
possibly  hope  to  find  this  type  of  Isolator  better, 
In  terms  of  mass  volume  for  the  same  type  of 
damping  and  for  the  same  natural  frequency, 
than  the  typical  standard  type  of  linear  isolator 
such  as  Cavanaugh's  and  Ruzlcka's  model? 

Mr.  Frohrib:  I  am  afraid  I  would  be  pre¬ 
sumptuous  In  making  claims  at  this  point.  I 
would  like  to  think  that  there  will  be  evidence 


of  real  design  opportunity  as  we  proceed  with 
our  optimization.  Depending  of  course  upon 
the  design  criteria  and  the  volume  character¬ 
istics,  as  well  as  the  specific  package  s^e, 

I  can  not  say  whether  it  Is  going  to  be  com¬ 
petitive.  It  is  not  intended  as  a  competitive 
kind  of  thing  of  course,  but  it  will  be  more 
opportune.  It  would  indeed  depend  upon  the 
design  problem.  We  should  be  able  to  answer 
your  question  more  specifically  after  our 
optimization  effort. 


APPLICATION  OF  DAMPING  DEVICE 
FOR  CRITICAL  SPEED  CONTROL 


John  F.  Mullen  and  Mark  R.  Kulina 
'  'rtisa- Wright  Corporation 
Vood-Ridge,  New  Jersey 


A  device  for  the  control  of  critical  speeds  of  rotating  shafts  has  been  developed.  It 
is  a  bearing  support  consisting  basically  uf  a  film  of  oil  between  two  nonrotating 
parts  in  parallel  with  a  flexible  mechanical  support.  A  mathematical  model  of  the 
physical  system  is  developed  and  response  of  the  system  predicted  from  the  model. 
Results  from  operation  of  an  experimental  rig  are  presented  which  confirm  the 
model  and  provide  data  for  damper  design.  Design  details  of  applications  to  oper¬ 
ating  rigs  and  engines,  as  well  as  test  results  from  them,  are  given,  indicating  the 
damper  to  be  effective  in  controlling  the  effects  of  critical  speed.  The  device  should 
find  application  in  retrofitting  engines  known  to  have  rotor  induced  vibration  or  noise 
problems  and  in  insuring  successful  control  of  rotor  amplitude  and/or  rig  vibration 
in  first-time  operation  of  development  rigs  and  engines.  It  rnay  also  be  used  during 
the  design  stage  in  lightweight,  multipurpose  engines  where  control  of  critical  speed 
by  other  means  imposes  weight  or  other  penalties. 


INTRODUCTION 

Avoiding  the  detrimental  effects  of  operat¬ 
ing  at  or  near  critical  speeds  (shaft  bending 
natural  frequencies)  has  always  been  a  consid¬ 
eration,  explicit  or  implied,  in  the  design  of 
rotating  machinery.  In  most  cases,  this  is  done 
by  appropriate  selection  of  mass  and  stiffness 
to  place  the  critical  speeds  outside  the  operat¬ 
ing  range.  With  the  advent  of  lightweight,  multi¬ 
purpose  engines,  however,  the  operating  range 
often  covers  a  wider  percentage  of  design  speed, 
while  the  designer  has  le68  latitude  in  the  selec¬ 
tion  of  mass  and  stiffness. 

Another  parameter  for  the  control  of  criti¬ 
cal  speeds  is  damping.  A  previous  paper  (1] 
detailed  development  of  a  mathematical  model 
and  component  testing  ol  an  oil-squeeze  bearing 
damper  and  presented  a  bibliography  ol  related 
work.  This  paper  reviews  the  previous  work 
and  reports  development  work,  including  rig 
and  engine  testing,  on  the  bearing  damper. 


OIL-SQUEEZE  BEARING  DAMPER 

A  schematic  of  the  physical  parts  of  the 
bearing  damper  is  shown  in  Fig.  1.  The  shaft 
bearing  is  supported  in  two  ways:  structurally 
by  the  flexible  support  and  hydrodynamic  ally  by 


the  oil  In  the  cavity.  Oil  under  pressure  enters 
the  squeeze  film  cavity  through  one  or  more 
inlet  passages  and  exits  through  the  drain  holes 
beneath  the  oil  rings.  Viscous  damping  Is  pro¬ 
duced  in  the  high  pressure  cavity  as  motion  of 
the  rotor  causes  the  oil  to  be  pumped  or  forced 
circumferentially  around  the  cavity  and  through 
the  drain  holes.  In  addition  to  the  damping  pro¬ 
vided  by  the  oil,  there  is  also  a  nonlinear  spring 
rate  associated  with  the  oil.  This  spring  rate, 
however,  can  be  maintained  at  a  low  value  by 
proper  design  of  the  oil  cavity.  The  flexible 
bearing  support  performs  three  functions:  It 
helps  to  control  the  location  of  the  critical 
epeed,  it  restricts  the  deflection  of  the  rotor 
when  not  rotating,  and  it  permits  the  squeeze 
film  to  operate  as  a  damper. 

Additional  design  features  of  the  oil- 
squeeze  bearing  damper  are: 

1 .  The  oil  film  is  between  two  nonrotating 
parts,  thus  eliminating  the  possibility  of  oil 
whip  which  occurs  wnen  the  film  is  between 
rotating  and  nonrotating  members,  as  in  jour¬ 
nal  bearings. 

2.  The  annulus  adds  little  to  the  damping 
but  provides  distribution  of  the  oil  around  the 
cavity  from  the  inlet  holes. 
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NOT  TO  SCALE 


Fig.  1.  Oil-*que»sie  bearing  damper  schematic 


3.  Aa  a  fall-sale  device,  mechanical  stops 
cai.  he  incorporated  In  the  design  outside  the 
high  pressure  oil  cavity  to  permit  only  limited 
radial  and  torsional  motion  of  the  retainer  ring. 

EtftATHEMATlC A L  MODEL 

The  simplest  method  of  understanding  the 
operation  of  the  oil-squeeze  bearing  damper  Is 
by  developing  an  analogous  mathematical  model. 
Such  a  model  is  shown  In  Fig.  2. 

In  this  model,  the  spring,  K,  and  mass,  m, 
of  the  main  system  represent  the  original 


SROUND 


Fig.  Z.  Mathematical 
model 


system  to  which  the  damper  la  to  be  applied. 

The  spring  represents  all  of  the  flexibility  from 
the  mass  to  the  ground;  that  Is,  if  the  true  sys¬ 
tem  has  flexibilities  between  both  the  damper 
and  the  mass  and  the  damper  and  ground,  they 
may  both  be  represented  by  an  equivalent  spring, 
K,  as  shown  in  the  model. 

In  the  clamper,  the  oil  provides  both  a  flex¬ 
ibility,  xo,  and  a  clamping,  c,  while  the  flexible 
support  results  In  a  flexibility,  Kt.  By  judicious 
choice  of  damper  and  spring  dimensions,  K0  can 
be  kept  much  smaller  than  K, .  Because  the  two 
springs  are  in  parallel,  the  effect  of  ko  can  then 
be  neglected. 

A  cursory  examination  of  the  model  will 
show  that  the  natural  frequency  will  vary  as  a 
function  ol  damping.  For  no  damping,  the  natu¬ 
ral  frequency  of  the  system  is  a  function  of  the 
flexibilities  K,  and  K  act  big  in  series  and  will 
be  relatively  low.  For  infinite  damping,  the 
flexible  support  spring,  k5  ,  is  effectively  short 
circuited  and  the  natural  Irequency  is  a  tunctlon 
only  ol  the  main  system  flexibility,  K.  This 
latter  Is  effectively  the  system  natural  frequency 
before  the  bearing  damper  was  added.  For  con¬ 
venience,  we  will  refer  to  the  former  —  that  with 


no  damping  —  as  the  soft  system,  and  the  latter 
—  that  with  infinite  damping  —  as  the  hard 
system. 

For  the  mathematical  model,  the  amplitude 
of  vibration  was  determined  in  a  previous  paper 
[l]as 

X  ,  /  oc,.K)»  *  .A-’ 

/  (K#K“Ksrrii‘2  -  Kmni2)1  *  ..i2c2(K-  m.-.'2)2 

while  the  force  transmlssibllity  is  expressed  as 


.  \a  /  K2  (K,2  *  .^c2) 

"'*)  y  (K,K-  K^-Km..2)’  .  ..2cJ(K-m^l)J 

Using  these  equations,  response  curves  for 
a  particular  configuration  (Ks'K  =  0.15)  were 
generated  as  a  function  of  damping  and  are 
given  in  Figs.  3  and  4,  The  amplitude  curveB 
show  the  peaks  of  the  soft  and  hard  system,  but 
also  indicate  that  for  a  reasonably  wide  range 
of  damping  values,  magnification  is  held  to  a 
reasonable  level.  For  one  damping  value,  the 
amplitude  optimum,  both  the  hard  and  soft  sys¬ 
tem  peaks  are  completely  suppressed. 


*._  >  /  (MKtWc1 _ 

me*  -Km**)' » •I'cMd-me*)' 

m  -30.8  LB-9EC/IN. 
k,>  15,190  LB/IN.  u.MSSOORPM 

K  *  101  267  LB/IN.  »,„•  I8.000RPM 


Fig.  .5.  Theoretical  amplitude  response 
as  a  function  of  damping 


Fig.  4.  Theoretical  force  response 
as  a  function  of  damping 


The  force  transmlssibllity  curves  show 
similar  characteristics  to  those  of  amplitude 
response,  but  the  optimum  force  damping  must 
be  defined  for  a  particular  speed  range  and 
may  not  be  the  same  as  the  optimum  damping 
for  amplitude.  It  should  be  noted  that  trans¬ 
mitted  force  does  not  Increase  Indefinitely  with 
speed  for  positive  values  of  damping,  as  the 
figure  would  appear  to  Indicate.  At  some  speed 
beyond  the  range  of  the  figure,  the  transmissi- 
blllty  will  peak  and  then  begin  to  decrease. 

Thus  an  optimum  damping  can  not  be  arbi¬ 
trarily  set,  but  must  be  a  function  of  the  details 
of  the  application;  lor  example,  the  location  of 
the  operating  range  of  the  machine  with  respect 
to  the  response  curves,  the  operating  clear¬ 
ances  between  rotating  and  stationary  parts, 
and  the  load  capacity  of  the  bearings  and  related 
structure  must  all  be  functions  of  the  details  of 
the  application. 

An  obvious  question  in  the  design  of  the 
flexible  support  for  the  system  i6  the  degree  of 
flexibility  required.  A  lower  bound  can  be  es¬ 
tablished  in  that  it  must  be  an  order  of  magni¬ 
tude  larger  than  the  flexibility  of  the  oil  film  to 
prevent  the  nonlinear  oil  spring  from  affecting 
the  response.  To  accomplish  this,  load- 
deflection  calculations  similar  to  those  shown 
in  Fig.  5  must  be  developed.  Note  that  the 
spring  rate  of  the  oil  is  significantly  lowered 
by  an  Increase  in  the  oil  film  thickness. 

An  upper  bound  on  the  spring  rate  of  the 
flexible  support  may  be  established  relative  to 
the  spring  rate  of  the  main  system  by  consid¬ 
ering  its  effect  on  the  response  curves.  As  was 
not  'd  in  discussing  Fig.  3,  a  minimum  amplitude 
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DEFLECTION  -  INCHES 


Fig.  5.  Typical  load-deflection  relationships  for  oil  film 


can  be  attained  as  a  (unction  of  damping  (or  a 
particular  configuration.  However,  this  mini¬ 
mum  amplitude  (and  the  damping  value  to  attain 
it)  Is  also  a  function  of  the  relative  values  of 
the  flexibilities  of  the  main  system  and  the  flex¬ 
ible  support.  This  relationship  is  shown  in  Fig. 
6.  It  may  be  seen  that  the  value  of  magnification 
Is  relatively  small  for  a  wide  range  of  support 
spring  rate,  provided  that  the  support  spring 
rate  is  not  significantly  greater  than  the  original 
spring  rate  of  Lhe  system.  The  lower  the  flex¬ 
ible  support  spring  rate,  the  lower  the  magnifi¬ 
cation  that  can  be  attained.  This  may  also  be 
observed  intuitively  from  the  response  curves 
of  Fig.  3.  It  is  observed  that  the  optimum  mag¬ 
nification  is  at  tlie  Intersection  of  the  response 
curves  for  the  hard  and  soft  syatrmB.  The 
w  er  the  separation  between  these  curves  (and 
thus,  the  lower  the  flexible  support  spring  rate) 
the  lower  the  optimum  maguitificatlon  will  be. 


TESTING  TO  VERIFY  MODEL 

To  verify  the  mathematical  model,  inves¬ 
tigate  the  effect  of  various  design  parameters, 
and  demonstrate  the  control  of  critical  speeds 
by  the  damper,  a  two-bearing  test  rig  simulat¬ 
ing  in  scale  a  gas  generator  engine  was  de¬ 
signed,  fabricated,  and  operated.  Because  these 
test  results  have  been  previously  reported  [  1  ], 
results  will  only  be  summarized. 


Figure  7  shows  typical  test  data  obtained 
of  shaft  amplitude  vs  speed  with  varying  oil 
flows.  With  low  flow  (under  damping)  the  soft 
system  peak  is  observed  while  with  high  flow 
(over  damping)  the  peak  is  at  the  hard  system 
critical.  The  medium  flew  produces  optimum 
damping  and  peaks  as  both  hard  and  soft  sys¬ 
tems  critlcals  are  suppressed. 

The  major  conclusions  derived  from  oper¬ 
ation  of  this  test  rig  were  as  follows: 

1.  The  oil- squeeze  bear  big  damper  has 
the  capability  of  controlling  rotor  amplitudes 
and  transmitted  force  at  critical  speeds,  ever, 
with  relatively  high  unbalance. 

2.  The  mathematical  model  adequately  de¬ 
scribes  the  operation  of  the  actual  damper. 

3.  Variation  in  oil  flow  to  the  damper  pro¬ 
duces  significant  changes  In  damping. 

4.  Damping  values  greater  than  c  cr  , 
are  readily  attainable. 

5.  Increasing  the  film  thickness  results  in 
decreased  damping. 

6.  Maintenance  of  a  high  pressure  cavity 
by  a  device  such  as  the  oil  seals  is  important 
to  the  operation  of  the  damper . 


FLEXIBLE  SUPPORT  SPRING  RATE  /  MAIN  SYSTEM  SPRING  RATE- Kj/K 


Fig.  6.  Minimum- amplitude  magnification 
as  a  function  of  flexible  support  spring  rate 


Fig.  7.  Damper  rig  lest  results  --  clfeet  of  oil  flow 


7.  A  suddenly  appllod  unbalance  produces 
no  large  transient*,  but  simply  an  increase  in 
amplitude  owing  to  an  Increase  in  applied  force. 

8.  Variation  of  the  soft  system  critical 
spoed  in  the  range  of  ^  from  0.16  to  0.51 
produces  no  significant  effect. 

0.  Sizing  of  the  damper  cm  be  established 
by  the  relationship 


where 

R  is  the  radius  of  the  oil  Him  in  Inches, 

L  Is  tho  length  of  the  oil  film  In  Inches, 

h  Is  the  thickness  of  the  oil  film  in  Inches, 

m  is  the  mass  of  the  rotating  system  in 
lb-socVin.,  and 

.*>,  is  the  soft  system  natural  frequency  in 
rad/ sec. 


APPLICATIONS 

The  success  of  the  bearing  damper  in  the 
test  rig  In  controlling  the  detrimental  efforts  of 
critical  speeds  encouraged  us  to  install  the 
damper  co  various  test-stand  rig  and  engine 


configurations.  Some  of  the  present  and  planned 
applications  are  shown  in  Tabic  1.  In  all  con¬ 
figurations  tested  to  date,  amplitude  has  been 
well  controlled  and  in  no  case  have  the  effects 
of  critical  speed  limited  rotor  operation.  Re¬ 
sults  of  some  of  these  applications  will  now  be 
reviewod  In  detail. 


Compressor  Rig 

The  first  application  of  the  bearing  damper 
was  to  an  hp  compressor  rig.  The  physical 
configuration  of  the  damper  is  shown  in  Fig.  6, 
while  the  significant  damper  dlmenslona  are 
given  In  Fig.  8.  This  rig  was  operated  in  four 
builds  for  more  than  228  test  hours,  using  a 
single  set  of  damper  parts.  At  the  completion 
of  this  testing,  all  parts  were  in  excellent 
condition. 

Typical  test  data  from  this  rig  are  shown 
in  Fig.  10.  ,V11  amplitudes  observed  were  well 
within  monitored  limits.  The  1.25-lb/mtn  flow 
resulted  In  an  optimum  damping  condition  for 
the  first  critical  speed,  producing  a  peak  am¬ 
plitude  midway  between  the  hard  and  BOft  sys¬ 
tems  first  mode  critical  speeds.  It  Is  therefore 
likely  that  the  amplitude  at  18,000  rpm  also 
represents  an  optimum  peak  for  the  second 
mode,  and  further  increases  in  speed  would 
have  resulted  In  decreasing  amplitudes.  Ow 
the  other  hand,  the  5-lb/ rain  flow  represents 
an  overdamped  condition,  and  increases  in 
speed  would  have  resulted  in  increases  in  am¬ 
plitude  if.'  to  the  second  critical  of  the  hard 


TABLE  1 

Applications  of  Che  Oil-Squeeze  Bearing  Camper 


1  Application 

Bearing.  Type 

Critical  Spends  (rpm) 

Design  Speed  (rpm) 

Test  rtg 

Roller 

3000  lo  8000  (soft) 

17,000  tfuu-d) 

18,000 

Hp  compressor 

Ball 

61C0  and  18,800.  (soft) 
10,200  and  20.200  (hard) 

iY.800 

Gas  generator 

Bali 

C050  and  11,500  (soft) 

7500  and  16,800  (hard) 

17,500 

Prototype-  turbo  fan 

Bali 

6000  and  17,600  (soft) 

9300  and  22,000  (hard) 

20,000 

Single  rotor  rig 

Rciller 

See  text 

30,000 

Small 

compressor  ri& 

Roller 

10,000  (soft) 

40,000  (hard) 

50,000 a 

F-r.  -irtve 

Roller 

5000  (soft) 

15,000  b 

_  . 

9000  (hard) 

aTcst  in  progress . 
•>Tes ■  to  be  run 
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h  ii  *•  r  Lj  -+•  14  Lj  **  h  » 


•HAFT  ( 


COnFtOuAATiOft 

COMPRESSOR  Rlfl  | 

twin  spool  CNOmf 

SlNOLC  ROTOR  RIO 

OUTER  RAOIUS  R 

3  101 

3  40« 

1  TOO 

LAND 

h5 

01*1001  ! 

01*10003 

00031  0003 

900  1  OlO 

1301003 

1*0*  010 

ANNULUS 

1 

h4 

;  1 1*  a  on 

11*10033 

000:003 

t-4 

101  t  044 

113*  020 

00031  0003 

0<L  SEAL  GROOVE  1 

- . 1 

*1 

101  1  003  ]  1711.003  j 

133  t  001 

*-2 

0043  1  0003 

1203  10013 

0809  I  0009 

MECHANICAL  STOP 

r.  1 

"1 

OiStOOl  ] 

01310003 

00  33  i  0003 

L| 

IOC  ±010 

•«f  OZ99 

030 1  DOS 

Oil  INLET 

ONE  HOLE 

ONE  HOLE 

1  CHC  MOLf 

IO«*OIO 

173  I  010  OlA 

123  •  010  OlA 

OIL  OUTLET 

three  HOLES 

THREE  HOLES 

THREE  HOLES 

0407011 

0401001 

|  040*001 

BENEATH  EACH 

|  beneath  each 

1  BENEATH  EACH 

1  »w 

RtNO 

|  RING 

Fir.  **•  Significant  dimensions  ot 
bc.ir.ng  damper  1  un  figuration  t> 


i 

i 

4 


system  at  20,000  rpm,  although  amplitudes 
would  be  lower  than  if  the  damper  were  not  In¬ 
stalled.  Unfortunately,  operation  to  higher 
speeds  on  this  rig  was  not  leastble. 

Prototype  Fan  Jet  Engine 


m  the  previous  section  was  installed  in  a  twin- 
spool  engine.  Slight  changes  were  required  in 
the  bearing  damper  design  because  of  geometry 
and  changed  critical  speeds.  The  significant 
dimensions  of  the  te6t  configuration  are  shown 
ill  Fig.  9. 


Upon  successful  comDletion  of  the  com¬ 
pressor  testing,  the  hp  compressor  discussed 
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Test  results  are  shown  in  the  table  below. 
In  the  operation  of  the  engine,  a  single  oil  flow 


[ 

E. 


i 

t 


I 

i 


\ 
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Fig.  10.  Test  fSiui!)  -  hp  compressor  rig 


( 

1 

1 

Beak.  Amplitudes  {•*  mils)  j 

Hp 

:  Speed 

{rpm) 

Probable 

Hot  or 

Shaft 

Mode 

Front 

(Damped) 

Bearing 

Rear 

Bearing 

Housing 

» 

- - j 

0700 

First  Soft 

0.40 

0.81 

0.81  ! 

15,000 

Second 

BOlt 

0.G1 

1.50 

1.00 

j 

10,000 

Maximum 

speed 

o.ie 

1.54 

0.86  ! 

value  at  6  lb/mtn  was  chosen  Initially  and  was 
not  varied  throughout  the  testing  because  am¬ 
plitude  feauha  Were  acceptable,  for  this  con- 
f the  calculated  critical  speeds  are 
0500.  FiOO.  11,400,  ana  22,000  fpm  lor  first 
seft,  first  bar'd,  second  soft.  aad  second  hard 
modes  of  the  system . 

The  response  ol  the  system  to  a  suddenly 
applied  unbalance  was  Obtained  ualnlenUonaUy 
during  U»  (uil-scsle  engine  test  program.  This 
occurred  “hen  three  early  stage  hp  compressor 
rotor  biat&ett  failed  while  operating  at  CO  percent 
design  speed.  Continuously  recorded  data  dur¬ 
ing  the  failure  and  subsequent  shutdown  showed 
that  roior  dieplacenieni  had  no  significant  tran¬ 
sient  response  feeyockt  the  lncreftc-e  In  amplitude 
uirlrig  to  the  IncrsasudUitbsIiuice-  The  oltdanspcr 
successfully  controlled  the  amplitude  so  that 
tiMire  was  no  eti&iaci  si  Uss  mechirnical  slop#  si 
damper.  The  clearance  (d  these  slops  was 
clvosen  to  ore  vent  con-tact  between  rotating  and 
ncorbUiihg  parts  erf  the  saglie. 


Single  Rotor  Rig 

Because  of  the  success  at  the  bearing 
damper  in  controlling  critical  speeds  In  our 
large  scale  engine  the  device  found  ready  ac¬ 
ceptance  in  other  rigs  that  had  vibration  prob¬ 
lems.  Such  a  rig  was  the  single  rotor  rig, 
which  combines  a  compressor  and  turbine  in  a 
single-axial  plane  This  rig  had  consistent  vi¬ 
bration  problems  which  at  times  caused  radial 
rubs  or  restricted  operation.  Because  of  the 
complexity  cri  the  rotating  parto  and  the  sup¬ 
porting  system,  critical  speeds  were  difficult 
to  estimate  analytically,  bur  it  was  leli  that  the 
problem  was  roost  probably  critical- speed  In¬ 
duced.  A  hearing  damper  was  Uicrefore  incor¬ 
porated  th  the  design.  Detail  dimensions  are 

ahnwtt  in  ?!g  O 

The  vibration  problem  oo  the  original  rig 
was  evidenced  by  high  housing  amplitude  in  the 
35,000-rpm  range,  averaging  about  3  mils  and, 
on  particular  builds,  running  three  limes  higher. 
With  the-  hearing  damper  ir.elaiied,  and  a  con¬ 
stant  oil  How  ol  6  lb  min,  amplitudes  have  been 
consistently  below  1  mil  cfd  the  last  sis  builds. 
Typical  test  data  lor  am  identical  pickup  both 
with  and  without  the  damper  are  shown  In  Fig 
*i  An  a  verification  that  the  elimination  of  the 
problem  resulted  from  the  atidttton  ot  the  damper 
and  not  simply  Irotn  a  change  in  critical  speed 
caused  by  the  flexible  support,  the  rig  was  run 
with  no  oil  I ' i* -  to  the  unmpe-r  Test  results 
aic  again  shewn  in  Fig  li  Testing  was  ter¬ 
minated  in  this  case  at  24.000  rpm  to  protect 
against  damage  to  the  rig 
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Fig  i  i  T e«t  results  —  single  rotor  rig 


DAMPER  WITHOUT  FLEXIBLE 
SUPPORT 


USE  OF  FLEXIBLE  SUPPORT 


A  limited  amount  of  testing  was  also  done 

ho  nm  n'  tV>r>  o*l  1 1 1  m  i  C  UiYthtP 


Given  the  succcsb  ol  Uie  squeeze  film  alone 
on  the  fan  rig.  an  obvious  question  Is  whether 


m 


support  This  configuration  io  called  the  squeeze 
film  damper  Analytically,  this  is  basically  the 
same  concept  as  the  bearing  damper  previously 
discussed,  but  because  the  flexible  support 
spring  rate  Is  eliminated,  the  nonlinear  spring 
rate  cl  the  oil  becomes  the  significant  Spring  lit 
the  system  This  type  damper  has  been  applied 
to  two  Ian  rigs.  The  first  application  was  to  a 
r  oller  bear  big  that  had  a  Scnovn  (alter  testing) 
critical  speed  near  design  speed.  The  squeeze 
film  configuration  and  significant  dimensions 
are  altosrn  tn  Pig.  12.  Test  results  of  shaft  and 
housing  amplitude  vs  speed  are  given  In  Fig  13 
for  the  configuration  with  anti  without  the  damper 


The  squeeze  film  atone  has  the  advantage  that 
lew  additional  parts  and  little  additional  space 
are  required  compared  with  conventional  de¬ 
signs.  These  combine  into  Uie  further  advantage 
that  It  ts  therefore  easier  to  use  In  modification 
of  existing  systems.  Wllh  the  current  atate-ol- 
the-art.  however,  the  flexible  Support  appears 
to  be  at  least  desirable  If  not  necessary.  The 
use  ol  the  flexible  support  has  the  following 
advantages: 


1.  It  permits  the  separation  of  the  two 
junctions  of  the  control  device.  In  that  II  acts 
as  the  spring  of  the  device  and  per  (rills  the  ol! 


builds  beyond  the  squeeze  film 


feci  of  tbs  spring  rate  of  the  oil. 


J  The  result  d  rpL*  **[*  ration  <  (ani'.kSM 

ii  tJa!  Uvs  erUicai  #pe#^  rag  h#  accurate ly  pre¬ 
dicted  with  the  flaxthlv  support  while.  without  it, 
the  nonlinear  oLl  spring  must  be  considered 

2  A  terood  result  of  the  separation  c i 
function*  tn  that  durtng  tnittal  opera' ice:  at  th* 
rig  to  which  the  device  is  applied,  should  a 
vsrUiioo  t„  damping  be  required,  tl  can  he  ap¬ 
plied  without  s  variation  In  spring  rate  which 
is  not  the  cas*  without  the  damper 

4  The  flexible  euppof  reetrifitJ  the  de- 
ilet  lion  of  the  rotor  when  not  rotating 

5  Secsiiae  the  thtefcicSi  «  the  vu  is  much 
larger  hi  the  bearing  damper  than  in  the  squeeae 
flint  system,  machining  tolerance*  uf  the  parts 
that  form  the  ott  cavity  are  not  e.t  critical. 


FUTURE  APPLICATIONS 

The  oil  squ^vs*  bearing  damper  is  fioi 
viewed  as  a  required  or  even  s  desirable  addi¬ 
tion  to  dll  existing  rotating  machinery  In  Owes 

cases  where  the  effects  of  critical  speeds  can 
be  adequately  controlled  by  mass  and  silliness 
alone,  Incorporation  <d  a  damper  Is  economic  ally 


an  fort  Lfled  However, 
in  the  f otic-win*  curt 


• i  way  be  readily  applied 


1,  Is  UfttStilM.  high  performance  engint 
design*  where  ermcai  speed  sc-hrfhoo*  by  rent* 
and  stillness  parameters  result  In  weighs  or 
Other  penalties 

2,  As  a  retrofit  to  servlet  ops rs tad  ma¬ 
chinery  with  "SbfidJsn  snd7cr  rails  e  problems 
induced  by  the  rotating  parts 

3,  As  an  integral  part  of  nsw  rig*  or  *n» 
vines  to  insure  •siiefaeiory  toJllal  operaitcc 
where  third  is  any  possibility  b *  crlilcaJ  speed 
problem*  The  damper  has  the  advantage  ctf 
per  mitt  Log  operation  ni  the  hard  systsm,  the 
soft  system.  or  si  in  cp/UmLied  coadUlao  by 
variation  In  oil  flow.  Thus  U>r  oced  fer  a 
damper  or  for  a  flexible  support  alow?  can  be 
evaluated  In  a  single  build. 


RsF£HSHCE 
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DISCUSSION 


Mr  Nelson  (Tull a  Uolv  ):  Have  you  ex- 
teodeO  the  analysis  Co  nonsxiarmrriPirlr  «!!«*- 
itoflfl  such  as  rotors  which  have  unequal  stUl- 
1 esses  7 

Mr  bStintan'  KJn  00  fxay._  nnt 

Mr.  Neteon;  Arc  you  planning  10 ? 

Mr  Mullen:  Probably,  yes  Mosl  at  our 
development  was  done  apecUlratly  tor  pnrUeu- 
lax  compressor  rigs,  I  hope  we  will  continue 

Ui  UiSS  area 

Mr  Orotup  (Allison  DW  .  CMC):  During 
yourTeat  «roric3Ta  you  observe  any  whirl,  in¬ 
stability  or  nonaynchronous  type  of  response7 

Mr  Mullen:  If  by  instability  you  mean 
BcU-exclted  VOiraUen*.  r.o  we  did  not.  During 
some  of  our  early  test  work  on  the  critical 
spceil  rig  wc  did  notice  some  noosyncSror.oun 
vibration  Almost  always  we  ^ouid  atirlbuie  u 
to  low  otl  flow  and  high  amplitudes  which  were 
probably  giving  ufl  snubbing  at  the  mechanical 
stops 


Mr  Oretup:  Was  there  any  eticci  of  oil 
Wf-rwlty  tn  fhtii  respect  7 

Mr,  MuU an:  We  have  done  a  limited 
acaouni  dl  sluiiy  on  the  effect  Of  Oil  viscosity 

U/a  /lie*  '  led  Ikal  tLi  -  1  1  _l^ _  _  1* 

' ■  w  MAM  Mini  u«HkUI*  VIM*  uu  HIUUAUV  UUUIC1 

help  ua  in  coding  damping  to  ike  •yeieto  We 
used  the  same  oil  a  ad  changed  thn  temperature 
In  any  case  wo  did  not  see  any  oOfisyochronou* 
vlbralioris  Lu  this  connection. 

Mr  .Jones  (Air  Force  Materials  Lab  h  You 

fCC frtloccd  temperate,-?  sk  c  m-aea  of  COALfO i i in? 

vUcoelty  Were  there  any  problems  with  re¬ 
gard  to  temperature  tn  sorvtce  as  a  result  of 
this  7 

Mr.  Mullen,  ho,  because  the  oil  (low  gen¬ 
erally  was  fairty  iaurge.  U  flowed  fairly  well 
through  the  bearing  We  used  the  same  oil 
which  was  used  (or  our  bearing  lubrication* 
Therelors  ll  ill  weni  to  a  g  foc rai  rwagrynlr 
and  aa#  coclo4  t  ihtnUtl  mM  lb?il  w?  tk> 

Jvsve  iiils  i i\  i^rvic?  Tbld  Isa*  bcM  run  oniy  on 
comprecflor  rl^s  and  prolotyv^  engines  l\ 
rvo(  a  sofvice  appIScstiOn  jvi.  *  do  believe 


DEVELOPMENT  Of  PRACTICAL  TUNED  DAMPERS  TO 
OPERATE  OVER  A  WIDE-TEMPERATURE  RANGE 


Ail. 4  C  Stmhii 

V«i***fi ilr  oi  Dayton  Rfitar-fc  Isitityti 
Ukfiofi:  Qbi«! 


prt'ctiJars i  ar*  ->*#1  iittfc*:  frsr  iirreicrpir.^  iiihi'ds:^!;: 

■  nc  compact  tUftid  flicocimu;  dAmft*ri  to  up* rat*  vvti  a 
*;iMe -temper  Alure  onj*  and  lo  -*ri :  N  ■ :  m  i  £  r;  f ;  fibrai'!^4) 
«av1tvamcnli  Ihf  9  *  pucfe  a  <li<tjgn  -i  d«mi«a- 

^tCaSgd  hnj*qUHi;  oa  *  r*d#r  intsasa.  r«pr«iffiUh|  a 

typical  vibrating  1 1  a  1 1  r  -  df  5  f  i*  a!  --  f  r  t  i  c  m  syiUsr.. 


INTRODUCTION 

Several  techniques  using  high  damping  ma¬ 
terials  have  been  developed  for  reducing  vibra¬ 
tion  amplitudes  in  structural  members  Among 
these.  the  tuned  viscoelastic  damper*  have  been 
widely  investigated  in  recent  years  because  al 
their  high  damping  capabilities  {1.2}.  A  spc'-ui 
purpose  tuned,  viscoelastic  damper,  developed 
recently  at  the  Air  force  Materials  Laboratory, 
has  been  very  successful  In  Increasing  ihe  eerv- 
tes  life  of  an  Iff  radsi  antenna  subjected  lo  a 
severe  vibrational  environment  [3)  As  a  result 
of  Owl  program.  It  urns  concluded  that  it  is  pos¬ 
sible1  lo  produce  tuned  damping  devices  that  will 
effectively  i cuuee  vibration  detusge  !;i  3  struc¬ 
ture  over  a  wide  range  of  temperatures  by  uii  = 
Using  Hip  viscoelastic  mmertal  in  the  rubbery 
region.  Ilia  I  Is  above  the  gUa*  transition  tem¬ 
perature 

It  wee  therefore  considered  advantageous 
to  inTrEiipii:-  the  pjgaibtllty  Of  developing  |nur- 
tlcal  tuned  viscoelastic  dampers  tbs!  ssse:  the 
following  requirements:  (a)  compact  size,  (bi 
lightweight,  (cl  simplicity  of  inspection.  Id) 
simplicity  of  alUehm*n»  lo  structures  tel  high 
damping  properties  over  a  Sempcraiure  range 
from  iOO  K  lo  >-500~F.  and  (I)  ability  to  wllh- 
Rtan-J  severe  vibrational  environments  over 
this  temperslure  ranee. 

H  is  Hie  purpose  of  this  paper  to  outline 
design  procedures  for  developing  tuned  vlsco- 
elastic  dampers  that  meet  al!  the  above  re¬ 
quirement#  1115  effectiveness  of  Such  a  design 
is  demonstrated  exper  imentally  >m  the  same 


Iff  radar  antenna,  using  a  commercial  Sillcooe 

material  that  exit  tbits  good  damping  and  high 
strength  properties  over  a  temperature  raw# 
of  ■  IMT  to  ♦800T 


NOMENCLATURE 

*  Amplification  (actor  at  resonance 

E  Real  pari  ol  Young' »  modulus  of  vtsco- 
eiastlr  material  (lb -  tn  ’ ) 

*  Stiffness  of  tuned  dstraper  link  (lb/ln,) 

■  Mass  at  tunod  damper  (slug) 

5  Croee-BCClfOiiai  area  of  vlsco-’tostlr  ti/yk 
(In  •) 

-  U»3  factor  of  viscoelastic  maiorlaJ 

*  Height  ot  viscoelastic  Unit  (In.) 

Mass  ratio  between  the  mass  of  tuned 
damper  and  that  ol  the  Structure 

«,((  Effective  maca  ralio(sre  fief  (ij) 

Nuiutsl  frequency  cd  structure  (rad/eec) 

jj  Natural  frequent. y  uf  damper  unit  (t  ad-zee 

DESIGN  PROCEDURE 

Consider  a  tuned  viscoelastic  damper  con¬ 
sisting  of  a  r»«i  *,  connected  through  1 


vises*  last  k  liA*  a*  attfln***  «;  .  -  *,  *  peas 

96  *  rttesthsg  stfwc-twr#  m  steam  ta  Fig  1 
?oi  UtL*  airscUr*  damper  cysts  m  Us  la  apti- 

Stilly  t®!M,  M  Ut  fseecssiry  'n  wirrl  U*  (Aiit 
and  the  link  eilQne#*  of  lh«  dtssper  id  give  it 
th*  appropriate  natural  frequency  The  r*U 
Ut»ihip  ber»#*n  Us#  retUirmJ  frequency,  t  (4 
(lie  tufted  damper  end  that  of  the  mlruelur*, 
hi*  been  derived  (4j  tor  atmeiurei  (hat  »iUiiCn 
sidsiy  itpfinUcd  rssotiance  irifqtefieiM  as  a 
iunCU&ft  Ot  lu*  tOSS  iACiCr,  »,  qf  Uw  TlacoelA*- 
tic  Unit  and  (Hi  glleciWe  mass  r»JLlo,  ,,  tie- 
it&SjT,  the  siaSS  a£  ilia  diaper  and  that  at  use 
•irueturs;  or 


!n^u»nrt  wS*n  Ite  <i» ~.lp* f  ■_»  ta  qwrit*  owl  * 
vide  ■Lempsraiorc  r5=s»  Ut  tfc=  gj  :j»* 

•'  lacbr i*at ic  material  This  13  ^  <_ha 

modulus  =i  moot  Vlif'lliiil k  materials  -t-,arsfi;r= 
rapidly  MfUh  lemperslur*  around  (he  transition 
region  ftwt*r*»n  the  giassr  and  Use  rubbery 
region*  at  the  matertsil;  Therefore,  it  1*  nec¬ 
essary  to  utilise  vucoel&jlic  male- rials  hiving 
Shelf  rubbery  rsgisas  over  the  entire  opera 
lionst  temperature  rinse 

A  PRACTICAL  APPLICATION 


1 1 


'if/! 


{Kt1 


tii 


Detl/lltUrn  at  (he  Problem 


where 


~o 


(t-»)'  *. 


(3) 


1=  tdaeUreJ  tuncil 
viicQcUitic  dampa r 


Because  the  weighs  pe-nilty  Is  In  most 
causes,  a  critical  Horn  to  d=sigmn*  tuned  ciartv.)- 
erEj  H  l»  tS*us ily  advaniaffcou*  to  assume  an 
allowable  iiia**,  «,  avJ  ther.  proceed  to  solve 
tor  the  link  silliness,  *  ,  Irom  &i».  (1)  and  (2) 
Sy  olrtklMhg  live  link  stiffness  and  using 

»  -  t»  •  l3) 

shere  s  la  Ihc  real  p*fl  of  Young's  modulus,  S 
t*  (h£-  cross -sections!  erss,  and  ■  Ls  the  IfcUfe- 
fyeas,  a  relxttonaktp  fcsl'ws-eii  (he  properties  of 
■he  TUcoeUfltlc  material  and  (be  gsoiaett  y  of 
the  link  can  be  a-anlly  deiermUied, 


The  diacuiBlon  »>Xivo  outlines  s  procedure 
for  designing  uiri¥(>  dasrnrvet*  to  tnoft  irt-qu»n- 
sis*  However,  it  should  be  emphasued  here 


The  application  ol  a  lyr.sd  vissoetaaiic 
damper  to  reduce  the  (allure  rate  in  a  typical 
aircraft  radar  antenna  has  recently  been  dem- 
OMirtied  [3j.  This  failure  was  caused  by 
■irtrame  vibrations  Induced  by  g  uni  ire  in  the 
neighborhood  of  the  anienns  and  was  simuieted 
in  a  shaker  lost  by  the  random  input  acc-elara- 
uon  spectrum  UlusUated  in  Fig  2  Rapid  fail¬ 
ures  occurred  around  the  rim  of  the  antenna  as 
shown  in  Figs  3  and  <.  The  rim  was  uis  only 
are*  subject *d  10  severe  bending  stresses,  and 
the  mode  of  vibration  was  observed  lo  be  almost 
plSlon-lUM.  with  an  *?!*nlv»  pivot  near  the  rim, 
with  high  bending  stress 


Pig  i  D<r;Vicd  i-rci'ibia ?i 

■  I'l  !  rr  1  >;! 


frits'- 


To  better  determine  the  nature  of  the  prob¬ 
lem  and  to  seek  means  of  avoiding  failure,  or  at 
least  Increasing  the  service  life  of  the  antenna, 
a  sample  antenna  was  excited  harmonically  on 
an  electromagnetic  shaker.  Amplification  fac¬ 
tors  (ratio  of  output  acceleration  to  input  accel¬ 
eration  at  resonance)  of  the  order  of  30  were 
observed  to  occur  near  the  electrical  connector 
at  a  frequency  of  about  485  Hz  In  the  absence  of 
damping  additions.  The  antenna  appeared  to  act 
as  a  8 ingle -degree -of -freedom  system  as  no 
further  response  peaks  v/ere  observed  up  to 
several  thousand  hertz. 

The  surface  strains  at  all  points  apart  from 
the  rim  edge  were  very  small,  and  all  attempts 
to  U3e  commonly  available  layered  damping 
treatments  were,  consequently,  fruitless.  In 
fact,  because  the  energy  dissipation  depends  on 
the  local  acceleration  level  rather  than  the 
strain  level,  a  tuned  damper  was  the  only  pos¬ 
sibility  apart  from  a  complete  redesign  of  the 
antenna. 


Inttlal  Approach  to  Damper  Design 

The  Initial  damper  designs  of  the  type 
shown  in  Fig.  5  were  built  on  a  largely  ad  hoc 
basis,  utilizing  readily  available  viscoelastic 
materials.  These  dampers  fitted  onto  the  elec¬ 
trical  connector  at  the  center  of  the  antenna. 
Several  viscoelastic  materials  and  damper  di¬ 
mensions  were  tested,  and  each  Individual 
damper  configuration  was  tuned  by  varying  the 
mass,  m,  because  this  was  far  more  convenient 
than  varying  the  stiffness  of  the  viscoelastic  link. 
These  tests  were  carried  out  over  a  tempera¬ 
ture  range  of  75°  to  150°F  in  an  attempt  to 
achieve  low  amplification  factors  over  as  wide 
a  range  of  temperatures  as  possible.  It  became 
clear  from  these  initial  teats  that  the  variables 
Involved  —  namely  tuning  mass,  geometry  of  the 
viscoelastic  link,  and  variation  of  the  viscoelas¬ 
tic  material  properties  with  temperature  —  were 
too  great  in  number  for  a  simple  design  proce¬ 
dure  to  be  adopted.  A  great  simplification  could 
be  achieved,  however,  If  the  material  damping 
properties  varied  very  little  with  temperature. 
For  this  purpose,  the  ideal  material  would  have 
a  good  loss  factor  and  a  rubbery  region  behavior 
over  the  operating  temperature  range  which  was 
from  50°  to  about  200°F. 

A  viscoelastic  material  satisfying  the  above 
criterion  was  found  to  be  a  medium  acrylonitrile 
rubi  er  known  as  Paracril-BJ.  To  give  this  ma¬ 
terial  adequate  strength  to  withstand  the  severe 
vibrational  environment,  25  PHR  of  carbon  black 
were  added  to  It.  The  damping  properties  of 
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Fig.  5.  Location  of  damper 
on  connector 


this  material  were  evaluated  as  functions  of 
temperature  and  plotted  as  shown  in  Fig.  6  for 
a  frequency  of  500  Hz  by  use  of  symmetric 
cantilever  beam  specimens  In  a  complex  mod¬ 
ulus  apparatus  [5]. 

Several  tuned  viscoelastic  dampers  were 
molded  using  Paracril-BJ  with  25  PHR  carbon 
black  as  shown  In  Fig.  7.  These  dampers  will 
be  referred  to  as  the  Paracril-BJ  dampers. 

The  antenna/damper  system  (Fig.  8)  was  then 
evaluated  under  sinusoidal  excitation  at  10-  and 
20-g  Input  levels.  Graphs  of  measured  ampli¬ 
fication  factor  A  against  temperature  for  the 
antenna/damper  system  are  shown  In  Fig.  9  tor 
Blx  different  dampers.  These  results  Indicate 
that  the  Paracrll-BJ  tuned  dampers  were  very 
effective  In  reducing  the  vibration  amplitude  of 
the  antenna  throughout  the  operating  tempera¬ 
ture  range. 

In  view  of  the  results  shown  In  Fig.  9,  sev¬ 
eral  antenna/damper  systems  were  subjected 
to  the  simulated  operational  environment.  These 
tests  indicated  that  the  life  of  the  antenna  was 
increased  considerably  by  use  of  tuned  dampers. 
This  fact  was  later  verified  by  field  test  data 
which  indicated  that  the  average  iile  was  in¬ 
creased  up  to  a  factor  of  12  times. 
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Fig  7  Photograph  r#f 
F»ricri!-B*  <iirit|i*ir 


Fig.  8  Photogi-uph  (if  arueona/Paracril- BJ  dumjitr  >y*trm 


General  Apjirozch  to  Damper  Design 

Apart  frost  ‘hi  soli;1. ion  of  the  f Si»ld  prob¬ 
lem.  Uis  e«alrs  roaclviSlOD  Is.  that  II  Is  pose  ibis 
to  prt >dscco  tuned  damping  device#  that  will  oi- 
factively  reduce  vibration  damage  In  a  structure 
Over  a  wide  temperature  rang  a  by  utilising  the 
viucOx’.Ustlc  orncrls!  in  the  so-called  rubbery 
region.  In  an  attempt  to  extend  the  operating 


temperature  range  of  tuned  viscoelastic  damp¬ 
ers  to  cover  approximately  a  GOO’F  tempera¬ 
ture  range,  n  was  necessary  to  obtain  a  visco¬ 
elastic  material  with  the  fallowing  properties- 
(a)  a  rubbery  region  that  extends  trom  -UW°  to 
►SOff'F.  (b)  good  damping  properties  over  the 
same  temperature  range  (a  loss  iacior  ot  0.2 
or  greater i,  anti  (ci  a  good  tensile  strength  over 
the  same  temperature  range. 


t  ryp£t» AT •,<&'£ 
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Fig  9.  Graphs  of  amplification  lector  agaimt 
temperature  for  antcooa/ParAc.Ml- BJ  damper 
f  y  •t*.m 


Alter  an  extensive  evaluation  ol  live  damping 
properties  ot  several  viscoelastic  materials  as 
a  function  cU  temperature,  commercially  avail¬ 
able  Silicone  materials  were  found  to  satisfy  the 
above  requirements  One  such  material  ts  a 
high  strength  Silicons  sealant  manufactured  by 
the  Dow  Corning  Corp.  The  loss  factor  and  the 
ro.ii  pari  of  Young's  modulus  for  i.nts  nutter utl 
were  evaluated  '.n  the  linear  range  as  a  function 
oi  temperature  and  frequency  by  a  suitable  tech¬ 
nique  [ijj  ThfSC  results  are  shown  in  Fig  10 
ior  a  frequency  of  500  fir.  The  loss  factor  and 
Young’s  modulus  are  also  shown  its  fig.  il  as 
functions  ol  the  acceleration  input  level  for  ihc- 
flame  frequency  oi  500  fls  at  room  temperature. 
The  effectiveness  of  this  material,  in.  a  general 
design  approach,  was  demonstrated  0y  building 
several  tuned  viscoelastic  dampers  to  reduce 
(he  vibration  amplitude  of  the  same  radar 
amenna 

A  significant  fraction  of  tin?  maximum 
fHs.t  c. an  bf  i.,!tr(xjucc'<i  inlo  isrnph'- 
s?f  Oy  iicsv  ’-U  iHiiiu  v ij>i  y” is»l l iv  dzrnp* 

rrs  having  a  joss  «ac;oi  of  0  7.  can  be  achieved 
with  a  mass  ratio  (between  (he  mass  of  the 
damper  and  that  of  the  structure)  of  only  =  =0  05 
ill  Hence,  using  a  loss  factor  of  0  2  and  putting 


if[,  »  .  «  0.05  (because  the  antenna  behaved  as 
a  single-degree-of-freedom  system  with  its 
dish- like  inner  surface  acting  as  a  massless 
spring  and  as  electrical  connector  and  cable 
acting  as  a  concentrated  mass  at  the  center). 

Eq.  (Ogives  B  r  Therefore,  the  tuned 
damper  was  designed  to  have  a  natural  fre¬ 
quency  of  485  If?.  Figures  30  and  3  3  were  used 
In  calculating  the  geometry  of  the  damper.  The 
damper  was  tuned  for  the  middle  of  the  temper¬ 
ature  range  and  for  high  acceleration  level  in¬ 
puts.  Tout  was  because  the  antenna  fiseli  was 
subjected  to  extremely  high  accelerations. 

Several  tuned  viscoelastic  dampers  were 
built  to  the  design  of  Fig,  12.  Tie?  damper  itself 
had  a  diameter  of  0.7  in.,  a  height  of  0.6  in.,  and 
a  inning  mass  of  0  03  lb  These  dampers,  which 
will  be  referred  to  as  Die  Silk-one  dampers,  were 
adhered  to  tlat-lop  electrical  connectors,  and 
tests  on  the  antenna  damper  system  were  car  ¬ 
ried  out  Graphs  of  the  measured  amplification 
iaCluf  i e tirpv r ai ure  are  shown  in  r  »g.  i  j 

;o;  1-.  5-,  and  iO-g  acceleration  input  levels 
and  in  Fig.  H  for  15-,  20- ,  and  25-g  accelera- 
tion  input  levels  It  can  be  seen  from  these 
figures  that  ihe  amplification  factors  of  the 
antenna /da toper  system  are  much  lower  in 
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li).  Damping  properties  ot  Dow 
Corning  high  strength  Silicone 

»£aia3i  temperature 


ft.CC  &-£'*>  *‘0**  iKPOt  LEVCW 


Fic.  I  -•  Damping  properties  c»i  How  uo-'ftiixg  riiS^  \xJrT**y 

Silicone  se*  lantngainsi  acceUrjUOO  npos  t  °-  -  rc  ! 
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14.  Graphs  of  ainpiuicatitm  (actor •  i|usit 
temperature  for  aoteonW  Silicone  damper  syotem 
(IS*,  20-,  and  2S-j  Input •) 


Pig,  H  than  In  Pig.  is  because  the  damper  wb» 
tuged  lor  4 ha  high  acceleration  Input  levels.  Be- 

otuiw  of  temperature  limitation*  on  the  me**- 
uring  wccelefwielers,  teste  on  the  system  were 
came-d  otj'.  up  to  » JJO’f  ooiy.  However,  It  le 

•  *  haf  tKj  n  n  4  a  e  ft  ut/j  -j  M  nrjAwwiq  tip 

ioTBOCT  with  low  arapflUciUOft  (actor*,  be¬ 
cause  the  material  properties  change  only 
all jhily  between  »d5G*  and  t50O*F.  A  com- 
parUon  is  made  in  Fig.  15  at  the  amplification 
factor#  accompli#  Led  by  Ute  initial  tuned  damper 
aiwl  the  wide  temperature  SllicOno  tuned  damps:'. 
It  <.4,1  be  jet-u  from  ihie  fifur e  that  the  Silicone 
damper  introduced  hlglur  damping  into  the  an¬ 
tenna  over  a  considerably  wider  temperature 
ruige  than  the  Parser  U-SJ  damper.  Ho  field 
tests  are  fivailsble  or.  tbsae  3iiicone  tuned 
risapera;  however,  because  ai  the  low  sinpllfi- 
cslUm  factor*  Introduced.  U  l*  expected  that 
they  would  increase  tfc*  life  at  the  antenrut  by  at 
least  &m  utucu  its,  and  possibly  triors  Uian,  ir>o 
initial  Psr*orU'&#  itawd  damper?. 

A  more  practical  design  than  the  experi¬ 
mental  on*  oi  Fig.  i*  Is  ehown  to  Fig.  14.  To 
rolniraire  sires*  conceniration  coodtuon*.  thu 


design  gives  more  alleetion  to  the  geometry  el 
the  vteec-ilaatic  materiai.  The  cap  in  this  tie- 
sign  serves  aw  a  protective  measure  for  the 
tuning  mass  in  caao  of  failure.  Tuned  dampers 
with  a  wide  range  oi  tiilfereni  natural  (requen- 

nine  f  net  Ha  Jjy  Qf  jsJ*  CO^'p^C  ?  ! 

weight  design.  TbU  can  be  accomplished  by 
varying  the  mas*  oi  the  damper,  the  stUIness 
of  the  Unit,  Oi  both. 


CONCLUSIONS 

It  has  been  demonstrated  that,  using  the 
design  procedure  outlined,  tuned  viscoelastic 
dampers  can  be  designed  and  bull!  to  viork  ef¬ 
fectively  over  a  wide  temperature  range  and 
under  a  severe  vibrational  environment. 
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DISCUSSION 


Mr.  Thresher  (B.  F.  Ooodrtch  Co.):  I  was 
concerned  with  the  Urge  temperature  range, 
that  i*  from  -100’  to  tSOO'F  Did  you  look  at 
the;  eg  lug  properllee  of  your  material*?  I  li.mk 
th*t  that  would  tie  *  very  Important  tnctor  In  any 
d«Mga.  The  dynamic  properties  <ri  the  material* 
vtnilO  change  cofijtvdetably  wllh  any  exposure  time 
to  thiie  hlfii  iettifviraiure#. 

Mr.  Nishll:  you  are  right  about  aging  of 
vucMbtitle  mateviau  and  tiro  enanas  <*  me 
prop® t Ha*  of  these  material*  with  service  tile. 

We  are  planning  to  conduct  some  test*  on  some 
oi  liute  (uai-vrlai*  toiind  their  efleellvences 
with  iitnc  - 

Mr.  Thruahor:  1  think  you  will  fUsd  quite  a 
change  between  4Ke  dynamic  and  the  static 
ppOpiKle* 

Mr.  KsBjdf-  Oft  sosta  of  thsaa  Silicon®  ma- 
tertau  tls  iiflrig  U*  not  very  iruponaw. 

Mf -  SSvCflv  (&]jpcvco  Cor p-}-  1  understand 

trust  56u  argula  sctecnSeTISriesa  oi  the  mate¬ 
rial  and  the  alie  of  the  mans  to  make  the  tuned 
damper  resonant  frequency  coincide  with  the 
frequency  cf  the  aU-jiturc.  However,  ?  wOulll 


like  to  mention  that  Oils  ta  an  excellent  appli¬ 
cation  for  mechanical  Impedance  measure¬ 
ments  Mechanics’  impedance  measurement* 

In  de*tgnlng  a  damper  oi  Oils  type  would  permit 
you  not  only  to  btov  the  frequency  tor  designing 
the  damper,  but  it  would  also  determine  bow 
targe  a  mass  to  use  lo  damp  the  structure  ef¬ 
fectively,  In  other  words.  U  instrumentation 

rjrw  nyei  i  lnjt|i:  11  wA'jlH  hn  pnna|Mp  :o  MHiCijnrn 

the  mechanical  Impedance  ot  the  structure  at 
the  connector  without  me  damper,  then  add  a 
damper  and  measure  l£  mechanical  impedance. 
You  could  then  predict  the  amount  at  attenuation 
that  would  result  from  attaching  the  daetpor 


pri 


hlr .  NashU;  We  never  tried  to  adopt  that 
cdurc;  however.  It  docs  sound  tiilcresltng 


hD  Watlcrsietn  (Lord  Manufacturing  Co  ?: 
!  tvouicl  be  Intcrestcc!  id  know  TnF  strain  irr.plT 
lurtea  ;t  which  you  rar.  your  tost,  because  yr.u 


memiooed  that  tlwre  wore  sever®  vibratory 
cotv.Htior.s  Also,  for  how  long  a  period  os  time 


-?\i  V.-VT-V- 


temperatures  " 


Mr,  Hashlf;  We  rlo  not  have  any  figures  on 
the  fflLIcone” SfilnOiii-  In  service.  However,  we 
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have  iobg  lisfufss  that  Lhc  Paracrii-UJ  damper 
wst  subjected  to  The  iirsl  damper  was  *ub- 
jeried  to  ah  environment  ol  appruslfnaiely  3  g 1 

lit  anti  it  operated  « tier  lively  tor  several  month* 
Hi:  Silicone  (tempers  have  comparable  tensile 
el  refifth  and  it  In  (rapcrifd  that  they  would  Ope  f 
ale  aiao  iot  that  length  ot  lime 

Mr  Jones  tALf  force  Material*  Lab  Y  i 
seuitTHke  uTsdt!  s  eofiimuRt  in*-  tlcgreua  ■ 

Mo«  ni  matertsi  n?o}?*»?tl£S  «1U»  time  There  U 
ft  huge  nrlcly  of  reaierlaii  from  moa;  al  Lhe 
chemical  companies  •«  moat  of  u*  ere  are!) 
aware,  Each  one  has  its  own  charficlertsllcs, 
vX*  rss*  sress  ‘itr?  tr;  =si:;r;i*;  itilLsblc 
which  will  meet  stmojt  any  condition  Thr  main 
problem  w  to  get  a  combination  of  all  the  dngir* 
able  proper! lei  together  into  One  materia!  We 
do  OOl  pretend  to  have  ail  the  answer*  '  do  not 
know  il  anybody  slie  does  either 


tar  rtglrmn  (Tutia  univ,  j:  Old  yew  notice 
«iy  eSectselus  toUisaTpilTv?  hewiuw  to  u» 
vtecoetestic  mater  til  lUeU:' 

Mi  Haaiiil:  ¥e»,  wr  tneaetired  temper* 
store  r tac-"  isT  30 '  or  50"F  on  the  Paracrll- 
DJ  damper  On  the  Silicone  dampers  we  JUi 
not  an  amp*  to  measure  the  ha.i  uit-ipsuon 
because,  A*  you  see  from  Lhe  damping  prop* 
eniss  of  the  rnfttayiai,  fiver  I  w»»  not  y«pv 
significant 

Mr  Trhgi  (Alt  force  MiifcTials  Lab,): 

'  wOtHtTESS  t"  aarTT  iew  worae  i*«,7»  on  tile  de- 
ienorftuon  ol  these  mj»i»riats  They  usrtnuiiy 
do  dciorloraie,  bui  our  problems  at  tits  ffiomitu 
in  the  Air  Force  arc  Oi  very  ihori -term  dura* 
non*  Wc  are  very  happy  to  solve  IbSlil  with  ggy 
maieflft'  at  the  moraehi 
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MULTIFREQUENCY  RESPONSE  OF  VISCOELASTIC  DAMPERS 


Ronald  K.  Newman  and  David  C.  Kraft 
University  of  Dayton 
Dayton,  Ohio 


A  theoretical  approach  for  the  determination  of  the  response  of  damped  structural 
components  to  periodic  nonsinusoidal  and  transient  dynamic  loadings  is  available 
through  use  of  superposition  principles  for  linear  viscoelastic  materials.  Only  a 
small  amount  oi  experimental  data  is  available,  however,  which  verifies  the  appli- 
cability  of  this  approach  to  damping  materials  that  exhibit  a  fair  degree  of  linearity 
under  single-frequency  excitation. 

The  vibration  response  of  a  viscoelastic  material  under  double-frequency  input 
excitation  is  investigated  analytically  and  experimentally.  Comparisons  between 
theoretical  predicted  and  measured  peak  accelerations,  and  force-acceleration 
hysteresis  loops  were  made  for  an  experimental  single-degree-of-freedom  damped 
system.  The  correlation  of  measured  and  theoretical  response  was  favorable  (*  10 
percent). 

An  experimental  procedure  for  determining  the  damping  properties  of  viscoelastic 
materials  is  developed.  The  equations  for  determining  these  properties  using  ex¬ 
perimental  data  are  detailed. 


INTRODUCTION 

The  use  of  viscoelastic  materials  as  damp¬ 
ing  treatments  on  structural  aircraft  components 
has  received  considerable  attention  as  a  means 
of  reducing  vibrational  levels,  with  a  consequent 
reduction  In  fatigue  failures  as  a  result  of  dy¬ 
namic  loadings.  In  recent  years  the  trend  has 
been  to  achieve  even  higher  performance  and 
lighter  weight  structures.  This,  along  with  the 
high  acoustic  energy  levels  that  can  excite  vi¬ 
brations  over  a  broadband  of  frequency,  has 
forced  the  engineer  to  rely  more  on  techniques 
that  damp  the  resonant  response  rather  than 
avoidance  of  natural  frequencies  In  design 
situations. 

The  use  of  constrained  layer,  viscoelastic 
link,  and  tuned  damping  techniques  depends  on 
the  applicability  of  the  linear  theory  of  visco¬ 
elasticity  for  determination  of  the  response  of 
damped  structures.  The  concept  of  structural 
(or  hysteretlc)  damping  which  Is  based  on  linear 
viscoelastic  response  of  damping  materials  has 
been  used  for  many  years  in  connection  with 
aircraft  flutter  and  vibration  problems.  The 
relationships  Involved  In  the  use  of  structural 
damping  concepts  have  been  well  defined  by 
Soroka  ]1),  Myklestad  (8],  and  Bishop  [3],  and  a 
thorough  summary  of  many  of  the  presently 


used  techniques  developed  in  recent  years  by 
application  of  these  structural  clamping  con¬ 
cepts  has  been  compiled  by  Jones  [4j. 

While  the  response  of  linear  viscoelastic 
materials  to  single-frequency  harmonic  load¬ 
ings  has  been  well  defined  both  theoretically 
and  experimentally,  many  loading  conditions 
occur  that  are  either  periodic  nonsinusoidal  or 
transient  in  character.  A  theoretical  approach 
to  these  nonharmonic  loadings  is  available 
through  use  of  the  Boltzman  [5]  superposition 
prtnciple  for  linear  viscoelastic  materials.  It 
would  appear  from  a  review  of  available  litera¬ 
ture  that  only  a  small  amount  of  experimental 
data  Is  available  that  would  demonstrate  the 
validity  of  this  approach  to  the  nonharmonlc 
excitation  of  damping  materials  that  exhibit  a 
fair  degree  oi  linearity  under  single-frequency 
excitation. 

This  report  presents  the  development  of 
the  equations  for  analyzing  a  single-degree-of- 
freedom  damped  system  under  single  and  multi¬ 
frequency  dynamic  loadings.  The  single- 
frequency  solution  equations,  when  combined 
with  data  taken  from  the  experimental  test  sys¬ 
tem  developed,  permit  the  determination  erf  the 
structural  damping  parameters  (k  and  h)  of  a 
linear  viscoelastic  material  under  single- 
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frequency  excitation.  Experimental  evidence  is 
then  presented  providing  comparisons  between 
the  theoretically  predicted  response  (based  on 
the  material  parameters  derived  from  single¬ 
frequency  tests)  and  experimentally  measured 
response  of  the  damped  test  system  under 
double-frequency  excitation. 


NOMENCLATURE 

Am  Peak  acceleration  of  the  mass 
Ao  Peak  input  acceleration 

Aft)  Peak  input  acceleration  of  jth  frequency 
component 

Ar  Peak  relative  acceleration 

it  Thickness  of  viscoelastic  material  in 
each  Joint 

c  Arbitrary  constant 

r  Base  of  natural  logarithms 

£  Energy  loss 

f  Frequency 

f  n  Natural  frequency 

Fb  Force  on  the  base  of  the  damper 

Ft  Relative  force  (force  in  the  viscoelastic 
material) 

G'  Storage  shear  modulus 

G*  Loss  shear  modulus 

h  Loss  component  of  the  complex  stiffness 

h )  Loss  component  of  the  complex  stiffness 
at  jth  frequency 

H  Absolute  value  of  the  ratio  of  the  peak 
acceleration  of  the  mass  block  to  the 
peak  input  acceleration 

.  n'TT 

i  Designates  frequency  component  other 
than  lowest  frequency 

k  Storage  component  of  the  complex  stiff¬ 
ness 

V:  j  Storage  component  of  the  complex  stiff¬ 
ness  at  the  jth  frequency 


.  lA.  '**>****.  *  i.. 


K*  Complex  modulus  (K*  k  ♦  ih) 
m  Mass  of  suspended  block 
m0  Mass  of  the  base  or  frame  of  the  damper 
s  Shear  area  of  each  damper  joint 
t  Time 

xb  Peak  displacement  of  the  base  of  the 
damper 

xb.  xb  Displacement  and  acceleration  of  the 
base  of  the  damper 

xn.  xa  Displacement  and  acceleration  of  the 
mass  block 

xr.xr  Relative  displacement  and  acceleration 

u}  Phase  angle  between  the  jth  frequency 
component  («j )  and  lowest  frequency 
component  (^, )  of  the  input  accelera¬ 
tion  (xb) 

/3  Phase  angle  between  the  acceleration  of 
the  mass  block  and  the  acceleration  of 
the  base 

V  Pi 

$  Phase  angle  between  the  relative  accel¬ 
eration  and  the  acceleration  of  the  base 

.  Frequency  (  *<:  2nf) 


DEVELOPMENT  OF  ANALYSIS 
EQUATIONS 

Single  Frequency 

If  a  s ingle -degree-of -freedom  system  con¬ 
sisting  of  a  mass,  m,  suspended  by  a  viscoelas¬ 
tic  material  as  shown  in  Fig.  1  is  considered 
for  dynamic  loading  conditions,  the  differential 
equation  of  motion  can  be  written  as 

mx^  -  >-  forces  on  mass  -  K*(-xr)  (1) 

where 

K*  -  k  ♦  ih 

and  (2) 

i  a  v=r. 

The  complex  modulus,  K* ,  Is  composed  of  the 
storage  term,  k,  and  the  dissipative  term,  h, 
which  often  are  referred  to  as  the  structural 


(•11  dimension*  In  lnch««) 


Substitution  of  Eq.  (5)  Into  Eq.  (1)  gives 

xr  ♦  (k/m  ♦  ih/*)xr  *  -xb  (6) 

which  Is  the  basic  differential  equation  to  be 
solved  for  xr .  If  this  system  Is  excited  by  a 
harmonic  displacement  of  the  form 

*b  =  V1**  s  (*) 

then 

xr  +  (k/m  ♦  ih/m)xr  =  &>**•*'*  .  (8) 

Assuming  a  solution  of  the  form  xr  =  et1"1 
gtves 


V  2  *“* 

Xb&>*  me 

r  k  -  mw*  *  ih 


(9) 


Rationalizing  Eq.  (9)  and  writing  the  result  In 
polar  form  produces 


Xbo>*  m  [co*  (art  -  <t>)  *  i  »ln  (o>t  -<<>)] 
^(k  -  .a.1)1  ♦  h*],/J 


(10) 

(11) 


Fig.  I.  Single-degree-of- 
freedom  damper  system 


(hysteretic)  damping  parameters.  In  Eq.  (1), 
the  Inertia  of  the  viscoelastic  material  has 
been  neglected  as  small  compared  to  the  mass, 
m .  The  structural  damping  parameters,  k  and 
h,  are  related  to  the  complex  shear  moduli,  G' 
and  G' ,  as 


G’ 


bk 

Is 


G’ 


bh 

2s 


(3) 


where  !>  =  thickness  of  viscoelastic  materials 
and  s  =  shear  area  of  each  joint. 


The  displacement  of  the  mass  expressed  in 
terms  of  the  displacement  of  the  base  and  the 
relative  displacement  between  the  mass  and 
base  (see  Fig.  1)  is  given  by 

*b**r  (4> 

and 


Realizing  that  the  Imaginary  part  of  Eq.  (10)  la 
the  particular  Integral  corresponding  to  a  forc¬ 
ing  function  of  Xb  tin  a>t ,  the  solution  for  this 
type  of  forcing  function  can  be  written  as 


Xh^m  tin  (wt  -  </>) 

1  i  T177 

(k  -  mw1)  ♦  h* 

■  • 


(12) 


where  xbu*  -  peak  acceleration  of  the  base  and 
4>  *  phase  angle  between  the  relative  accelera¬ 
tion  and  the  acceleration  of  the  base. 


Because  the  relative  displacement  or  ac¬ 
celeration  could  not  be  measured  directly  in  the 
test  program,  It  was  necessary  to  express  the 
response  of  the  system  In  terms  of  the  accel¬ 
eration  of  the  mass  (it,)  and  the  acceleration  of 
the  base  (xb).  This  is  accomplished  by  substi¬ 
tuting  Eqs.  (7)  and  (12)  into  Eq.  (5)  which  yields 

Ae  »&>*  *in  (u>t  -  <t>) 

x.  -A„  .in  a*  -  - - - - 1777  (18) 

l(k  -  «u)*)  ♦  h*j 

where  A0 «  Xb<A 

The  energy  dissipated  per  cycle  of  the  sys¬ 
tem  can  be  expressed  as 


73 


where 


Fr  :  (k  ♦  »h)xr 


and  differentiating  Eq.  (12)  gives 

o>A  «  COs(a*-<*>) 

^=7 - ; - tT77  dt  • 

[(k  -  »a>3)  +  h3j 

Sabetltutlon  of  Eq.  (9)  Into  Eq.  (15)  and  reten¬ 
tion  of  the  imaginary  component  yields 

Ff  =  ’  . "  —  j[k(k  -  mw*)  +  h3]  sin  wt 

(k  -■<-*)♦  h»  V-  J 

-  hmw3  cos  (11 


from  which  Eq.  (14)  can  be  written  as 


A  3  »*  “  co*  -  </>>  fr 

I  7 - ; — TT7T  jh»c- . 

#  |(k-«a>3)  +h3J  ^ 

*  sin  <ut  -  hno>3  cos  o>tj.dt 


su1)  +  h3 


Upon  Integration  of  Eq.  (18),  the  energy  per 
cycle  can  be  expressed  as 


c _ - .  (1*) 

(k  -  ■&>*)*  +  h3 

Again,  because  the  relative  force  and  displace¬ 
ment  could  not  be  measured  directly  in  the  test 
program,  but  realizing  that  the  forces  involved 
are  small  and  that  consequently  the  only  energy 
dissipated  in  the  system  must  be  In  the  visco¬ 
elastic  material,  the  energy  per  cycle  can  also 
be  expressed  by 


E  =  i  F„  dxb 


for  which 

Fb  =  (k*  ih)  xr  +  »0A0  sin  o>t  (21) 

where  «0  ■  mass  of  base  or  frame  of  test  fig¬ 
ures,  and 

dxb  =  (A^/w)  cos  cut  .  (22) 

Substitution  of  Eqs.  (21)  and  (22)  Into  Eq.  (20) 
and  integrating  yields  the  same  expression  for 
energy  dissipated  per  cycle  as  given  by  Eq.  (19). 
Consequently,  the  energy  loss  in  the  viscoelastic 


material  can  be  obtained  by  recording  the  total 
force  to  the  base  vs  the  displacement  of  the 
base  over  a  full  cycle. 


Multifrequency 

Using  the  principle  of  superposition,  the 
response  of  the  slngle-degree-of-freedom  sys¬ 
tem  to  an  r>-  multiple  frequency  input  is  given  by 


*■  -  “  A0j  *in  o.,t  - 


Aoj  sin(Wjt-aj ) 


Aol  "w,3  «»n  (w,t  -  <*>,) 
[(kt  -  +  h,*]*'* 

Aoj "  “j1  •in(u’jt  -4>j 
[(kj  -  - '*>,*)*  +  h,3| 


where  aj  -  phase  angle  between  the  jth  fre¬ 
quency  component  (uj)  and  the  lowest  frequency 
component  (&>,). 

The  energy  loss  from  a  multiple  frequency 
input  is  not  as  evident  as  the  response  equation. 
Using  superposition,  the  relative  force  and  dif¬ 
ferential  relative  displacement  become 

Fr  = - ^i!L - {[k.fk,-  m*,3)  ♦  h3] 

(k,  -  me,3)’  ♦  h,3  11  J 

*  sin  <o, t  -  h,m^,3cos.^lt| 

♦  - ^7 - {[kj<kj  ‘  ""*)  +  hj2] 

f=*L<kj-  ■«/>  ♦  V  U  J 

*  sin  (aij  t  -  )  -  hj  mai^3  cos  (uij  t  *  aj  )[ 

-<24) 


sin  (a>j  t  -  a  j  )  -  hj  COS  (aij  t  *  aj  ) 


w,  Aotm  cos 
r  j  t  1/3 

|(k|  -  Satj3)  ♦  h,3j 


,  ->.  A  j  m  cos  (w.t -<t>,  -  a,) 

•4-V - }*•<»> 

T73  ^(kj-mwi3)  ♦  h/3j  J 


Substituting  Eqs.  (24)  and  (25)  into  Eq.  (14)  and 
integrating  over  one  cycle  of  the  lowest  fre¬ 
quency  component  gives  the  following  equation 
for  multiple  cycle  energy  loss: 
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E 


_ ^1°’^ ■ _ >  V"'_,  C*’ 

(k,  -  .  h*  i  (kj  -  *  b.J 


(26) 


Upon  Inspection  of  Eqs.  (19)  and  (20),  U  ts  evi- 
Ueut  that 


V’  “l  _ 

*  Z_,  —  *"» 


(2?) 


This  energy  expression  la  valid  whom  sq  la 
2.H  integral  multiple  of  ,  because  the  quantity 
£  ts  an  energy  loss  only  if  an  integral  number 
cf  cycles  19  considered,  ti  should  be  noted  that 
and  FV  are  the  measurable  quantities  and, 
ns  in  the  single-frequency  problem,  Ibe  energy 
loss  can  also  be  obtained  front  4  =xt  over  one 
cycle  of  the  lowest  frequency  component. 


Fig.  1.  Acetic  ration  and 
force  diagram* 


setting  the  result  equal  to  zero  yields  the  value 
of  r=i  where  r.m  is  a  maximum  as  given  by 


Material  Vibration  Parameters 

The  parameters  k,  h,  and  A,  as  given  in 
fiqs.  (13)  and  (19),  are  properties  of  the  mate¬ 
rial  and  depend  on  the  physical  size  of  the  par¬ 
ticular  damping  pieces  used  in  the  experiment 
(eee  Eq  (3))  These  parameters,  then,  are  of 
considerable  interest  and  meat  be  evaluated 
over  the  frequency  range  of  interest. 


L 

|<k*  *  h*j 

jvi  1 

|  -  *,«*  COi  ‘ft  J 

{  kin  £  J 

(SO) 


Substituting  Eqs.  til)  and  (30)  into  Eq.  (13)  and 
solving  (or  the  parameter  fe  gives 


Because  v  could  not  be  directly  measured 
but  the  phase  angle  ?,  between  the  acceleration 
of  the  base  and  the  acceleration  of  the  mass 
could  be,  it  was  necessary  to  calculate  the  peak 
relative  acceleration  and  v  from  the  vector 
diagram  shown  In  Fig.  2.  Using  the  law  of 
cosines . 


%  ( 

I  .  t  -  COi*1  !  CQ»  ip  COi‘p  -  t»-H*) 

I  (I  -  H 1 > 


where 


(31) 


K  - 


(32) 


\  •  K  -  \  .')l  1  (26) 

where  a,,  Ao,  and  A,  are  the  experimentally 
determined  peak  relative,  input,  and  mass  ac¬ 
celerations  respectively  The  angle  A,  be¬ 
tween  relative  acceleration  and  the  acceleration 
ol  the  base,  must  then  be  given  ue  two  separate 
equal  tons,  which  sure 

f  A  A  I  sin  )  lo*  A  cos  .;  -  A 

i  •  «  1  a  o 

(29) 


Jfsvtng  determined  / ,  and  knowing  the  value  of 
the  peak  acceleration  of  the  mass,  it  1«  then 
necessary  to  dot  or  mine  the  value  oi  vs  at  which 
this  peak  occur 5  Differentiating  Eq  (13)  and 


Thus  the  values  of  p.  W,  and  h  can  be  deter¬ 
mined  directly  from  Eqs.  (29).  (31),  and  (11). 
respectively,  based  on  experimental  measure¬ 
ments  of  .  A^.  and  0.  Care  most  be  used 
when  solving  Eq.  (31.)  (or  k  .  The  only  sure  way 
of  determining  the  correct  root  oi  the  quadratic 
is  to  plug  the  values  of  k  and  ii  back  Into  Eq. 
(13)  and  solve  for  which  will  prove  to  be 
equal  to  A,  for  the  correct  root  of  Eq.  (31). 
Also,  knowing  k  .  h ,  and  a,  permits  energy 
loss  determinations  for  si.igle  and  uiultllrc  - 
quency  excitations  by  use  o i  Eqs.  (19)  and  (27). 
To  facilitate  the  evaluation  of  experimental 
data,  computer  programs  were  written  for  the 
Uisiv.  of  Dayton  Burroughs  229  digital  computer 
to  calculate  fc ,  i>,  and  u,  and  also  to  calculate 
Pb  and  *b  vs  time,  aial  ve  time  for  multiple 
frequency  excitations. 


!  -Ilfl*  5 

and 


75 


TEST  PROCEDURE 

The  test  setup  developed  and  used  In  live 
experimental  evaluation  of  w,  i>,  ana  :  and  in 
determination  of  the  response  at  a  single- 
degree -oi-frecdom  system  to  double -Iroquency 
eac&Mlon  ts  shown  In  Ftg.  I.  The  viscoelastic 
material  chosen  wsus  Scotch  Mount  Pressure 
SenelUve  Tape  No  8033C,  manufactured  by  the 
3M  Co.  This  damping  material  was  choesn  be¬ 
cause  of  Its  relatively  low  elastic  modulus  as 
necessitated  by  the  limited  capacity  of  the 
shaker,  It*  significant  change  In  modulus  and 
phase  angle  with  frequency,  and  its  linear  re¬ 
sponse  in  the  frequency  and  acceleration  ranee 
af  Interest.  Seneil'.vltv  to  temperature  and 
change  in  properties  with  age  are  undesirable 
eharaelerlsUc*  ui  this  material  that  were  over¬ 
come  by  holding  ihe  test  temperature  constant 
(il’Fj  and  by  collect  big  the  experimental  data 
for  comparison  purposes  over  a  one -day  period. 

Aaaemb.  *  of  the  damper  was  accomplished 
by  attaching  m  tape  to  mass  and  assembling  the 
fraros  with  the  tape  to  mass  in  place  (see  Fig.  1), 
The  damper  was  mounted  atop  an  Impedance 
head  then  festene'dlo The  shaker/  The 

Impedance  head  permitted  the  measurement  of 
the  force  and  acceleration  applied  to  the  test 
trams-  A  miniature  accelerometer  was  attached 
to  the  top  of  the  vibrating  mass  block.  In  addi¬ 
tion,  three  thermocouples  were  Inserted  in  the 
vl»  coo  la  Stic  material  during  the  teats  to  monitor 
the  temperature  variations.  The  characteris¬ 
tics  of  (he  lest  setup  are  detailed  In  Table  1. 

To  Insure  that  the  motion  of  the  test  setup 
was  that  'Of  a  slngle-degree-of -freedom  system 
in  the  frequency  range  of  Interest  (100  to  5000 
Hz),  the  resonant  frequency  of  the  cantilever 
motion  of  the  test  frame  was  determined  ( i  n  - 
3000  Hz)  and  verified  experimentally. 

The  teste  circuitry  network  used  for  exci¬ 
tation,  amplification,  and  recording  is  schemati¬ 
cally  represented  In  Fig.  3  This  network  con¬ 
sisted:  essentially  of  a  square  ware  generator 
lor  signal  excitation  followed  by  two  band  pass 
filters  for  selecting  (he  two  frequency  compo¬ 
nent*  for  the  double  frequency  tears  and  an 


amplifier  network  for  combining  the  two  fre¬ 
quency  component*  end  conditioning  tiic  signal 
previous  to  Input  to  the  shaker-  hi  single  fre¬ 
quency  teste,  only  one  band  pass  tiller  was 
used. 

As  indicated  previously,  die  Impedance 
head  permitted  measurement  of  the  Input  force 
and  acceleration  while  the  accelerometer  meas¬ 
ured  the  acceleration  ol  the  mass  block.  The 
signals  from  these  transducers  were  led  to  a 
three -channel  vibration  amplifier-meter  system 
and  the  force  39d  sccsteratlou  levels  were  read 
directly  from  these  three  meters.  The  record¬ 
ing  instrumentation  used  for  the  single-frequency 
(fits  was  nol  Suitable  for  the  double  frequency 
tests  because  the  signals  were  no  longer  sinus¬ 
oidal  The  impedance  head  and  accelerometer 
signal*  from  double-frequency  teste  were  fed 
io  a  dais  sampler  w:  .eh  provided  a  one- third 
hertz  replica  of  the  signal  which  was  then  re¬ 
corded  on  an  - >■  plotter.  The  following  record¬ 
ings  were  made  by  the  x-y  plotter  (or  all  dou¬ 
ble  frequency  tests: 

1.  Input  acceleration  va  (lino  (combined 
double  frequency,  and  each  of  the  component 
frequencies). 

2.  Acceleration  of  the  mass  block  vb  time 
(cornbtned  doubt®  frequency,  and  each  compo¬ 
nent  frequency). 

3.  Force  vb  acceleration  (combined  double 
frequency,  and  each  component  of  frequency). 

The  acceleration  axis  of  the  force  vs  accelera¬ 
tion  plot  lor  the  Blngle-frequency  excitation 
could  then  be  scaled  io  force  vs  displacement 
(hysteresis  loop)  by  dividing  acceleration  by  . ' 
The  vibration  amplifier  taeters  were  al60  read 
for  (he  Individual  component  frequencies  to 
provide  9  aoaie  for  <h«>  oiois 


EXPERIMENTAL  results 
Single  F rcouOQcv 

The  frequency  ranee  of  Interest  for  tiie  test 
program  was  between  100  and  1000  Hz,  within 


TABLE  1 

Characteristics  of  the  Tees  System 


Component 

Dimensions  (in  ) 

Weight  (g>  j 

Frame 

Suspended  mass 

Accelerometer 

(Bide  pieces)  1-1/2  x  1-1/2  x  1/4  In 
(base)  2  x  2  x  1/4  Is. 

i  x  1  x  i  in. 

3/8  in.  Hexagonal  x  1/2  in  high 

“1 
107.7  ! 

i 

44  4  j 

1 

J 
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sushabted  Input  SCCtlu  ration  Qa  3  g  for  ft  'J-f SUl 

period  pKxtae#d  a tesaperaivtcc  increRse  ^  fcuss 
than  I  *f  TcffipcrtVure  ffioqfebrljig  t.'\  Ut* 
iHapiai  ws*  also  eorul^cvcd  dur'tift  ail 

test i.  All  test#  were  conducted  H  »  tempera¬ 
ture  of  7Q‘F  <»!’?)■ 


A#  pr«vsou*iy,  aging  effect*  ire 

OU#«Tv«dlor  uve  Ok  raping  material  selected. 


gtsl  a  (aaplifldiUon  factor)  on  three  different 
dim  fOVeTlftf  i  3  raonUt  period.  The  effect* 


of  aging  *>n  theaoove  parameter*  are  shown  in 
Ttfm,  6,  6,  ±hd  7.  The  effect*  Ol  aging  0*1  Ui« 
damping  ina.tei'Ul  are  to  Increase  the  values  id 
tht  maUrlii  properly  parameter*  v  and  h ,  and 
tomerse#*  the  resonant  frequency.  The  Jan.  6 
single-frequency  test  data  wif  e  taken  the  sma* 
day  u  the  4&yfclS*frt<|lteocy  test  data,  and  con¬ 
sequently  iheac  k,  h,  and  d>  values  sere  used  In 
the  prediction  at  the  response  of  the  system 
'SWfer  <fot>h!» -i reqoency  escital ton. 


A  plot  <£  the  energy  lo*«  v*  frequency  in 
shown  to  i’tg.  8  as  developed  from  the  Jan.  8 


data.  The  energy  loss  has  been  normalised  by 
dividing  the  energy  lose  by  -an  square  ol  dis¬ 
placement  to  Blake  the  re»>a;  wtepeiuient  at 
acceleration.  Values  ol  e  and  C*  s*  given  by 
Eq  (3)  are  shown  in  FIs  ‘.:  for  comparison 
purposes,  these  values  x’-c  compare''  with  the 
moduli  value*  previous  ;  reported  t  He  ruler  eon 
(ej,  Ail  moduli  roiue.'*  were  referenced  to  7&  F 
using  a  procedure  dceotibed  by  HctmCisOii  {€•). 
Ths  diifcrcimc  In  . A jyf ig ?j  vsluss  mnv  1^*  q  rosu!! 
cf  the  eflect  of  aging  and  the  dtliereicce  between 
baichee  of  the  damping  maierlal. 


Double  Frequency 

li  the  a,  h,  and  4  values  a*  &  function  of 

}  W7.>f  f  SAnt  sln.ols.f  rn.qiinnrv 
iiv\|utinv*  vv  **  *•«»■•  ••u*^  **'  ••  «>}mumwJ 

tests  are  combined  with  Eq.  (23)  lor  selected 
coabtMtians  of  frequency,  then  a  prediction  of 
the  response  o(  the  damped  slfqjio-dCgrea-oJ- 
freedom  syeletft under  double -frequency  excita¬ 
tion  could  be  made.  The  lost  program  used  lor 
coulptruig  predicted  and  tnoft&ured  respo.vse  vs 
given  In  Table  2 


F'lg  5.  k  Jmd  h  v*  frequency 


TABLE  2 

Experimental  Comparison  Program 


Double 
Frcquenc  jr 
(hcrttl 

v  fibrin  5.  ?•  (lb  'In  1 
and  *  (degrees) 

•i 

100 

300 

fe  -  605 
h  •  89 

4 ■  *  10 

k  .  1040  ! 
i*  ■  339  j 
*  -  63 

*  *  D 

450 

k  •  f§v 
n  s 

*  *  25 

•t  -  1200  j 

i<  *  341  i 

4  .  ioa  i 

150 

760 

k  *  790 
h  *  153 
*  •  26 

V  •  H25  j 
h  ■  217  ; 

4  •  111  | 

2*n 

7*0 

w  «  98$ 
h  *  23  i 

a  »  38 

k  •  1.435  J 
».  -  347  i 

a  •  473  | 

Comparison#  ol  the  theoretical  response, 

using  superposition  and  the  measured  response 
of  (ho  system  «o  s  duobie-frequency  input,  arc 
shown  in  Figs  10.  u,  ia.  ana  13  fne  atee i» 
oration  ol  the  mass  block  for  one  full  cycle  of 
the  lower  frequency  is  shown.  Kclercncc  lo 
Figs  10  through  13  indicate#  that  the  measured 
response  Is  very  near  the  predicted  response 
In  both  peak  accelerations  (  =  10  percent)  and  in 
waveform 


Additional  comparisons  were  made  based 
on  tM  relative  tliti  at  the  predicted  and  tunas* 
ur«d  doubie-frequcncy  torce-accslsrafion 

grams  (In  the  form  ot  a  hysteresis  loop),  Fig¬ 
ures  14.  15,  (3,  and  17  chow  the  Uieoretical  and 
measured  single-  and  double -frequency  torfe- 
acc  deration  diagrams  for  the  frequency  combi* 
nations  of  Injeresl-  Figure  10  shows  ah  overlay 
of  theoretical  end  «ir»a«»rv>il  dlagfaiO*  for  thS 
100-  ami  300-liz  lost  condition  The  measured 
lorcC'accoicraUon  diagrams  involving  Uw  730- 
Ra  frequansy  sure  suspect.  because  it  was  ob¬ 
served  that  the  one-tntrd  hrrti  (tats  sampler 
dui  not  teem  to  foUOw  the  event  •stlsiamfqrily. 
Tfcr  results  of  Use  forcc-accetttrsUoo  compari¬ 
son*  for  theoretical  ami  measured  respavae 
were  not  as  favorable  as  the  accclcralioa-tuae 

COnvpnr i»0AS;  Discounting  Hi?  750  component 
which  leave*  only  >  limited  basis  for  cotwparl* 
son  does  si vo  »  favorable  rocpp*r*«w  In  fact, 
tw>  diagram  1st  100  ami  300  lli  l#  exceptionally 
good. 

Si  ebuuid  be  holed  Uul  (he  force -acceleration 
diagrams  for  the  double -frequency  tesis  arc  not 
energy  loss  diagrams  With  a  single -frequency 
input-,  where  the  peak  displacement  Is  directly 
proportional  to  tt»  peak  acceleration.  the  energy 
loss  can  be  obtained  from  a  force-acceleration 
diagram  by  use  of  a  constant  scaling  factor  (-1) 
on  the  acceleration  axis.  With  mullUrtqusncy 
input  this  IS  no  longer  possible.  The  components 
ol  the  displacement  derived  from  the  basic  fre¬ 
quencies  are  proportional  to  the  component 


Kig  i  C*  Ihro  ffiu.  j  i  v)  m^.iurp'*  r^s^oo**;.  Jijj  ^r.d  ))0  11/ 


8! 


T  t  «  t 


r»j(:  !!•  v*  r*\* &**¥*<!  F-psjxm-*,  liv  #«;*  a*u  h; 


fij.  U:  TfttOl'clitJj  Yi  fflf  ulufctl  re  •^Onir,  £  J0  jiiu  ?S0  Hi 


*<!i,.fitfrnlioaxt  btii  ik  f**ulistnt  dUplacgmem 
c*n  #*>  ion|tr  b«  derived  irom  um  ro*uham  ae- 
ctlefWkHi  b*cftii*e  the  ecullng  factor  changes 
with  aeeeiertitLosi.  K  the  tMurapllOn  Is  made 
Vtai  the  tcallna  lactor  19  Identical  for  predicted 
and  measured  fOrce-sceeleraiSon  tllsgTBO>s, 
then  the  result*'  do  relied  energy  lows  ooro- 
psilsoea. 


CONC  ijUSlONS 

The  txperlvjteBtT.i  teehnkiije  and  associated 
etpattioos  developed  for  «Jc5tSi  iiitiil-ig  ife  msde- 
rltl  ]>r(ij>rM]f  f>*  r  tuneless  It,  h,  six!  r  for  O’, 


G"  ,  and  -}- }  irOm  a  idfigle-ffsMjueitfty  leg*.  Were 
shown  10  be  both  eonvorii*»ni  and  satisfactory . 
Although  the  leei  system  used  provided  mute* 
rial  properly  paramilteiu  with  sufficient  accu¬ 
racy  only  (or  she  100-  to  tOOO-lii  range  {this 
range  is  defined  by  the  inset?  of  UtO  blocs;  tttui 
the  spring  stiffness  of  the  ttamper  which  deter¬ 
mine*  the  recoirfuil  f requoney).  iMs  range  can 
easily  be  extended  by  ujsc  0(  a  variable  mass 
block. 

The  ranult*  of  the  theoretical  and  predicted 
response  comparisons  of  the  damped  slngle- 
degree  of  freedom  system  under  dovisSe-f  resiuency 
••jti-Uuiloo  were  consistent.  bused  cut  ihc  use  of 
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fig  IS  The^reUrai  <fn  miiiuFe^  rc*f»n*«',  an«j  Hi 


Lhc  principle  &'  suporfSsiUSh  46  developed  lor 
linear  viscwslaallr  dawping  mhUrlsls,  This 
veruteatlon  was  based  primarily  on  Hi?  roaulis 

of  acceleration  va  tlm*  comparisons  although 
Uie  force  vt  acceleration  diagrams  ware  con- 
Mslent  wlih  the  exception  ul  (he  «60-U*  fre¬ 
quency  CGmjxtneni  (eel#  for  which  recording 
difficulties  ware  encountered 

The  effects  of  aging  on  the  nutlorUtl  prop¬ 
erty  parameter*  of  the  damping  material,  which 
shilled  live  resonant  frequency  approximately 
SO  Hr  upwards  over  a  3 -month  pr-  vd.  ib  an 
important  (actor  that  should  no  -eriooked  tn 
selecting  damping  materials  .gs  situation* 
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Fig.  K»  Thfordk  «1  *v;caou.re<S  force  •  acre ler at $*;>* 
diagrams,  250  aad  750  Hz 
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Fia-  18.  Ccmpir  i*on  of double,  frequency  force - 
acceleration  diagrams,  100  and  300  Ht 


DISCUSSION 


Mr.  McConnell  jk>wa  Stale  Unlv  ■);  Did  you 
run  arty  other  toaQTto  compare  these’prcperues 
or  were  these  test*  lii  run  with  the  same  setup? 

Mr.  Kraft:  Using  other  types  of  techniques  ? 

Mr  McConnell:  Yes. 

Mr.  Kraft:  Oft  this  particular  clamping  ma- 
teriaS^5e"3Rn»ot.  However,  other  people  have 
ran  different  types  of  tests  or  the  tms?  dSRiping 
material  ae4  our  results  compared  fairly  well, 
particularly  when  you  consider  the  elfecte  of 
aging  which  were  Indicated  in  the  one  figure. 

Tlse  data  to  which  we  compared  it  did  not  give 


any  time  period  during  which  this  damping  ma¬ 
terial  had  been  used.  But  they  did  compare 
fairly  well  to  other  Independently  run  test 
results. 

Mr.  McConnell;  What  was  the  ratio  of  the 
mass  that  was  shading  to  the  mass  of  the  visco¬ 
elastic  material? 

M_r .  Kraft:  The  ratio  was  largo.  1  can  not 
recall  the  figure,  but  f  would  guess  It  ts  between 
t u  anu  i>u  io  i.  in  essortee  wo  ignored  the  .nass 
of  the  damping  material.  This  was  a  small  test 
figure.  We  have  a  larger  one  al60,  with  the 
variable  mass  block  built  into  it  which  we  hope 
will  extend  the  range  ot  capability  a  little  bit. 
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the  CftmcAt  damping  calculator  and  a 
COMPARISON  OF  SELECTED  STRUCTURAL 
DAMPING  EVALUATION  SYSTEMS 


B-  E.  Douglai 

AflnApoli  s  Division  Nava  1  Ship  Research 
2nd  Development  Center* 
Annapoh*.  Merylisd 


This  pApci  introduces  Attii  evaluate?  the  critical  damning  calculator  ( e 
combination  of  ttrnjpaioni  overlay?  for  mechanical  impedance  or  mo¬ 
bility  graphs)  and  comps  roe  it  -mth  other  (elected  damping -evaluation 
system*.  All  method*  discussed  »re  derived  fro n  r  Siiigls -degree -of- 
freedom  system.  The  re (t ricliont  that  are  explored  can  be  classified 
broadly  as  instrumentation  and  application  ts  multiple -de-iCC-ofc 
freedom  systems. 


INTRODUCTION 

Designing  an  etfecttve  damping  treatment 
Is  basically  a  two-part  problem.  The  first 
phase  is  to  select  a  structural  configuration 
that  yields  high  composite  loss  factors.  This 
Selection  Is  baaed  on  an  examination  of  the 
modes  of  vibration  that  the  structure  can  as¬ 
sume  In  the  frequency  range  oi  interest.  The 
second  phase  Is  to  find  the  damping  material 
beet  suited  to  the  selected  structural  configu¬ 
ration.  The  damping  performance  of  a  visco¬ 
elastic  material  can  be  determined  from  = 
knowledge  OS  two  of  it#  dynamic  moduli  (usually 
the  complex  shear  modulus  and  the  complex 
Young's  modulus)  Evaluating  these  dynamic 
moduli  its,  however,  a  dtUlculi  experimental 
problem.  One  widely  used  approach  Is  the 
resonance  method  which  requires  the  accurate 
determination  of  damping  coefficients  jl}. 
Thus,  to  adequately  study  both  phases  of  (bis 
design  problem.  It  is  important  to  establish 
an  acceptable  measuring  technique  that  ie 
reliable  over  a  broad  range  of  damping  val¬ 
ues.  Toward  that  etui,  this  paper  will  examine 
and  compare  several  popular  damping -evaluation 
systems. 

Aii  She  measuring  systems  to  be  discussed 
are  derived  front  the  consideration  Of  a  singlc- 


dogr*e-of-freedom  system  (that  Is.  3U  .Cs  • 

,  fi  and.  thus,  ut  subject  to  the  same 
basic  limitations.  However,  each  of  the  meth¬ 
ods  has  additional  restrictions  which  can  be 
broadly  classed  as  (a)  Instrumentation  and  (b) 
application  of  methods  described  to  mulllple- 
degree-of-freedom  eystems- 


METHODS  DESCRIBED 
Free- Decay  Measurements 

The  frec-decay  method  takes  advantage  of 
the  decay  with  lime  of  vibrational  energy  at  the 
resonant  frequencies  of  a  test  Structure.  In  . 
this  method  the  acceleration  signal  la  maxt- 
mUed  with  respect  to  the  Input  force  signal, 
thus  determining  {he  resonant  frequency.  The 
force  generator  is  then  cut  off,  and  the  result¬ 
ing  fror-daoiped  vibration  is  recorded,  usually 
by  photograph,  on  an  oscilloscope  capable  of 
6toragc.  The  loss  factor,  is  Uien  obtained 
graphically  from  the  photograph  by  tailing  the 
ratio  of  the  initial  amplitude,  a,,  to  the  ampli¬ 
tude.  Aj,  „  cycles  later. 
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Figure  1  l*  a  schematic  £4  She  iiuUumer.lation  Damping  Properties  liotu  Mechanical 
ue«t  In  till*  inetliod,  The  half-octave  band  filler  Impedance  and  Associated  Phaee- 

ly  used  to  eltinlii&ie  the  ellecLs  o f  other  modes  Angle  Dots 

ot  vibration.  A  narrowband  (liter  is  Impractical 

because  the  decay  of  the  'liter  would  sue  k  out  Because  mechanical  Impedance  (or  mob  Li¬ 
the  test  result#  from  the  stnietnr#,  With  the  tty)  and  the  associated  phase-angle  information 

halt- octave  band  litter,  reliable  data  are  itmlied  are  widely  used  vibration-analysis  tools,  the 

to  C/Ct  <  0.06.  The  relay  In  the  switch  du-  advantage  oi  obtaining  damping  coeUIcieat* 

connects  when  the  force  Is  momentarily  «ero  from  this  Information  I*  to  consolidate  tnstru- 

and  help*  insure  repeatable  results,  as  no  pit  -  menlatloo  and  manpower.  The  three  basic 

ttslty  cOifipleted  stress  wave  Will  be  applied  to  vnrtartcna  Oi  the  single -d-gree-ef -freedom 

the  t**t  Bern,  system  will  be  dlscusied  here.  Two  variations 

toeaSui’e  < tamping  (rorn  mechanical  Impedance 

Equation  (t)  is  an  abbreviated  form  of  the  or  mobility  information  and  one  from  phase- 

aer.erai  aclutfor.  given  by  Eq.  (5):  angle  Informallon.  In  all  case#,  it  l*  assumed 

that  the  resonant  mechanical  circuit  can  Bo 

tC/C  \  >  /  a  \  represented  schematically  ax  a  parallel  nei- 

- - —  s  i  --L.  log  t,  J  t  (2)  wori:  (Fig.  2)  arid  that  Uw  ajiuresoftam  mechin- 

i  -  tO'C^.}’  \  ■  «  i/  is*l  clfcult  can  Be  r«prescnlt-d  by  a  aeries 

n^iwtjrk  (Fig.  !)}, 

But,  Sq.  (l)  is  generally  used  because  o 1  the 
Inslrucasntation  limitations  discussed  above - 


aultiH»  twfflwwitoeo  labowatoay 
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Fig.  i.  Ret  aunt  circuit 


(the  8-<Sj  scale),  where  •*  *  rouuUsnJU  (r^wocf 
at  \zl  «  3  !Z  i.  The  8-<ib  scale  is  ti>*B  calouistsd 
by  arbitrarily  l«leclU«  tb*  resonant  fr*q*tocyf 
*4?*,  1 fid  SOif  lag  Kq,  (4}  {Of  *»  The  rM«&*  can 
than be  scaled  to  fb  l h*  wecMalcal  ifflpft<SS&cs 
graph  to  be  used.  Yfee  arrow  oft  the  overlay  la 
placed  directly  over  tfta  value  of  mechanical 
impedance  at  resonance  and  the  damping  l#  thta 
read  frora  the  lowest  ecaie  that  will  «i»e  read¬ 
able  revolts. 


3.  An  ( i  tc  ■  ond^fl 
circuit 


Several  iiaiiiatltHig  are  inherent  iathU 
tae UUTlng  system.  For  instance.  the  instru¬ 
mentation  wui  again  place  a  lower  ft®it  oo  the 
measuring  ranse  which  in  gsvirfWrd  by  IU  dji- 
oannic  isy*4re  (as  high  *■  1?0  db  to  some  ays* 
teas).  Th£  transducer#  US*d  W  Connection 
with  thia  system  must  bo  small  enough  hr*  to 
apply  outside  constraints  to  the  structure  under 
i«5. 


Resonant  Bandwidth  Transparency 

Damping  evaluation  by  this  method  involves 
a  calibrated,  transparent  overlay  (Flf.  4)  lot 
mechanical  Impedance  or  mobility  graph#.  Thia 
overlay  Is  com  true  led  from  the  Impedance  mag- 
allude  of  the  parallel  network  pictured  in  Fig.  S: 
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Once  the  desired  Impedance  scale  factor  is 
chosen,  the  damping  scale  can  then  be  calcu¬ 
lated  from  Eq.  (3).  For  example,  6  db  above 
the  resonance  the  mechanical  impedance  is 
twice  the  value  than  at  resonance.  Thus,  Eq. 
<3)  can  be  rewritten 


The  upper  limit  l*  governed  by  the  type  of 
•truchire  being  msssisfed.  In  multipie-degroe- 
of-iresdom  systems,  the  damping  coefficient* 
obtained  from  resonant  bandwidth  measure  - 
meats  become  somewhat  questionable  a*  the 
damping  Increases.  This  method  reaches  an 
upper  bound  also  dependent  on  the  frequency 
density  rf  adjacent  resonances;  For  example, 

U  an  antlresonance  is  located  close  to  the  reso¬ 
nance  to  be  measured,  the  curve  shape  U  not 
likely  to  be  symmetrical  about  Util  resonance 
(as  is  the  case  of  a  single -degree-of-freedOm 
system  plotted  oo  a  log  frequency  scale).  In 
this  case,  measurement*  should  be  made  to 
favor  the  side  away  from  the  closest  anil- 
resonance. 

Resonant  Amplitude  TTiuisoaf'ericy 


£ . j.|  a  -  ij 


The  resonant  amplitude  transparency  (Fig. 
5)  measures  damping  from  the  impedance 
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magnitude  of  the  resonance  rctativc  to  us  inicr- 
aoUflg  spring  and  mt»t  line*.  This  overlay  ex¬ 
tend#  the  lower  limit  of  the  resonant  bandwidth 
trwiipu'sncy  *na  t#  intended  to  complement  it. 
It  cui  be  computed  from  the  equation  (or  me- 
chanlcal  Impedance  at  resonance, 

!2,!  =  ly'KM  S 

'*C 

by  arbitrarily  choosing  an  interacting  spring 
and  mass  and  scaling  oft  the  results  to  fti  the 
impedance  grapns  to  oe  used. 

The  rrsain  disadvantage  of  the  resonant 
amplitude  overlay  i*  that  additional  information 
la  needed  to  use  it.  Besides  the  resonant  ire- 
quetwy,  either  the  resonant  mast  or  spring 
naust !»  known.  "The  overlay  Is  placed  or.  the 
mechanical  impedance  plot  so  that  the  resonant 
frequency  coincides  with  the  vcritcai  damping 
scale.  The  overlay  is  then  adjusted  up  or  down 
ju>  that  the  mass  or  spring  line  of  (ho  resonance 
In  question  t tiles  up  with  the  mass  or  spring 
line  on  the  overlay,  and  the  degree  of  damping 
is  read  at  Uie  Impedance  magnitude  oi  the  reso¬ 
nance.  Trom  symmetry  consideration!!  the 
same  procedure  can  be  applied  to  anttreso- 
naiKes. 

The  resonant  amplitude  overlay  is  pre¬ 
ferred  to  the  resonant  bandwidth  overlay  when 


the  frequency  density  of  resonances  and  antl- 
resonanccs  U  high  and  iho  damping  is  low,  such 
as  in  the  shell  modes  o(  small  etruclures,  A 
tacit  asoumptlan  has  to  be  made  to  use  It  prop¬ 
erly  in  this  case  bccauao  the  interacting  spring 
and  mass  Uncs  (nay  be  masked  put.  The  spring 
or  mass  line  Can  be  located  from  the  Inflection 
point  between  Ihe  adjacent  resonance  and  anll- 
resotumcc.  If  the  inflection  point  is  difficult  to 
determine,  ihe  spring  line  can  be  assumed  to 
tie  halfway  (on  a  log  ticaio)  between  the  adjacent 

lint  antfS  t  fduinanrp  Th?  b%9!f  for 

(hi*  h66umpiion  it>  that  In  <’.vo*t  ftkructor&i  con- 
figuration*  the  composite  loss  factor  changes 
little  with  small  changes  m  frequency  for  the 
same  type  of  vibrational  mode.  Care  has  to  be 
taken  when  using  the  overlay  in  this  manner. 

The  i efevtiiriit  bandwidth  overlay  is  pre¬ 
ferred  on  highly  damped  structures  with  s  low 
resonant -antircsonant  frequency  density  be¬ 
cause  o l  ihe  diificutty  in  locating  the  interacting 
spring  and  mass  lines  oi  the  resonances 

Phase- Angle  Method 

in  the  singie-degree-ot-iroedom  system 
represented  schematically  iri  Fig.  2.  the  damp- 
tng  is  directly  proportional  to  slope  of  the 
phase -angle  curve  as  the  system  passes 
through  resonance. 


S2 


c 

C 


(5) 


where  »„  *  resonant  frequency  flix>  nnd  r  » 
phase-angle  measured  to  degrees  Mote:  Eq. 
(5)  i*  derived  from  u  differentiation  ol  sc¬ 
ant  v , 


Unlike  too  two  rnsnsurlng  systems  Involving 
impedance  or  mobility  mesBUiemcntB,  trap  «yg- 
lem  require*  the  expstTmc.TlOf  to  measure  the 
phase  angle  nl  discrete  frequencies  rafhsi  than 
using  the  graphs  that  are  easily  obtained  by  the 
newer  a  mo  malic  Iropedanee-roossur Ing  systems. 
This  procedure  I.?  followed  to  assure  (ua,\imuro 
accuracy  over  the  juli  range  o I  thu  system. 

The  slope  is  assumed  to  te  straight  line  anti 
is  measured  as  close  io  the  roeoiuinte  as  pos¬ 
sible,  This  measuring  system  !u«  a  lower 
limit,  around  ccr  »  dutfe  which  ss  governed 
by  the  instrumentation,  and  an  upper  limit  widen 
l§  governed  by  the  type  of  structure  being  meas¬ 
ured.  In  the  cise  of  the  flexural  bending  modes 
In  beams,  this  limit  Is  about  ChC,  «  0.12. 


CONCLUSIONS 

ll  would  be  best  to  give  a  rigid  range  of 
accuracy  for  welt  of  toe  methods  previously 
discussed.  This  would,  however,  result  to  an 
oversimplification  mat  could  mislead  the  ex¬ 
perimenter.  The  outside  Umlts  ol  each  meas¬ 
uring  system  could  be  established  on  toe  basis 
of  Instrumentation  and  application  of  each 
method  to  a  stogic-ilcgree-ol -freedom  system; 


but  this  scem«  fulilo  because  each  bust.' y  man - 
latlon  setup  has  Uo  own  limitation*  and  tnultl- 
ds«ree-ot-lreedom  structure*  are  uiuaijy  IM 
test  items. 

Of  the  systems  discussed,  the  combination 
of  calibrated  overlay*  {ihc  so-called  damping 
calculator)  lor  impedance  graph#  seems  to  be 
toe  moat  versatile.  The  state -of-the-arl  In 
mechanical  impedance  measurements.  h** 
progressed  to  a  tusye  where  the  Insfrmrneuto- 
tion  presents  only  minor  ituiUaiiosts  compared 
•with  ircc  decay  and  phase  measure mento. 
Above  all,  the  experiinonier  can  determine 
(irons  tut  examination  of  the  mechanical  Imped¬ 
ance  or  mobility  ol  the  test  structure)  haw  a 
particular  resonance  can  be  approximated  by  a 
aUiglr-degfec-Ql-lreedorn  system  For  this 
reason  the  upper  limit  of  toe  dafitjihig  calcu. 
toiot  Is  somewhat  htghir  than  tor  other  sys¬ 
tems  discussed. 
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Mr-  Jones  (Atr  Force  Materials  tap  ); 

You  siatedTFiai  there  wore  considerable  tlUfl- 
cuitics  in  moaaurlng  the  damping  properties; 
namely,  the  classic  modulus,  cllher  Young's 
modulus  or  the  shear  modulus  and  llie  loss  fac¬ 
tor  of  viscoelastic  materials  I  would  query  what 
grounds  you  have  lor  making  tills  slatesfient? 

Mr-  Douglas;  U  you  just  use  the  material 
usolf  you  have  a  limitation  placed  on  it  by  the 
range  of  toe  moduli.  In  other  words,  by  jusl 


simply  making  a  column,  applying  a  lotque.  and 
using  transfer  impedance  Or  uionsurensentS  to 
determine  the  moduli,  you  have  the  many  ex¬ 
perimental  difficulties  in  applying  your  trans¬ 
ducer  to  such  a  small  system.  Usually,  we 
found  that  it  is  beet  to  build  a  large  tost  Hem 
such  as  a  beam  antt  invert  some  o:  the  equa¬ 
tions,  suy  61  Dr,  DtTaranto  in  viscoelastic 
beams,  and  study  that  large  beam  because  of 
She  smaller  cJleet  Uie  transducers  would  induce 
into  the  test  structure  itself. 
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FORCED  RESPONSE  OF 
U>MP£0-PARAM€T£R  SYSTEM  WITH 
APPUCATI0NS  TO  MI554E  DYNAMICS 

Julift  D  S o»ff§ 

CbryiifT  Cqp j>t/r*tT^n  Sp^acfl  OiO'ion 
tic w  OrUant.  LoumjQ» 


Thii  rfporl  prctcnii  a  mcftipd  ior  r-OFnpular  aaiuli«Aft  •><  TOfccii- 

vibration  problem*  anocuud  *»th  tpf?  U«r«ch  vctuolcs.  Lu - 
p*r AisToi.tr.  fiflite  sysjii&i  with  dHTTpio^  •  nd  arbi- 

:rary  (arCiiig  ^uachodi  ton* id* *•«»«*.  Real  anti  complo*  4  i  geo value 

pr<>b!<?rn*  are  ducuusd  «n(i  *  ttittkod  for  solving  <Wc«d- re sponifa  prob¬ 
lems  a  prtmrAied  in  detail 


INTltOOUC  T ION 

Tho  object  of  Uits  coport  to  to  proiont  a 
general  method  lor  computer  noiuiion  ol  forced- 
vibration  problems  ftaaocUiod  with  space  launch 
vehicles  The  report  considers  Unite  tiegree- 
of-lro»dora  systems  with  damping  and  arbitrary 
forcing  function*  The  UnUe  element  *  approach, 
although  lose  rigorous  than  a  continuum  ap¬ 
proach,  Is  felt  to  he  Justified,  because  practical 
structures  are  rarely  continuous  Many  dis¬ 
continuities,  such  ac  abrupt  changes  In  thick¬ 
ness  or  material  and  numerous  connections, 
are  lb*  norm.  The  matrix  method  is  employed, 
not  only  to  sLni'Uly  notation  arid  digital  com¬ 
puter  solution,  but  because  the-  iin'i hod  is 
iucs.iiy  suited  to  account  for  structural  dis¬ 
continuities 

ThU  report  pieaonts,  first,  toe  tsgrangc 
method  at  obtaining  the  geuerniued  c-ouatwrie 
of  molten  and  the  arrangement  ol  U it- SO  equa¬ 
tions  into  matrix  formal  Second.  Uscre  follows 
a  discussion  oi  the  complex  eigenvalue  problem 
and  a  development  ol  i;>«  orusoKoiuluy  rclattono 
for  the  complex  eigenvectors,  li  in  shown  that 
the  real  eigenvalue  problem  for  undamped  sys¬ 
tems  is  a  degenerate  case  or  the  complex  sys¬ 
tem  and  Is  more  easily  solved 

-6y  "finite  clement/  a  o  implied  ihai  liw  di*- 

Inbutetl  iyiieoi  Ms  been  reduced  indiscrete 
!c*rn>  by  lumping  it?.  anti  st  «iUo 

A  »eri<?»  of  nia**r*  connected  try 
•.prtjsg* 


Third,  an  iterative  method  for  solving  the 

real  eigenvalue  problem  is  presented.  The 
seiuldaluitle  ease  Is  discussed  In  detail  and  an 
approach  lo  solving  the  complex  elgeavslbs 
problem  is  ouggosted 

Fourth,  a  practical  method  lor  solving  the 
forced- re speatee  problem  Is  presented.  The 
method  uses  the  orthogonality  property  oi  U'C 
classical  normal  modes  to  decouple  the  equa¬ 
tions  Ol  motion  Tip-  uncoupled  equations  ar* 
then  mod  tiled  to  account  for  dumping. 

Finally,  the  method  is  tltuklraied  by  appll- 
catios  is  the  vtnd-gust  response  ol  a  typical 
epaoc  launch  vehicle  Digital  computer  rou¬ 
tine*  are  used  so  *oivo  the  matrix  equations  ol 
motion  ior  the  example  problem 


NOMENCLATURE 

r  Damping  coofftcivnt 
Exponential 

c  Oeneraltioil  coordinate 
i  Indicates  imaginary  pari  ol  complex 

t  Silliness  cocliicleni 
*  Maas  coeUleieni.  also  be  mi  lug  moment 
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«»  Complex  eigenvalue 
j>  Complex  csijugstt' 

i  TUBS 

i  f  i  Cartes  1m  coordinates 

A  Cross -sectional  artist 

0  Dissipation  energy  function 

£  Young's  modulus;  also  tiHiicfcte*  iiitil* 
tipij^aiiOn  by  pOwCr^a  i«jfi 

r  EiiiiitAl  lores 

Q  OeoeralUnd  force;  also  shear  modulus 
i  Ares.  moment  of  Inertia 
U  Length  ol  Loam  sognaont 
1  Ktnstte  energy  lunctton 

? i j  .  Oy7V£5K!0  giiirtgiii!  rtiijlirarf  if i 

\C\  DfltmpfiAg  matrix 

f  lj  Mentlly  UMtlrlk 

til  Sttilasu  matrt® 

*-*»!  Mass  matrix 

tv;  Matrix  of  norm!  mods  vectors 
(X,)  Medal  aititnesa  matrix 
i  si  Cencraliiod  coordinate  vector 
fM;  Cample*  eigenvector 
•  v  Hv;U  part  ol  complex  (tigonvocuir 


THE  OENKfULlZED  EQUATIONS 
a?  MOTION 

In  the  following  discussion  it  *Ui  be  as- 
eufued  that  Uie  sysistu  has  been  reduced  to 
Unite  form  by  lumping  the  distributed  mass  at 
tfucrsu  points,  co&necied  by  missies*  springs 

The  lumped  jmrstnetere  are  Resumed  invariant 
with  time.  This  procedure  ®iU  tssul  to  ordinary 
differential  equations  with  constant  cos  tile  lent* 

ll  we  consider  a  holonoiittc  mechanical  sys¬ 
tem  with  ■>  degress  of  freedom,  if*  configura¬ 
tion  can  be  detifteii  by  a  eat  05  indojiendvni  geo* 
er&iised  coordinate*,  «,  Lagrange's  equ&iions 
are  derived  In  Hoi  jl)u-cif7i  iiis  concept  Ol  vlr- 
tua l  disjsI&ooaisiiLS  and  cr  AieiubtirTf  jirlMlpi^ 
ftalerenco  (Ij  presents  a  derivation  from  « 
more  gehetal  concept  known  as  Hamilton^ 
principle 

The  Lagrange  equations  ior  a  iinite  degree* 

ol-lfsedoai  system  are: 


where  Is  the  generalised  lore®:  In  deriving 

Urn  Lagrange  oquat tons  there  la  no  requirement 
that  the  force  iiefd  be  eoaBervMlvu,  The  gen- 
srftlitcd  force  tufty  therefore  constat  of  (a)  tht 
forces  resulting  from  change*  lr»  potentisUi 
energy,  (bl  the  damping  or  energy  dissipation 
forces  in  a  ooncoMervaJUve  system,  and  (c)  the 
forces  externally  applied  to  the  system 

H  we  choose  a  sot  o l  generalised  coordi¬ 
nates  such  that  Is  xsto  In  Utf  uaiuiii  con¬ 
figuration,*  assume  email  oscillations  about 
the  datum,  and  neglect  all  terms  higher  than 
ftwcood  order,  we  can  express  the  kinetic  aiul 

iy  | ..(\i if. (  .  1 1 ■  of  the  system  in  <1U, i; T .u ic 

form  as 


i«l  iffyngltj* ry  part  «W  compinx  sig®tu*eCtor 
,  i 4  Icvdlcsies  nisirix  transpose 
f  d  Indicate*  diagonal  matrix 

*  Circular  frequency 

•  inverse  of  ciicuivi  frequency 

t-  Critical  damping  i  Alto 

,i  .jt  Tim*  derivative  (Ai>co  iraiic^icU  i  -  uct 
above  quantity  to  be  biu'eri-nilalcd; 

•  ■>%  Indicates  partial  dci  lvallve 


T  = 


1  f 

5  Lt 


V 


'*{= 

-  -  Si*; 

;b.  ?e. ; 


W> 


(3) 


Ai*  imUcaieUby  Wei.  t  ^ I* 

t  MJiGtior»  m%.f  also  b*  jrxpfPs&MS  in  quadrat  ic 


»f  Ae  *i>U>\V>  if*  Vshirh  f.  O  .■ 

■j»  *  if.  ig JTrKl  l  >  r»rir  <«»  «vxV>«  <r  cj,t, '  i  b  r-i  IV 


i-l  i-i 

Combining  the  dissipation  forces  with  the 
forces  resulting  from  changes  in  potential 
energy,  the  generalized  forces,  ,  may  be 
expressed  as 

3D  3U 

<*> 

where  Fk  denotes  the  applied  external  force 
corresponding  to  gk.  Substituting  Eq.  (5)  into 
Eq.  (1),  Lagrange's  equations  can  be  written  as 

d  /3T\  3T  3D  3U  ... 

dt  \3gk/  3gk  f  9gk  3gk  k  ' 

The  Lagrange  equations  lead  Immediately 
to  a  convenient  matrix  formulation.  For  ex¬ 
ample,  considering  the  potential  energy  func¬ 
tion,  u,  we  have 


or 

“«>■ 

For  a  Cartesian  coordinate  system, 
3T  _ 


Combining,  we  obtain  the  matrix  equations  of 
motion: 

Cm] fg)  ♦  tcHi>  ♦  Wig)  ■  (r>  .  (11) 

As  an  example,  the  equations  developed 
above  will  be  applied  to  the  three-mass  prob¬ 
lem  shown  in  Fig.  1.  From  Eq.  (2)  the  kinetic 
energy  of  the  system  is 

T  =  =  5  («*,*,* + “,*,*)• 


c.  4< 


Kl=  »“«> 


Fig.  1.  Spring  min  ayatem 


where 


c*t  ¥_K« 

rm,  >77<vr 


Similarly, 


<)Rk  \2^Tm  7 


iclfg) 


*We  have  used  the  theorem  of  complimentary 
strain  energy: 

3U 

VP‘: 

the  refore 

fgi  _  j_  /JU\  _  3*U 

3R|  rfRi  V'Bj/  "  3gj3g j  ‘  k‘J  kJ> 

where  ki(  ia  the  force  at  ■  reaulting  from  a 
unit  deflection  at  j. 


Note  that  In  the  above  expression  atJ  =  0,  for 
ii  j,  because  we  have  assumed  x,  measured 
from  the  center  of  gravity  of  each  maas. 

The  potential  energy  ia  found  by  Eq.  (3)  to 
be 

u  *  ku«»*J  si(kti*»a  +  2knxixt 

♦  ♦  kjjX,*  ♦  2k jjXjX,  ♦  k„x,*) 

~  2  lki  *  kj)  ♦  2  (kj  *  kj) 

-  k,x2Xj  ♦  I  (kJ  +  k4)xJ*  . 

Similarly  applying  Eq.  (4),  the  diaalpatlon 
energy  is 

0  *  (C,  4  Cj)  X*  -  CjX,*, 

♦  3  (ci  +  c,)  X,*  -  C,X,X,  +7(0,4  C4)  X,1  . 
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By  «eriO!-tiiUig  tti*  reqtrfi'twl  dtSferenHatton  of 
ttee  above  energy  expressions  utd  arranging  la 
ttw  mftirta  formal  <S  Eq.  (§),  wo  obtain  (ha  «q«r 
Hons  oi  mottos;  f©r  Wit  system, 


r* 

0  0 

no 

r 

0 

\ 

a,  o 

{*» 

- 

L° 

a  m, 

-Si 

k 

. 

<*«*»•>»  -k. 

.  -k,  (Vt,  *  kt) 

O  -i 

L 


-> 

0 

j 

r  \ 

!K-i 

;  | 

1 

j  4 

{ 

0  b 

(k,  t  k.) 

! 

t*j  ■ 

<?,’  W  -  P,!C;  *  !K])<v(-' 

w 

(14) 

ip^  i!t  *  p#ICl  *  {K‘i|iu.» 

‘0> 

(15) 

Multiplying  Eq.  (5,4)  by  i»,'T, 

iut}^  {pr*iKI  ►  f»r  ;C:  *  :K;  >uir  -0  (16) 

and  Eq.  (!f>>by 

<o,;T(p»U«  «  P.iO  .  SS))<ut>  i  0  (1?) 

Transposing  Eq.  (17), 

;u>i!  (p.MK!  *  p.'c:  <  if  :  •  o  (18) 


flow  th*t  all  the ‘coefficient  nustrtcec  S«) ,  SC!, 
<LfwJ  Is)  are  symmetric,  that  is,  lei  ^  i*’T,  and 
so  forth. 


THE  COMPLEX  EIGENVALUE 
PROBLEM 

It  has  boon  shown  that  the  equations  of 
motion  for  a  raulti-degree-of-freedom  system 
arfth  Sight  for  email)  damping  can  be  expressed 
in  matrix  form  as 

(«)(«;•  ♦  !Cl(«>  +  (*)<«»  =  <F>  (12) 

In  this  section  wc  will  Investigate  the  free- 
vlbratlon  case  whore  <F)  -  (o). 

Considering  only  the  homogeneous  part  d 
Eq.  (12),  we  assume  a  solution  of  the  complex 
form 

(g)  =  'u>  e*'  . 

DiffereaUaUng,  we  obtain 

(<}  4  |>(ul  ' 

and 

(g>  ?  pJ(u)  f?*  . 

SvtoetttTjttmg  into  Eq.  (12), 

<5>*  1*1)  *  p(Cl  •  (K)>‘-1  =  (Oi  (S3) 

Eqisaiioe  (15)  is  «.  coEpics  eigersvsl-je  prob- 

tern,  where  <u>  Is  the  complex  eigenvector  and 
p  is  .’he  complex  eigenvalue,  gy  considering 
an.?  two  solutions  p  and  p  ,  we  wilt  now  eatsh* 
lish orlhogooxilty  relations*  that  the  eigenvec¬ 
tors  1  u ,•  and  iu.i  must  satisfy. 


and  s»,»btracttp.g  Eq.  (18)  from  Eq.  (1?),  we  see 
that 

<»>.’- P.’Xo.HWMu,}  .  (p.-P.Uu.^SCiiu,)  =  o. 

By  dividing  out  the  common  factor,  (j>,  *  pt), 
we  obtain 

<P,  •  p,)(u>>TlKi!ut>  *  <u,iTiC)iuf)  0,  i  1  ». 

(») 

Also  If  wc  add  Eq.  (16)  and  Eq.  (18) 

(p,1  *  p  ;*)**», XtwHu,  5  .  (P,  *  p,  )tu,*T(C!iu(! 

*  =  0  (20) 
which  can  be  rewritten  as 

/rs  *  -s  S'fUi.,,  .  *  i  m,  ,  «  (i  ,  I'iC?*.  t  « 

'  r  %.  y*  t  '  “a  -  “ 1  1  ''  s  •’if  x  ”! 

-  ^  *  itfHuf  )  •  -  0  {21) 

Multiplying  Eq.  (19)  by  (p  >  p, >  and  subtract¬ 
ing  from  Eq.  (21),  wc  obtain 

-  (u()  v  .  '0.  1  •  i 

(2.2) 

The  complex  eigenvectors  satisfy  She  orthogo¬ 
nality  relations  given  by  Eqe.  (t£)  and  (22) 

U  iu,;  and  ps  ar  e  solutions  to  Eq.  (13), 

I/liiil  uiG  corapl-es  CO(ijU^sivG&  'u(  «UVu  pt  io  c 

also  suiuiions.  Therefore 

iP.MMi  •  p,  X)  •  ;K,  -  (0)  (23) 

We  will  take  p,  to  be  of  the  same  form  as 
the  usual  oingie-degree-ol-frecdom  solution: 


"ii'fi'ii 


P,  -  -  v’l  - 

Then  the  complex  conjugate  is 


P,  :  -C.af,  -  jas,  v  t  *  r  ‘  (25) 

Also  we  can  express  the  complex  eigen¬ 
vectors  In  the  form  of  real  and  Imaginary  parte 


*«,)  -  tvr>  -  i(«,*  (22) 

Then  the  conjugate  eigenvector  is 

"  <■*•,>  -  **'»-'*  (22) 

Multiplying  Eq  (14)  by  ’T. 

(u, ) *  { p/*tt!  -  p,iC5  •  (K;)(ur?  *  0  (26) 

And  multiplying  pq.  (23)  by  >ut  sT , 

'u,:?T  (p/fH)  >  pr;C;  *  (X)  >4ut)  -  0.  (29) 
Transposing  £q.  (26), 

(u.t’lp/llll  *  p,(C)  •  iK!)<u,»  =  0  (30) 

gpbtracting  Bq.  (20)  from  Eq.  (30), 
tp,1  -  pr3)  <ut>T  M  <u,>  *  (p,  -  p,)  fut>T(c!-uf  l ;  0.  (31) 
Dividing  out  the  common  term  p,  -  p,  . 

(P,  ♦  <*,)(«, >ftw! <5,*  *  iu,‘T(CHSr‘  ■  0  (32) 

From  Eqs.  (24)  and  (25). 


<p,  •  5 ,i-  -2e( 


Therefor  e 


1>,W,  =  (u.>T(CHurt(‘u,>Tlll!iur))'‘  (34) 
Also  Ll  vc  add  Eqe.  (29)  and  (30), 

<P,3  *  p,3i<ur>,!«ituri  •  (P,  '  P,)'«,>TiC:  to.i 

-  j(ut>T?eHu,>  =  o.  (35) 


From  Eqs.  (2,4)  and  (25\ 
p  3  -  -  2 1—  »p  v T  - 

^ f  4  I  ’  1  »  1 

and 


-  '  <  i  -  -  !  / 


Therefore 


P,3  t  -  4ef3  w,1  -  2wf3  (JO) 

Substituting  Eq*.  (33)  aad  (3«)  into  £q.  (35) 
<4e-,*»r*  -  3-7><o»-T‘,,Ji0»i  *  lo,v'r'u,)T(cHol) 

-  2Cur!*!EMO(l  =  0  .  (3?) 
From  Eq.  (34)  wo  me  that 

=  Jp,-,(u,;TiC)(uf)  . 
Therefore  Eq  (37)  yields 

-  3.,3(u,iT!MWc,!  ,  ?{«.) Ig> !o, !  =  O 
or  rewriting, 

«*  -  in,  )T?e) iei!( tt*r >T(%fj/#rr>)-„* ,  (»p) 

Turning  our  attention  to  the  undamped  sys¬ 
tem,  we  see  that  tt  ctj  *  o  In  Bq.  (13),  the  com¬ 
plex  eigenvalue  problem  reduces  to  ibe  real 
eigenvalue  problem  with  p,  •-  -iwr  and  (ut/  -  tv,!. 
Equation  (13)  becomes 

-3tP.!<vr>  --  [g)(vt>  .  (39) 

The  orthogonality  relations  given  by  Eqs.  (19) 
and  (22)  reduce  to 

iV[)T(»M»,>  =  iv<>I[*Hv,»  =  0  th.  (<ij» 
The  undamped  natural  frequency  can  lie  ob - 


p,-  -7  J) ,  v  1  -  •  /  -  <l--,3>-,3 


uHireni  irOm  r.q - 

-7  =  tv,iriKj(vr)<  *  vf ) 3 tMi (v,1- >’ 1  .  (41) 

Ttw  eigenvector  h,!  Is  referred  to  as  'die 
"normal  mode  vector*'  or  “mode  shape  vector," 
because  its  ith  element  is  the  relative  displace¬ 
ment  oi  the  ith  mass  at  a  system  vibrating  Ui 
its  rth  mode. 


ITEftATJVE  SOLUTION  FOB 
EIGENVALUES 

foe  purpose  ctS  this  section  is  to  premat 
an  iterative  method  for  obtaining  nomertea! 
soiutioao  to  the  real  eigenvalue  problem  dis¬ 
cussed  in  the  previous  section.  In  addition,  an 
approximate  complex  eigenvalue  solution  for 
damped  systems  will  be  suggested. 


I 

1 


EQttiUon  (59)  couUS  be  written  In  cither  one 
erf  the  itniowing  forms: 


or 


where 


arid 


t  A> ' V  f;  s  lvrR  * 

{BHv  t  -  (v  *•«* 

f  f  f 

sA>  --  Ui'Mn; 
in;  -  oi.-’Mr] 

:  k-  > 


(42) 


(43) 


ConeMertng  (4^)»  let  *.  s>  .  v  *  . .  .  ».n* 
dsti^e  tfes  eigeswsiues  0?  matrix  i.VT  to  <8e- 
order  aad  l«ft  ivji ,?».>.  .  •‘vrt‘  fee 

S&®  tor?e*F«»itag  eigenvectors.  further,  let 
lv®}  denote  a  linear  eocafeitsatlon  of  'v, ' .  iv . 

. .  iv^i  each  tfcat 

tr*>  T  a,{v,)  ■>  ajlvj,)  *  »  *  “n'vn; 

(44) 

by  iA)  givee 

5  0,:AHv,V  •  *  *niAiiv(|'i 

(45) 

Which  fiy  Eq.  (4.3.)  cat:  ry>  wrtttira  as 
tv* I  •■  %*•*(*,)  *  "  -  ’t«lnSivn^  • 

(*B> 


?*d.o m p ly*)/’ itg  5vtji .  (4fi/  hj?  *. yicltls'- 
(AK*‘>  <v*i  •  *  *  #„■ 

ilr^esU/jg  o  time*  we  ofetaist 

UHv*'»)  *  lv“)  -  »  «3a**»4«,> 


(4?) 


*  i.^  -b  >  (48! 

r»  jv  r»  *  7 


Setiusa 


wt  ess  sertte 

<V">  “  ■  T 

JUKI 


(“*») 


„»*  *>  i  ,  *««•  *  >(V[  > 


Equation  (50)  can  he  written  as 

'-***•»  5  -■-,*(  V-i^'V)  =  s5<v> 


but 


'bv.  _  _  .f__  .. 

lKClCiOfi 


•  v“*':>  -  (Ai<: 


A:  ,  *  iv*l 


•B’-v'  -  *r*>  . 


(50) 


(51) 


t»2) 


(53) 


(54) 


ft  is  obviom  that  Eq.  (53)  convoke*  to  Uw 
lowest  aselurai  treqaeecy,  white  Esq  (54)  con¬ 
vent#*  to  the  hipest  natural  frequency. 

To  iUw*b-stU)  She  above  iteration  process, 
consider  8m  i&res-saafis  problem  shown  la  Fig. 
1.  To t-  step  Hefty,  let  k  t,  «  y,(  .  k4  -  I; 

*,  ■  «, '■  t;.  n.t  ■■  2-  Then,  we  haw 


and 
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i  0  25  0  S» 

.9  7ij 

h  0 

0 

0  n  0  SC: 

0  so") 

i 

j  0  1 

0 

;  ■ 

C  SO  J  w 

1  00  j 

jo  0 

2 

©  7  5  0  50 

f’l 
*  ?  > 

t) 
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0 
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! 

;  o.  so 
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ijstog  ••r’t  a*  the  i»st  approxi '•nation. 
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i 


;o  ;s 

0  5 

o  soj 

0  7Ssl 

V<MS] 

;  o  53 

1  0 

i  «j  4 

i  i-.o  j> 

- 

2  502 

J'  « 

0  s 

t  soj 

.1  000 j 

2  2Sij 

» v  ?  ±  0  .  f  f  * 


fn  rj?> 

2StC  ^  1  wo> 
i  I 

il  OOOj 


Alter  a  lew  more  trials  we  obtain 

r  1  - 

!0  75  C  S  0  SO!  !C  710SJ2; 

i  I  i  ; 

jo  SO  to  I  00  St  102/75  >• 

jo  25  o  s  i  soj  ji  oocoaoj 

jO  7*0-337 } 

2  2 . 22909490  <  J  102;  75  >■ 

t  I 

h  oocoooj 

.j  -  .•-23000490 
-  0  44861257 

Having  obtained  the  fundamental  natural 
frequency  aad  mode  shape,  it  U  now  necessary 
to  modify  the  matrix  ; AJ  to  obtain  the  second 
mode.  Although  there  arc  many  methods  for 
doing  this,  the  following  discussion  will  be 
limited  to  the  method  of  Ref.  (3).  For  this  pur* 
pose  we  need  a  generalized  orthogonality  rela¬ 
tion  for  the  eigenvectors  of  the  matrix  a  . 

To  develop  this  orthogonality  relation  let 
us  consider  the  equation 

(y.i'-A,  •/‘VV1  (53) 

In  conjunction  with  Eq.  (56): 

iAi'v.  *  .*  !v  ‘  (56) 


Posirmtitlplying  Eq  (55)  by  ‘.vt-  and  prcmulU- 
piying  Eq  (56)  by  yt  1  we  obtain 


It  follows  from  the  above  orthogonality 
condition  that  we  can  obtain  a  dynamic  matrix 
with  the  first  mode  removed  by  the  equation, 


where  SS,)  Is  a  square  matrix,  whose  first  row 
Is  the  characteristic  row  <y,)T  and  those  other 
rows  are  zero.  The  characteristic  row  !y(JT 
can,  of  covree,  be  obtained  by  Iteration  Of  Eq. 
(55).  Continuing  the  example  problem,  we  have 
corresponding  to  Eq.  (55); 


0  75 

0  so 

0  50 

I!  0  10  1  0 

0  50 

•00 

too 

0.25 

0.50 

1.37! 

1  50 

next  iteration  yields 

2  0 

3  o;  , 

V?5 

0  SO 

0.50 

il  0  u  *  o' 

0  50 

I  00 

100 

0  25 

0  so 

1  50 

1  91 

il  0 

t  48 

2  51  - 

Alter  a  few  more  Iteration  we  obtain  the  char¬ 
acteristic  row 

>-,•*  it  0  1  55137?  2.8135S8I 

The  dynamic  matrix  for  the  second  mode 


r 

1  .  ..  ...  ...lit'.  _  1 

f  u  t  d  y  y)i  ui  0  0  J 

i  hi  i 


!*,;  -  ;0  50  1  00  1  OOj  j  O  I  Oj 
jjO  25  0  50  t  40!  [0  0  IJ 

r  "  1  il 

1  0  I  55137?  2  813558  j 

■  OU  0  0  0  0  j 

0  0  0  0  0  0  Jj 


’h  ‘  A  •'•,' 

Subtracting,  we  obtain  the  desired  orthogonality 
relation 


0  O  -0  6635328  -!  6!0!635l 

A.,  0  0  0  2243120  -  0  4067290 

*  | 
0  v  v  1 1  £  i  0  f  VS6i05  i 

iterating  .A,  we  obtain 

•  ,  0  700S6053 
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t 


la  general  the  4?Qiffilc  taulrW  for  higher 
nxxiea  U 


(AlM!  =  LA,!  -  LA, MS,!  (59) 

Let  ua  now  coo*M**'  the  <a#e  of 
niir  ajriirnUA.  A*  Sr*  have  *eeil  iwVc,  0?V  ul>r  - 
CMtl  Btofo  atsd  natural  LtequecCivS  Of  *  vibrat¬ 
ing  ayateru  can  be  found  by  Lter*llOo  Of  Use 
equal  too 

tic)  •  fKj  <  vi  *  *>>(«)  («0) 


Corollary  If 


!ei  ?  •  {a! 


(a)  !j.!  5  K.  it,  } 


then 


Becnw  the  «tiflnew»  matrix  1*1  for  a  aemi- 
deftnlta  ayaten*.  u  a  insular,  Ua  Inverse  dor  a  not 
exist,  sad  Uk  equation  cxnnot  bo  soirftd, 

However,  by  making  use  of  a  few  matrix 
tSeorew*  Cift  for*  apaeudo  atiff nee*  matrix 
that  can  be  (averted,  The  following  theorem* 
ere  presented  without  proof  .* 

Theorem  1;  B  live  eigenvalue*  of  a  matrix 
(A)  are  ,  and  the  corresponding  eigenvector* 
ire  tKj) ,  then  etgtavaiue#  of  (B) ,  where  (@- 
(*] ' ,  are  t.'  and  the  corresponding  eigenvec¬ 
tor*  are  (x,).  In  equation  form  we  have;  tf 

tA](a()  5  \,(x,> 

and 


LbJ  i « , '  « 

Returning  to  £q.  (SO),  let 

Iki  *  '•  i£j  ;  (A! 

and 

LB)  ■-  .,tlj  ♦  <*)-»{*]; 

then 

<a,L  If  ♦  iWl’Mltl  )ivri  •  (a,  •  »,’)tvr‘ 


Premulttpiy  by  !mJ  to  obtain 


LB)  =  IAJr 

then 

(aM*,>  -  *,'<*,)  ^  U,> 

Theorem  9;  tf  the  matrix  in)  can  be  formed 
a*  a  polynomial  of  rsialrlt  (A)  such  that 


and  M  the  eigenvalue*  and  eigenvector#  of  l*J 
are  a,  and  (*,),  then  Uw  eigenvalue*  and  eigen* 
ve-ctor*  of  18}  are  n,  and  <*,).  where 

*t  =  «.  ’  y  *,  S  ■ 

Thai  is,  if 

iAJxx,?  * 

♦For  proof*  *e<r  R e i r -  ,4j  *od  {Sj- 


{*,IU3  *  tt!)(vr)  (a,  .  -t*){K!<vt) 
or  (61) 

•  (s!  )-’!«:■•  vr>  -  vt  • 

Equation  (SI)  car.  be  Iterated  In  the  name  man¬ 
ner  am  Eq.  (42)  to  obtain  the  free-free  mode* 
for  aemldeflnlte  eyatems.  The  eigenvalue  of 

Eq,  (61)  l* 

’  «.  • 

from  which  the  ayatem  natural  frequencies  can 
be  recovered; 


To  apply  the  iteration  method  to  systems 
with  vtacous  damping  we  write  the  homogeneous 
part  of  Eq.  (12)  as 


! 


i 


02 


i'o ;  iwjj  (<t:  - (b)  foil  f<i)) 

•  *  j  {  }  •  ?0!  <62! 

]«*(€[,  L  SoHkjJ  S.(*H 


Note  that  upon  substitution  of  the  function, 

{*)  =  fu)«*'  ,  and  It*  derivative*  wo  obtain  ats 
equation  of  the  same  form  as  Eq.  £39): 


so!  twf  |V<u>  ! 

-  in! (Oil  fp(u>| 

in)  ic*j  ]  iu)| 

.  ..  .!  \  r 

.  i0;  !S:j  (  ;u;  j 

The  orthogonality  relations,  Eq,  (19)  and  (22) 
can  be  written  as 


[p,<o,>lT  So!  In)"]  jpjiu,*! 


<  M  H  r 
l  i«.)j  Lw,lC,J  l  iv'’J 


jp.tu .  r.Mio.]fpli»,»i 

i  r  i  r  r ;  *  « 

l  fu,)J  L!0I-(K)JI  tuf>j 

Rewriting  Eq.  (<3}: 

SO!  1  f  10)  (Mil  [ptuv'l  |pfu>] 

>  -  i  \  > 

?0)  (Ki-'j  j_Ut)  sC3  <u>]  p  j  <u)! 


r  to) 

r  1 1 

J 

ptul) 

i  ,  Ii 

Ptu!  j 

Ui-'M 

-  K, ■  1  iCi 

<uij  P 

.  H 

A  method  for  iterating  Eq.  ($6)  may  bo  found  in 
Ref.  (Oj.  This  is  obviously  more  difficult  then 
the  real  eiger, value  problem  because  the  roots 
and  modal  columns  are  bolli  complex  and  will 
occur  as  compleji  conjugate  pairs. 


FORCED-RESPONSE  SOLUTION 
USING  CLASSICAL  NORMAS. 

MOOES 

Equal  ion*  of  mol  ion  of  the  form 

•  ffHj!  *  !«}<«>  •  ir‘>  (67) 

tor  forced  systems  with  damping  are  simulta¬ 
neous  linear  differential  equation*.  The  equa¬ 
tions  are  coupled  through  off-diagonal  .eras  Id 
ib*  Coefficient  matrices  (ui,  ici.or  Lk). 
Closed  form  or  direct  solutions  to  these  equa¬ 
tion*  are  difficult  or  impossible  to  obtain  ex¬ 
cept  for  the  most  elementary  forcing  functions. 


The  classical  method  of  solvLig  liaise 
equation*  U  to  first  find  the  principle  modes 
for  the  homogeneous  equation* 

!»H«>  *  m)<i>  «  id)  («< 

nod  to  rouge  uie  of  (he  orthogonality  property 
of  the  principle  modes  to  de-couple  the  equa¬ 
tion*  of  motion  It  has  been  shown  that  solu¬ 
tion*  to  Eq.  (08)  arc  such  that 


:  v  *  •  *  t  iii ..  i  -  -  - 
t  J  *  *r  » 


r  S  3  ,n  <0P) 


If  we  how  form  a  linear  transformut tor. 
matrix  of  the  mode  vectors,  we  can  write 

is}  ,  iv]  (Si  (70) 

where  the  fth  column  of  iv)  is  the  rib  loOde 
vector  aiuj  the  rib  clement  of  (|t)  I*  the  cojfre- 
spending  normal  coordinate.  Differentiating 
&q.  (70)  twice,  we  obtain, 

f|>  *  (V)(fi).  (71) 

Substitute  Lqs.  (70)  and  (71)  into  (07)  and  pre- 
roulttply  by  !V!T  to  obtain 

CvIMuHvHjS)  <  !v!  (f?i  (Vjr(r)  (72) 

Now  from  the  orthogonality  property  (Eq.  (40)) 
ft  is  obvious  that 

v!r!«)  !vi  --  jVJ  (73) 


iV!r(lt)(v!  =  [K,]  ■  p*(j  (74) 

where  is  called  the  generaitred  mass  for 
the  rth  mode  and  Kt  is  called  th*  generalised 
stiff  ness  for  the  rth  mode. 

Substituting  Eqs.  (73)  and  (74)  Into  Eq.  (72), 
we  see  that  we  have  decoupled  the  equal  len*  of 
motion  into  independent  modes: 

<h!  •  fS!  =  iv!T!F>.  (76) 


The  set  of  independent  equations  (Eq.  (76))  can 
be  easily  solved  (or  Use  response  of  each  mode. 
The  response  in  the  physical  coordinate  can 

then  be  found  by  the  use  ::A  Eqs.  (70)  and  (71) 

For  the  case  of  light  damping,  Eq.  (76)  i* 
modified  by  a  velocity  coefficient  matrix  anal¬ 
ogous  to  the  stnglc-deeree-of-freodonj  viscous 
damping  term: 
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{K>  '  j Of)  t  {«**.]  in)  -  (v!Tirs. 
I  *  '  * 

(16) 


The  introduction  ol  the  velocity  depe&leai 
Urm*  in  tf-q.  (i«)  u  Justified  only  for  systems 
with  ’‘email"  physical  damping,  in  general,  the 
oaodil  4  Ansiormeiion  of  the  term  of  Eq,  (70) 
vrtll  fail  to  diagonal  ire  the  velocity  coeftlclen! 
tnJitrlx  for  the  damped  ay  stem  described  by  Bq. 
(87)  li  hay  been  shown  by  Caugfcey  [  7}  Uiii  if 
thf#  damping  matrix  of  Kq  (67)  is  di  agon  a)  teed 
by  the  #4tm*  transformation  that  uncouple#  the 
undamped  system,  then  the  system  poewsses 
"w  Ussiest"  normal  mode#.*  This  oondnion  is 
mat  if  the  damping  matrix  i#  a  linear  combina¬ 
tion  of  the  mas*  aavi  stiffness  nt*lrice»:t 


The  normal  mode  approach  to  solving 
forced-vibration  problems  baa  wide  application 
In  calculating  dynamic  loads  for  apace  vehicles. 
Typical  problems  are  longitudinal  response  at 
liftoff,  lateral  response  to  wind  gusts,  response 
to  maneuvering  loads,  and  the  like. 

To  complete  this  report,  the  methods  pre¬ 
sented  in  the  previous  sections  wore  applied  to 
Use  Case  of  a  Spies  vehicle  launched  during  a 

gyng^d  nr-‘*  i££54lftlid  gXcS’i  Ttiu  nuwij#ir 

was  limited  to  a  determination  of  the  lateral 
vibration  response  to  the  gust  toads  on  the  rc» 
attained  vehicle  and  ihu  e'icci  of  releasing  the 
hold-down  restraints  at  liitoii. 


tG5  *  alii]  .-  dig)  (77) 

where  a  and  »  are  constant#.  It  is  possible,  ol 
coarse,  to  use  the  complex  eigenvector#  (see 
Eu.  (W»  to  uncouple  the  damped  system.  How- 
ever,  as  has  been  previously  noted,  this  U  dif¬ 
ficult  and  ie#s  practical. 

To  demonstrate  the  transformation  Indi¬ 
cated  by  Kq.  (70),  Jet  u#  again  consider  the  dy¬ 
namic  system  shown  in  Fig.  i.  The  modal 
matrix  Is  formed  from  the  mode  vectors  calcu¬ 
lated  in  Iterative  Solution  tor  Eigenvalues. 

0  710332  -1  489288  j  7784S4 

(V)  »  »  102775  -0  853634  -4  249137 

y  .000000  I  000000  I  QCOQCO 


V  A*  dr  fitted  by  C*ughry  and  0*Kel  i-sy  (6)  ct»r«> 
catnorraii  rnodt*  *«*i  vt»»,  for  Jury  pariiou- 
isrmoda.rht  various  f>»rit  of  sh«  ayaUm  pa.s 
through  ihrir m'r'.iyr.um  puiot  a?  the  same  time. 
■fThii  r*»ult  i*  from  Lord  RsvUigh  f9) 


The  vehicle  silliness  rind  mass  distribution 
assumed  for  this  analysis  are  shown  in  Fig.  2, 
4nd  the  distributed  mass  was  tumped  ai  (he  ve¬ 
hicle  stations  indicated.  The  Appendix  presents 
a  formulation  of  the  ffl&thoinfclle&l  model  and 
eUHneee  matrix  fur  this  vehicle.  For  the  cap¬ 
tive  Phase  the  vehicle  was  assumed  to  be  canti¬ 
levered  at  station  1.  The  calculations  for  the 
normal  mode*  and  natural  frequencies,  pre¬ 
sented  in  Tables  1  and  2,  were  performed  on 
the  IBM  7090  digital  computer. 

The  first  (lye  cantilever  modes  and  fre¬ 
quencies  were  used  for  calculating  the  response 
ol  the  restrained  vehicle.  The  equal  tons  o<  mo¬ 
tion  corresponding  to  Bq.  (78)  were  written  and 
solved  on  the  IBM  7090,  using  a  numerical  inte¬ 
gration  routine.  The  generalised  force  if)  was 
expressed  as 

IF!  »  ic.if<t>  (78) 

where  fct>  describes  the  distribution  of  ihe  dy- 

namld  nff39»j?e  to  the  Y£*!*cis  Z*?-Z.IC^C .  'H’.e 

function  f(  t )  vas  assumed  to  be  a  wedge- 
shaped  gust  of  I -sec  duration,  superimposed 
on  a  steady  wind,  as  shown  la  Fig.  3.  The  dis¬ 
tribution  vector,  (c  *,  ii«  given  in  Table  3.  One 
percent  of  critical  damping  was  assumed  for 
each  ruode.  The  steady  wind  portion  ol  ffo  was 
neglected  for  the  caj*lvc  phase  because  it  does 
not  affect  the  acceleration  respenss.  The  ird- 
Hal  conditions  used  were 

M  :  «  .  ff  _  £  i?9) 

r  r  f  ' 

The  shear  and  bending  moment  at  the  jth 
station  were  calculated  by 


(liicxr)j  5  ^  Aj  (89) 
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where  v,  is  the  distance  from  Hie  ith  station  to 
the  till  station  anti  a(  is  the  Inertia  (ores  ai  the 
ith  station. 


The  results  presented  in  Figs.  4  and  5  indicate 
thatthe  Tensions*  ispredomlnantlyflrst  inode  and 
that  ineiusionof  additional  modes  is  unnecessary. 


For  the  liitolf  phase-,  the  first  live  eetni- 
deftnite  or  free -free  modes  were  used.  The 
zoro-lreeueney  modes  (representing  rtgtd  body 
uan^jatioo  and  rotation)  were  omitted,  because 
the  objective  was  only  to  investigate  the  vibra¬ 
tion  response  of  the  vehicle.  A  release  time  of 
2.25  see  was  chosen  based  on  maximum  Up  de¬ 
flection  during  she  captive  phase. 

The  initial  contlU.iooe  for  release  were  cal¬ 
culated  itom  the  terminal  conditions  of  the  cap¬ 
tive  phase.  The  terminal  velocity  in  terms  of 
the  free-free  normal  coordinates  is 
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table  3 

Dynamic  Pressure  Distribution 


Station 

c* 

Station 

c* 

Station 

C* 

1 

0.0988 
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0.0988 

n 

0.065?  [ 

2 

0.0988 

10 

0.0988 
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0.0868 
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0.0988 

11 

0.0988 
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0.0195 
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0.098? 
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0.0?21 
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0.0985 
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_ j 
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1.6826 ! 
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wher *  ‘i-„  ts  the  static  displacement  resolt- 
(85)  in£  from  the  wind  force  »i  2.25  sec  arw  was 

calculated  by 


Premuliiplylftg  by  !vfT(«5, 


'y*  K.'  (88) 


(V)TL45Hyf(,  J5)  =  !V)t{W]«VMM>(#1 


Or  rewriting 

(pi) 

<  s 


’ 1  £ VS  *  I 


U  ts  to  be  rioted  uta*.  alt  hough  the  steady 
wind  does  q<k  affect  the  velocity  and  acceler** 
tloa  response  of  the  system  or  the  dynamic 
bending  momenta,  it  does  contribute  to  the  de¬ 
flection  of  the  vehicle  and  to  the  total  energy 
stored  in  the  boid-dcwu  spring  ard  most  be  in¬ 
cluded  In  the  irtlii?)  conditions  for  liftoff.  The 
reipoosc  (Or  the  liftoff  jJhase  is  presented  for 
typical  stations  In  Figs.  8  and  7. 


Similarly  the  Ijdtlal  displacement  in  the  free- 
free  normal  caordiaaies  is 
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Bonding  moment  w« 
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Appendix 

STirFNESS  MATRIX  FORMULATION 

The  stiffness  matrix  (or  a  single  beam  ele¬ 
ment  u  giTeo  in  Ref  1 10]  te  1 
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The  above  mains  is  i ha  same  \h*i  giver,  ui 

»  «  ji  9^9^  tvi  lot:  imiiuBiwi  ui  nircat  uu  = 

formation  ;iofine«  by  a  above. 

The  vehicle  analyted  in  ihi.  r«{xiri  viu 
divided  Info  JO  beam  segments  and  21  mass 
stations  an  sLoanc  in  Fig.  2.  The  physical  prop¬ 
erties  (or  these  beam  segmema  are  Summa¬ 
rised  in  Table  A-l.  The  sntinesa  eionient*  lor 
each  beam  segment  ar<e  given  In  Table  A -3 

The  niiHnosa  matrix  for  the  connected 
beam  segments  ie  formed  by  adding  the  stiff¬ 
ness  element*  at  common  nod?  points  Till?  in 
shown  in  Table  A-3.  ITie  matrix  In  Table  A-3 
is  foi  Uie  (tee-free  vehicle.  Forihccanu- 
itTsrcU  cooditiofi  the  delteCUoa  ami  slope  at 
Station  1  aj-'c  both  ti>iu.  Therefore,  the  stiff¬ 
ness  matrix  for  she  cantilevered  vehicle,  is 
fOiinrS  by  simply  ctlminallng  rows  1  ami  2  amt 
columns  1  ami  2  from  the  free-free  matrix. 
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Ociun  Klsmenl  Physical  Properties 


Million  NO-. 

—r~ — -  ■  ■  "i 

I  ct  iib-in.'> ) 

±  —  .  -j 

r— ^ — — - 

Vtoitfu  (It» 

- - - 1 

CconliA^io 

i 

!  11.0  E10 

2800 

-  - - - — — — » 

0 

7 

11.0  EIO 

5000 

60  I 

3 

110  £50 

$000 

160 

4 

11  0  EIO 

5000 

ISO  1 

J 

11.0  EIO 

4000 

200 

e 

U-0  E10 

5000 

250 

7 

11.0  E10 

5700 

•500 

& 

H  O  EiO 

5000 

350 

r. 

V 

f  J  1.0  E  10 

s  000 

400 

10 

1  n  o  Eio 

5000 

i&O 

u 

C.5  ESC 

3250 

500 

12 

,  i>  &  1 0 

1500 

550 

13 

2  5  K10 

2250 

800 

M 

2.5  1510 

3000 

050  ! 

i  16 

2.5  EIO 

3000 

700  | 

18 

2  3  EIO 

3000 

750  ! 

!  Vi 

2  5  EIO 

3000 

ooo  1 

Hi 

18  E«0 

2000 

850 

19 

1.0  Eld 

1000 

900 

20 

1.0  K10 

1500 

950 

!  ?! 

!  0 

1 000  ? 

TAXU.S  A  ■) 

fi  1 tegwHn*  CiUlw*j»s  Elemeittu 


„ - r 

tlcain 

P 

• 

:>  |  :i  1 

, 

1.847468  R6 

4.118670  E7 

3.229888  B9  j  1.170333  E8  j 

2  ! 

1  847408  E8 

4  116670  87 

3  229869  K9  : 

-1.170332  15? 

3 

1  5474C8  E6 

4  113670  E7 

3.22966$  60 

-1.170332  S9  j 

4 

1. 847488  E6 

4.118670  E7 

3.229888  S3 

-1  170332  SB  j 

C 

1 .847468  66 

4  116670  £7 

3 220668  EG  i 

-1,170332  SG  ; 

«  ! 

1  847488  E8 

4.118870  E7 

3.229656  E9  | 

-1.170332  ES  j 

!  7  1 

1.647488  £8 

4.118670  S? 

3  229368  £9  S 

-1170333  KB  ! 

|  8  1 

1.847468  ES 

1.118370  E-* 

3,22956$  £9  j 

1.170332  £B  i 

o 

■’  :  *  IVV  f  V  O  * 

i:£47UVU  fjV 

l .  1 70332  r.$  ; 

10 

1.547466  E6 

4.1 16670  £7 

3  229688  £8 

-1  170333  K9 

11 

1,337705  E8  1 

3.344252  S3 

2  536065  E9  i 

-8.87.6244  E6  ! 

.2 

i  001730  bo  i 

2  5043  -15  E7 

1.536087  KO  j 

-3,338130  B6 

13  i 

7  058824  E5 

1  764706  £7 

9.4X1765  £8  ! 

-5.882352  £8  j 

H  ! 

7.056624  E3  i 

1.704705  67 

5  411166  £3  1 

-6.882352  £7  j 

15  ? 

7  058824  FS 

I.76470'l  1C? 

9.411755  «8 

-5  38235?.  K? 

SO 

7,056324  ES 

1.764706  E7 

u  411165  Eo 

•  5.832352  £7  j 

17  1 

7 05SS24  ES 

1.754  70S  £7 

D. 41 1 70S  SC 

-5,802352  S7  | 

18 

5.032353  £5  | 

1.270588  £7 

6  776470  £8  ‘ 

-4.23S3S4  S7  i 

to 

4  114236  E5 

1  028571  F.4 

4.571428  £6 

5  714266  £7  j 

20 

4.114283  55 

1.0285 VI  S4 

4  S71  42Ty  KS 

5  714288  £7 

X 


i09 


t ‘ABLE  A- St 


Vehicle  8tsittB&#a  Mmrtx 


k><  **\ 


J&JLJLJL.AJL  tJLJt^ k„lt}t..]&M~%L-%k  .  4«  fi.«j 


*► 

:o  | 
r 

U  ! 


**«» 

*  ?-  ? 

'A  <<$t 

-A*  <1 

-M 


JiJ _ 


?* 

'■9  **, 

•ft*.** 
^  M 


v*. 

&*  U 

»:t 

*a  At  St  *4 
-A.  >-v 

-JL  ^ 


jA  .  4  '/  1 
/  ‘  / 


uu 

■5PJ  >  T  ^ 
£> 


** 


?l 

-V*  c;w 
/*e  /* 

*<**  A* 

•  V,  A 


*0 


-  *S%*  *c<r>4 

'**»/**  W  ,*w 

-r^t*  Xh  k\»« 

'*h(\-U  A.t  Im 

*^v*?  *«' 

i,i  ?w 

'AQSWVi.J*^ 

-l*H*U*j»* 

^A  Sri  ^ 

*fot  **  *?Sfc  . 

"*-■*,# '4-.  £r*>  i  \4 

*«»  '•«}/, 

'*-*<?*•  acv  jf.-, 

*'>  ’  7  *•  ,*? 

.  — - — _ _ _ . _ _ _ _ _ _ _ _ -^»a>. 


DISCUSSION 

Mr.  J-ea&a  (Air  forae  Materials  Lab.);  i)ul  Mr.  Sowero:  Ye*,  I  did  h**«  damping.  it 

you  incorporate  <faaip4»g  iato  your  aquations  .V  caa  i  percent  modal  damping, 
motion  In  any  form  7 


.  — ».■  JSfTSt  I  * ^ 


a  nonfluid  velocity  damper 


WiJhxm  G-  Fhinneily 
Kaman  Aircraft 

DiviolOA  o;  Ha rn.i n  Corporatron 

Bloiinijifild,  Connecticut 


It  ta  !P4{  a  grooved  block  ritdtn&  Axially  to  two  dry  rotating  rhafis  acts  aa  a. 

velocity  damper  m  the  ixia!  direction.  The  effective  r r^ffic ;en>  of  damping  is  a 
inticttcr*  of  the  shaft  diameter,  shaft  spaed*  and  the  normal  force.  Through  expert- 
merits.  the  iii.il  force  is  found  to  correlate  very  closely  with  viscous  damping  and 
it  >*  found  poeeiote  to  reduce  the  damping  to  negligible  values  if  desired.  The  mis- 
irriuin  vsluua  of  viscous  damping  coefficients  obtainable  uith  fractional  friction 
horrrpow-er  are  sufficiently  high  to  cover  a  practical  range  of  small- specimen  lab¬ 
oratory  telling  experimental  meant  for  measurement  of  sliding  coefficient  of 
friction  and  spring  structural  damping  arc  .Hurt rated 

A  laboratory  rig  for  restraining  specimens  to  unidirectional  motion  will,  negligible 

resistance  v.  as  constructed  and  is  described  ir.  this  paper. 


NOMENCLATURE 

c.  Coefficient  of  velocity  (viscous)  damping 
in  the  axial  direction  (Ib-aec  in  ) 

d  Shaft  diameter  tin. ) 

e  Base  of  natural  logarithm 


'  Viscous  damping  ratio 

:sr»  Equivalent  Viscous  damping  ratio  of 
Structural  damping 

■*R  Natural  frequency  (rad/sec) 

Shaft  speed  (rad/sac) 


f#  Resistive  force  in  the  axial  direction  (lb) 

1,  Force  owing  to  Cool  mb  friction  (lb) 

i  Structural  damping  rtuto 

C  Arc  >iertiti'«i  owtn«  to  gravity  (366  lo- 
aecVin.) 

ii r  Horsepower 

. .  Shaft  sp*j ad  (rptn) 


TilEOSY 

.s  observed  f>y  TinjoahenJco  f  i.  that  a 
rotating  shaft  can  oscillate  in  the  axial  direction 
with  very  little  resistance  to  motion.  This  oc¬ 
curs  when  the  axial  velocity  to  small  compared 
wuh  the  taRgemtai  velocity.  Figure  f  chows  the 
forces  and  velocities  on  either  oi  the  straits  of 
Fig.  z.  The  force  ol  friction,  f,,  cuuet  be  in 
opposition  to  the  velocity,  the  frictional  force 
component  m  the  axial  direction  is,  therefore, 


s  Normal  force  (lb) 


T  T  rque  -  in  •  !*>} 

.  Axial  wi.  -city  (in  i  i r : 
Taisjert  h.ciiy  tut.  sec) 


-  feighi  -Lbj 


Ideally,  the  frtccio.nai  force,  F,  is  the  p.rcxfeet 
of  the  norma!  force,  n,  and  the  coefficient  of 
iricticiu,  ~ .  heiVven  the  slide.?  and  the  shsfte, 
if  the  tangential  velocity,  v( .  ie  much  greater 
than  the  axial  velocity,  v  ,  then 


Coefficient  of  slid  iv.  - r dry 
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Ftg.  1,  Force  and  velocity 
componeau  «u  shill 


This  amounts  to  nearly  furs  "viscous"  or 
veloeUy-proportionai  damping  to  Uic-  axial  di¬ 
rection  resulting  boa  dry  friction. 

Taking  ti*e  tsiigofiilal  velocity  as  coolant 
and  large  compared  with  the  axial  velocity,  it. 

Is  seen  from  Ka.  '1 5  that  the  nature  of  tin'  v<?- 
sisMr.’.g  force,  f,  >s  unm&tenal  providei.l  that, 
its.  laagiuiuti-e  is  Insensitive  to  small  changes 
in  velocity.  Any  j/XSHItO  f o.1  c v  of  s'ceistaner- 
(jor  exsifipH*.  v.scou.e,  vcloef ly  squared. 
Coaloaij  -  tv!  or  i  n  friction,  Mad  so  forth)  that 
oiseipaMe  energy  will,  unfieir  the  «*>ove  condi¬ 
tions.,  appear  as  velocity  damping  la  the  axial 
direction  on  a  a  haft . 

From  the  ploi  of  Bq.  Ci)  in  Fig.  3,  it  is 
seen  that  there  are  three  distinct  ragiorw  of 
'dMtti.ring  "  deptsiflmg  on  the  ratio  of  the  axial 
art),  the  tsngstvtial  velocities.  At  high  «, 
ratios,  the  axial  retil'Jtance  is  la  the  nature  of 
Coulomb-Morlii  friction,  The  wdaj  force  de¬ 
parts  noticeably  from  Coulomb  fricilc®  at  y,  v. 
of  about  6. 

Taking  the  derivative  of  £q.  ( Z >,  with  re¬ 
spect  to  v  gives  the  viscous  asm  ping  cceffi- 
Cienl 


F>g.  Grooved  fihdjr  on  va- 
vfcting  phalli'  will,  normal  force 
N  per  shaft 


In  the  plot  of  Eq.  (3),  Fig.  4,  it  is  seen  that  the 

axial  resistive  force  ie  within  6  percent  of  pure 
viscous  damping  when  the  axiai-to-tangenfiul 
velocity  ratio  is  20  percent  and  comes  within 
2  percent  of  pure  viscous  damping  when  the 
ratio  is  10  percent.  The  region  of  vm  v,  below 
about  20  percent  may  be  considered  as  velocity 
damping  and  the  region  between  o  2  •  *t  »,<so 
as  a  '“transition  zone." 

Taxing  the  v,  > ,  ratio  of  0.30  and  belo«  as 
the  region  of  velocity  damping,  one  may  tie  - 
scrHhe  the  maximum  accelerations,  for  various 
frequencies  of  sinusoidal  motion  and  various 
t.gaf’ft?iiiai  velocities,  as  which  the  axial  resistive 
force  is  vfii-it: finally  velocity  damping.  This  is 
shown  in  Fig.  5  for  an  arbitrary  1-iu.  diameter 
shall.  The  ordinate  values  of  rig.  5  increase 
Uacariy  vrii?.  shaft  diameter. 


An  approximation  to  she  minimum  power 

required  to  produce  a  given  magnitude  ol  axial 
vi?.. was  damping  is  given  by  the  shaft  speed  and 
friction  torque, 
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Fig.  t.  Axicti -iaagcutiii  force  ratio  v$  vetociiy  ratio 
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Fig.  ■».  Ai  low  ixjai-io-Unger.t'.j!  vciociiy  ratio,  the  axial 
rrst stave  force  is  of  the  nature  «_»f  velocity  damping 


A  plot  of  £q.  (-i)  for  a.  1-m.  diameter  shaft  ts 

ShOw*:!  !P.  Fig, 

cK.  -  ■  ; 


lYip'lfiSOVi  Ol  i  .  y  i\fK3  i 

horsepower  is  sufficient 


to  cover  the  range  or  damping  coefftcieni 
needed  ip.  most  small -specimen  laboratory 


EXPBRrMKNTAL  DEVICE 

The  device  shown  m  Fig.  8  was  constructed 
to  test  the  theoretical  conclusions,  particularly 
the  conclusion  that  axial  motion  is  velocity 
-.tamped.  The  test  device  consists  of  two  parallel 


1U 


mods!,  shown  in  Pig.  9,  had  counterrotating 
8 halt e  geared  together. 

The  motor  speed  was  controlled  try  a  com¬ 
mercial  electronic  speed  adjuster  and  the  aha!: 
speed  w is  monitored  by  feeding  a  etgnal  from 
a  magnetic  pickup  to  an  oscillograph.  The 
magnetic  pickup  signaled  once  per  revolution 
as  a  steel  screw  cm  the  ehalt  coupling  passed 
the  pickup  head.  The  sliding  block  was  fitted 
with  bronze  bushings  that  fit  freely  on  Use 
0.327 -in.  diameter  steel  shafts. 

Substantial  static  friction  was  observed 
with  the  shafts  not  turning,  With  Use  shafts 
rotating,  all  static  friction  disappeared,  a» 
would  be  expected,  and  no  static  angle  of  repose 
could  be  measured.  When  one  end  of  the  test 
device  was  displaced  from  the  horizontal  by 
ev«o  a  few  thousandths  of  an  inch  in  a  foot,  the 
slider  block  translated  to  the  lew  side;  it  had 
the  sensitivity  of  a  carpenter*#  bubble  level. 


oot-* 


Fig.  6.  Damping  coctficicm  in  axial  direction 
os  1-ic.  diameter  shaft  a*  a  function  of  fric¬ 
tion  horsepower  and  rpm 


Jig.  5>.  kfiiimuiiv  acceleration  for  velocity 
damping  or.  1  .in.  diameter  shift* 


shafts,  one  of  which  is  driven  by  a  l/15th  horse¬ 
power  universal  electric  motor  and,  in  turn, 
drives  the  other  shaft  either  by  a  toll  connection, 
as  shown  in  Fig.  8,  or  by  gearing.  The  modtited 


To  obtain  accurate  measurements  of  the 
axial  resistance  to  motion,  the  sliding  biock 
■was  axially  restrained  by  springs  preloaded  in 
compression,  as  shown  «n  Fig.  9.  A  velocity 


Fig.  I  Critical  damping  coefficient  v* 
weight  and  natural  frequency 

transducer,  reading  in  the  axial  direction,  was 
titled  to  the  sliding  block  and  its  signal  fed  to 
an  oscillograph. 

With  the  shafts  rotating,  the  block  was  dis¬ 
placed  lroai  Its  neutral  position  and  suddenly 
released.  A  typical  decay  curve  is  shown  in 
Fig.  10. 

Because  the  block  oscillates  axially,  going 
through  zero  velocity  twice  per  cycle.  Coulomb 


damping  effects  will  be  observed  in  th*  decay 
curve  only  if  the  maximum  vibratory  velocity 
in  the  axial  direction  ts  very  high  compared 
with  the  tangential  velocity,  lei  say  kk>  times; 
then  the  energy  dissipated  per  cycle  U  approx¬ 
imately  by  .  This  behavior  of  the  decay 

curve  is  of  little  in*  'weet  in  this  lnresugiaon. 
The  low  rale  of  d:  m  the  initial  stages  of 

the  experiment  si  t.  ace  shown  in  Fig,  10  results, 
in  the  ms'n,  from  bottoming  of  the  moving  ele¬ 
ment  in  t  i  transducer  and  that  section  of  the 
irate  can  be  ignored.  The  high  frequency  evi¬ 
dent  in  She  trace  in  Fig.  10  is  60  Ha  and  Is 
caused  by  electrical  noise. 


experimental  approach 

Vibration  decay  traces  were  recorded  for 
free  motion  oi  blocks  carrying  various  weights 
and  at  various  shaft  rpm.  Figure  11  shows 
plots  of  successive  normalised  peak  amplitudes 
{numbered  as  shown  la  the-  uxset)  for  four  val¬ 
ues  of  shaft  rpm,  the  natural  frequency  of  the 
slider  block  against  Its  springs  is  12. 5  Ha  In 
Fig.  11.  The  cycles  on  the  abscissa  are  sequet- 
tially  numbered  from  an  arbitrary  reference 
cycle  occurring  early  in  the  time  history  after 
the  transducer  element  had  ceased  bottoming. 

The  expected  pattern  ol  successive  maxi¬ 
mum  amplitudes  for  pure  velocity  damping  is  a 
straight  line  on  6emilogarithmic  paper,  as 
shown  by  Den  Hartog  (2j,  for  example-  The 
negatively  eloped  lines  about  which  the  test 
points  cluster  in  Fig.  11  are  least  squares  lines 
of  regression  {3.4).  it  Is  readily  shown  that  the 
statistically  best  value  ol  viscous  damping  ratio 
for  h  measured  neats  each  of  amplitude  Y„  ai 
chronological  peak  number  n  is  given  by 


for  a.  plot  on  (cc~rr.on)  (wmite-garithnisc  paper 
The  du&pi&tt  r*Uo  i*  the  dope  of  the  line  of 
o*  Mmllof  paper,  divided  by 

'=  !o*ti  «  • 

The  coefficient  of  correlation  [3,4]  of  the 
data  to  pure  viscous  damping  is  given  by 


<e> 


With  the  shifts  not  rotating,  the  siider 
Mock  wsjb  initially  displaced  ipprcalmaieiy  the 
•ame  amount  as  in  the  rotating  shift  cases, 
tybtu  Svddvrujr  releafdd,  the  block  motion  de¬ 
eded  to  absolute  rest  in  about  three  cycles. 
Such  rapid  and  absolute  decay  is  expected  with 
drJifricUoh  and  darkly  contrast*  with  the  per- 
fomance  on  rotating  shaft  a. 
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Tig.  V.  Modified  laboratory  test  device 
Ehov,inE  restraining  springs 
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Fig.  10.  Typical  decay  of  free  axial 
vibration  on  test  device  showing 
viscous  damping  decay  envelope 
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The  decay  decrement  per  cycle  under 
Coulomb-Morm  friction  is  a  constant  a*  shown, 
lor  example,  by  Jacobsen  and  Ayro  (5).  with 
the  weight  ol  ihe  block  providing  the  normal 
force  the  free  vibration  decrement  per  cycle  la 
given  by 


r'.'tirp nir vr-r  X  :  rv  a  rsi  s 

yArnituncni  unm 

HeSyllS  ol  Some  tests  with  rotating  shatis 
are  shown  in  Table  1.  The  eoefiTeients  ol  cor¬ 
relation,  calculated  using  iho  data  of  Fig.  II, 
are  ail  sufficiently  high  Uiai  it  may  be  concluded 
that  the  resistance  to  axial  motion  is  pure  ve¬ 
locity  damping,  Although  the  data  correlates 
very  weii  with  a  curve  representing  viscous 
damping,  the  magnitude  of  the  measured  damping 


railo#  are  not  reasonably  close  to  that  which 
»ouid  be  predicted  from  Eq.  (?)  above;  tfisl  la 
the  damping  ratio  for  a  aysiero  wiih  a  given 
natural  frequency  docs  not  vary  inversely  as 
the  shaft  rpci.  This  Is  shown  by  Fig,  If  in 
Which  the  dsrapSfig  ratios  of  the  12.5 -Ha  sys¬ 
tem*  of  Tabic  1  appear  to  approach  a  finite 
damping  railo  asymptotically  at  high  rptn. 

It  may  be  hypotheitred  ihai  the  existence 
of  this  asymptote  results  from  structural 
damping  in  the  springs  {$ j.  Because  the  nor- 
mat  force  is  simply  tr.a  weight  oi  the  sliding 
block,  the  critical  damping 


c  ,  —  « 

*  g  ** 

Dividing  £q.  (2)  by  Eq.  (6)  give# 


TABLE  1 

Correlation  of  Test  Data  with  Velocity  Damping 


Natural 

Frequency 

(Ha) 


Damping 

Coefficient  of 

Ratio 

Correlation 

(%) 

(%) 

1.39 

N.A.  “ 

1.70 

91.04 

i.eo 

99.53 

1.72 

94.65 

i  T9 

90.35 

4. 29 

99.64 

k  -  iwXpcriniefitdiiy 
tiu*  ipcrccru  xnuc^li 
d  list  of  rrgrcssioc* 
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Bus  tti?  dtsipiisg  coaificleei  fccluAlly  meiLfjxcu. 
it,  :*  tbe  bie  «  tiis  mac  own  camping  given  oy 
(?)  and  oM-Ua.il  tM  itrucbu'ai  bumping,  «, 
lor  am&i!  *r*>.n*s  of  *tt»ctur*.i  damping,  br-saasc 
the  dl»»lpsHaa  of  energy  through  by  .derails  la 
the  sprlngr  acta  Independently  of  and  in  addition 
to  the  aaiai  velocity  damping.  It  follow*,  there¬ 
fore,  t hit  th«  squitioct  ler  the  measured  damp¬ 
ing  ooelficlerU  at  low  v,  v,  ratios  is 


**irc  I  l  \  t 

W) '  T 


uo> 


(1!) 


for  eoMtaiu  natural  frequency, 


TM  conatant  ■  is  caknown,  lwc.au**  the 
irlCiiOu  cswUlcitot  v,  is  vsiiiujown,  ana  the 
•trwiifrsl  dhmpicg  cMfflcteia  t*  unknown. 

From  tbe  adtmlivdiy  limited  data  of  Pie.  12  tie 
Btsu*tic*Uy  beat  vahics  of  the  unknown  con- 
■iaswtMnay  bw  deteroaioed  by  * 
tit;  tM  tbe  partial  derivative  of  Die  sum  of  the 
squares  oi  the  dlilerence*  wsureon  uio  measured 
value*  of  Fig.  12  and  tht  ideal  value  \m,  with 
rasped  to  1^,,  equ=sl  to  aero,  and  the  similar 
partial  derivative  srtth  reaped  to  the  constant  » 
equal  to  sere,  and  solve  for  «  and  ’.irs  Thin 
calculation  yield*  (sr*  •  1.20  percent  or  *  *  2,1 
percent.  The  value  for  <  thus  obtained  Is  rea¬ 
sonable;  Soroka (6]  stales  that  t,  in  tbe  absence 
of  deliberate  dstopfng,  should  Ue  in  the  neigh¬ 
borhood  of  2  to  4  percent.  It  may  therefore  he 
eoiKioded  that  the  asymptote  is  a  result  of 
structural  dsyupl&g. 


Salving  lor  the  ccaslaai  *  and  substituting 
the  values  of  «  and  tSIJt  Into  £q.  (It),  the  ana¬ 
lyst  may  plot  the  soild  line  curve  oi  Pig.  i2  as 
the  U&e-  of  regression.  The  t-yufiJ-itx;  of  the  lino 
of  resfj-ewtott  Is 


igg 

re* 


0  0110 


(12) 


(or  a  system  ol  MluxiU  (rsqyehsy  o(  12.5  Hi 
EqueLlon  (9),  for  i?.5-Hr  natural  frequency  srv) 
a  nnan  dtiigtiir  of  0.317  In.,  trtvea 


;  02S  31  1 

f„  rpo 

from  which  it  la  seen  that 

<„  ff»  , 

>  !  ‘  ?«.  3?  ‘ 

or 


(13) 


(14) 
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(Or  a  12.5-liz  nishrrd  jTsqoency.  Subtracting 
the  viscous  damping  ratio  owing  to  structural 
camping  from  the  calculated  damping  ratio 
in  £q.  (12)  (the  lino,  of  rcgicseion)  give*  the 
actual  viscous  damping  ratio,  t  ,  as  listed  in 
Table  2.  Substituting  the  values  od  t,c,  for  ; 
in  Eq.  (H),  one  obtains  the  owftlcioilU  of  fric¬ 
tion  shown  in  Table  2.  It  will  t»o  noted  that  the 
caicjil&iious  o'  the  c«.>ui.cieoi  oi  trictiaa  are 
reasonably  consistent  and  agree  favorably, 
within  6  percent,  of  the  value  o'  0.152  given  by 
Kent  (7)  lor  bronze  on  steel. 

APPLICATION 

To  confirm  analytical  predictions  of  the 
performance  of  8  vibration  device  it  is  often 
necessary  to  shake  in  one  principal  direction, 
and  no  other,  in  which  the  resistance  to  motion 
is  ideally  zero.  It  was  to  approximate  these 
conditions  in  laboratory  testing  dial  the  device 
shown  tn  Fig  13  was  constructed. 

Two  If  -shaped  elldcrs  are  used;  the  lelt 
sijder  in  Fig.  13  is  the  Input  and  is  shown  at¬ 
tached  to  a  shaker.  Tlie  slider  to  the  right 
bolds  the  "output”  mass.  In  Fig.  13,  a  dynamic 
anUa  eeonanl  vibi  -dion  Isolator,  nW«j  between 
the  input  and  output  sliders,  ts  under  tesi.  The 


TABLE  2 

Calculation  Of  FrlCtlOii  Coefficient  from  Dynamic  Teel  Dai  a 


j  ftpm 

L__ 

So 

(com  Line  o( 
Rccressioa 

...  <%1 

Natural 

Frequency 

(H*) 

j 

Coefficient  ■ 
of  Friction  i 

->  : 

■1020 

0.357 

12.5 

OHO  ! 

,  WiV 

V.  UV  i 

j  1600 

0  c7o 

i‘*.5 

0.142  1 

j  495 

2.09 

12.5 

0.140  i 

j  390 

£.66 

.  — 

u_ 

°-U0  J 

16 
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Tig.  I)  One-hp  luboraiary  tig 


fih&Afi  are  1-1/2  in  in  diameter  and  31  m,  long 
and  aro  drivon  by  a  1.00  hp  motor  through  right- 
angle  gearboxes,  1725  rpm.  A a  the  testa  were 
conducted  at  vibratory  accelerations  of  less  (ban 
1/2  g  on  systems  with  natural  frequencies  be¬ 
tween  4.7  and  15.0  Hz  the  axial  resistance  to 
.motion  was  pure  viscous  damping-to -ground  s&d 
o(  such  a  small  value  that  it  could,  for  most 
practical  purposes,  be  ignored 

Characteristic  of  rotating  machinery,  a 
noise  problem  had  to  be  dealt  with,  the  pre¬ 
dominant  oxtrara'Cys  signal  whs  at  the  I i 


ol  Shalt  rotation  which  male  11  «aoy  to  dis¬ 
criminate  and  safer  Satan  gear  tooth  fis- 
oeoocy  noise  umi*  evident  Hqum?,  or  wodusirati 
signal*.  is  particularly  troublesome  w&en  leads 
in  the  ms  mediate  region  of  s«U  resonance  are  of 
tar'.mary  caacern,  as  was  the  ca,®e  with  touch  of 
the  experimentation  at  Kaaiaii  iu  which  this 
machine  was  vsed  However,  the  probieru  was 
not  so  severe  that  it  coo/d  cot  be  lived  with 
even  without  filters  and,  estop*  in  the  near 
vicinity  of  the  rotslUMUll  frequency,  it  w--*a  jx*J  * 
sibU*  to  tun?  suitir£soaancfr3  wtib  t  traastais- 
sibitily  as  low  as  0  (HSS  percent 
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THE  DYNAMIC  RESPONSE  OF  LINEARLY  VISCOELASTIC 
CYLINDRICAL  SHELLS  TO  PERIODIC  OR  TRANSIENT  LOADING 


Eugene  A.  Fitzgerald 
Missile  and  Space  Systems  Division 
McDonnell  Douglas  Corporation 
Santa  Monica,  California* 


The  development  in  recent  years  of  polymeric  materials  with  improved  energy  absorption 
characteristics  has  led  to  an  increased  interest  in  the  use  of  these  materials  as  coatings 
or  shear  layers  providing  viscoelastic  damping  for  the  structure.  This  paper  reports  the 
results  of  an  investigation  that  extended  the  previous  work  by  other  authors  (on  beams, 
plates,  and  axisymmetrically  loaded  shells)  to  nonsymmetrically  loaded  cylindrical  shells 
with  a  more  general  class  of  cross  sections.  The  various  configurations  were  evaluated 
for  response  to  random,  harmonic,  and  impulsive  loads  using  the  well-known  modal- 
displacement  summation  technique.  In  addition  to  obtaining  equations  and  numerical  re¬ 
sults  for  cylindrical  shells,  results  were  also  found  for  a  dynamic  correspondence  prin¬ 
ciple  for  damped  structures,  and  a  transverse  shear  correction  factor. 

The  numerical  results  obtained  led  to  the  following  conclusions:  (a)  Even  large  amounts 
of  damping  are  ineffective  in  reducing  the  peak  response  to  an  impulsive  load;  however, 
ringing  at  later  times  may  be  significantly  reduced,  (b)  The  addition  of  viscoelastic  lay¬ 
ers  produces  a  significant  reduction  in  response  to  broadband  and  near-resonant  har¬ 
monic  loads,  (c)  Constrained  and  unconstrained  layer  treatments  show  about  the  same 
effectiveness. 


INTRODUCTION 

In  recent  years,  the  addition  of  viscoelas¬ 
tic  coatings  or  viscoelastic  layers  to  increase 
the  damping  in  structures  has  become  increas¬ 
ingly  attractive.  Also,  there  Is  a  natural  desire 
to  take  advantage  of  the  presence  of  viscoelastic 
materials  that  have  already  been  added  for  other 
reasons,  such  as  insulative  or  bonding  purposes, 
but  whose  contributions  to  structural  damping 
have  hitherto  been  ignored.  As  a  result,  some 
analytical  methods  have  already  been  developed 
for  the  rational  analysis  and  design  of  the  mul¬ 
tilayered  constructions  which  are  prevalent  in 
viscoelastically  damped  structures.  In  a  few  of 
the  simpler  structures,  such  as  beams  and 
plates,  some  first  attempts  at  optimization  have 
been  made.  However,  shells  with  viscoelastic 
layers  have  not  yet  received  comparable  atten¬ 
tion  and  the  literature  on  viscoelastically 
damped,  multilayer  shells  appears  rather  re¬ 
stricted,  especially  in  comparison  with  the  ex¬ 
tensive  literature  on  elastic  shells  and  elastic 


shell  vibrations.  Most  of  the  efforts  In  visco¬ 
elastic  shell  analysis  has  been  devoted  to  the 
development  of  governing  equations  and  to  a 
qualitative  investigation  of  the  motion. 

Baylor  and  Oberndorfer  derive  equations 
for  the  quasi -static  response  of  cylindrical 
sandwich  shells  [1,23-  Sclpio  has  done  the  same 
for  other  homogeneous  cylindrical  shells  [3]. 
For  homogeneous  cylindrical  shells,  Librescu 
and  Grigolyuk  found  frequency  equations,  but 
did  not  generate  numerical  results,  while 
others  considered  axlsymmetric  wave  propa¬ 
gation  [4,5]. 

Damping  factors  or  loss  factors,  as  well 
as  frequencies,  have  been  found  for  a  few  cases. 
Blot  has  considered  the  correspondence  between 
elastic  and  viscoelastic  shell  motions  [6]. 
Bieniek  and  Freudenthal  have  considered  a 
three -layer  cylindrical  shell  with  transverse 
shear  effects,  valid  for  a  stiff  core  [7].  Yu  has 
developed  a  set  of  equations  for  three-layer 


♦This  work  was  done  at  the  Virginia  Polytechnic  Institute,  Blacksburg,  Virginia,  in  partial  satisfac¬ 
tion  of  the  requirements  for  the  Ph.D  in  Engineering  Mechanics. 
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shall*,  including  transverse  shear  effect*  like 
Bisniek'a  bu!  probably  valid  lor  slightly  thicker 
shell*  'Which  he  used  to  (tod  damping  parame¬ 
ters  for  a  sandwich  cylinder  [8],  Halle  has  de¬ 
veloped  9  more  general  shell  theory,  with  a 
somewhat  different  accounting  lor  transverse 
shear,  valid  for  a  stiff  core  that  was  uBed  to 
find  a  lew  frequencies  and  loss  factors  for  a 
shell  similar  to  that  of  Yu's  [8],  Salerno  and 
Jones  have  used  Yu  *3  equations  to  examine  two 
damped  cylindrical  shell  configurations  under 
resonant  loading  [10]. 

Differential  equations  similar  to  those  of 
Yu  are  used  in  this  paper  (with  a  changed  treat¬ 
ment  of  the  transverse  shear)  to  find  loss  fac¬ 
tors  and  frequencies  for  selected  cylindrical 
shells.  In  addition,  the  effectiveness  of  the 
damping  in  reducing  response  to  transient  or 
random  loads  is  considered. 


THE  VISCOELASTIC  SHELL 
PROBLEM 

A  general  correspondence  theorem  exists 
for  viscoelastic  solids  which  guarantees  that, 
under  certain  not-too-restrtctlve  conditions, 
the  solution  tor  the  response  of  an  elastic  body 
(called  the  associated  elastic  body)  will  be  the 
Laplace  (or  Fourier)  transform  of  the  solution 
for  the  response  of  a  corresponding  viscoelas¬ 
tic  body.  For  harmonic  motion  this  general 
correspondence  theorem  can  be  applied  to  get 
a  particularly  convenient  result,  as  follows: 

If  and  only  if  correspondence  exists, 
then  classical  uncoupled  normal  modes 
exist  in  the  viscoelastic  solid  and  are 
identical  to  those  of  associated 
elastic  solid.  Furthermore,  the  natu¬ 
ral  frequencies  and  logarithmic  decre¬ 
ments  of  the  motion  in  the  viscoelastic 
body  can  be  found  from  the  natural  fre¬ 
quencies  of  the  elastic  body  by  an  al¬ 
gebraic  relation. 

Also,  because  the  normal  modes  form  a  com¬ 
plete,  orthogonal  set,  loads  sum  initial  conditions 
esm  be  represented  in  a  Fourier  series  of  these 
modes,  and  both  transient  and  steady -state 
forced  motion  problems  can  be  solved. 

For  the  cases  in  which  correspondence 
docs  exist,  it  can  then  be  seen  that  the  central 
problem  in  viscoelastic  shell  analysis  changes 
from  that  of  finding  the  response  of  the  visco¬ 
elastic  body  directly,  to  that  of  finding  the  nor¬ 
mal  modes  and  natural  frequencies  of  the  as¬ 
sociated  elastic  problem  and  performing  the 
algebraic  manipulation  necessary  to  extract 


natural  frequencies  and  damping  factors  from 
the  natural  frequencies  ol  Ihe  elastic  systems. 

A  direct  attack  on  the  viscoelastic  problem 
can  be  made  whether  correspondence  exists  or 
not.  It  ts  likely  to  be  very  difficult  to  get  a 
meaningful  solution,  however,  unless  corre¬ 
spondence  exists  (whether  one  takes  advantage 
of  it  or  not)  and,  indeed,  In  not  one  of  the  cited 
papers  is  there  a  deliberate  lack  of  corre¬ 
spondence. 

Because  of  the  greai  variety  of  elastic 
vibration  problems  that  have  been  solved,  it 
may  appear  that  solution  ol  the  associated 
elastic  problem  either  has  already  been  done 
or  is  very  straightforward.  In  actual  practice, 
this  does  not  usually  turn  out  to  be  the  case 
because  the  viscoelastic  layers  that  are  added 
for  damping  are  usually  relatively  soft  and 
flexible  with  elastic  moduli  of  perhaps  only 
l/10th  to  l/10,C00th  of  those  of  a  metallic  sub¬ 
structure.  Therefore,  In  many  cases  additional 
deformations  such  as  transverse  shear  and 
transverse  normal  strain,  which  are  neglected 
in  the  classical  elastic  theories,  must  be  taken 
into  account. 

To  summarize  briefly:  The  viscoelastic 
shell  problem  in  many  cases  can  be  reduced  to 
the  following: 

1.  Establishment  of  correspondence  be¬ 
tween  the  viscoelastic  problem  and  an  associ¬ 
ated  elastic  problem. 

2.  Solution  of  the  associated  elastic  prob¬ 
lem  for  normal  modes  and  natural  frequencies. 
(This  may  require  development  or  adaptation 

of  differential  equations  containing  higher  order 
approximations).  Tide  is  likely  to  be  the  most 
difficult  step  In  a  dynamic  viscoelastic  shell 
problem. 

3.  Algebraic  manipulation  of  the  natural 
frequencies  of  the  associated  elastic  problem  to 
get  damping  factors  and  damped  natural  fre¬ 
quencies. 

4.  Application  of  the  results  of  the  above 
to  a  series  of  problems  witn  different  geome¬ 
tries,  loads,  and  so  forth,  to  develop  insight  into 
the  response  and  to  find  optimum  designs. 


THEORETICAL  CONSIDERATIONS 

The  existence  of  a  correspondence  between 
the  solutions  of  dynamic  elastic  and  viscoelastic 
problems  has  been  noted  in  the  Introduction  as 
the  key  to  the  solution  of  a  great  many  viscoelastic 
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structure  problems.  Several  correspondence 
principles  have  been  stated  for  different  classes 
of  motion  or  systems. 


differential  spatial  operators,  respective!;,  and 
11  is  even,  then  normal  modes  and  solutions  of 
the  type 


A  very  general  correspondence  principle 
for  the  free  vibrations  of  a  viscoelastic  solid 
nas  been  stated  by  Fisher  and  Leltman  [11]. 

The  existence  of  uncoupled  normal  modes  In 
damped  systems  was  considered  by  Rayleigh 
who  stated  conditions  sufficient  for  their  ex¬ 
istence  in  discrete  systems  [12],  These  results 
were  generalized  by  Caughey  and  O 'Kelly,  who 
were  also  able  to  state  both  necessary  and  suf¬ 
ficient  conditions  for  existence  of  normal  modes 
In  second  order,  viscously-damped,  continuous 
systems  [13,14],  In  this  paper,  their  results 
are  extended  to  include  viscoclastically  damped, 
nth  order  systems. 


y(X.t)  =  ♦(*)  el“*1  (2) 

will  exist,  if,  and  only  If 

a.  The  damping  operator  la  a  linear  com¬ 
bination  of  the  stiffness  and  mass  operators, 
that  is, 

[Im(Zi(i“)nLn)j  ‘  ajRe(E(‘")"Ln)]  +b“JM.  (3) 

b.  The  damping  operator  is  commutative 
with  the  stiffness  and  mass  operators,  that  is, 


The  correspondence  principle  itself  can  be 
stated,  in  a  form  slightly  different  from  that 
given  by  Blot  [6],  as  the  following: 


The  stresses  and  displacements  of  the 
transformed  viscoelastic  problem  corre¬ 
spond  to  those  of  the  associated  elastic 
problem  If  and  only  if  the  normal  mode6 
ar  e  identical. 


Existence  conditions  can  be  stated  as 
follows: 


1.  Normal  modes  exist  in  a  nonablating 
viscoelastic  solid  with  nondlsslpative  boundary 
conditions,  and  they  are  identical  to  those  ol  the 
associated  elastic  solid,  if  one  of  the  following 
is  true : 


a.  The  viscoelastic  material  has  a 
homogeneous  relaxation  spectrum,  that  is,  the 
loss  factors  are  the  same  In  dilatation  and 
shear,  which  for  isotropic  materials  requires 
Poisson's  ratio  to  be  constant  [11]. 

b.  The  motion  is  purely  solenoidal  or 
purely  dilatational. 


[go  (£<i<.)"Ln)]wl  [im  (£o->"»-n)] 

•-  [l*  (E  <H*n)V‘  |Re  (£(io,)"Ln)] 

(4) 


and  the  boundary  conditions  for  the  stiffness 
operator  are  derivable  from  those  on  the  damp¬ 
ing  operator  or  vice  versa. 

c.  The  body  Is  homogeneous  and  the  bound¬ 
ary  conditions  on  the  stlffnesB  operator  are 
derivable  from  those  on  the  damping  operator 
or  vice  versa. 

As  an  example,  we  can  consider  the  Timoshenko 
beam .  The  governing  equation  for  the  Timoshenko 
beam  with  rotatory  Inertia  is 
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c.  A  product  solution  is  known. 

d.  The  damping  is  light  and  the  natural 
frequencies  of  the  associated  elastic  body  are 
well  separated. 

2.  For  bodies  for  which  tire  equations  of 
motion  can  be  rsduced  to  a  single  partial  dif¬ 
ferential  equation  of  the  type 
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Let 


and 
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y  =  <«x)  <■ 

E*  -  E(1  +  it),) 

G*  =  0(1  *  > e,) 


(6) 

(7) 

(8) 


and,  noting  the  undamped  natural  frequencies 
as  „0,  and  the  damped  natural  frequencies  as 
•»,  where 


(0) 


where  L  and  m  are  complex  and  real  partial 


upon  substitution  into  Eq.  (5)  and  separation 
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into  real  and  imaginary  parte,  it  ie  found  that 
the  real  parts  y'eld 
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and  the  Imaginary  parte  yield 
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Both  equations  must  be  satisfied  for  all  values 
oi  x.  Assuming  that  one  of  the  equations,  let 
us  say  Eq.  (10)  has  been  solved  for  the  eigen¬ 
values  and  eigenfunctions  that  satisfy  it,  then 
a4*/3*4  can  be  found.  Upon  substitution  for 
34<*>/3x4,  Eq.  (11)  becomes 
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4  48Jw0J  (j),  Hjj)  *  48w0wJ(l  -  Ui’lj)]  J  <t>  ■  (12) 

M  i),  =  i;3,  then  both  the  coefficient  of 
aty/Ox1  and  will  be  zero  (for  2S^0  =  v*1),  so 
this  equation  Is  always  satisfied-  Of  course, 
from  the  general  rule  given  by  the  Fisher - 
Leitman  equation,  Eq.  (11),  this  was  anticipated 
[1].  ii  the  loss  factors  arc  not  equal  then  the 
eigenfunctions  In  Eqs.  (10),  (11),  and  (12)  will 
be  the  same  only  If  the  boundary  conditions  are 
compatible. 

To  determine  the  compatibility  of  the  bound¬ 
ary  conditions,  Eq.  (12)  Is  written  as 


W  -  Pf/t'  ■ 


(13) 
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•<P(a)  =  il>(b)  =  0  .  (14) 

Then  from  Eq.  (13) 
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Similarly  If  ■r'(n)  =  C,  then  /."( o j  must  equal 
zero,  and  so  on.  In  particular  it  can  U>  seen 
that  fixed-fixed  beams,  free-free  beams,  or 
cantilevered  beams,  do  not  have  compatible 
boundary  conditions,  while  a  simply  supported 
beam  does.  Because  the  mode  shapes  of  a 
simply  supported  beam  are  known  to  be  sinus¬ 
oidal,  Infinite  beams  with  sinusoidal  waves  will 
also  have  dynamic  correspondence. 

This  result  is  of  some  importance  because 
it  shows  that  moBt  theoretical  analyses  cor¬ 
rectly  assumed  correspondence,  as  they  were 
done  for  simply  supported  or  Infinite  beams, 
while  most  experimental  results  usually  have 
at  best  only  approximate  correspondence,  as 
they  are  done  with  cantilevers  and  free-free 
beams. 

Difficulties  with  lack  of  correspondence 
(although  not  labeled  as  such)  have  arisen  in 
elasticity-type  solutions  in  which  sinusoidal 
modes,  in  all  relevant  directions,  could  not  be 
assumed  a  priori.  Biot  and  Pohle  suppressed 
any  coupling  by  assuming  light  damping,  but 
Herteiendy  and  Goldsmith's  report  is  unclear 
regarding  the  approximation  they  used  [15,16], 

Based  upon  a  limited  series  of  experi¬ 
ments,  and  an  otherwise  commendable  analysis, 
DiTaranto  and  Blasingame  have  concluded  that 
the  damping  factors  of  a  beam  do  not  depend 
upon  the  boundary  conditions  [17,18].  Their 
error  results  from  assuming  that  there  will  be 
at  least  one  real  eigenfunction  for  any  beam, 
but,  as  we  have  shown  above,  there  are  none 
except  for  simply  supported  beams.  Therefore, 
DiTaranto  and  Blasingame  have  assumed,  in 
effect,  that  at  least  one  eigenfunction  is  sinus¬ 
oidal.  Ruzlcka  handles  nonslmply  supported 
boundary  conditions  by  assuming  sinusoidal 
mode  shapes  and  light  damping,  which  gives  the 
same  result  as  in  Ref.  [17],  but  in  a  more 
straightforward  way  [19]. 

For  reasons  related  to  experimental  tech¬ 
nique  almost  aii  tests  have  been  done  on  speci¬ 
mens  that  lack  correspondence.  While  the  er- 

1<V-kU  At  itAnUAiiV'AH/iAiian 

m  V*  v  i  ti  vu>  a 

may  be  acceptable  in  the  context  of  the  present 
test  accuracy,  at  the  least  an  estimate  of  their 
size  should  be  made.  Apparently  one  investi¬ 
gator  has  noticed  substantial  modal  coupling 
[20], 
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As  tn  other  structures,  shells  of  any  shape 
and  with  any  boundary  conditions  will  exhibit 
correspondence  If  they  have  homogeneous  re¬ 
laxation  spectra.  However,  for  the  multilayered 
shells  considered  in  this  paper,  a  homogeneous 
relaxation  spectrum  is  unlikel /,  so  the  existence 
of  correspondence  must  depend  upon  the  partic¬ 
ular  geometries  and  motions  being  considered. 

For  the  most  general  vibration,  bending, 
stretching,  and  shearing  motions  will  be  sig¬ 
nificant,  and  as  a  result  it  will  be  found  that 
correspondence  exists  only  for  sinusoidal  mode 
Shapes;  this,  of  course,  requires  simple  sup¬ 
ports  for  a  cylindrical  shell. 

If  correspondence  can  be  estab'lehed  then 
elastic  shell  equations  can  be  used  to  solve  for 
the  motion. 

Equations  containing  higher  order  terms 
have  been  derived  by  Yu  for  nonaxisymmetric 
motion  and  used  (in  a  reduced  form,  of  course) 
by  him  and  by  Jones  et  al.  to  study  axleymraet- 
ric  motion.  Rotatory  and  translator^'  Inertia 
terms  were  Included  and  normals  were  assumed 
to  remain  straight  but  not  normal  [7,0].  Bietdek 
and  Freudenthal  dropped  all  higher  order  terms 
and  used  the  resulting  equations  to  consider 
nonaxisymmetric  motion  also  [4].  Their  as¬ 
sumptions  regarding  transverse  shear  and  iner¬ 
tia  terms  are  the  same  as  Yu's.  In  this  paper, 
some  of  Yu’s  higher  order  terms  have  been 
dropped  but  the  resulting  equations,  while 
slightly  more  complicated  than  Bleniek's  and 
Freudenthal' s,  are  still  approximately  Donnell- 
type.  The  tangential  translatory  Inertia  terms 
have  been  neglected  but  the  same  assumption  is 
made  for  transverse  shear  as  was  used  by  the 
others.  The  notation  of  Ref.  [4]  has  been 

/t  »\1  A  >1  Art  »\\  rt  w.  A  Aii/VWAaIIiia  Its  A  M  V>*  AM  *1  ** 
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more  general  method  is  given  for  finding  the 
constitutive  equation  for  transverse  shear. 


It  is  assumed  that  the  motion  of  the  shell  is 
such  that  the  stress  resultants  shown  in  rig.  1, 
can  be  related  to  the  displacements  by  the  fol¬ 
lowing: 
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where  the  geometry  of  the  cross  section  Is 
shown  in  Fig.  2  and 
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c  =  z  0,h, 


D.  *  Da  =  Z  n  h‘3  +  h«  a*: 
» -  Z  °i  [n  h‘J  4 11  *  «?] 


and  Rag  is  defined  below  and  the  reference 
surface  Is  located  so  that 
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Fig.  1.  Geometry  and  stress 
resultants  for  a  cylindrical 
shell 
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Fig.  Z.  Cross  section  geometry 
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The  equilibrium  equations  are  obtained 
from  those  of  [8]  by  dropping  certain  higher 
order  terms  involving  coupling  between  stretch¬ 
ing  and  bending  terms.  They  are  shown  below 
with  all  translators  Inertia  and  surface  load 
terms  included,  although  only  those  In  the  i  di¬ 
rection  (radial)  will  be  retained. 
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where  a  -  x/R . 


y  =  E/qhj  .  1  =  bjJ  +  h;  d.3j  (20) 


where  pi  is  the  mass  density,  and  p,  is  the 
external  load. 


Equation  (21)  together  with  wunusry  con 
dttions  will  form  a  complete  boundary  value 
problem.  On  the  ends  *  =  o  and  L,  one  of  each 
of  the  following  pairs 


Substituting  Eq.  (16)  In  Eq.  (19),  the  gov¬ 
erning  equations  are  found  as  follows: 


N,o.  NljV.  Q,w 

must  be  prescribed  [7]. 
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The  transverse  shear  correction  factor 
KAG  must  be  evaluated  for  use  In  the  constitu¬ 
tive  equation,  Eq.  (19). 
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Recently  Cowper  developed  a  method  for 
deriving  the  Timoshenko  beam  approximation 
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In  a  way  tha?  gr»aily  clarifies  tb?  nature  of  the 
approximation  (21).  TU18  technique  has  been 
extended  herein  to  multilayer  cross  sections. 

To  evaluate  the  transverse  shear  correc¬ 
tion  factor  by  Cowper's  method  It  Is  t  ecessary 
to  make  some  sort  of  assumption,  sue  r>  as  the 
existence  of  a  particular  strain,  stress,  or  dis¬ 
placement  distribution  or  condition.  In  this 
caso  It  will  bo  assumed  that  the  shape  of  the 
shear  stress  distribution  in  the  same  as  in  the 
static  case  for  which  normals  to  the  middle 
surface  remain  straight  and  for  winch  the  shell 
is  axlsymmetrlcally  loaded.  The  coefficient 
that  will  be  derived  on  this  basis  will  be  equally 
valid  for  dynamic,  aonaxisymmetrically  loaded 
shells  to  the  extent  that  the  shape  of  the  shear 
stress  distribution  does  not  change  under  the 
new  conditions.  Of  course,  the  magnitude  of 
the  shear  stress  can  change  drastically  without 
affecting  the  accuracy  of  the  approximation. 

With  this  assumption  then  the  normal  stress  is 

%x  -*  ir;  (22) 

where  D,  is  defined  by  Eq.  (17),  and  the  geom¬ 
etry  is  shown  In  Fig.  2.  Then  the  stress  Is  (for 
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Then  the  constitutive  relation. 
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where  I  Is  evaluated  separately  for  the  k  -  rs 
layers  above  the  neutral  axle  and  the  k  -  T, 
layers  below  the  neutral  axis,  and 
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For  the  simply  supported  shell  considered 
In  this  paper  the  natural  frequencies  of  the  as¬ 
sociated  elastic  problem  can  be  found  in  closed 
form  by  assumption  of  a  product  solution  of 
known  functions.  Damping  factors  and  damped 
frequencies  of  the  vifCOOii$Uc  shsil 
can  then  be  found  by  substitution  of  complex 
constants  for  the  elastic  constants.  Both  side- 
on  (Fig.  3)  and  axisymmetrlc  loads  arc  con¬ 
sidered. 
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The  boundary  condition#  at  *  -  o  and  l-  are 


where 


M,  v  II,  ,.  *  0 

Then,  U  the  load  can  bo  represented  by 

Pj  E  E  x«a  ,in  ''i5)'-'  (31) 


where  m  and  n  are  not  equal  to  zero,  solutions 
can  bo  found  in  the  form 
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where  ab  »  (mnR>/L  and  m  le  the  number  of  half 
waves  In  the  n  direction  and  n  Is  the  number  of 
full  waves  In  the  olroumferenttal  direction. 

Substitution  of  the  solutions  of  Eq.  (32)  In 
the  governing  equations  of  Eq.  (21)  leads  to  a 
set  of  algebraic  equations  for  i'nn  ,  vBn,  WBn, 

Vy,n  and  the  load  Pan .  These  can  be  solved 
to  give  relations  between  the  displacements 
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and  the  magnitude  of  the  displacement 
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Then  ‘^e  nature*  frequencies,  for  4-. |  o ,  r  to, 
cun  be  found  fro>>.  Eq.  *i',  us 
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for  axisymmetrlc  motion  n  -  0  and  it  is 
necessary  to  rcderlve  the  frequency  equation 
starting  with  the  governing  equations  o(  Eq.  (21) 
and  the  assumed  solution 
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5q,  (33)  by  r1**',  where  -■*  -  i»,  Bud  *  la 

the  damped  natural  frequency  and  t  la  the  decay 
rote,  and  (b)  transforming  the  elastic  Constanta. 

Because  any  viscoelastic  stress-strain 
relationship  can  be  written  as 
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where  P  and  Q  are  differential  time  operators, 
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it  can  be  seen  by  direct  substitution  of 


tliat  for  this  special  type  of  motion,  the  differ¬ 
ential  relation  equation,  Eq.  (42)  is  reduced  to 
an  algebraic  rotation 


The  natural  frequencies  are  given  by  sn  [llr.ui(“'*)  *  1  l,i»ki<“'*>]  'ki  •  (45) 


ViMlR")  -  IM C„  .  1  E„!R3  *  l-tJa3  RJ  ♦  £„  E»1  0 


C0  :  »,A3  *  KAG  R* 


Eq  :  (RSSv1  ,  n,,  -  n,  -  ^ 


and  the  effective  mass  pe.  unit  area  la 


wlicro  <»„/%,)  is  defined  In  Eq.  (38). 

It  is  known  from  the  correspondence  prin¬ 
ciple  that  the  solution  for  the  viscoelastic  shell 
can  be  gotten  from  the  solution  for  the  associ¬ 
ated  elastic  problem  by  (a)  replacing  eu°'  in 


For  an  Isotropic  matorlal  the  stress-strain 
relations  In  Eq.  (46)  take  the  particularly  sim¬ 
ple  form 

»  =  3(K,  *  IK,)  =  3K*< , ,  'j 


s,i  -  2(G,  i  iC,}  *-s j  -  2G\>,, 


where  a  and  sl(  are  tho  liydroatattc  tension 
and  dovlatoric  stress  respectively,  f(J  is  the 
doviatoric  strain,  <  u  is  the  cubical  dilatation 
and  K, ,  K, ,  G, ,  <5j  play  the  same  role  as  the 
bulk  modulus  and  shear  modulus  in  elasticity. 
From  Eq.  (40)  quantities  analogous  lo  E  and  t 
can  be  derived,  so  that  relations  o(  the  type 


=  (1 .  -  2l-)  'kkhj  *  (A,,) 


I'*  5  !',(<••*)  *  1  ) 

E'  :  £,(“■*  )  •  I  £,(..*•> 

C*  -  G,(^l  >  iGj(<,-) 


can  bo  formed.  From  the  correspondence  be¬ 
tween  the  etructure  o!  Eqs.  (47)  and  (48),  and 
the  usual  Hooke's  law  for  elastic  bodies,  It  can 
be  seen  that  transformation  from  elastic  con¬ 
stants  to  viscoelastic  constants  can  actually  be 
made  merely  by  making  the  substitutions 

£  -♦  R,  •  it,  s  S*  . 

0  -  0,  i  i  C,  ■  0*  . 

and 


in  all  the  relevant  equations,  (n  particular,  Eq. 
(17)  must  be  changed  to  the  *  form,  and  all  sub¬ 
sequent  equations  such  as  Eqs.  (21),  (33).  (34), 
ana  (35),  and  frequency  equation,  Eq,  (36)  will 
reflect  this  change.  The  frequency  equation  will 
take  the  form 


(49) 


where  (*,  fa,  and  ?0  contain  real  geometric 
quantities  and  the  complex  vlBCoelaatic  con¬ 
stants  x\  o* ,  v ,  which  are  functions  of  the 
complex  frtquenoy  . 


in  principle,  Eq.  (40)  can  be  solved  for  Us 
roots,  tty  an  iterative  technique.  It  is  more 
common  to  make  a  simplifying  assumption  such 
U  (a)  the  damping  Is  light,  that  is,  5  «  ^  and 
Ej  and  o, «  s,  and  o, ,  respectively,  or  (b)  K* , 
O* ,  and  v*  are  approximately  constant.  In  the 
Him  case  It  will  found  that  the  damped  nat¬ 
ural  frequencies  are  the  same  as  the  undamped 
natural  frequencies,  Dial  la,  u:*i0.  Decause 
the  u0  are  known,  Eq.  (40)  can  be  weed  imme¬ 
diately  to  find  the  decay  rate  i .  In  the  second 
case  f0,  f,,  and  f,  bccom  t  complex  constants, 
and  Eq.  (49)  can  be  solved  as  an  ordinary  cubic 
oquallon. 


The  second  approach  is  used  In  Ude  Inves¬ 
tigation.  This  is  Justified  on  the  basis  that  the 
most  Interesting  design  range  is  In  the  vicinity 
of  the  glass  transition  temperature  where  the 
energy  absorption  Is  relatively  high  and  the 
rates  of  change  of  material  properties  :re  entail. 


From  lh*  frequency  «  and  the  decay  rate  i 
It  will  be  possible  to  compute  the  loss  factor 
tj  s  2b/w,  the  logarithmic  decrement  n  =  tni/,.- . 
the  critical  damping  ratio  c/«0  =  s/«,  or  c*h-n 
common  measures  of  the  damping  capae'.tv 


The  expressions  for  natural  frequencies, 
decay  rates,  receptances,  suffices  coefficients, 
and  co  forth,  arc  too  complicated  for  closed 
form  evaluation.  Howo"rr,  their  numerical 
evaluation  is  relatively  ..traightforward  when 


using  a  digital  computer  with  a  complex  arith¬ 
metic  capability,  such  as  the  IBM  <'040  used 
during  this  research,  and  will  not  be  discussed 
further. 


NUMERICAL  EXAMPLES 

As  can  be  seen  from  Fig.  4  a  shell  of 
radius  10  In.  was  used  with  an  L/k  of  threo  for 
most  cases  although  values  as  low  as  L-  R  ol  1/2 
were  considered  for  a  tew  cases.  Five  cross 
section  geometries  with  a  radlus/thlcKness 
ratio  of  cither  25  or  50  wore  chosen  as  shown 
in  Fig.  8.  In  each  case  the  "elastic"  layers  are 
aluminum  and  tho  viscoelastic  layore  are  made 
of  an  imaginary  material,  In  most  cases  similar 
t  .  Lord  LD-400,  a  butyl  rubber.  Material  pt  in¬ 
ertias  are  shown  in  Table  1.  Calculation  will 
ohow  that  these  properties  correspond  to  elas¬ 
tic  behavior  In  dilatation,  and  viscoelastic  be¬ 
havior  in  shear.  It  will  also  be  noted  that  all 
cross  seotlone  have  the  same  total  weight. 


Fig.  4.  Exterior  geometry 


The  construction  of  each  shell  has  been 
coded  in  the  following  formal:  Length;  li,  m.  t, 
or  X;  cross  section  number  (loss  factor),  where 
if,  m,  or  L  iudlcalosTHo  etlflnoss  of  the  visco¬ 
elastic  material  (Table  1),  X  indicutes  the  ab¬ 
sence  of  a  viscoelastic  layer,  the  cross  section 
numbers  are  shown  In  Fig.  6,  and  tho  loss  fac¬ 
tor  is  the  loss  factor  of  the  viscoelastic  layer 
In  shear  For  example,  3CM3(0.1)  Is  a  threo- 
layer  sandwich  shall  with  L  -  30  in.,  made  of  a 
medium  stiffness  viscoelastic  materia),  and 
with  a  loss  factor  in  shear  of  0.1. 

Results  for  Axisymmetrlc  Impulsive  Load 

The  response  to  the  axleymmetric  im¬ 
pulsive  load  was  evaluated  tor  each  of  the  a  hello 
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Fig.  5.  Construction* 


TABLE  1 

Material  Propertlea 


Aluminum 

Young's  modulus,  E 

10.6  x  10*  pal 

loss  factor,  v , 

0.001 

Shear  modulus,  G 

4.1  x  10s  pal 

loss  factor,  v. 

0.001 

Poisson's  ratio,  M 

0.30 

Weight  density 

0.100  pci 

Viscoelastic  Material 

Young's  modulus,  E  . 

10  x  104  pal 

• 

10  x  10s  pal 

. 

10  x  102  pel 

loss  factor,  v, 

0.S30,  0.437,  0.240, 

0.063,  0.001 

Shear  modulus,  G  .  .  . 

....  (Material  H) 

4  x  104  pel 

•  •  • 

....  (Material  M) 

4  x  103  pel 

•  •  • 

....  (Material  L) 

4  x  10 J  pel 

loss  factor,  17, 

1.00,  0.6,  0.3,  0.1,  0.001 

Poisson's  ratio,  M 

0.29 

Weight  density 

0.0333  pci 

at  two  times  —  one -fourth  and  ten  ilmes  the 
period  of  the  fundamental  mode  which  In  this 
case  Is  always  the  m  =  1  mode.  From  Figs.  0 
and  7  It  can  be  seen  that  the  shells  with  stiller 
viscoelastic  layers  (h  shells)  and  the  shorter 
shell  (SMS)  are  affected  by  the  viscoelastic 
damping  more  than  ere  the  softer  or  longer 
shells.  However,  the  reductions  In  peak  re¬ 
sponse  are  so  small  that  an  all-aluminum  shell 
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(XI)  of  the  same  cross  section  weight  has  a 
smaller  response  at  t.  *  T/4  than  any  of  the 
layer  shells.  But,  at  a  later  time,  t »  iot  the 
viscoelastic  layered  shells  have  considerably 
smaller  responses  than  the  aluminum  shell. 

This  confirms  the  usual  supposition  that 
damping  is  of  little  Importance  in  changing  the 
peak  response  to  single  Impulsive  load.  However, 
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Fig.  6.  Impulsive  response  at  t  =  1/4  period 


Fig.  7.  Impulsive  response 
at  t  -  10  periods 


Fig.  8.  Damping  effectiveness 
for  an  impulsive  load 


i 


l 


the  significant  decrease  in  response  at  t  =  iot 
suggests  that  viscoelastic  damping  might  be 
considered  for  increasing  fatigue  life  os  lessen¬ 
ing  the  response  to  a  series  of  shocks. 

The  damping  effectiveness  for  different 
length  shells  is  shown  in  Fig.  3.  The  large  in¬ 
crease  in  damping  effectiveness  with  shorter 
lengths  is  primarily  a  result  of  the  greater 
amounts  of  bending  (and  shearing)  associated 
with  these  lengths.  It  will  be  noticed  in  the  fol¬ 
lowing  discussion  of  the  other  loads  that  the 
ratio  of  bending  energy  to  stretching  energy,  in 
each  inode,  is  of  great  importance  in  determin¬ 
ing  the  damping  effectiveness  in  those  other 
situations,  too. 

it  can  be  seen  from  the  curves  for  30H2 
and  90H3  that  somewliat  greater  effectiveness 
can  be  gotten  even  in  those  modes  that  are  pre¬ 
dominantly  stretching  by  using  stiffer  visco¬ 
elastic  materials,  even  if  they  have  lower  loss 
factors  than  the  softer  materials. 


Results  for  Axl  symmetric 
Harmonic  Load 

The  admittance  for  an  axisymmetric  har¬ 
monic  load  on  the  all-aluminum  (30  x  1)  shell 
is  shown  in  Fig.  9.  The  most  striking  feature 
is  the  enormous  magnification  in  response  at 
the  natural  frequencies.  This  is  also  true  for 
the  three-layer  sandwich  shell  (30M3)  shown  in 
Fig.  10.  However,  as  can  be  seen  from  the 
curves  for  30M3(1.0)  on  Figs.  10  and  11  and 
from  the  curve  for  30M3(0.1),  Fig.  12,  these 
peaks  can  be  lessened  or  eliminated  by  the  ad¬ 
dition  of  damping.  This  is  also  true  for  the 
externally  coaled  shell  (30M2)  and  the  five- 
layer  sandwich  (30M4)  as  is  shown  in  Fig.  13. 

As  a  result  both  the  peak  response  and  the  re¬ 
sponse  to  a  broadband  (or  random)  load  are 
decreased  to  below  the  response  for  the  alumi¬ 
num  shell  (30  x  1 ).  Because  broadband  loads 
are  difficult  to  avoid  and  although  It  is  generally 
unnecessary  to  operate  a  system  at  a  natural 
frequency,  the  results  shown  in  Fig.  14  are  more 
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Fig.  9.  Admittance  for  axi-  Fig.  II.  Admittance  for  axi- 

symmetric  load,  homogene-  symmetric  harmonic  load, 

oub  shell  2100-3100  Hz 


<u.  ronciw  frequency.  hi 

Fig.  10.  Admittance  tor  axi- 
symmetric  harmonic  load, 
0-5000  Hi 
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Fig.  12.  Admittance  for  axi- 
symmetric  harmonic  load, 
2100-3100  Hz 


significant  indicators  of  damping  effectiveness 
than  a  comparison  of  peak  admittances  would 
give. 

The  higher  response  of  the  internally 
damped  constructions  !  30M3,  30M4)  compared 
with  the  externally  damped  constructions  (30M2, 
30M5)  is  apparently  a  result  of  shear  deflection. 


Results  for  Nonsymmetric 
Harmonic  Load 

The  higher  damping  assoc  iated  with  modes 
in  which  bending  predominates,  is  shown  clearly 


in  Fig.  15,  in  which  the  ratio  of  damping  to 
critical  damping  c-  c0  is  stated  for  each  of  the 
modes  shown.  Because  the  lowest  frequency 
belongs  to  a  mode  for  which  bending  predomi¬ 
nates,  the  addition  of  viscoelastic  layers  is 
particularly  effective  over  the  frequency  range 
investigated,  0-500  Hz,  as  is  shown  in  Figs.  16 
and  17. 

CONCLUSIONS 

The  investigation  of  the  dynamic  response 
of  vlscoefastically  damped  shells  led  to  tire  fol¬ 
lowing  conclusions: 


133 


0  1,0*1  ?,«#  ).000  4,0(0  5,000 
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Fig.  13.  Admittance  tor 
axioymmetric  load,  sheila 
30M2  and  30M4 
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Fig.  14.  Admittance  (or  broad¬ 
band  axieymmetvic  load 


n  •  NUMBER  Or  COMPLETE  HOOP  WAVES 

Fig.  15.  Frequencies  and  dan-ping 
ratios,  shell  30M3  (1.0) 


1.  The  dynamic  response  o(  vlscoelaoti- 
cally  damped  ehelle  to  periodic  or  transient 
loading  can  be  found  by  solving  an  associated 
elastic  problem  and  transforming  the  solution 
by  the  substitution  of  complex  viscoelastic 
constants. 

2.  The  transverse  shear  deflect! one  can 
be  taken  Into  account  for  a  general  multilayered 


crocs  section  by  summing  to  find  the  appropri¬ 
ate  correction  factor  as  in  a  Timoshenko  beam 
formulation. 

3.  Complete  correspondence  between  the 
viscoelastic  shell  and  an  associated  elastic 
'shell  will  usually  exist  only  for  shells  with 
sinusoidal  mode  shapes.  A  useful  degree  of  cor¬ 
respondence  will  exist  for  almost  all  shells. 
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Fig.  17.  Admittance  for  broadband 
nonaymmetric  load 


*5.  Numerical  evaluation  of  the  shell  re¬ 
sponse  Is  straightforward  using  a  computer 

wi  fl*t  n  OAnml/iv  nttlf  /tAnAkllUai 

*▼*«•»  CW  \-Vll  1^*0 o.  VAfNtk/tltVJf  l 

5.  The  addition  of  viscoelastic  layers  will 
produce  only  small  damping  in  modes  that  are 
predominantly  extensional,  but  can  produce 
significant  damping  in  predominantly  bending 
modes. 

6.  Even  large  amounts  of  damping  are  in¬ 
effective  in  reducing  the  peak  response  to  an 
impulsive  load.  Ringing  at  later  times  may  be 
significantly  reduced  however. 

7.  The  addition  of  viscoelastic  layers  pro¬ 
duces  a  significant  reduction  in  response  to 
broadband  and  near-resonant  harmonic  loads. 

8.  A  valid  comparison  of  the  peak  re¬ 
sponse  of  various  systems  to  transient  loads 


can  be  made  by  comparing  the  root-mean- 
square  values  of  the  different  responses. 

9.  Constrained  and  unconstrained  layer 
treatments  show  about  the  same  effectiveness. 
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DISCUSSION 


Y.  K.  Ltu  (Univ.  of  Mich.):  I  sun  cur  Iona  aeeociated  elastic  problem.  The  time  can  be 

about  the  dynamic  correspondence  principle.  transformed  out  of  the  problem  under  certain 

Could  you  briefly  summarize  why  it  Is  valid?  conditions  and,  If  that  is  true,  then  the  stresses 

and  displacements  will  be  the  same,  both  in  the 
Mr.  Fitzgerald:  The  general  correspond-  elastic  and  In  the  viscoelastic  problem.  In  the 
ence  principle  is  given  by  Biot.  Essentially,  it  case  of  harmonic  motion  the  transform  Is  trivial 

says  that  under  certain  conditions  the  visco-  because  it  turns  out  It  would  Just  be  necessary 

elastic  response  is  either  the  Fourier  transform  to  substitute  the  complex  modulus  for  the 
or  the  Laplace  transform  of  the  response  of  an  real  modulus. 

*  *  * 


* 
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DAMPING  OF  MULTISPAN  STRUCTURES  BY 
MEANS  OF  VISCOELASTIC  LINKS 


David  I.  G.  Joueu 
Air  Force  Materials  Laboratory 
Wright-Pattorson  Air  Force  Base,  Ohio 


In  this  paper,  a  normal  mode  analysis  is  presented  for  the  response  of 
a  typical  multiapan  skin  stringer  structure  having  viscoelastic  links 
connecting  points  on  the  akin  to  points  on  beams  joining  the  frames.  It 
is  shown  that  certain  conditions  arise  for  which  no  damping  is  intro¬ 
duced  into  the  structure  and  others  tor  which  relatively  high  damping 
occurs.  An  example  is  given. 


INTRODUCTION 

Many  structures  that  are  subject  to  vibra¬ 
tional  problems  contain  within  them  elements 
that  are  parallel  or  nearly  so.  Examples  are: 
(a)  Commercial  aircraft  fuselage,  where  the 
trim  In  the  passenger  area  is  essentially  paral¬ 
lel  to  the  outer  skin  and  is  separated  from  It 
by  the  frames,  and  (b)  control  surface  and  wing 
structures,  where  the  upper  and  lower  skins 
are  separated  by  bulkheads.  In  such  structures 
the  vibrational  characteristics  of  the  parallel 
elements  are  often  different  and  the  proper  use 
of  viscoelastic  links  joining  antinodal  points  of 
the  parallel  surfaces  can  lead  to  introduction  of 
Significant  amounts  of  damping  into  the  struc¬ 
ture  at  the  expense  of  very  little  added  weight. 

In  this  paper,  a  normal  mode  analysis  le 
developed  for  the  response  of  a  typical  multi- 
span  skin  stringer  structure  having  the  frames 
joined  across  each  bay  by  beams  and  with  each 
beam  joined  to  the  skin  by  a  viscoelastic  link. 
This  idealized  representation  of  what  might  be 
done  in  a  real  structure  is  examined  with  ref¬ 
erence  to  a  specific  example,  and  it  is  shown 
that  a  significant  reduction  of  the  response 
level  can  be  achieved  by  proper  choice  of  link 
and  beam  stiffness,  provided  that  a  natural  fre¬ 
quency  of  a  beam  ie  not  Identical  to  (or  close 
to)  any  natural  frequency  of  the  structure.  In 
this  case,  it  is  shown  that  no  damping  can  be 
achieved  and  that  an  optimum  vaiue  of  the  link 
stiffness  exists  for  which  the  response  ie  a 
minimum. 


NOMENCLATURE 
K  See  Eq.  (17) 

A„  See  Eq.  (16) 

B  See  Eq.  (18) 

D  EhJ/l2  (i  -  vJ);  flexural  rigidity  of  Bkin 

E  Young's  modulus  of  skin  material 

Eb  Young's  modulus  of  beam  material 

fm  mth  normal  mode  of  beam 

F.  Force  transmitted  to  skin  by  iink  at 
location  ( x  |  ■  y  j ) 

L  Thickness  of  skin 

i  -T-l 

!b  Second  moment  of  area  of  bean)  cross 
section 

j  Number  of  spans  of  structure 
J  Total  number  of  spans 
k  Stiffness  of  link 

i  Breadth  of  structure  between  frames 
L  Length  of  each  span  between  stringers 


i 


m  Mode  number  (or  beam 
n  Mode  number  of  structure 
M  Total  number  of  modes  in  first  band 
P(x.y)  Amplitude  of  loading  on  akin 
q  Amplification  (actor 
s  See  Eq.  (11) 
t  Time 

ub(y>  Amplitude  of  transverse  displacement  of 


W(x.y)  Amplitude  of  transverse  displacement  of 
skin 

a  Station  on  skin  parallel  to  frame 
x ,  Station  of  link  In  jth  span 
y  Station  on  skin  normal  to  frame 
y j  Station  of  link  In  jth  span 
am  See  Eq.  (6) 

Pm  See  Eq.  (6) 
r  Link  stiffness  parameter 
s  Dirac  delta  function 
i)  Loss  factor  of  link 

\  Ratio  of  beam  fundamental  frequency  to 
structure  fundamental  frequency 

fih  Linear  density  of  beam  (mass  per  unit 
length) 

v  Poisson's  ratio  of  skin  material 
€  <#)oi,L,/D) 1  ’  4  —  frequency  parameter 
£n  </>««  LVD)1" 

O'b^'Vb)*'4 
Ov^-tVVb)"4 
p  Density  of  skin  material 
4>  nbt/pli  -  mass  parameter 
4>n  nth  normal  mode  of  undamped  structure 
x  See  Bq.  («) 


...  Circular  frequency 

«>k  Fundamental  frequency  of  structure 

uIb  Fundamental  frequency  of  beam 

<■>„  nth  natural  frequency  of  undnmped 
structure 

V4  Btharmonic  operator 
ANALYSIS 

Consider  a  multispan  skin  stringer  struc¬ 
ture  of  tho  type  illustrated  in  Fig.  1.  One  of  the 
simplest  possible  means  of  introducing  visco¬ 
elastic  link  damping  into  the  system  is  by  join¬ 
ing  the  frames  across  the  center  of  each  panel 
by  identical  clamped-clampeu  beams.  The  cen¬ 
ters  of  each  beam  are  then  joined  to  the  skin  by 
identical  links  as  in  Fig.  1. 


--X- ^FR&Mt 


Fig.  1.  Typical  (Structure  geometry 


Equation  of  Motion  of  the  Beam 

Consider  the  jth  beam,  crossing  the  jth 
span  of  the  structure.  Let  Wb(y)  exp(i*.'i)  be 
the  transverse  displacement  of  the  beam.  Let 
the  link  be  at  the  point  (x,.  y,),  and  let  W(x.y) 
exp  ( iu>t )  be  the  transverse  displacement  of  the 
skin.  Then  the  equation  of  motion  of  the  beam 
is 

Vb^VVl-iv^b 

■=  -MU  »1?XW,  -W)  5(y:-y)  .  (1) 


We  now  expand  the  response  of  the  beam  as  a 
series  of  beam  normal  modes  fn(y  f ),  which 
satisfy  the  homogeneous  equation: 


d4  f 

__  m 

dy4 


V 


(2) 


where  the  ibB  are  the  eigenvalues  of  a  c  lamped - 
damped  beam  [1].  Putting  Eq.  (2)  Into  Eq.  (1), 
solving  In  the  usual  manner  and  neglecting  all 
terms  apart  from  the  fundamental,  we  get 


ic)  »V(X).V|)  t.tVj  r) 

f  C  4  f1*  ••»)«, 


whore 


«b,  3  "b<f4'Vb 


4  fnJ(y/tyJ  (v/{)  d(y"t) 


(3) 

(4) 

(5) 


and 


Pm  4  fn<y)A,>  A  f.Jfy'-f)  d(y/<)  .  (61 

/  Jo 


For  the  particular  case  of  a  clamped-clamped 
beam  with  y./i  •  o  s,  t,(i'2)=l, 


f,J  (y'f)  d(  y'f)  =  0.397 

eo  that  *  /?,  =  2.519  and  ■-  soo  [1],  The 
reason  for  retaining  only  the  firet  term  in  the 
series  for  wb  is  that  we  shall  generally  be  con¬ 
fining  attention  to  the  case  when  the  higher 
beam  modes  have  frequencies  well  above  those 
of  primary  interest  with  respect  to  the  response 
of  the  main  panel  system.  The  higher  order 
terms  car.  always  be  retained  If  the  need  arises, 
but  the  term  In  the  denominator  will  insure 
their  Irrelevance  to  the  present  analysis. 


Force  Transmitted  to  Skin 
of  Structure 

The  force  Fj  transmitted  back  to  the  skin 
at  the  point  (xj .  y;)  by  the  link  is 

Fj  =  k(l  ♦  i ri)  (WtXj.y^  -  W(>( * j •  Y j > • 

Ml*  ivX^-  4b4)  W(x,.yj)  (?) 

=  ^T77^  4  id-, 


the  total  system.  Lot  >>  -  bo  the  ratio 

of  tho  beam  fundamental  frequency  to  the  un¬ 
damped  structure  fundamental  frequency.  Lot 
4>  -  be  the  ratio  of  the  mass  of  a  team 

to  the  mass  of  a  panol.  Let  f,  =  (poi^LVOi*'4 
be  the  first  olgenvaluo  of  the  undamped  «kin 
stringer  panel  system  and  let  f  =  w^tf'u  be  a 
measure  of  the  ratio  of  the  Hide  stiffness  to  the 
structure  stiffness.  Then,  after  some  rear¬ 
rangement,  Fj  can  be  written 

F  kn  1  1,1)11  ~  <4/--i>4/x|  w(*rri> 

’  l  -  (4  'f  ,)4/kJ  *  (n,r/va-<|4)  ( i  +  ii)) 

A  number  of  interesting  facts  may  be  noted  di¬ 
rectly  from  an  examination  of  Eq.  (6).  F.  rep¬ 
resents  both  the  damping  and  stiffening  effects 
of  the  link.  It  is  seen  that  F,  =  o  whenever 
f  4  -  f4/.v3  ;  o.  If,  at  the  same  time  i-£n, 
wnore  n  Is  the  nth  mode  of  tho  structure,  we 
see  that  this  Implies  «’lt)  -  «>n,  that  io,  tho  beam 
fundamental  frequency  Is  equal  to  the  nth  natu¬ 
ral  frequency  of  the  structure.  Whenever  this 
Is  the  case,  the  links  have  no  eftect  whatsoever 
and  no  damping  is  introduced  at  all.  Graphs  of 
the  amplification  factor  of  the  system  against 
the  parameter  x  will  therefore  have  singulari¬ 
ties  at  these  points.  Equation  (8)  also  shows 
that  tho  maximum  value  of  F,  is 


<pP. 


-k(  1  <  t,3)  W( x  j , y  j  ) 

is 


(9) 


Equation  of  Motion  of  the  Structure 

The  equation  of  motion  of  the  structure 
with  allowance  made  for  the  isolated  loads  Fj 
may  be  written 


DV4tt  -  ,„,3\V  .  S  £  W(Xj  ,j>j )  S(x-  x()  S(y-yj) 
I'l 

=  P(x.y)  (It)) 

where 


k(l  ♦ 

1  -  (£■'€,  l4''*-1  ^  (a{r/<f>k3(  4)  (  1  ♦  17|) 


(11) 


An  approximate  solution  to  Eq.  (10)  has  already 
been  derived  [2]  for  the  case  where  the  {mints 
(xj .  yj)  are  located  at  the  centers  of  the  panels, 
This  solution  is 

y  (|,nL*,p>  *„(K/L.y/<) 

W  -f„4  ~ -f4  *  SLsA,/-tD 


after  some  simplification.  It  Is  convenient  at 
this  point  to  introduce  some  of  the  nondlmen- 
elonal  parameters  that  govern  the  response  of 
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(12) 


whore  l*  the  nth  mode  of  the  undamped  struc-  whore 
tuxe,  t„  to  the  nth  eigenvalue  of  the  undamped 
etruoture,  and 


(17) 


P„  * 


f  f  P(».y)0,,(K/t».y/t)  d(  x/b)  d(y 't) 
/»  Jq  _ 

(*[  vVtK/L.y/tjdCx/MdCy/t) 

J&  Jd 


(13) 


and 


A  .  xfx  *  t  ♦  i)1) 
r  (x  >  1}*  o1 

D_  .  _ X* _ 

ef  (3e ♦  l^a  ♦  >1* 


(18) 


A„  = 


lw« _ 


fJ  r  1 

I  dn*<x/L. 
'  O  Vo 


.  (14) 


y/l)  dfx/L)  d(y/t) 


Finally, 


w 

U«  \  '  Pm^n(«/L.  y/-t)  e*p(ioit) 

17  *  ~  f  rAj/iViuXf,4  -  C«A*) 

in  +f.*- ■fVh**  (r«/^*)(i*  »•» 

(16) 


DW 

L* 


yi  P„  0n(x/L,  y/4)  txp 


P„  </>n(x/L.  y/4)  exp<l^t)  ^ 
IB) 


I  a,  /;/A  * 

Typical  grnphG  of  <vr  and  0/i>  against  x 
are  shown  In  Figs.  2  and  9.  The  solution  of  Eq. 
(18)  ts  straightforward.  For  a  given  structure, 
with  known  modes,  and  lor  given  excitation  P, 
the  P„  and  the  A  are  calculated.  For  each 
value  of  £*,  within  the  frequency  range  of  in¬ 
terest,  x  Is  calculated  and  A  and  B  derived 
from  Eqs.  (17)  and  (18).  Hie  eigenvalues  { n  of 
a  typical  akin  stringer  otructure  usually  fall 
within  an  octave  band  of  frequency  or  less.  The 
fundamental  mode  <fil ,  with  frequency  «, ,  Is 
often  known  as  the  stringer  torsion  mode  and 
forme  the  lowor  bound  of  the  band.  The  number 
of  modes  N  lo  usually  equal  to  the  number  of 
spans  1  and  the  J  th  mode,  with  frequency  wJ( 


Fig.  2.  Graph  of  Ad"  ag&iuot  x 
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VALUES  Of  K 


Fig.  3.  Graph  of  B/>)T  agam-i  x 


forming  tho  uppor  bound  la  often  referred  to  as 
the  stringer  bending  mode.  The  aecond  modal 
frequency  of  lire  beam  muat  He  weU  above 
cuj  for  the  present  analysis  to  be  valid.  Other- 
wleo,  terms  involving  ,  and  so  forth,  muBt 
be  added  into  Eq.  (16).  This  is  not  difficult  but 
makes  the  equation  far  more  cumbersome. 
Therefore  this  particular  matter  will  not  be 
pursued  further. 


EXAMPLE 

To  demonstrate  tho  damping  that  can  bo 
achlevod  by  moans  of  viscoelastic  links  in  mul¬ 
tispan  structures,  It  is  convenient  to  consider 
as  simple  a  case  as  possible.  U  is  particularly 
convenient  to  consider  an  example  which  has 
already  been  examined  (2,3)  from  a  somewhat 
different  point  of  view.  Consider  a  five-span 
supported  structure  in  which  the  length,  l ,  is 
not  greater  than  t/2.  Then  tire  normal  modes 
of  a  multleupported  beam  may  be  used  to  rep¬ 
resent  those  of  tho  structure  with  some  accu¬ 
racy  [2).  Let  the  excitation  be  a  uniform  load¬ 
ing,  p.  Then  <r,4  s',4  -  187.4,  =  420. G, 

a :  2.  sis,  0,-1  at  the  center  of  the  center  span, 
P,/P  =  (4/ji)(i0.2SS),  P,/P  =  0 ,  P,/P  =  (4'«) 

(-0  618),  1%/P  =  0,  P,/V  =  647), 

A,  =  4.000,  A,  =  4  13,  As  =  4.79,  We  further  let 
i)  --  0  5  and*  =0.1.  Then  the  expression  of  Eq. 
(18)  can  be  simplified  to 


”_W  .  0  255[(»4  £4  +  4A)-4iB] 

4PL4  (t.4  -  *  4A)J  +  16BJ 

.  0  6l8t(187  4-  t  4. 13A)  -  4  131DI 
(187 .4-  £•»♦  4. 13A)5  «  <4  13B)1 

,  1  6471(428  6- f4  ♦  4  79A)  -  4  791B]  (2()) 

(428.6- f4  i  4  79A)j  *  (4.79B)1 

which  may  be  evaluated  numerically  for  given 
A  and  r  over  a  range  of  values  of  the  frequency 
parameter  f » .  Typical  graphs  of  "D|wi .  4Pt4 
against  £ *  are  shown  in  Figs.  4  to  0. 

It  Is  seen  from  these  -gores  that  for  each 
a  a  definite  value  of  r  exists  for  which  the  out¬ 
put  level  lo  mlniTiired.  If  we  let  Qmln  be  tho 

value  o'  (he  pe>  'smpUflcatlon  factor 
a?.  >  .s  jvjIo'1,  a  verv  grev'  measure  of  the 
ai.u  iunt  of  dm  iplng  ict.oi;  may  be  obtained 
bv  1  >  is  in  Fig.  0.  !t  Is 

.  tiud  h‘  a  damn'ag  _;u»  be  achieved  if  A  >  6 
a*u.  v.  -i  j  tutlfc  (  aping  can  be  achieved  for 
a  <  2  1  in  th'-<  vauule.  More  generally,  it 
would  appear  th.u  t  *  oeam  fundamental  fre¬ 
quency  must  be  gref..cr  than  that  of  the  stringer 
bending  mode  or  less  than  that  of  the  stringer 
torsion  inode  for  significant  amplitude  reduc¬ 
tions  to  be  attainable. 

CONCLUSIONS 

Analysts  has  been  developed  for  predicting 
the  response  of  multlspan  structures  with 


Fig.  7.  Typical  graph*  of  nD|W|/4PL4 
against  f!  for  U3 


viscoelastic  link  damping  to  harmonic  loading. 
It  has  licen  shown  by  means  of  an  example  that 
significant  amounts  of  damping  can  be  Intro¬ 
duced  into  the  structures  by  proper  choice  of 
Unk  stiffness. 
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DISCUSSION 


K.  McConnell  flowa  State  Uni'  ):  It  was  which  Bishop  and  Johnson  have  a  whole  catalog 

not  clear  to  me  whether  the  modes  were  lor  the  of  mode  shapes, 

plate  or  for  the  beam. 

Mr.  McConnell:  Well,  did  you  assume  for 

Dr.  Jones:  The  modes  we  assumed  m  this  the  beam  the  first,  second.,  third,  fourth? 
particular  example  were  for  the  plate.  We  as¬ 
sumed  an  aspect  ratio  greater  than  two.  I  think  Dr.  Jones:  No,  I  forgot  to  make  this  point, 

quite  a  few  previous  investigations  have  shown  In  the  analysis,  we  assumed  that  the  second 
that  where  the  stringers  are  of  very  low  stiff-  mode  of  the  beam  was  irrelevant  because  the 

ness  in  torsion,  one  can  approximate  the  modes  link  was  at  the  center  in  this  particular  exam- 

by  this  case.  Of  course  this  was  purely  an  il-  pie.  One  would  have  to  consider  It  in  a  more 
lustration  and, for  any  particular  problem,  one  general  case.  The  third  mode  is  approximately 

must  take  the  appropriate  modes.  It  would  be  a  six  times  as  high  in  frequency  as  the  first, 

good  deal  more  than  three  modes.  Therefore,  in  this  particular  problem  it  was 

outside  the  frequency  range  of  interest.  In 

Mr.  McConnell:  What  modes  did  you  as-  general,  of  course,  it  has  to  be  incorporated, 

sume  for  the  beam  then  ? 

Mr.  McConnell:  So  you  used  just  the  first 

Dr.  Jones:  The  standard  ones  that  are  mode, 

available  in  Dishop  and  Johnson,  for  example. 

We  assumed  a  clamped -clamped  beam  for  Dr.  Jones:  In  this  particular  examples,  yes. 

*  *  * 
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DAMPING  MEASUREMENTS  ON  SOFT  VISCOELASTIC 
MATERIALS  USING  A  TUNED  DAMPER  TECHNIQUE 


C.  M.  Cannon  and  A.  D.  Naahif 
University  of  Dayton 
Dayton,  Ohio 

and 

D.  1,  G,  Jones 

Air  Force  Materials  Laboratory 
Wright-Patterson  Air  Force  Dase,  Ohio 


A  variation  of  the  classical  resonance  technique  for  measuring  the  damping  properties  of 
soft  viscoelastic  materials  in  tension*compression  is  doocribed.  It  is  shown  that,  from 
the  measured  amplification  factor  at  resonance  and  the  resonant  frequency,  the  Young's 
modulus  and  loss  factor  of  a  material  are  easily  derived.  An  error  analysis  was  also 
performed  to  show  the  effects  of  measuring  errors  on  the  computed  properties.  This 
analysis  shows  that  measuring  errors  in  the  amplification  factor  and  resonant  frequency 
do  not  have  large  effects  on  the  computed  properties.  It  is  also  shown  that  the  error  in 
the  loss  factor  calculated  from  measured  phase  angles,  owing  to  errors  in  phase  meas¬ 
urement,  becomes  significant  at  and  below  the  natural  frequency  of  the  system. 

To  demonstrate  the  effectiveness  of  this  technique,  a  relatively  stiff  elastomer  was  se¬ 
lected  so  that  reliable  test  results  could  be  obtained  by  both  this  technique  and  the  BrUel 
and  Kjaer  apparatus.  Good  agreement  is  demonstrated.  It  is  concluded  that  the  reso¬ 
nance  technique  is  capable  of  measuring  the  damping  properties  of  very  soft  viscoelastic 
materials  (Young's  modulus  less  than  1000  Ib/in.1)  and  is  complementary  to  the  BrUel 
and  Kjaer  technique  (Young's  modulus  greater  than  1000  lb/in.  J). 

The  effects  of  specimen  geometry  on  the  measured  elastic  modulus  are  also  investigated 
and  described. 


INTRODUCTION 

Many  techniques  have  been  used  to  deter¬ 
mine  the  complex  stiffness  characteristics  of 
viscoelastic  materials.  Each  technique  has  its 
own  particular  advantages  and  disadvantages. 
For  example,  the  well-known  BrUel  and  Kjaer 
cantilever  beam  technique  ( 1]  can  be  used  to 
measure  accurately  the  complex  Young's  mod¬ 
ulus  of  stiff  viscoelastic  materials  only  (usually 
E  a  10’  lb/ln’),  resulting  primarily  from  a  se¬ 
rious  effect  of  errors  in  measurement  on  the 
calculated  results  for  soft  materials.  For  stiff 
materials,  the  effect  of  these  errors  on  the  cal¬ 
culated  results  is  small.  The  Fitzgerald  tech¬ 
nique  is  useful  for  low  frequencies  only.  Sev¬ 
eral  currently  used  techniques  (2]  depend  on 
phase-angle  measurements  in  a  fixed-inass/ 


viscoelastic-link  system.  These  techniques 
suffer  from  the  necessity  of  obtaining  phase 
measurements  of  the  required  accuracy,  which 
is  generally  difficult  to  achieve  without  sophis¬ 
ticated  instrumentation.  If,  however,  one  Is 
prepared  to  accept  the  slight  inconvenience  of 
making  a  variable-mass/viscoelastic-link  sys¬ 
tem  and  repeating  forced  vibration  tests  for 
several  masses  so  as  to  cover  a  wide  range  of 
resonant  frequencies,  the  need  for  phase  meas¬ 
urement  is  completely  eliminated. 

The  present  paper  describes  such  a  tech¬ 
nique  in  which  cylindrical  specimens  of  a  soft 
viscoelastic  material  are  joined  on  one  flat 
surface  to  a  variable  mass  and  on  the  other  to 
a  vibrating  shaker  table. 
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NOMENCLATURE 

a  Amplification  factor  at  resonance 

b  Width  of  cantllover  specimen  in  B  &  K 
technique 

d>)  Difference  between  measured  and  actual 
loss  factor 

<y>  Difference  between  measured  and  actual 
phase  angle 

d  Diameter  of  cylindrical  specimen 

t  Real  part  of  Young's  modulus  of  visco¬ 
elastic  material  (lb/ln.J) 

f  Frequency  (Hr) 

hAj  Thickness  of  aluminum  beam  in  B  &  K 
technique  (In.) 

hgj  Thickness  of  one  Paracril-UJ  layer  in 
B  6  K  technique 

L  Length  of  cantilever  specimen  in  B  &  K 
technique 

N  Tuning  mass  (slugs) 

r  Radius  of  cylindrical  specimen 

s  Area  of  material  cross  section  (in.1) 

t  Time  (sec) 

X  Amplitude  of  shaker  table  displacement 
(in.) 

v  Altitude  of  shaker  table  acceleration 

(g'8) 

y  Response  of  mass  M  (in.) 


Strain  in  1-direction 


Strain  in  3-dlrection 


Strain  in  3-dtrectSon 


Loss  factor  of  viscoelastic  material 


Poisson's  ratio 


pDj  Density  of  Paracril-DJ  (slug/in. 4) 

«,  Normal  stress  in  1 -direction 

Normal  stress  in  2-directlon 

Normal  stress  In  3-dlrectlon 

t  Thickness  of  material  (In.) 

</•  Phase  lag  between  response  of  mass  M 
and  shaker  table  (radians) 

<*>  Circular  frequency  (rad/sec) 

aa  Fractional  error  in  A 

ae  Fractional  error  in  E 

Aji  Fractional  error  In  n 

Ad>  Fractional  error  in 

Aa>  Fractional  error  In  u, 


ANALYSIS 

Consider  an  idealized  tuned  damper  as 
shown  in  Fig.  1.  Let  the  net  mass  be  m,  the 
area  of  the  material  cross  section  S,  the  mate¬ 
rial  thickness  r,  and  the  complex  Young's  mod¬ 
ulus  E<!  +  iT)),  Let  the  shaker  table  be  excited 
harmonically  with  amplitude  x  and  let  the  re¬ 
sponse  of  the  mass  M  be  y  -  Y  export  >,  Then 
the  equation  of  motion  is 

||  iL?  ♦  (  I  ♦  i  >i)(Y-  X)  exp(iu.t)  -  0  (D 


[-Mu.’  »  —  (!*«>))  Y  -  ^5(1*  h))X.  (2) 


Amplitude  of  acceleration  of  mass  M  (g's)  Therefore 


1.1 - 1 1  in _ .  > f  »'<  O) 

x  X  i  ♦  it>-  1  +  i>)  -  £3 


f  Frequency  parameter 

Density  of  aluminum  (slug/ln.3) 


and  Y  and  X  are  the  output  and  input  accelera¬ 
tions,  respectively,  and  can  be  measured  by 
suitable  accelerometers. 
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PICKUP 


Fig.  I.  Sketch  of 
experimental  setup 


At  resonance  t  -  1,  provided  that  E  and  n 
are  not  strong  functions  of  frequency,  and  the 
resonant  amplification  factor  A  becomes,  from 
Eq.  (3), 


A  - 

in  , 


Therefore 


»)  -  1  .  (5) 

The  condition  <f  i  for  resonance  gives,  if  „  is 
known, 


E  ;  M-.i’/S 


(6) 


ERROR  MAGNIFICATIONS 

Whenever  the  characteristics  of  a  material 
or  system  are  not  measured  directly,  but  are 
calculated  from  other  measurements,  the  ques¬ 
tion  of  the  effect  of  errors  In  these  measure¬ 
ments  on  the  calculated  characteristics  must  be 
considered.  In  this  particular  instance,  one 
must  conoidcr  the  offect  of  errors  In  measuring 
the  resonant  frequency  ... ,  the  amplification  fac¬ 
tor  A,  and  the  phase  angle  ■/■.  Each  of  those 
will  now  be  considered  In  turn. 


Error  In  -■ 

Let  the  measured  resonant  frequency 
,..( l  *  A.)  where  *  is  the  true  resonant  frequency 
and  a...  is  the  fractional  error.  Thus,  from  Eq. 
(6),  if  Au>  «  1,  the  measured  value  E'  cf  the 
Young's  modulus  is  E'  =  (M^.^  SKl  *  2Aoi).  Let 
ae  =  (E'  -  E)  'E  be  the  fractional  error  in  E. 
Then 


AE/A-.  =  2  (0) 

so  that  a  certain  fractional  error  in  w  will  give 
rise  to  twice  that  error  in  E. 


Error  In  A 

Let  the  measured  amplification  factor  be 
A<  l  *  AA)  where  A  is  the  true  amplification  fac¬ 
tor  and  aa  Is  the  fractional  error.  Thus,  from 
Eq.  (5),  the  measured  value  V  of  the  loss  fac¬ 
tor  is,  if  aa  <<  i . 


so  that  both  e  and  v  arc  readily  obtained  from 
measured  values  of  A  and 

An  alternative  relationship  between  »>  and 
the  lagging  phase  .w  between  (he  output  Y 
and  the  input  X  nv-  erived  from  Eq.  (3), 
namely 

I  =  -  K  (7) 

X  1 1  -  j1  <  • i 3 

so  that 

tan  f  =  of 3,1  (  1  *  n5  -  s J)  ■  (8) 

Equation  (8)  gives  a  comparatively  simple  rela¬ 
tionship  between  <>  and  the  phase  angle  J  .  How¬ 
ever,  it  will  i>e  noted  that  small  errors  in 
measuring  <t>  will  have  serious  effects  on  the 
calculated  value  of  v  whenever  the  frequency 
is  well  below  resonance  or  at  the  natural 
frequency. 


>/Af(l  i  2AA)  -  1 

1  ♦  A3 AA  (A3  n 
(A1-  l)1  ‘ 

Let  An  (v'  -  •>)  i|  be  the  fractional  error 
in  ’i .  Then 

V)  AA  -  AJ  (A3-  1)  (10) 

It.)3  (U) 

by  Eq.  (5).  The  effects  of  errors  are  not  mag¬ 
nified  for  small  v- 

Error  in  ^ 

The  error  in  ■;  owing  to  a  measurement  er¬ 
ror  in  7  can  bo  determined  by  taking  the  deriv¬ 
ative  of  Eq.  (8).  Thus, 
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*cca^>  - 


(Itn’-fV 


J>1 


or 


»♦■ 


n*i* 


Therefore 


<*A  =  "t - j - 


'In- 


or 


dn  (!♦  nJ  ••  (*)*  *  n’f* 

<w>  =  *  £,('i'-V-<f1> 


d q 

(i  .  V-f3)1  *  .)3<r* 

<JW> 

f3(l-f)3-<f3l 

(12) 

(IS) 


Graphs  of  |dtj/(W-|  against  -f  tor  various  values 
of  n  are  shown  in  Fig.  2.  From  these  graphs  it 
ctut  be  seen  that,  especially  tor  higher  lose  fac¬ 
tors,  measuring  errors  In  +  rapidly  become 
serious  at  frequencies  below  resonance. 


DAMPING  MEASUREMENT 
PROCEDURE 

It  the  mass  m  can  be  changed,  the  resonant 
frequency  can  also  be  changed  and  n  and  R  cal¬ 
culated  from  measured  value  of  A  and  ,  as 
functions  of  frequency. 

A  technique  for  determining  E  and  r,  for 
soft  viscoelastic  materials  Is  therefore  possi¬ 
ble,  using  cylindrical  material  specimens  with 
adjustable  masses  attached  at  the  free  end  and 
with  the  other  end  attached  to  a  vibrating  shaker 
tabic.  The  advantage  of  the  technique  la  that  no 
phase-angle  measurements  are  involved  at  any 
time.  Because  accurate  phase  measurements 
can  bo  made  only  with  the  most  sophisticated 
electronic  Instrumentation,  this  potential  source 
of  difficulty  Is  totally  avoided.  However,  ampli- 
fUcatton  factor  and  natural  frequency  measure¬ 
ments  using  accelerometers  are  relatively  easy 
to  make,  although  some  difficulty  may  be  en¬ 
countered  In  determining  A  and  when  the  loss 
factor  v  Is  large  and  resonant  peaks  aro  low 
and  wide. 


Fig.  2.  Graph*  of  |d>j/<W’l  against 
frequency  parameter,  f 


The  experimental  procedure  involves  (a)  the 
preparation  of  a  specimen  with  suitable  mass  M, 
thickness  r,  and  area  S,  (b)  the  measurement 
of  the  response  amplitude  v  as  a  function  of 
frequency  by  means  of  an  accelerometer,  for 
given  shaker  table  Input  X,  (c)  the  determina¬ 
tion  of  the  amplification  factor  A  at  the  reso¬ 
nance  frequency  a.,  and  (d)  the  use  of  Eq.  (5) 
and  (6)  to  determine  n  and  E,  respectively. 

Tests  are  carried  out  over  the  entire  tempera¬ 
ture  range  of  Interest  and  the  mass  m  and/or 
the  dimensions  of  the  specimen  are  then  changed 
to  get  results  at  different  frequencies.  Finally, 
graphs  of  e  and  against  frequency  are  plotted 
for  various  temperatures. 


EXPERIMENTAL  DEMONSTRATION 

Effects  of  Specimen  Goomctry 
on  Calculated  Modulus 

During  the  preliminary  experimental  Inves¬ 
tigations,  specimens  were  used  with  radius-tc- 
height  ratios  Of  0.125,  0.290,  0.325,  0.600,  0.780, 
1.185,  1.975,  and  2.425.  Apart  from  the  speci¬ 
mens  with  a  radius-to-height  ratio  of  less  than 
0.5  the  calculated  values  of  Young's  modulus 
woro  htgher  than  expected;  that  is,  they  were 
higher  than  those  determined  using  the  Brllei 
and  Kiaer  technique. 

This  phenomenon  may  be  accounted  for  In 
terms  of  the  state  of  stress  In  the  specimen. 


I 
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it 


fNl 


a  r?.  i 


Tlio  analysis  In  this  paper  assumes  a  state  of 
piano  atroflu.  This  assumption  la  valid  only  for 
specimens  whose  holghts  are  largo  compared 
to  their  radii.  In  this  ease,  taking  tiro  longi¬ 
tudinal  axis  of  tho  specimen  as  the  3-uxls,  It 
Is  easily  shown  { 3  ]  that  <*y  -  Et , ,  a a  =  o ,  and 
e,  =0,  where  t3  is  the  strain  In  the  longitudinal 
direction,  and  1,  i,  j  arc  axos  in  a  threo- 
uimenBional,  orthogonal  coordinate  system.  On 
tho  other  hand,  for  specimens  whose  helght-to- 
radlus  ratios  arc  small,  tho  assumption  of  a 
state  of  plane  strain  is  more  accurate.  For 
this  case,  Poisson's  ratio  effects  must  be  taken 
into  account  and  It  can  be  shown  [4j  that 


The  experimentally  determined  vuluea  of  E, 
using  the  equations  developed  In  thlB  paper,  are 
ftlwaye  equivalent  to  xWf.  The  values  of  Etll 
then  lie  somewhere  between  the  true  Young’s 
modulus  and  the  bulk  modulus,  as  neither  a 
state  of  plane  stress  nor  of  plane  strain  actually 
exists. 


(1-  2i»)(  1  '  -) 


In  thin  case  ae  effective  observed  modulus  Eell 
can  be  dofinod  as 


EQ--) 

(1-  2i<  )(!♦»-) 


To  determine  a  specimen  slice  that  will 
yiold  results  that  can  be  Unambiguously  inter¬ 
preted  in  terms  of  cither  tho  Young's  modulus 
or  tho  bulk  modulus,  it  was  necessary  to  con¬ 
duct  preliminary  experiments  in  which  E,„ 
was  determined  for  specimens  of  various 
radius-to-height  ratios.  Typical  results  for 
Paractil-DJ  with  60  PUR  SAF  carbon  are 
shewn  in  Figs.  3  and  4.  It  Is  soon  that  for  low 
radkue-to-height  ratios  tho  values  of  Elf{  toad 
to  flatten  indicating  a  range  of  values  of  the 
rndlus-to-hclght  ratio  over  which  E„f ,  Is  es¬ 
sentially  equal  to  E. 


so  that  <4  =  Oj/Et  ft. 


In  the  case  of  plane  stress,  E. 


same  as  Young's  modulus  of  the  material 
whercaa  In  the  case  of  plane  strain,  Ee,f  Is 
equivalent  to  tho  bulk  modulus  of  the  material 


Such  tests  must  necessarily  be  conducted 
for  each  material  to  choose  acceptable  speci¬ 
men  sites.  In  this  case,  the  1/2-ln.  diameter 
by  1/2-ln.  high  specimen  was  chosen.  The  re¬ 
sults  obtained  from  this  stao  specimen  agreed 
quite  woll  with  those  for  the  Brtiel  and  Kjaor 
technique. 


I1 


: 


f.  I 


d/r 


Fig.  4.  Graph  of  ratio  of  effective  Young's  modulus 
to  Young's  modulus  against  diametcr-to-height  ratio 
of  specimen 


Effects  of  Temperature  and  Frequency  through  8.  Cross  plots  of  E  and  r>  against  tem¬ 

perature  for  a  frequency  of  500  Hz  are  shown  in 
To  verify  the  general  accuracy  and  effec-  Fig.  9. 

tlveness  of  the  tuned  damper  measurement 

technique,  tests  were  carried  out  on  simple  For  the  sake  of  comparison,  data  previ- 

cyllndrtcal  specimens  of  a  particular  elaato-  ously  taken  on  aluminum  beams,  coated  on  both 

mer  (Paracril-BJ  with  50  parts  per  hundred  sides  with  equal  thicknesses  of  the  same  elas- 

super  abrasive  carbon  black)  for  which  accu-  tomer  as  in  Fig.  10,  and  excited  as  a  cantilever 

rate  measurements  of  E  and  n  had  already  been  beam  in  a  complex  modulus  apparatus  [  1 )  are 
made  using  a  cantilever  beam  technique-  [1],  included.  The  results  are  given  in  Table  4. 

The  specimen  dimensions  were  a  0.5- in.  diam-  Measured  values  of  E  and  >j  are  plotted  against 

eter  by  a  0.5-in.  depth.  In  accordance  with  ele-  frequency  in  Figs.  5  through  8. 
mentary  spring  theory,  one-third  of  the  mass 
of  the  viscoelastic  element  was  added  to  the 

nominal  mass  of  the  added  weight  and  acceler-  CONCLUSIONS 
cmeter  to  give  the  true  mass  M.  Tests  were 

carried  out  at  various  masses  M,  input  accel-  An  analysis  has  been  developed  to  describe 

erations  x,  and  temperatures  for  the  speci-  the  dynamic  response  of  a  variable -mass/ 

mens  and  the  results  are  given  in  Tables  1  and  viscoelastic-link  system  in  tension-compression. 

2.  For  the  given  values  of  H,  r,  and  S,  v  and  This  analysis  shows  that  the  Young's  modulus 

E  were  calculated  from  the  measured  values  of  and  loss  factor  of  a  viscoelastic  material  are 

A  and  a>.  Both  E  and  q  were  found,  as  seen  in  easily  determined  from  frequency  and  ampli- 

Table  3,  to  be  independent  of  strain  for  low  in-  tude  measurements  at  resonance.  The  analysis 

put  accelerations.  This  is  the  linear  region  for  also  showed  that  there  is  a  simple  relationship 

the  material,  and  measurements  in  this  range  between  the  loss  factor  and  phase  lag  between 

only  were  used  for  comparison  with  the  canti-  the  input  and  output, 

lever  beam  test  results. 

To  determine  the  effects  of  amplitude,  fre- 

Craphs  of  E  and  q  against  frequency  for  quency,  and  phase  measurement  errors  on  the 

various  temperatures  are  shown  in  Figs.  5  calculated  properties,  an  error  analysis  was 
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TABLE  1 

Experimental  Values  of  Loss  Factor  and  Young's  Modulus  for 
Paracril-BJ  With  50  Parts  SAF  C  for  a  1/2-in.  Diameter,  1/2-in. 
High  Cylindrical  Specimen  Using  the  Tuned  Damper  Technique* 


Temp 

°F 

M 

(gm) 

l 

(Hz) 

Output 

(g) 

n 

Of 

E 

(psi) 

50 

63.5 

400 

2.4 

2.4 

6.00  x  103 

132.0 

274 

2.55 

2.55 

0.426 

5.70X10  3 

268.5 

185 

2.70 

2.70 

0.400 

5.25  X103 

110 

63.5 

310 

5.0 

5.0 

0.204 

3.50  xlO3 

132.0 

207 

5.1 

5.1 

0.200 

3.25  xlO3 

268.5 

133 

4.9 

4.9 

0.207 

2.70  xlO3 

132 

63.5 

286 

5.7 

5.7 

0.178 

2.98  X  103 

132.0 

194 

5.6 

5.6 

0.182 

2.86  X  103 

268.5 

125 

5.1 

5.1 

0.200 

2.70  X  103 

161 

63.5 

274 

5.95 

5.95 

0.171 

2.74  xlO3 

132.0 

175 

5.3 

5.3 

0.192 

2.34  xlO3 

268.5 

116 

5.1 

5.1 

0.200 

2.08  x  10 3 

aIr»put  =  i  g. 


TABLE  2 

Experimental  Values  of  Loss  Factor  and  Young’s  Modulus  for 
Paracril-BJ  with  50  Parts  SAF  C  for  Three  1/2-in.  Diameter, 
1/2-in,  High  Cylindrical  Specimens  Joined  in  Parallel  Using 
the  Tuned  Damper  Technique3 


Temp 

°F 

Output 

(g) 

■ 

■ 

E 

(psi) 

50 

102.6 

596 

1.90 

1.90 

0.620 

6.95  xlO3 

244.7 

363 

2.20 

2.20 

0.510 

6.20  xlO3 

433.2 

284 

2.15 

2.15 

C.526 

8.73  xlO3 

711.2 

216 

2.18 

2.18 

0.516 

6.32  xlO3 

110 

102.6 

409 

4.42 

4.42 

0.232 

3.28  x  103 

244.7 

266 

4.8 

4.80 

0.213 

3.31  xlO3 

433.2 

197 

4.8 

4.80 

0.213 

3.24  xlO3 

711.2 

150 

4.05 

4.05 

0.255 

3.07  x  103 

132 

102.6 

307 

5.0 

5.0 

0.204 

2.94  XlO3 

4.30 

■ 

0.240 

2.68  xlO3 

4.90 

0.207 

2.85  x  103 

711.2 

4.10 

0.251 

2.57  xio3 

161 

102.6 

363 

5.25 

0.194 

2.59  x  io3 

244.7 

- 

— 

— 

— 

433.4 

171 

5.0 

5.0 

0.204 

2.45  xlO3 

711.2 

128 

4.10 

4.10 

0.251 

2.43  xlO3 

aInput  =  1  g. 
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TABLE  3 

Typical  Variation  of  Experimentally  Determined  Value b  of  Lobs 
Factor  and  Young's  Modulus  With  Input  Acceleration  for  a  1/2-in. 
Diameter,  1/2-in.  High  Specimen  of  Paracril-BJ  With  50  Parts 
SAF  Carbon® 


f 

(Hz) 

Input 

(6) 

Output 

(<?> 

A 

V 

E 

(psi) 

210 

0.5 

2.0 

5.20 

0.196 

3.33  x  10s 

207 

1.0 

6.1 

5.10 

0,200 

3.25x10s 

202 

2.0 

8.05 

4.97 

0.230 

3.10  x  10s 

188 

5.0 

21.7 

4.34 

0.237 

2.67  x10s 

^Temperature  *  110*F,  M  =  132.0  gm. 


Fig.  5.  Graph  of  experimentally  meaaured  values  of  loss 
factor  and  Young's  modulus  against  frequency  at  50*F 


performed.  ThiB  analysis  showed  that  for  a 
soft  viscoelastic  material  with  a  small  loss 
factor,  the  effect  of  small  errorB  in  measured 
frequency  and  amplitude  are  not  serious. 

The  analysis  showed  that  small  errors  in 
phase  measurement  can  become  quite  serious  at 
and  below  the  resonant  frequency  of  the  system. 

An  investigation  of  the  effects  of  specimen 
geometry  on  the  measured  Young's  modulus  was 


also  conducted  to  determine  a  suitable  specimen 
size.  This  investigation  showed  that  for  cylin¬ 
drical  specimens  with  a  radiuo-to-height  ratio 
of  0.5  or  less,  Poisson's  ratio  effects  could  be 
neglected.  The  investigation  also  indicated  that 
Poisson's  ratio  may  be  0.5  or  very  nearly  0.5 
for  the  particular  material  used.  For  radius- 
to-height  ratios  of  0.5  or  less,  the  measured 
properties  were  in  good  agreement  with  those 
obtained  using  the  Briiel  and  K jaer  technique . 
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Fig,  6.  Graph  of  experimentally  measured  values  of 
lose  factor  and  Young*  a  modulus  against  frequency 
at  HO*'? 
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Fig,  7.  Graph  of  experimentally  measured  values  of  lose 
factor  and  Young's  modulus  against  frequency  at  132*F 
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Fig.  10.  Sketch  of  metal  beam  with  viscoelastic  layers 


TABLE  4 

Experimental  Values  of  Loss  Factor 
and  Young's  Modulus  for  Paraeril-BJ 
With  50  Parts  SAF  C  Using  the  Brttel 
and  Kjaer  Technique4 


Temp 

(°F) 

(Hz) 

V 

E 

(psi) 

50 

72.9 

0.397 

5.42  x  103 

212.3 

0.548 

7.04  XlO3 

426.3 

0.867 

8.21  xlO3 

no 

67.2 

0,245 

2.84  xiO3 

190.4 

0.266 

3.15  x  103 

374.5 

0.286 

3.28  xlO3 

618.8 

0.320 

3.28  x  103 

132 

66.1 

0.239 

2.65  xlO3 

186.5 

9.265 

2.83  xlO3 

368.1 

0.252 

3.01  xlO3 

609.4 

0.266 

3.07  x  lo3 

160 

64.6 

0.229 

2.42  x  10* 

183.4 

0.216 

2.88x10* 

361.9 

0.189 

3.05  x10s 

ahB,  =  0.0119  in.,  L  =  7  in.,  Pbj*  0.041  lb/in.3, 
hA1  =  0.032  in.,  b  *  0.45  ill,,  and  i  -  0,1  lb/in?. 
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DISCUSSION 


D.  S.  Nokes  (Tufts  Univ.):  Could  you  com¬ 
ment  on  how  this  technique  would  work  for  a 
material  with  very  high  loss  factor?  For  a 
loss  factor  of  the  order  of  1,  can  you  still 
measure  a  resonant  frequency  ? 

Mr.  Cannon:  I  think  It  would  be  rather  dif¬ 
ficult  because  the  amplification  factors  might 
tend  to  be  quite  low.  Once  they  got  down  to  the 
order  of  say  1-1/2  or  so,  then  the  amplification 
factor  could  have  quite  r  serious  effect  on  the 
calculated  results. 

P.  J.  Conlisk  (Monsanto):  Would  you  care 
to  comment  on  the  softest  material  you  have 
tested  and  what  success  you  had?  Have  you 
measured  any  material  with  a  modulus  in  the 
range  of  100? 

Mr.  Cannon:  I  do  not  think  we  measured 
any  material  of  around  100,  but  for  moduli  of 
around  600  or  600  psl  the  results  have  been 
quite  good. 

Mr.  Conlisk:  What  were  the  loss  factors 
of  those? 

Mr.  Cannon:  The  lose  factor  for  this  ma¬ 
terial,  a  silicone  rubber  compound,  was  from 
about  0.1  to  0.3. 

Mr.  Conlisk:  And  you  had  very  good 
results? 

Mr.  Cannon:  Yes. 

Dr.  Jones  (Air  Force  Mat.  Lab.);  I  would 
like  to  add  a  comment.  We  have  measured 
properties  down  to  about  150  psl.  Charles 
wouldn't  have  known  about  that  because  I  did  it. 

K.  McConnell  (Iowa  State  Univ.);  I  was  very 
interested  in  the  penalty  curves  or  error  curves 
using  the  phase  technique.  I  would  like  to  sug¬ 
gest  that  you  can  considerably  improve  these  by 


using  a  slightly  different  arrangement.  Apply  a 
sinusoidal  force  to  the  mass  instead  of  to  the 
base,  and  then  at  extremely  high  dissipation 
factors,  you  can  also  use  the  phase  shift  be¬ 
tween  the  driving  force  and  the  response  as  an 
indication  of  resonance.  I  have  used  this  tech¬ 
nique  in  a  highly  damped  fluid  system  and  it  is 
extremely  precise.  With  the  system  you  have, 
there  is  a  90-degree  phase  shift  if  you  drive 
with  a  purely  linear  system.  Because  you  are 
driving  through  the  material  you  really  do  not 
know  what  the  phase  relationships  are.  This  is 
why  you  have  such  high  error  penalties. 

Mr.  Cannon:  We  never  tried  the  technique 
that  you  suggested.  It  might  be  good  to  look 
into,  though. 

Mr.  Forkois  (NRL):  Have  you  concerned 
yourself  at  all  with  the  thermodynamics  of  the 
material  itself?  In  other  words,  you  said  you 
have  a  150-degree  F  external  temperature  and, 
of  course,  the  material  itself  may  be  50  degrees 
higher.  How  long  would  it  take  for  the  material 
itseii  to  deteriorate  as  ihe  damping  is  increased? 

Mr.  Cannon:  You  mean  just  because  of  the 
heat  dissipation  within  the  material  as  it  builde 
up  the  heat?  During  the  testing  I  noticed  that  if 
the  By  stem  is  left  at  resonance  for  several  min¬ 
utes  or  so,  there  is  very  little  difference  either 
in  frequency  or  in  the  loss  factor. 

Mr.  Forkois:  1  once  embedded  thermocou¬ 
ples  in  a  block  of  polyurethane  and,  over  a  pe¬ 
riod  of  time,  there  was  quite  a  temperature  rise 
in  the  material.  I  suspect  that  this  can  cause 
some  error  in  determining  the  damping  factor. 

Mr.  Cannon:  Yes,  it  would,  but,  for  mate¬ 
rials  that  are  in  a  range  where  the  moduli  and 
loss  factors  are  fairly  flat  or  in  the  rubbery 
region,  the  effect  of  even  a  5-  or  10-degree 
change  within  the  material  would  not  affect  its 
properties  very  much.  However,  at  the  glass 


transition  temperature  where  there  is  a  change 
of  slope  in  the  elastic  curve  and  the  loss  factor 
curve  is  at  Its  peak,  then  a  several-degree 
change  in  temperature  within  the  specimen 
would  cause  a  serious  effect,  particularly  If  the 
material  Is  quite  temperature  sensitive. 

D.  Kraft  (Unlv.  of  Dayton):  In  the  paper 
that  Mr.  Newman  and  1  presented  this  morning, 
we  had  a  shear  system  which  is  not  dissimilar 
to  what  Charles  is  talking  about.  We  embedded 
thermocouples  in  our  viscoelastic  material 
which  was  1  by  1  by  1/4  in.  thick.  We  ran  this 
at  different  levels  of  acceleration  and  monitored 
the  temperature  variations  within  the  visco¬ 
elastic  material.  It  might  be  of  interest  that 
this  is  somewhat  a  function  of  the  magnitude  of 
the  acceleration.  One  can  get  outside  the  linear 
range  and  perhaps  get  into  some  difficulties, 
but  in  the  area  of  very  small  accelerations,  up 
to  3  or  4  g's,  which  is  the  region  we  monitored, 
and  we  had  the  system  running  10,  IS,  20  min, 

* 


we  would  get  variations  of  temperatures  of 
maybe  ±1-1/2  degrees.  So  it  was  relatively 
small  and  as  mentioned,  one  would  have  to  be 
In  an  extremely  sensitive  temperature  region 
in  terms  of  the  real  part  of  the  modulus  to  af¬ 
fect  the  results  significantly. 

Mr.  Brooks  (NASA,  Langley):  There  is 
certainly  a  great  deal  of  effort  in  this  area. 
Looking  at  materials  that  have  very  high  loss 
factors,  I  wonder  If  anyone  has  given  any  con¬ 
sideration  to  Just  simply  looking  at  the  damping 
of  critically  damped  systems  when  you  approach 
very  high  values  of  damping.  1  remember  a  few 
years  ago  I  was  faced  with  this  problem  and  I 
found  that  I  could  get  a  pretty  good  answer  on 
the  damping,  or  lose  factor  if  you  like,  by  sim¬ 
ply  integrating  the  decay  curve  for  a  critically 
damped  system.  This  Is  a  technique  which 
some  of  you  may  find  interesting  when  you  have 
very  high  loss  factors. 
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AIRCRAFT  STRUCTURAL  RESPONSE  DUE  TO  OROUND  IMPACT 


Jack  D.  Weber 

Conv.  r  Division  of  General  Dynamics 
San  Diego,  California 


A  method  is  developed  for  computing  the  dynamic  response  of  a  (ree-frec  elastic  aircraft 
structure  while  impacting  with  the  ground.  This  problem,  which  is  complicated  by  nonlinear 
force  characteristics  and  structural  feedback,  lias  been  brought  into  the  realm  of  practical  so* 
lution  by  a  unique  transformation.  The  mathematical  model  consists  of  a  lumped  parameter 
system.  The  ground  load  is  idealized  by  a  series  of  nonlinear  partially  restoring  springe. 
These  springs  represent  the  vertical  crushing  characteristics  of  the  lower  fuselage  structure. 
Tiie  method  of  analysis  employed  computes  the  rigid  body  plus  the  transient  elastic  response 
of  the  structure.  Basic  kinetics  are  used  to  determine  the  rigid  body  response  and  load.  The 
modal  acceleration  technique  is  used  to  compute  the  vibratory  response  of  tho  structure.  To 
facilitate  a  solution,  the  load-deflection  characteristics  of  the  lower  fusolago  structure  arc 
transformed  into  load-time  curves.  The  load-time  curves  are  generated  as  tho  solution  pro¬ 
gresses  and  thus  represent  the  effect  of  structural  feedback.  The  results  of  a  sample  problem 
are  presented  as  time  varying  displacements,  velocities,  accelerations,  and  fuselage  bending 
moments.  A  comparison  is  made  between  the  loads  and  accelerations  developed  in  a  typical 
fuselage  during  a  crash  (fuselage  contact)  and  those  developed  during  a  landing  (two-whoel  con¬ 
tact)  under  the  same  initial  conditions.  The  results  of  fuselage  model  impact  tests  are  pre¬ 
sented,  and  a  comparison  is  made  with  the  theoretical  decelerations  and  bending  moments, 


INTRODUCTION 

Passenger  safety  and  survivability  are  be¬ 
coming  ever  more  Important  with  the  advent  of 
larger  and  larger  aircraft.  The  maintaining  of 
fuselage  structural  Integrity  during  ground  Im¬ 
pact  Is  tho  area  under  consideration  In  this 
paper.  Primary  consideration  Is  given  to  a 
practical  method  of  determining  tho  loads  de¬ 
veloped  In  a  fuselage  during  ground  Impact, 

A  number  of  controlled  crash  tests  have 
been  made  with  aircraft.  With  other  partici¬ 
pating  organizations,  the  FAA  conducted  a  full- 
scale  dynamic  crash  test  of  a  Lockheed  Con¬ 
stellation  Model  1649  aircraft  ( 1  j.  Similar 
tests  have  been  made  on  other  aircraft.  In  all 
cases  the  fuselage  broke  at  one  or  more  places . 
Recently  the  FAA,  In  conjunction  with  Convatr, 
performed  crash  tests  on  models  of  fuselages. 
These  models  were  4  ft  in  diameter  and  30  ft 
long. 

If  one  considers  the  loads  developed  In  a 
fuselage  as  a  design  parameter,  the  possibility 
of  a  fuselage  remaining  Intact  during  a  limited 
crash  can  be  significantly  Improved.  The  prob¬ 
lem  Is  twofold:  First,  the  lower  fuselage  struc¬ 
ture  must  be  designed  to  absorb  the  energy  at¬ 
tributed  to  the  velocity  of  the  aircraft  normal 


to  the  ground.  The  energy  attributed  to  the 
forward  motion  of  the  aircraft  must  be  ab¬ 
sorbed  by  ground  friction.  Second,  the  fuselage 
structure  must  have  adequate  strength  to  with¬ 
stand  the  loading  during  ground  Impact.  These 
two  objectives  can  be  improved  by  only  a  minor 
weight  Increase  using  new  design  considera¬ 
tions  [2]. 

The  objective  In  developing  the  present 
method  of  solution  has  been  to  arrive  at  a  tech¬ 
nique  with  enough  flexibility  so  that  It  can  be 
used  readily  and  still  produce  results  with  rea¬ 
sonable  engineering  accuracy.  The  ability  to 
handle  not  only  the  fuikdamental  modes  but 
higher  frequencies  was  of  prime  consideration 
in  the  development  of  the  present  method  of 
analysts.  The  test  results  presented  in  Ref.  [l] 
show  tho  Importance  of  higher  inodes.  The 
results  of  previous  analytical  work  [3]  and  test 
results  [1]  have  been  helpful  in  deriving  the 
present  technique.  Certain  parameters  such 
as  longitudinal  vibrations  that  were  determined 
to  have  an  Insignificant  effect  [3]  were  not 
considered. 

The  determination  of  the  response  of  an 
elastic  aircraft  structure  during  ground  impact 
Is  complicated  by  the  nature  of  the  forcing  func¬ 
tions.  If  the  forces  were  predetermined  functions 
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of  time,  the  solution  would  to  nUghtlorward. 
tiudcad,  they  arc  functions  <n!  b~th  displacement 
Mad  permanent  act. 


BASIC  EQUATIONS 

Tbc  aiethod  ot  analysis  employed  computes 
the  rigid  body  plus  tho  transient  elastic  re- 
Gpoint  of  the  structure.  Basic  kinetics  are 
used  to  determine  the  rigid  body  response  and 
load.  The  modal  acceleration  technique  is  used 
to  compute  the  vibratory  response  oi  die  struc¬ 
ture;  the  mathematical  model  consists  oi  a 
lumped  parameter  system;  the  ground  load  is 
idealized  by  a  series  oi  nonlinear  partially  re¬ 
storing  springe.  These  springe  represent  the 
vertical  crushing  characteristics  of  the  lower 
fuselage  structure.  To  facilitate  &  solution,  the 
load-deflection  characteristics  of  tho  lower 
fuselage  structure  are  transformed  Into  load- 
time  curves.  The  load- time  curves  are  gen¬ 
erated  as  the  solution  progresses  and  thus  rep¬ 
resent  the  effect  of  structural  feedback. 

In  deriving  the  basic  equations,  the  follow¬ 
ing  assumption*  are  made; 

1.  The  crash  is  symmetric.  That  Is,  the 
airplane  is  allowed  to  pitch  and  translate  ver¬ 
tically  but  cannot  yaw,  roil,  or  translate  later¬ 
ally.  Longitudinal  motion  has  been  excluded 
from  the  present  consideration. 

2.  The  normal  force  applied  to  the  luselage 
While  impacting  with  the  ground  is  derived  from 
a  series  of  nonlinear  partially  restoring  springs. 

3.  The  beam  flexural  stiffness  remains 

during  the  Cfftfih. 


4.  The  lift  on  tho  wing  is  completely  de¬ 
stroyed  at  impact. 

6,  The  stiffness  oi  the  ground  is  relatively 
high  in  comparison  to  the  lower  fusolago  struc¬ 
ture;  therefore,  it  can  be  neglected. 

The  basic  equations  or  phases  to  the  solu¬ 
tion  have  been  divided  into  throe  parts;  force 
determination,  rigid  body  equations,  and  elastic 
body  equations. 

The  coordinates  and  sign  convention  used 
in  deriving  the  equations  oi  motion  are  given  in 
Fig.  1,  where 

X,  -  location  oi  ith  mass  station, 

Z,  a  distance  between  ground  and  unde- 
formed  underside  Ot  fuselage  at  the 
ith  maoe  station  (a  negative  displace¬ 
ment  indicates  deformation  of  tho 
lowor  fuselage  structure), 

ii  b  velocity  of  the  ith  mass  station, 

Z.  ■  acceleration  ot  the  ith  mass  station, 
and 

F,  ■  spring  force  on  the  ith  mass  station. 


Force  Determination 

A  typical  force-uoilectlon  curve  of  a  lower 
luseiage  structure  at  a  given  mass  station,  i, 
is  given  in  Fig.  2.  By  transforming  this  curve 
Into  one  of  force  vs  time,  the  response  of  the 
fuselage  can  be  determined  by  a  closed  form 
solution.  The  transformation  is  accomplished 
by  estimating  tho  distance  n  station  will  travel 


Fig-  1-  Coordinates  and  sign  convention 


m 


Fig.  2.  Force -deflection  cliaractcrlntica 
of  a  lower  fuselage  structure 


Fig.  3.  Lonri-dftflecUOii 
curve  with  permanent 
set 


In  a  given  time  increment,  t ,  to  t,.  The  co¬ 
llimated  displacement  in  determined  oy  Eq.  (1), 
which  to  based  oi>  the  value  of  displacement, 

2, , _ velocity,  and  acceleration,  2j(mi, 

at  tlmo,  * j  * , . 


From  the  force-deflection  curve,  values  of 
force  are  determined  for  the  displacement  at 
time  1 1.  j  and  t , .  The  constant  force,  F,,  act¬ 
ing  on  mass  station  ,  during  a  given  time  in* 
crement  is  token  as  the  average  of  the  force  at 
Zt(.,  (actual)  and  21(  (estimated).  The  proce¬ 
dure  Is  repeated  for  each  mass  station.  These 
forces  are  then  used  to  determine  the  response 
of  the  structure  for  the  glvon  tlmo  Increment. 
Tost  cases  show  the  estimated  displacements 
to  agree  within  four  digits  of  accuracy  with  the 
subsequently  computed  actual  displacements. 
Recause  of  this  accuracy  tho  computed  forces 
fall  well  within  engineering  accuracy.  Thus 
tills  technique  has  proven  to  be  very  powerful 
with  respect  to  both  accuracy  of  solution  and 
minimum  computer  time. 

Permanent  set  can  be  represented  by  let¬ 
ting  the  load-deflection  characteristics  of  the 
lower  fuselage  structure  for  each  station  be 
represented  as  a  series  of  load-deflection  co¬ 
ordinates.  A  straight  line  Is  assumed  between 
each  sot  of  points.  A  separate  curve  Is  used 
for  each  station.  Figure  3  Illustrates  a  portion 
of  a  load-deflection  curve  with  permnnunt  set. 

As  a  solution  progresses,  the  curve  can  be 
modified  to  account  for  plastic  deformation  erf 
the  lower  fuselage  structure.  The  procedure 
Is  to  progressively  destroy  the  curve  as  deflec¬ 
tion  Increases.  For  example,  when  the  deflec¬ 
tion  is  between  points  3  and  4,  the  value  of  load 
at  point  2  Is  set  to  zero;  and  then  the  deflection 
Is  between  points  4  and  6,  the  load  at  point  3  Is 
set  to  zero,  and  so  forth.  These  values  of  load 


will  ronmlr.  at  zero.  Thus,  when  the  deflection 
decreases,  the  value  of  applied  load  computed 
from  these  modified  curves  will  hIbo  be  zero. 

A  limited  amount  of  elastic  sprlngback  is 
represented  by  a  modified  curve.  For  example, 
if  points  2  and  3  have  been  set  to  zero,  the  now 
elastic  region  of  the  structure  Is  as  shown  with 
a  dashed  lino  in  Fig.  3.  By  proper  selection  of 
the  points  not  only  can  the  load  deflection  curve 
be  represented,  but  springback  characteristics 
can  be  varied  along  the  curve.  Depending  on 
the  structure  Involved,  a  high  elastic  spring- 
back  is  possible  In  one  region  and  a  low  value 
111  another.  The  potential  of  this  feature  is 
dependent  on  tho  proper  selection  of  tho  points 
to  represent  a  load-defloctlon  curve. 


Rigid  Body  Equations 

Tho  following  equations  arc  used  to  de¬ 
scribe  rigid  body  motion  of  the  aircraft  center 
of  gravity  and  the  Individual  mass  stations.  The 
total  normal  force  on  the  fuselage  Is 

F  -  £  F,.  (2) 

i 

The  total  pitching  torque  about  the  aircraft 
center  of  gravity  (eg)  Is 

T'fw-V  (3) 

Equating  the  applied  forces  to  the  Inertia  forces, 
F  =  M  Z  -  Mg  (4) 

T  =  la  (6) 

where 

«  =  mass  of  aircraft, 
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i  «  pitching  moment  of  inertia  of  aircraft, 

g  =  acceleration  attributed  to  gravity, 

z  *  relative  acceleration  of  aircraft  center 
of  gravity,  and 

a  *  aircraft  pitching  acceleration. 

Combining  Eqs.  (4)  and  (S),  the  acceleration  of 
the  ith  point  is 

*,  .  J  .  ,  *  U5£5u>  .  (6) 


As-fon'tp;'  that  the  applied  force  and  the  result¬ 
ing  v  Toleration,  z, . ,  are  constant  for  a  given 

time  Increment,  t  j.,  to  t,,  the  velocity  and 
displacement  of  the  ith  mass  station  at  the  end 
of  the  jth  time  increment  is 


<t>m  a  mass  at  the  ith  mass  point,  and 

</>j  =  modal  displacement  at  the  ith  mass 
k  point  In  the  kth  mode. 

The  generalized  force  fe  also  based  on  Die  ap¬ 
plied  force  remaining  constant  during  a  given 
time  Increment.  Thus  the  generalized  force  is 
represented  as  a  step-curve.  The  generalized 
force  lor  the  kth  mode  during  the  jth  time  in¬ 
crement  is 


Sk 


=  L  Fi ,  *i 


in) 


The  solution  of  the  equation  of  motion  for 
the  kth  mode  hi  terms  of  generalized  displace¬ 
ment,  Qk  ,  velocity,  Q„  ,  and  acceleration,  Q.  , 

)  *  J  K  j 

at  the  end  of  the  j  th  time  Increment  is 


(8) 

These  equations  then  represent  the  rigid  body 
motion  of  an  aircraft  during  Impact, 


Flexible  Body  Equations 

The  elastic  response  of  a  complex  raulti- 
degree-of -freedom  system  ts  best  determined 
by  the  use  of  generalized  coordinates.  The 
generalized  coordinates  or  modes  will  be  con¬ 
sidered  to  be  orthogonal;  thus  the  total  vibra¬ 
tory  response  is  the  superposition  of  the  indi¬ 
vidual  modes.  In  terms  of  generalized  coordi¬ 
nates,  the  equation  of  motion  for  the  kth  mode 
is 


+ 


%  --  Fq 


(9) 


where 

Mkk  =  generalized  mass  In  the  kth  mode, 

wk  =  frequency  of  kth  mode,  and 

F  “  generalized  force  of  kth  mode. 

The  generalized  mass  for  un  orthogonal  mode 
is 


£  "I  tiy 


where 


(10) 


Qk, 


M-i  (12) 

♦  Sln  “a«<  ‘  j- . ) 


Ok,  -  ■  "k  iQi 


L  \  \ 


\V.-i 

*  Ok,.,  cos  ^(tj-t,.,)  (13) 


qk. 


■  "k  Qk  ,  _  ,  Sip"k(trtj-l)  <14) 


where  Qk,.,  and  Qk ,  ,  are  the  generalized  dis¬ 
placement  and  velocity  at  the  beginning  of  the 
time  Increment.  The  solution  is  propagated  by 
letting  the  final  conditions  ol  one  Increment  be¬ 
come  the  initial  conditions  ol  the  next.  Th  ef¬ 
fect  of  structural  damping,  0,  has  been  adued 
by  mnitlpiylng  Eqs.  (12),  (13),  and  (14)  by 


(15) 


The  total  vibratory  response  of  the  ith 
mass  point  ie  obtained  by  transforming  the 
above  response  factors  from  generalized  to 
structural  coordinate©  and  summing  the  re¬ 
sponse  of  the  individual  modes.  Tims  the  tran¬ 
sient  response  at  the  end  of  the  jth  time  incre¬ 
ment  is 
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-  -  r>-^M<  t 


(16) 

V 

(17) 

(B 

L\  V 

k  1 

(18) 

These  equations  represent  the  vibratory  re¬ 
sponse  of  an  aircraft  during  Impact,  The  total 
response  is  the  sum  of  the  rigid  Ikidy  plus  the 
transient  response. 


DIGITAL  COMPUTER  PROGRAM 

A  digital  computer  program  has  been  de¬ 
veloped  based  on  the  preceding  equations.  The 
program  computes  the  dynamic  response  of  a 
free-free  elastic  aircraft  structure  while  Im¬ 
pacting  with  the  ground.  The  program  com¬ 
putes  as  a  function  of  time  the  displacement, 
velocity,  and  acceleration  of  each  control  sta¬ 
tion.  Bending  moments  along  the  fuselage  are 
also  determined.  These  are  compared  with  the 
maximum  allowable  bending  moments.  The 
normal  computer  output  is  in  the  form  of  both 
printed  output  and  SC-4020  plots.  A  complete 
description  of  the  program  is  given  in  Ref.  [2]. 
The  program  has  been  written  In  Fortran  IV 
and  has  been  run  on  the  IBM  7094/44.  the  IBM 
300  model  65/40,  and  the  CDC  6400 


STUDY  AND  TEST  RESULTS 

To  demonstrate  the  method  developed  in 
this  paper,  the  results  os'  two  different  prob¬ 
lems  are  presented.  The  first  is  an  analytical 
study  using  the  physical  characteristics  of  a 
medium-size,  four-engine  jet  transport.  The 
second  is  a  comparison  between  analytical  pre¬ 
diction  and  test  results  for  a  model  fuselage. 


Jet  Transport  Study 

The  fuselage  of  a  jet  transport  was  Ideal¬ 
ized  as  a  beam  with  ten  mass  stations  (Fig.  1). 
In  the  model  the  vertical  flexural  stiffness  was 
considered  to  vary  linearly  between  mass  sta¬ 
tions.  Wing  weight  was  Included  as  part  of  the 
fuselage  weight.  The  vortical  crushing  charac¬ 
teristics  of  the  lower  fuselage  structure  were 
represented  as  a  nonlinear  partially  restoring 
spring  at  each  of  the  forward  nine  mass  sta¬ 
tions.  The  free-free  orthogonal  vibration 
modes  and  frequencies  for  the  idealized 


structure  were  computed  from  stiffness,  mass, 
and  geometric  data. 

The  dynamic  response  of  the  jet  transport 
impacting  the  ground  was  determined  by  the 
computer  program  and  is  in  the  form  of  printed 
output  and  SC-4020  plots.  To  illustrate  the  re¬ 
sults,  selected  plots  are  presented  In  Fig.  4. 

The  plots  of  displacement  show  progressive 
contact  of  the  ground  by  the  various  stations. 
Contact  is  made  at  a  displacement  of  zero. 
Negative  displacements  represent  deformation 
of  the  lower  fuselage  structure.  By  comparing 
the  displacements  between  stations,  pitching  of 
the  fuselage  can  be  observed.  The  plots  of  ve¬ 
locity  also  illustrate  pitching  of  the  fuselage. 

The  plots  of  acceleration  show  the  pronounced 
effect  of  the  vibratory  modes,  especially  higher 
frequencies.  The  plots  of  bending  moment 
show  that  the  higher  frequency  modes  have  a 
more  pronounced  effect  at  the  ends  of  the  beam 
and  that  the  fundamental  modes  produce  the  pri¬ 
mary  response  near  the  center  of  the  beam. 
Actual  test  data  [l]  have  also  brought  out  the 
importance  of  multiple  elastic  modes.  One  of 
the  features  of  the  computer  program  that  uses 
the  method  of  this  paper  is  its  ability  to  handle 
six  elastic  modes  at  a  minimum  of  computer 
time  (1.5  min  on  the  IBM  7094/44). 

A  parameter  study  was  made  for  the  jet 
transport  impacting  the  ground.  Angle  of  attack 
and  contact  velocity  were  varied.  Results  of 
these  studies  are  presented  in  the  form  of 
fuselage  vertical  decelerations  (Fig.  5)  and 
bending  moments  (Fig.  6).  Impact  velocity  has 
a  pronounced  eflect  on  decelerations  and  bend¬ 
ing  moments.  Angle  ol  attack  also  increases 
the  fuselage  response.  The  Increase  attributed 
to  angle  of  attack  is  the  result  of  the  application 
of  load  at  the  end  of  a  beam  and  the  relative  stiff 
nose  structure.  Except  for  the  wing  fuselage 
intersection  and  the  nose,  the  remainder  of  the 
lower  fuselage  structure  of  present  jet  trans¬ 
ports  possesses  fairly  good  energy-absorbing 
characteristics.  The  maximum  allowable  fuse¬ 
lage  bending  moments  are  Included  in  Fig.  6  to 
serve  as  a  basis  for  evaluating  the  severity  of 
the  load6  attributed  to  ground  impact. 

Figure  6  shows  that  it  does  not  take  much 
of  an  impact  (zero  degree  and  10  ft/sec)  before 
the  maximum  positive  (compression  in  upper 
surface)  allowable  bending  moment  is  exceeded. 
The  reason  for  this  is  that  aircraft  fuselages 
are  not  designed  for  high  positive  bending  mo¬ 
ments.  The  typical  crash  situation  is  shown  In 
Fig.  4(H)  where  the  initial  impact  produces  a 
large  positive  bending  moment  at  0.13  sec.  A 
fuselage  to  be  more  survivable  must  be  designed 
not  only  to  withstand  large  negative  bending 
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Fig.  4.  Jet  transport  fuselage  —  5'  impact  angle, 
10  ft/soc,  normal  velocity 


momenta,  as  they  now  are,  but  also  to  with¬ 
stand  high  positive  moments.  In  Ref.  [2]  the 
problem  of  maintaining  the  structural  Integrity 
of  a  fuselage  during  impact  is  discussed  fur¬ 
ther.  Also,  methods  are  outlined  to  Improve 
the  energy-absorbing  characteristics  of  a 
lower  fuselage  structure. 

The  results  of  a  two-wheel  symmetric 
landing  analysis  are  also  presented  in  Figs.  5 
and  6  for  a  10  ft/sec  descent  velocity.  Landing 


produces  much  larger  negative  than  positive 
bending  moments.  Comparison  with  the  ground 
impact  shows  the  landing  condition  to  be  less 
severe  for  both  positive  or  negative  bending 
moments.  This  is  because  of  two  factors:  One, 
the  landing  gear  is  a  better  energy  absorber  than 
the  lower  fuselage  structure;  two,  the  distance 
from  tire  airplane  center  of  gravity  to  the  applied 
load  ts  less  for  a  landing.  Thus,  the  result  shown 
by  this  comparative  study  is  that  ground  contact 
is  a  more  severe  design  condition  than  landing. 
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|  Fig.  5.  Deceleration— jet  transport 

!  fuselage,  landing  comparison 


■  Fig.  6.  Bending  moments— jet  transport 
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Fuselage  Model  Tests 

Fuselage  scale  models  4  ft  In  diameter  and 
30  ft  long  have  been  built  and  used  In  crash 
tests.  The  objective  has  been  to  demonstrate 
the  method  presented  In  this  paper.  The  Im¬ 
proved  crashworthy  types  o!  lower  fuselage 
structure,  as  presented  In  Ref.  [2],  were  also 
tested. 

Two  models,  each  with  a  different  fuselage 
bending  strength  and  lower  fuselage  structure, 
were  shot  off  a  catapult  at  75  mph  Into  a  6- 
degree  hill.  The  impact  area  for  the  first  test 
was  relatively  soft  fill.  A  steel  plate  was  laid 


down  on  the  Impact  area  for  the  second  test  and 
acceleration  and  strain  gage  measurements 
were  recorded  during  impact.  Test  results  for 
model  1  are  presented  In  Figs.  7  (decelerations) 
and  8  (bending  moments),  and  the  results  for 
model  2  are  shown  in  Figs.  10  (decelerations) 
and  11  (bending  moments).  The  fundamental 
vibratory  bending  mode  along  with  the  higher 
frequency  modes  are  presented  tn  the  test  data 
(Figs.  9  and  12). 

Prior  to  testing,  analytical  predictions 
were  made  lor  each  model.  The  models  were 
idealised  as  10  mass  lumped  parameter  sys¬ 
tems.  Associated  with  each  of  the  forward  nine 
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Fig.  7.  Deceleration— fuselage  model  1, 
impact  on  soft  ground 


Fig.  8.  Bending  moment— fuselage  model  l, 
impact  on  soft  ground 


stations  was  a  nonlinear  partially  restoring 
spring.  The  first  six  tree-free  orthogonal  vi¬ 
bration  modes  and  frequencies  were  computed. 
The  computer  program  was  used  to  determine 
the  dynamic  response  of  the  models  under  the 
test  conditions. 

The  analytical  results  for  model  1  are  pre¬ 
sented  in  Figs.  7,  8,  and  9  with  the  test  results. 
In  the  analysis  the  ground  was  assumed  Infi¬ 
nitely  stilt,  which  accounts  for  the  difference 
between  the  theoretical  and  predicted  results. 
The  greatest  difference  occurs  in  the  acceler¬ 
ations  (Fig.  7).  This  Is  primarily  because  of 
the  high  frequencies,  which  produce  the  high 
accelerations,  being  attenuated  by  the  soft 
ground.  The  bending  moments  (Fig.  8}  that  are 
more  closely  related  to  fundamental  mode  (Fig. 
8(C))  have  better  correlation.  Figure  9  Illus¬ 
trates  the  correlation  that  exists  on  the  basis 
of  time  for  two  select  decelerations  and  a 


bending  moment.  In  general  the  test  results  and 
analytical  predictions  have  the  same  peaks  and 
frequency  content. 

The  analytical  and  test  results  for  model  2 
are  presented  in  Figs.  10,  11,  and  12.  In  the 
test  of  model  2  a  steel  plate  (which  approaches 
the  assumption  made  in  the  analysis)  was  placed 
on  the  Impact  area.  Figures  10  and  11  show 
good  correlation  between  theory  and  test  for 
both  decelerations  and  bending  moments.  The 
response  time  variation  is  also  good  for  model 
2  (Fig.  12).  Thus,  the  theory  and  method  of 
thts  paper  have  been  demonstrated  to  give  rea¬ 
sonable  correlation  with  test  results. 


CONCLUSIONS 

A  practical  method  has  been  developed  that 
can  be  used  to  determine  the  dynamic  response 
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Fig.  9.  Deceleration  and  bending  moment— fuselage  model  1 


Fig.  10,  Deceleration  — fuselage  model  2, 
impact  on  steel  plate 


of  a  free-free  elastic  aircraft  structure  while 
impacting  the  ground. 

The  fundamental  and  higher  modes  must  be 
considered  when  determining  crash  loads  and 
decelerations. 

The  upper  fuselage  compressive  strength 
is  the  design  condition  when  ground  Impact  is 
considered. 


The  loads  developed  in  a  fuselage  for 
ti»e  same  initial  condition  are  more  severe 
for  fuselage  contact  than  for  a  two-wheel 
landing. 

The  method  developed  in  this  paper  com 
pares  well  with  teat  results. 
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Fig.  11.  Bending  moment --fuselage  model  2, 
impact  on  tteel  plate 
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Fig.  12.  Deceleration--fu*elage  model  2 
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EFFECT  OF  TEMPERATURE  ON  THE  VISCOELASTIC 
HIGH  POLYMER  MATERIALS 


John  M.  Ohno 
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Ann  Arbor,  Michigan 


A  chcmorheological  approach  -.vas  introduced  to  interpret  mechanical  behaviors, 
such  as  creep,  elastic  recovery,  retarded  recovery,  stress  relaxation,  permanent 
set,  and  stiffening.  Five  stages  in  three  types  of  stress-strain  diagrams  were  dis¬ 
cussed.  Temperature  dependency  of  thermoplastic  open-  and  closed-cell  foam  ma¬ 
terials  was  tested  at  - 50' F  <45.5*0,  room  temperature,  and  at  160*F  (?1*C).  In 
the  case  of  silicone,  the  upper  limit  test  temperature  was  raised  to  300*F  (149*0 
The  materials  selected  were  polystyrene  (rigid  foam),  polyvinylchloride  (flexible 
closed  cell),  polyetherurethane  (flexible  open),  polyethylene  (flexible  closed),  and 
6ilicone  (rubbery  closed  cell).  The  thermal  effects  on  the  stress-strain  curve, 
change  in  hysteresis  area,  compression  set,  and  retarded  recovery  were  studied 
quantitatively.  Mechanical  and  thermal  (low  temperature)  stiffening  phenomena 
were  demonstrated  clearly.  Transmis sibility  of  vibrational  energy  was  also  stud¬ 
ied  at  various  temperatures. 


INTRODUCTION 

Unlike  moat  ol  the  structural  materials,  the 
relationship  between  process  parameters  and 
properties  ol  end  products  Is  not  well  known. 

The  moduli  ol  high  polymers  at  room  tempera¬ 
ture  depend  on  the  type  of  liller  materials, 
blowing  agent,  thermal  treatment,  and  so  lorth. 
Temperature  dependency  ol  viscoelastic  mate¬ 
rials  is  significant  because  these  foam  mate¬ 
rials  are  thermoplastic.  Transition  tempera¬ 
ture  varies  depending  on  the  molecular  structure 
and,  in  some  materials,  two  transition  tempera¬ 
tures  are  observed:  for  example,  dimethyl  sili¬ 
cone  which  transforms  from  an  amorphous  state 
to  crystalline  at  -70°F,  then  to  a  glassy  state  at 
approximately  -190°F.  Polyethylene  foam  is 
flexible  at  room  temperature,  but  is  glassy  at 
subzero  temperatures.  The  effective  use  ol 
high  polymers  depends  substantially  on  the 
user's  modification.  The  modification  for  the 
particular  application  requires  some  background 
knowledge  on  materials  and  processes.  Design¬ 
ers  must  be  aware  of  these  properties.  There¬ 
fore,  a  study  was  made  on  tire  temperature  de¬ 
pendency  of  high  polymer  foam  materials  such 
as  polyurethane,  polyethylane,  polyvinylchloride, 
silicone,  and  polystyrene. 


A  chemorheologlcal  approach  is  introduced 
to  interpret  some  differences  between  various 
groups. 

CHEMORHEOLOGICAL  APPROACH 
Classification  of  the  Group 

Viscoelastic  properties  of  high  polymer 
materials  are  derived  from  the  following  five 
mechanisms:  (a)  stretching  of  primary  and 
secondary  bonds,  (b)  distortion  of  valence  bond 
angles,  (c)  rotation  erf  bond  axes,  (d)  stress- 
activated  jumping  ol  molecular  elements,  and 
(e)  entanglement  and  chain  scission.  The  first 
two  mechanisms  represent  elastic  property  ob¬ 
served  in  the  case  of  rigid  polymers  or  glassy 
states  below  the  second-order  transition  tem¬ 
perature.  The  next  two  mechanisms,  (c)  and 
(d),  represent  nonlinear  property  which  involves 
a  relaxation  or  retardation;  this  relaxation  is 
called  chemical  stress  relaxation. 

Molecular  jumping  or  rotation  against  inter* 
moiecular  forces  requires  a  finite  time  and  de¬ 
pends  greatly  on  temperature.  The  secondary 
bonds  between  molecular  chains,  with  the  entropy 
effect,  tend  to  force  these  chains  into  a  random 
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contracted  configuration.  This  molecular 
movement  indicates  a  characteristic  vtsco* 
elaetlclty.  The  last  mechanism,  (e),  Is 
related  to  permanent  entanglement  called  "set" 
and  degradation  caused  by  chain  scissions. 

Thus,  depending  on  the  property,  high 
polymers  are  dtvtded  Into  the  following  groups: 

1.  amorphous  linear  high  polymers 

2.  cross-linked  amorphous  high  polymers 

3.  crystalline  high  polymers 

4.  semlcryetalltne  high  polymers. 


Amorphous  Linear  High  Polymers 

The  viscoelastic  property  depends  greatly 
on  molecular  rotations-  An  example  Is  shown 
In  Fig.  1(a).  Deformation  results  from  move¬ 
ments  of  segments  of  the  long  chain  molecules. 
These  movements,  which  consist  of  the  chains 
colling  and  uncoiling,  require  a  finite  time  and 
are  delayed  by  tntermolecular  and  Intraseg- 
mental  forces. 

The  flexibility  of  linear  polymer  molecules 
Is  largely  because  of  the  possibility  of  rotation 
around  single  bonds.  There  Is  no  rotation 
around  the  double  bond. 

As  the  temperature  is  raised,  the  retarded 
elastic  response  Is  gradually  dominated  by  flow. 
Conversely,  If  the  temperature  is  lowered,  the 
effect  of  flow  disappears  and  the  configurational 
elastic  response  Is  significantly  retarded.  The 
mechanical  behavior,  thus,  depends  on  tempera¬ 
ture. 


Cross-Linked  Amorphous 
High  Polymers 

Cross-linking  has  a  significant  effect  on 
mechanical  behavior,  because  a  highly  cross- 
linked  polymer  can  not  flow,  even  at  elevated 
temperatures.  Thus,  a  cross-linked  polymer 
has  simpler  viscoelastic  properties  than  a 
linear  polymer.  As  the  temperature  Is  raised, 
the  retardation  In  elastic  response  of  a  cross- 
linked  polymer  simply  decreases  without  the 
appearance  of  flow  (see  Fig.  1(b)). 


Crystalline  High  Polymers 

This  material  has  two  transition  tempera¬ 
tures;  namely,  glass  transition  temperature 
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(T0)  and  crystalline  transition  temperature  (Tc). 
Its  modulus  Is  the  highest  at  temperatures  be¬ 
low  T0.  As  temperature  is  raised,  the  modulus 
Indicates  a  plateau  which  la  called  "rubbery 
plateau  stage."  At  a  certain  temperature  (Tc), 
the  matertal  transforms  from  a  crystalline 
state  to  an  amorphous  state.  As  temperature  Is 
raised  above  Tc ,  flow  will  occur  as  a  linear 
amorphous  polymer.  This  Is  clearly  Illustrated 
In  Fig.  2  (see  Ref,  [I]).  The  stress  relaxation 
modulus  Er  (t  sec)  in  Fig.  2  Is  defined  as  the 
stress  per  unit  strain  necessary  to  maintain 
the  sample  at  constant  extension  for  t  seconds 
(such  as  10  sec). 


Fig.  Modulus-temperature 
curves 


CHARACTERISTICS  AND  LIMITATIONS 
OF  VARIOUS  TYPES  OF  FOAMS 

Silicone 

The  molecular  linkage  o f  silicone  (Fig.  3) 
Is  relatively  simple  and,  unlike  hydrocarbon 
polymers,  silicone  has  good  heat  resistance. 

The  organic  groups,  R,  modify  what  other¬ 
wise  would  be  a  purely  Inorganic  silicon  oxide 
or  silica  glass  and  provide  the  desired  degree 
of  flexibility. 


HSR 

■S, _ 0— SI _ 0 _ SI— o _  FiS-  3'  Molecular  oiruc- 

|  I  j  ture  of  silicone 

ft  ft  R 


In  practice,  the  R  groups  are  almost  al¬ 
ways  methyl  groups  (CH3),  but  occasionally 
phenyl  (C#H5)or  ethyl  (C2 11$)  groups. 

Silicone  is  made  by  hydrolyzing  pure 
dtmethyl-dlchlorosilane  and  extending  the  re¬ 
sulting  linear  polymers  to  very  high  molecular 
weight,  so  that  the  chains  consist  ol  thousands 
of  dimethyl  siloxane  units  (Fig.  4). 


oiwnm 

OICHlOkO- 


Fig.  4.  Hydrolysing  process 
of  dimethyl  silicone 


Major  suppliers  of  silicone  base  materials 
In  the  United  States  are  Dow  Corning,  General 
Electric,  and  Union  Carbide.  The  so-called 
RTV  Silicone  rubber,  meaning  room-temperature 
vulcanized  silicone,  requires  only  the  addition 
o(  a  catalyst  for  cure  at  room  temperature. 

The  case  compound  comprises  a  reactive 
silicone  prepolymer,  a  blowing  agent,  and 
fillers.  The  addition  of  an  active  catalyst  to  the 
system  mutates  two  reactions:  vulcanization, 
and  evolution  of  hydrogen  gas.  The  rate  of 


hydrolyzing  reaction  must  be  carefully  con¬ 
trolled  to  obtain  consistent  results.  The  addi¬ 
tion  of  fumed  silicas  as  a  filler  increases  the 
strength  of  sillcono  rubber,  but  also  decreases 
the  6heU  life  o i  the  base  compound.  Therefore, 
any  modification  with  strongly  acidic  or  basic 
materials  must  be  carried  out  carefully.  Table 
1  shows  an  example  of  modification  and  the  ef¬ 
fect  of  modification  on  density  and  deflection  [2]. 

A.  V.  Tobolsky  [3]  et  al.  studied  the  vul¬ 
canized  silicone  rubbers  and  emphasized  the 
effect  of  a  catalyst  on  SIO  linkage.  Tobolsky 
attributed  the  stress  relaxation  phenomena  to 
an  tonic  Interchange  of  SIO  linkage  catalyzed 
by  some  unknown  reagent  (Fig.  5).  The  chemi¬ 
cal  stress  relaxation  phenomena  depend  greatly 
on  a  reagent  and  temperature. 


Polyurethane 

The  foam  material  Is  supplied  In  many 
grades  which  can  be  distinguished  by  their 
load-bearing  properties,  commonly  referred  to 
as  "load  deflection";  for  example,  load  value  at 
26  percent,  50  percent,  and  at  75  percent  deflec¬ 
tions.  ASTM  D-1564-61T  "Tentative  Specifica¬ 
tions  and  Methods  of  Test  for  Flexible  Urethane 
Foam"  was  Issued  in  1058  (Table  2).  However, 
an  Increasing  variety  of  applications  necessi¬ 
tated  many  additions  to  this  specification. 

The  reaction  and  the  final  molecular  struc¬ 
ture  of  polyurethane  arc  shown  In  Fig.  6. 

There  are  many  modifications  depending 
on  other  ingredients.  Table  3  shows  the  classi¬ 
fication  of  Polyfoam  which  Is  a  flexible,  open- 
cell,  polyethor-based  urethane  foam  material 
supplied  by  the  General  Tire  and  Rubber  Co. 
Nominal  2  pcf  foams  have  heat  distortion  tem¬ 
peratures  In  the  range  of  200  to  26 G  'F. 


Polyethylene 

Polyethylene  foam  is  made  by  mixing  a 
foaming  agent  with  a  molten  polymer  under  high 
pressure.  The  foaming  agent  expands  under  re¬ 
duced  atmospheric  pressure  and  forms  an  indi¬ 
vidual  cell.  The  basic  molecular  structure  is 
— CHj— CHj— CUj—  CHj— .  However,  the  actual 
Structure  polymerized  at  a  very  high  pressure 
ts  strongly  branched.  (See  Fig.  1(1)  for  cross- 
linked  and  branched  structure.)  Polyethylene^ 
are  classified  by  density:  (a)  low  density,  (b) 
medium  density,  and  (c)  high  density.  Low  den¬ 
sity  polyethylene  foam  is  flexible  and  displays 
high  Impact  strength,  but  is  relatively  low  heat 
resistant.  The  maximum  service  temperature 
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TABLE  1 

Effect  ©I  Blend  Formula  on  Density  and  Deflection  a 


Blend  Formula 

Thickness 

(to.) 

Compression  Inflection 
(lb/ln.5) 

Density 
(lb/ft3 ) 

10% 

25% 

50% 

RTV-7 

0.126 

bh 

mm 

10.7 

RTV-7  +  RTV-11 
(100  pie)  (25  pis) 

0.125 

m 

1.9 

5.3 

19.4 

RTV-7  +  RTV-60 
(100  pie)  (25  pis) 

0.125 

0.8  ! 

! 

1.7 

a 

21.2 

RTV-7  +  RTV-90 
(100  pte)  (25  pie) 

0.125 

1.1 

2.2 

8.3 

24.8 

»S«o  Ref.  [2], 


CM,  CM. 

I  I  , 

A— 0— SI— 0— >A  ♦  R|  — 0—  Si—  0— — i 
CHj  CH) 

CH,  ^ 


CHj 


CH- 


Fig.  5.  Chemical  atreaw 
relaxation  by  a  catalyst 


TABLE  2 

Flexible  Urethane  Foam  (ASTM  D-1564) 


Foam  Typo 

Polyether 

Polyester 

i^Rdiiy  (ib/it2 ) 

1.1  to  2.3 

1.6  to  2.0 

Tons  et  (i>sl) 

9  to  22 

25  to  33 

Ult  elong  (%) 

222  to  310 

250  to  500 

Tear  et  (lh/ltnear  In.) 

2  to  4 

2.3  to  4.2 

Compression  deflection  at  (pel): 

25%  comp 

0.15  to  0.6 

0.46  to  0.48 

50% 

0.2  to  0.7 

0.56  to  0.00 

75% 

0.4  to  1.6 

1.29  to  2.09 

Compression  set  158°F,  method  B,  at: 

50%  comp  22  hr 

3  to  4 

3.5  to  8.0 

90%  comp  22  hr 

6  to  8 

8  to  20 
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Fig.  6.  Formation  of 
polyurcthano 


recommended  to  only  175°F,  It  bocomee  stiller 
at  low  temperatures  and  tuts  a  strong  tendency 
to  crystallise.  However,  because  this  ioam  is  a 
thermoplastic  material,  it  becomes  increasingly 
flexible  at  higher  temperatures.  Although  the 
foam  has  some  thermal  insulation  property,  It 
le  not  normally  considered  as  a  thermal  Insu¬ 
lator,  but  rather  a  shock  and  vibration  Isolator. 

According  to  MIL-C-46842  (8  Nov.  1905), 
the  low  density  polyethylene  foam  must  satisfy 
the  following  properties:  density,  1.0-2. 6  lb/ft3; 
compression  strength,  <  8  psi;  compression  set, 
<10  percent. 

The  cushioning  ability  of  polyethylene  at 
lower  temperatures  Is  much  loss  than  at  room 
temperature  because  of  the  stiffening  phenomena. 
Polyethylene  Is  more  heat-stable  than  poly¬ 
styrene.  The  reaction  products  for  polyethylene 
contain  paraffins  with  up  to  50  carbon  atoms,  and 
contain  little  monomor.  Degradation  starts  at 
about  310°C. 


V6  400  CG-PVC  Is  made  by  B.  F.  Goodrich 
under  the  trade  name  Koroseai  Foam.  This  is 
the  most  flexible  grade  closed-cell  foam  ma¬ 
terial. 


Polystyrene 

Rigid  thermoplastic  polystyrene  foams  are 
available  in  doaelties  ranging  from  about  1  pcf 
to  over  20  pcf.  Foams  are  made  from  the  poly¬ 
styrene  beads  by  applying  heat  which  causes  Ute 
beads  to  expand,  crushing  thorn  together  in  a 
closed  container  (or  mold),  and  fusing  them  into 
a  closed-cell  material.  The  beads  are  expanded 
over  45  times  their  original  volume.  The  dis¬ 
advantages  follow:  (a)  high  compression  set, 

(b)  poor  acoustical  resistance,  (c)  creep,  (d) 
poor  heat  resistance,  and  (e)  nonuniformity. 
However,  the  thermal  insulation  properties  are 
excellent,  and  their  K-factor  compares  favor¬ 
ably  with  many  other  Insulation  materials. 

Polystyrene  Is  a  thermoplastic  material 
that  is  easily  distorted  by  heat.  One  modifica¬ 
tion  called  polymethylstyrene  has  a  relatively 
high  heat  distortion  point  (210  ?F). 

Degradation  of  polystyrene  is  divided  into 
three  categories:  (a)  degradation  In  vacuum, 

(b)  oxidative  degradation,  and  (c)  mechanical 
degradation. 

Degradation  in  Vacuum  -  The  weak  points 
In  the  polymer  chains  are  indicated  by  the  ar¬ 
rows  In  Fig.  8.  The  reaction  products  for  poly¬ 
styrene  constat  mainly  of  monomer  and  d'*nor. 

Oxidative  Degradation.  —  The  mechanism 
can  be 'assumed  to  be' as  follows: 


Polyvinylchloride 

Polyvinyl  foams  are  available-  as  oltlior 
open-  or  closed-cell  structures  in  both  flexible 
and  rigid  foams.  Flexible  polyvinyl  foams  are 
very  sensitive  to  temperature.  Flexible  loams 
cun  not  be  used  continuously  at  temperatures 
over  150”F.  Rigid  foams,  however,  retain  80 
percent  of  their  mechanical  properties  at  200° F, 
and  can  withstand  3Q0°F  if  the  service  Is  inter¬ 
mittent. 

The  molecular  structure  of  polyvinyl  chlo¬ 
ride  Is  a  simple,  hcad-to-tatl  linear  high  polymer 
(Fig.  7).  Flexible  PVC  Is  a  plaeUcUcd  material 
that  often  contains,  In  addition  to  plasticizers, 
other  ingredients  such  as  stabilizers  and  pig¬ 
ments. 


Polystyrene  t  03 
Polystyrene  hydroperoxide 
Chain  scission. 

Degradation  of  polystyrene  was  observed  at 
103  °C.  However,  under  ultraviolet  radiation, 
the  degradation  was  Initiated  even  at  60  °C 
(Fig.  0). 

Mechanical  Degradation  —  Blmolocular 
and  nionomoiocufar  i  e actions  are  considered. 
The  rate  of  degradation  (Fig.  10)  as  a  function 
of  chain  length  was  calculated  by  N.  Sato  ct  al. 
and  II.  Jellinek  ct  al.  The  primary  brook  of 
polystyrene  is  coupled  with  a  migration  of  a 
labile  hydrogen  atom. 
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purposes;  (a)  Isolation  ol  shock  and  vibration, 
(b)  thermal  insulation,  (c)  electrical  insulation, 
and  (d)  acoustical  Insulation.  The  selection  of 
foam  materials  must  be  based  on  the  particular 
application.  Mechanical  properties  are  %  func¬ 
tion  of  base  plastic  resin,  the  density,  type  of 
cells  (open  or  closed),  blowing  agent,  and  coll 
size. 

Table  4  lists  the  foam  materials  selected 
for  this  study,  and  Table  5  Includes  specimen 
sizes  for  the  static  test.  Unfortunately,  the 
manufacturers'  specifications  are  not  consist¬ 
ent.  Table  6  lists  the  properties  of  RTV-7  sili¬ 
cone  rubber  foam  manufactured  by  General 
Electric  Co.  In  Table  4,  selected  grades  of 
polyfoam  supplied  by  the  General  Tire  A  Rub¬ 
ber  Co.  are  shown. 


Fig.  9.  Oxidative  degradation 


Fig.  19.  Chemoit'cchanicd! 
degradation 

TEST  SPECIMENS  AND  PROCEDURES 
Selection  of  Foam  Materials 


Static  Test  Procedure 

This  static  test  is  run  to  investigate  the 
thermal  effect  on  the  stress -strain  curve, 
change  in  hysteresis  area,  compression  set, 
and  retarded  recovery. 

A  load  was  applied  at  a  constant  compres¬ 
sion  rate  of  180  lb/min  on  6-  x  8- In.  samples. 
A  linear  displacement  variable  transformer 
was  used  to  observe  the  strain  of  each  sample. 

For  comparison,  a  50  percent  deflection 
load,  based  on  the  stress-strain  diagram,  was 
determined  for  each  sample.  The  plastic  defer 
mation  was  recorded  twice:  immediately  after 
the  removal  of  load,  and  after  4  hr. 


Applications  of  foam  materials  (either 
shape,  block,  or  pad)  are  grouped  into  four 


TABLE  4 

Foam  Materials  Selected  for  the  Test 


Types 

Gioup 

Cell 

Trade  Name  and  Grade 

Polyethc-r-Ur  ethane 

Flexible 

Open  cell 

Polyfoam  P- 12,  P-25,  P-65 
(General  Tire  &  Rubber  Co.) 

Polyethylene 

Flexible 

Closed  cell 
Expanded 

Ethaioam  2  lb/ft3 
(Dow  Chemical) 

Polyvinyl  Chloride 

Flexible 

Closed  ceil 

Koroseal  Foam  VS400,  4  lb/ft3 
(B.  F.  Goodrich) 

Polys*  yrerie 

Rigid 

Closed  cell 
Expanded 

Faiconfoam  1  ib/'ft3 
(Falcon  Manufacturing  Co.) 

Silicone 

Rubbery 

Closed 

Cellular 

RTV-7  silicone  12.5  ib/ft J 
(General  Electric) 
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TABLE  5 

Foam  Specimens  (8  in.  x  6  in.  x  thickness) 


Sample  No. 

Type 

Grade 

Thicknese  (in.) 

1 

Silicone 

RTV-7  (12.5  pel) 

0.55 

2 

Silicone 

RTV-7  (12.5  pcf) 

0.87 

8 

Silicone 

RTV-7  (12.5  pcf) 

1.05 

4 

PVC 

Flexible  PVC  (4-5  pcf) 

0.5 

5 

PVC 

Flexible  PVC  (4-5  pcf) 

1.03 

6 

PVC 

Flexible  PVC  (4-5  pcf) 

2.0 

7 

Polyether-Urethane 

Flexible,  open,  P-.12 

0.5 

8 

Polyether-Urethane 

Flexible,  open,  P-12 

0.98 

9 

Polyether-  Urethane 

Flexible,  open,  P-12 

2.0 

10 

Polyether-Urethane 

Flexible,  open,  P-12 

Flexible,  open,  P-12 

4.0 

11 

Polyeiher-Urethane 

6.0 

12 

Polyether-  Urethane 

Flexible,  open,  P-25 

0.52 

13 

Polyether-Urethane 

Flexible,  open,  P-25 

1.0 

14 

Polyether  -  Ur  ethane 

Flexible,  open,  P-25 

2.03 

15 

Poly  ether  -  Urethane 

Flexible,  open,  P-25 

Flexible,  open,  P-25 

4.0 

16 

Polyether  -  Urethane 

6.0 

17 

Poly  ether  -  Urethane 

Flexible,  open,  P-65 

0.5 

5.8 

Poly  ether  -  Urethane 

Flexible,  open,  P-65 

1.05 

19 

Polyether  -  Urethane 

Flexible,  open,  P-65 

2.03 

20 

Polyether-  Urethane 

Flexible,  open,  P-65 

4.0 

21 

Polyether  -  Urethane 

Flexible,  open,  P-65 

6.0 

22 

Polystyrene 

Rigid,  closed,  expanded,  i  pci 

Rigid,  closed,  expanded,  1  pcf 

0.52 

23 

Polystyrene 

1.0 

24 

Polystyrene 

Rigid,  closed,  expanded,  1  pcf 

1.98 

25 

Polyethylene 

Flexible,  closed,  expanded,  2  pcf 

0.5 

28 

Polyethylene 

Flexible,  closed,  expanded,  2  pcf 

1.0 

27 

Polyethylene 

Flexible,  closed,  expanded,  2  pel 

1.97 

TABLE  6 

Speculation  of  RTV-7  Silicone  Rubber  Foaraa 


Base  Compound 

Viscosity,  cps  at  77  °F 

Color . 

Specific  gravity . 

Shelf  life . 


.  7000-9000 
.  Black 
.  1.11  ±  0.02 
.  3  months 


Cured  TRV-7  (S  wt  %  Stannous  Cctoate)  50%  relative  humidity 


RTV  tack  free  time . 

Density,  max . 

Tensile  strength  (0.08-in.  thick,  ASTM) 
Elong  (ASTM) . 


.  5  ±  2  min 
.12.5  lb/ft3 
.  20  psi 
.70% 


Compression  set  of  post  cured  sample*5 
50%  compression  for  22  hr  at  21.2 °F 


.5% 


»S«e  Re(.  (2j. 

bpoot  curing:  l  hr  at  £12*F. 
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Selection  of  Test  Temperature 

The  test  temperature  should  stay  within  the 
limits  of  service  temperature.  Therefore, 
Table  7  is  based  on  a  state-of-the-art  study  of 
the  heat-resistance  capability  of  various  foam 
material?. 

Table  7  shows  that  PVC  and  polystyrene 
have  poor  capability.  A  range  of  -50°F  to 
+160°F  was  selected  for  the  study  of  foam 
specimens  with  the  exception  of  silicone.  Sili¬ 
cone,  which  has  an  excellent  heat  and  low  tem¬ 
perature  capability,  was  tested  at  300°F  to 
-50°F. 


EFFECT  OF  TEMPERATURE 
Transition  Temperature 

The  transition  from  an  amorphous  to  a 
glassy  state  or  from  a  crystalline  to  a  glassy 
state  takes  place  at  a  definite  temperature  (or 
within  a  certain  temperature  range).  The  mid¬ 
point  transition  temp  .  ature  (Tn)  is  determined 


by  taking  a  rme  value  between  the  glassy  and 
the  rubbery  moduli.  (See  Table  6  and  Refs.  [1] 
and  14].) 

T0  Is  often  called  the  second-order  transi¬ 
tion  temperature.  Some  materials  (such  as 
dimethyl  silicone)  have  a  so-called  crystalline 
transition  temperature  (Tc)  which  is  a  transition 
temperature  from  an  amorphous  state  to  a  crys¬ 
talline  state. 


Dimethyl  and  Methyl- Phenyl  Silicones 

If  one  of  the  methyl  groups  (CH3)  Is  re¬ 
placed  by  phenyl  group  (C6  Hs),  a  special  low 
temperature  silicone  called  methyl-phenyl  sili¬ 
cone  Is  obtained.  Dimethyl  silicone  transforms 
from  amorphous  to  crystalline  at  approximately 
-70^,  but  methyl-phenyl  silicone  does  not  have 
such  a  transformation.  Both  types,  however, 
transform  to  glassy  state  at  approximately 
-190°F.  The  change  in  length  vs  temperature 
for  these  two  silicones  Is  illustrated  In  Fig.  11 
(see  Ref.  [5]).  Figures  12  (see  Refs.  [5]  and  [6]) 
and  13  (see  Ref.  [6])  are  the  results  of  tensile 


TABLE  7 

Approximate  Service  Temperature  Limits  (°F) 


Polymer 

Lower  Limit  ("F) 

Upper  Limit  (*F) 

Silicone  {  Dimethyl 

-80 

600 

|  Methyl_phcnyi 

-160 

500 

Polyurethane 

-50 

200 

265 

Polyethylene 

-50 

175 

Phenolic  s 

-32 

250 

PVC 

20 

150 

Polystyrene 

RT 

170 

TABLE  8 

Glass  Transition  Temperature  (Tc)  and  Midpoint 
Glass  Transition  Temperature  (Tm)  (°F) 


Polymer 

T 

*  m 

Polystyrene 

100* 

116* 

02  to  105t 

Polyvinylchloride  (rigid) 

74* 

82t 

90* 

Polyurethane  (ester  base) 

-35* 

- 

Polyethylene 

- 

-5  to  0* 

Silicone 

- 123  T 

- 

*See  Ref.  (4  . 
tSec  Ref.  [l  . 
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UUIMATt  G-C*GATICN  <P£RC£*T>  UUlMAtt  TBtS  lt£  STRESS  <PSl> 


Fig.  11.  Change  in  length 
v*  temperature  for  two 
typed  of  silicone 


Fig.  12.  Ultimate  tensile  stress  vs 
temperature  (RTV- silicone) 


CHANGES  IN  HYSTERESIS  DIAGRAM 
Classification 

Flexible  or  rubbery  foam  materials,  unlike 
metallic  materials,  indicate  characteristic  buck¬ 
ling  and  bottoming.  Bottoming  is  defined  as  a 
drastic  increase  in  stress  with  negligible  in¬ 
crease  in  strain.  Often  called  stiffening,  bottom¬ 
ing  must  not  be  confused  with  low  temperature 
stiffening.  To  distinguish  these  two  phenomena, 
in  this  paper  the  former  is  called  deformation 
stiffening,  and  the  latter  low  temperature  stiff¬ 
ening.  The  other  feature  noticed  in  the  com¬ 
pressive  stress -strain  diagram  is  a  buckling, 
which  is  an  opposite  phenomena.  It  Is  defined  as 
a  drastic  change  in  height  with  negligible  Increase 
in  stress.  In  other  words,  a  typical  stress-strain 
diagram  of  flexible  foam  materials  is  composed 
of  five  stages:  buckling,  transition,  bottoming, 
stress  relaxation,  and  recovery.  Depending  on 
grades  or  types  of  material  and  temperature, 
buckling,  transition,  and  recovery  vary  signifi¬ 
cantly.  Careful  examination  of  the  stress-strain 
curves  and  hysteresis  diagrams  revealed  that 
there  are  actually  three  types:  type  1  -  flexible 
or  rubbery  type  materials  such  as  silicone  foam, 
polyether-urethane  foam,  room  temperature  very 
soft  PVC;  type  2  (mixed  type)  —  semlflexlble  and 
semiglassy  materials  such  as  polyethylene  (Etha- 
icam);  and  type  3  —  rigid  type  for  gl&3sy  mate¬ 
rials  such  as  polystyrene  foam  and  cold  temper¬ 
ature  PVC. 


Silicone 


HMHMTURE  I'll 


Fig.  11.  Ultimate  elongation  vs 
temperature  (R!  V- silicone) 


Figure  14  illustrates  the  compressive  stress- 
jlrain  curves  for  dimethyl  silicone  foams.  The 
five  typical  stages  (buckling,  transition,  stiffen¬ 
ing,  rapid  stress  relaxation,  and  rapid  recovery) 
are  shown  in  both  a  room  temperature  test  and  a 
-50°F  test,  i  «w  temperature  stiffening  was 
clearly  observed  at  -50°F.  Thi6  temperature  is 
still  above  the  glass  transition  temperature  oi 
dimethyl  silicone.  Therefore,  a  complete  rapid 
recovery  was  observed  even  though  the  foam  was 
stiffened  considerably.  When  the  test  tempera¬ 
ture  approaches  the  glass  transition  temperature 
(approximately  -190*F),  the  diagram  indicates 
much  greater  hysteresis  and  a  definite  retarda¬ 
tion  in  recovery  because  of  significant  low  tem¬ 
perature  stiffening.  Figure  15  [6]  shows  an  ex¬ 
ample  of  methyl-phenyl  silicone  (low  temperature 
silicone)  which  was  tested  at  -  180°F  by  Robinson 
and  Schreihans. 

Polyether-Urethane 


tests  at  various  temperatures;  Fig.  12  illustrates  Figure  16  illustrates  the  stiffening  effect  of 
the  difference  in  percent  elongation.  low  temperature  (-50°F)  on  polyfoasn  (P-12). 
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Fig.  14.  Stre66 -V6- strain  curve  for 
dimethyl  silicone  at  room  tempera¬ 
ture  and  -50*F 


Fig.  15.  Stress-vs- strain  curve  for 
methyl-phenol  silicone  at  -180*F 


The  diagram  is  very  similar  to  that  of  silicone, 
and  is  classified  as  type  1.  The  only  difference 
is  the  fifth  stage  (recovery  stage)  in  which  a 
definite  retardation  in  recovery  was  observed. 
About  90  percent  of  compression  set  is  shown 
in  Fig.  16.  This  deformation  set  recovers  at 
room  temperature  and  not  at  subzero  tempera¬ 
tures.  Reexaminations  after  4  hr  at  room  tem¬ 
perature  indicate  almost  complete  recovery. 
Based  on  this  static  test,  the  cushioning  ability 
is  inferior  to  that  of  silicone.  Static  conditions 
do  not  simulate  actual  dynamic  conditions.  How¬ 
ever,  this  study  could  be  used  at  least  to  predict 


qualitatively  dynamic  behaviors  of  this  material 
at  various  temperatures. 


PVC  Foam 

The  hysteresis  diagram  of  a  very  soft  flex¬ 
ible  PVC  foam  is  similar  to  that  of  silicone. 

In  other  words,  the  stress-strain  diagram  is  in 
the  category  of  type  1.  However,  PVC  foam  is 
in  glassy  state  at  -SO'F,  and  the  curve  is  en¬ 
tirely  different  (Fig.  17).  Elastic  buckling  was 
not  observed  in  this  case.  Lower  temperature 
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STRAIN 


Fig.  16.  Stress -vs*  strain  curve  for  poletner- 
urethane  at  room  temperature  and  -50*F 


STRAIN 

Fig.  17.  Stress-vs-strain  curve  for  PVC 
foam  at  room  temperature  and  -60*F 


stiffening  retarded  the  recovery,  and  Uie  larger 
hysteresis  area  was  observed.  The  glassy  state 
PVC  and  rigid-type  polystyrene  are  therefore 
grouped  In  type  3.  A  groat  percentage  of  per¬ 
manent  set  and  a  large  hysteresis  area  are  the 
major  disadvantages  of  this  type  of  foam.  The 
application  Is  therefore  limited. 


Polyethylene 

The  stress-strain  curve  of  polyethylene  Is 
between  the  rubbery  and  glassy  types,  and  can 
be  classified  as  type  2.  Careful  examination  of 
Fig.  18  revealed  five  stages:  initial  hardening, 
retarded  buckling,  strain  hardening,  rapid  stress 
relaxation,  and  retarded  recovery.  The  effect 
of  low  temperature  stiffening  is  clearly  shown 
In  Fig.  18.  Larger  hysteresis  areas  were  ob¬ 
served  as  temperature  was  lowered. 


Effect  of  Cold  Temperature  on 
Hysteresis  Diagram 

Table  9  Is  a  summary  of  hysteresis  dia¬ 
grams.  As  temperature  is  lowered,  the  stiff¬ 
ening  of  a  material  causes  a  gradual  increase 
In  the  hysteresis  area  without  changing  the 
type.  Upon  further  decrease  in  temperature,  it 
will  finally  transform  from  type  1  to  type  2,  or 
type  2  to  type  3,  or  from  type  1  to  type  3, 
directly. 

Table  10  shows  a  quantitative  study  of  hys¬ 
teresis  diagrams.  Cold  temperatures  Increase 
the  hysteresis  area  without  exception, 


Fig.  18.  Stres8-v«-»train  curve  for 
polyethylene  at  room  temperature 
and  -50*F 


RETARDED  RECOVERY 

Table  11  shows  two  compression  sets  and 
a  50-percent  deflection  load  for  each  specimen. 
Falconfoam,  because  it  is  a  rigid  type,  indi¬ 
cated  the  highest  permanent  compression  set. 


TABLE  9 

Five  Stages  In  Three  Types  of  Stress-Strain  Diagrams 


Stage 

Type  1 

(Flexible,  Rubbery  Type) 

Type  2 
(Semi-Type) 

Type  3 
(Rigid  Type) 

i 

Elastic  buckling 

Initial  hardening 

Initial  hardening 

2 

Transition  stage 

Retarded  buckling 

Gradual  yielding 

3 

Elastic  bottoming 

Strain  hardening 

Strain  hardening 

4 

Rapid  stress  relaxation 

Rapid  stress  relaxation 

Rapid  relaxation 

5 

a.  Complete  recovery 

a.  Partial  recovery 

Incomplete  recovery 

b .  Retarded  complete  recovery 

b.  Retarded  recovery 

Silicone 

Polyethylene 

Polystyrene 

Example 

Polyether  Urethane  (Polyfoam) 

PVC  (cold  temp.) 

Very  soft  PVC  (room  temp.) 

Hysteresis 

Smallest  - 

- p-  Medium  - 

- *>-  Largest 

Area 

1 _  J 
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TADLE  10 

Effect  ot  Cold  Temperature  on  Hysteresis  Diagrams 


TABLE  11 

Room  Temperature  Compression  Tost  of  Foam  Materials 
(Pressure  Rate,  180  lb/mtn) 


Therefore,  the  subsequent  toots  of  thla  material 
were  abandoned,  other  specimens  Indicated 
significant  recoveries  during  4  hr  at  room 
temperature. 

Table  12  is  a  summary  of  cold  tests  at 
-50*F.  Retarded  recoveries  are  shown  under 
the  immediate  compression  set  column.  These 
are  much  greater  than  those  at  room  tempera¬ 
ture;  silicone  is  the  exception.  The  differences 
between  two  columns  of  compression  sets  rep¬ 
resent  recovered  portions  during  4  hr  at  room 
temperature.  Silicone  indicated  a  complete 
recovery  even  at  -50°F. 

EFFECT  OF  ELEVATED 
TEMPERATURE 

Creep 

Thermoplastic  foam  materials  creep  more 
at  higher  temperatures  regardless  of  their  type. 


Figure  19  [7]  is  an  example.  Compressive 
creep  of  the  ethnfoam  at  73  °F  and  156  °F  Is 
compared  under  varying  stress  conditions.  A 
load  of  1-psl  static  stress  Indicates  negligible 
creep  at  room  temperature,  but  the  samo  load 
condition  showed  a  significant  creep  at  15$  °F. 


Recovery 

The  difference  between  room  temperature 
recovery  and  elevated  temperature  recovery  of 
rubbery  foam  such  as  silicone  is  negligible, 
because  silicone  is  the  most  heat-resistant  ma¬ 
terial  (Table  13).  Silicone  also  indicated  negli¬ 
gible  difference  in  recovery  time  at  subzero 
temperatures  (Table  12).  Silicone  always  indi¬ 
cated  a  complete  recovery  immediately. 

All  other  thermoplastic  foams  recover 
their  original  height  much  faster  at  elevated 
temperatures.  The  difference  between  room 


TABLE  12 
Cold  Test  at  -SO'F 
(Pressure  Rate,  180  lb/mln) 


Type 

Sample 

NO. 

Thick¬ 

ness 

(In.) 

Max  Comp 

Comp  at  60% 

Comp  Set  (%) 

lb 

psi 

% 

lb 

psi 

Immediate 

After  4  hr 
at  RT 

Silicone 

1 

f 

■Ffflfl 

EH 

84 

1.7 

0 

0 

2 

Etn 

83 

60 

1.7 

0 

0 

3 

1.05 

■taH 

Ifa 

67 

100 

2.8 

0 

0 

PVC 

4 

0.5 

ITWBi 

75 

wnm 

34 

12 

5 

1.03 

1950 

tl&l 

70 

1350 

Eos 

42 

6.8 

6 

2.0 

1840 

51.0 

67 

m 

32 

2 

Polyfoam  P-12 

7 

0.52 

820 

23.0 

85 

15 

4.2 

68 

7.7 

8 

0.98 

850 

24.0 

95 

20 

0.56 

90 

— 

9 

2.0 

44.5 

79 

20 

0.56 

90 

1 

10 

4.01 

is  HU 

44.5 

99 

25 

0.7 

95 

0 

ii 

6.05 

1200 

33.0 

OR 

vv 

30 

0.84 

91 

0 

Polyfoam  P-25 

12 

0.52 

810 

22.5 

96 

75 

2.1 

70 

5.7 

13 

1.0 

31.5 

94 

75 

2.1 

75 

7 

14 

2.03 

■ffpl 

40.5 

97 

75 

2.1 

80 

2.5 

15 

3.99 

51.5 

99 

125 

3.5 

00 

0 

16 

0 

55.5 

98 

75 

2.1 

60 

0 

Polyfoam  P-65 

17 

0.50 

23.5 

98 

■a 

2.1 

80 

8 

18 

1.05 

840 

23.5 

00 

is  a 

2.1 

80 

5 

19 

2.03 

730 

20.0 

88 

100 

2.8 

71 

4.9 

20 

3.99 

1850 

51.5 

97 

110 

3.0 

75 

0 

21 

5.96 

55.5 

94 

80 

2.2 

66 

0 

Falconfoam 

- 

— 

r 

— 

— 

— 

— 

— 

— 

— 

Ethnfoam 

25 

0.5 

1950 

54.0 

82 

800 

22.0 

37 

2 

26 

1.0 

55.0 

70 

800 

22.0 

34 

5 

27 

1.97 

1970 

55.0 

72 

850 

24.0 

30 

5 

Fig.  19.  Effect  of  temperature  on  compreaeive  creep 
of  4-  x  4-  x  4-in.  ethnfoam 


TABLE  13 

Static  Compression  Tests  at  300°F 


Type 

Sample 

Thickness 

(to.) 

Max  Comp 

Comp  at 
50% 

Comp  Set 

lb 

pel 

% 

lb 

psl 

Eii'il 

Silicone 

1 

0.54 

mm 

45.6 

95 

65 

1.8 

0 

Silicone 

2 

■PTMt 

50.0 

97 

80 

2.2 

0 

Silicone 

3 

1.08 

HI 

55.5 

95 

30 

0.84 

0 

0 

temperature  recovery  and  elevated  temperature 
recovery  of  ethafoam  from  50  percent  compres¬ 
sion  le  shown  in  Fig.  20  [?]. 

The  room  temperature  recovery  ol  falcon- 
foam  alter  hot  teBts  at  160"  F  was  extremely 
slow,  and  the  next  was  ethafoam  as  shown  in 
Table  14. 

A  comparison  ol  60  percent  compression 
Stress  indicated  softening  tendency  oi  materials 
at  160°  F  (Table  16). 


VIBRATION  STUDY 

Effect  ol  Temperature  on 
Natural  Frequency 

The  natural  frequencies  of  component 
parte  of  the  packaged  item  have  been  estimated 
by  using  the  following  formula: 


where 


fn  =  natural  frequency, 

G  ■  designated  G  factor,  and 
li  =  drop  height  (In.). 

Figure  21  [7]  gives  the  relationship  between 
natural  frequency  and  static  stress  for  four 
thicknesses  of  ethafoam  at  -40° F,  +73° F,  and 
+10G°F.  The  above  formula  1b  given  only  to 
provide  a  rough  estimate.  If  the  estimated  fn 
ts  close  to  the  input  frequencies,  a  vibration 
teet  must  be  performed  to  determine  experi¬ 
mentally  the  resonant  frequency  and  effects  on 
the  Item, 


Vibration  Test  Procedure 

The  vibration  test  was  performed  using  the 
Ling  249  vibration  exciter  with  the  fixture 
mounted  as  shown  In  Fig  22(a).  A  sample- 
mass -sample  arrangement  was  placed  in  the 
fixture  as  shown  in  Fig.  22(b).  The  piatc  above 
tike  top  sample  merely  held  the  latter  in  place 
and  did  not  load  the  setup.  Restraining  loads  of 
nylon  cord  were  attached  to  the  mass  to 
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t'iji.  20.  Effect  of  temperature  on  recovery  opoad  after 
‘jO  percent  compression  for  22  hr  at  various  ternpora- 
turen  (cthafoam) 


TABLE  14 

Siatic  Compression  Tests  at  160°F 


Comp  at  50% 


Comp  Sot  (%) 


Immediate  ^lvr  4"hr 
Recovery 


Fig.  22.  Room  temperature  transmis- 
aibtlity  study  of  foam  specimens 


prevent  cross-axis  movement  during  the  vi¬ 
bration  test. 

An  accelerometer  was  mounted  on  the  fix¬ 
ture  base  to  control  the  vibration  input  to  the 
test  item.  The  accelerometer  was  the  detector 
lor  a  constant  velocily/asceleration  servo  sys¬ 
tem,  its  output  being  measured  with  a  true  rms 
voltmeter  and  recorded  on  an  X-Y  recorder.  A 
response  accelerometer  was  mounted  in  the 
central  mass,  and  during  the  tests  its  output 
was  compared  with  the  input  accelerometer 
and  recorded  on  an  X-Y  recorder  to  obtain  the 
required  transnsisatbility  data. 

The  sensitivity  of  each  accelerometer  sys¬ 
tem  was  checked  prior  to  the  test  by  subjecting 
the  accelerometers  to  a  sinusoidal  vibration  of 
0.25-in.  double  amplitude  at  a  frequency  of  44 
Hz  to  give  an  acceleration  of  25  g  peak.  Vibra¬ 
tion  displacement  was  measured  with  an  optical 
wedge,  frequency  was  measured  with  an  electronic 


counter,  and  the  accelerometer  system  output 
was  monitored  with  a  true  rms  voltmeter. 

A  styrofoam  enclosure-electric  heater 
system  was  placed  over  the  test  setup  for  the 
elevated  temperature  teste.  The  temperature 
was  held  to  within  t  3°F  of  the  required  level. 

For  subzero  temperature  tests,  the  en¬ 
closure  was  placed  over  the  test  setup,  and 
liquid  nitrogen  was  pumped  into  the  system. 

The  temperature  was  held  to  within  ±  3°F  of  the 
required  level. 

The  foam  samples  were  stabilised  at  the 
specified  temperature  for  a  minimum  of  2.5  to 
3  hr  before  the  test.  The  temperature  was 
monitored  by  thermocouples  located  close  to 
the  samples  being  conditioned  and  at  the  test 
fixture. 


TRANSMISSIBILITY 
Room  Temperature  Test 

The  dynamic  responses  of  foam  samples 
are  shown  in  Tables  16  and  17.  Table  18  is  a 
comparison  of  various  materials  at  room  tem¬ 
perature  with  a  constant  static  stress  of  0.22 
psi.  The  excellent  cushioning  capability  of 
silicone  is  also  shown  in  Table  16.  Samples 
No.  13  and  10  are  used  to  compare  the  differ¬ 
ent  grades  of  polyfoam.  Samples  4,  5,  and  6 
show  the  effect  of  thickness  In  the  case  of  very 
soft  flexible  PVC.  Similarly,  samples  26  and 
27  demonstrate  the  effect  of  thickness  in 
einaioam. 


Table  17  investigates  the  relationship  be¬ 
tween  transmissibility  and  weight  on  foam 
samples  that  carted  from  7.75  lb  (0.22  psi/  to 
33  lb  (0.92  pel).  The  natural  frequency  depends 
on  both  stiffness  (<IF<U  )  and  weight  of  a  body 
(w). 


r„- 

Therefore,  transmissibility  peak  shifts  depend¬ 
ing  on  the  ratio  of  stiffness  and  weight. 


Effect  of  Temperature  on 
Transmissibility 


Table  10  is  a  summary  of  tests  at  -50°F, 
room  temperature,  and  at  +  150°F.  Under  the 
specified  dynamic  input,  the  difference  in  trans- 
misoibility  data  was  not  significant. 
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TABLE  18 

Vibration  Study  ai  Room  Temperature 
(Static  Stress,  0.22  psi) 


8ample 

No. 

Foam  Material 

Dynamic  Input 

Peak  (Hz) 

Go/0 , 

(Hz) 

(g) 

3 

Silicone,  1  In. 

5  to  20 

1.25  to  5 

7 

6.5 

20  to  50 

10 

0.5 

50  to  250 

20 

0.09 

13 

Polyloam  (P-25),  1  in. 

5  to  20 

1.25  to  5 

10 

28 

20  to  50 

10 

0.3 

50  to  250 

20 

0.1 

18 

Polytoam  (P-65),  1  in. 

5  to  20 

1.25  to  5 

9 

5 

20  to  50 

10 

0.4 

50  to  250 

20 

0.15 

4 

PVC,  0.5  in. 

20  to  50 

10 

50 

24 

50  to  250 

20 

0.7 

5 

PVC,  1.0  In. 

20  to  50 

10 

28 

7 

50  to  250 

20 

0.3 

8 

PVC,  2.0  in. 

20  to  50 

10 

24 

6.5 

50  to  250 

20 

0.5 

26 

Ethafoam,  1  in. 

20  to  50 

10 

35 

16 

50  to  250 

20 

1.5 

27 

Ethafoam,  2  In. 

20  to  50 

10 

50 

2.5 

50  to  250 

20 

1.2 

i 

i 


TABLE  17 

Vibration  Study  at  Room  Temperature 
(Static  Streep,  0,22  to  0.92  pat) 


Sample 

No. 


Material 


Maes 

(lb) 


Static 

Stress 

(psl) 


Dynamic  Input 


(Hz) 


(g) 


Peak 

(Hz) 


o./o. 


13 


Polyloam  P-25 


7.75 


0.22 


5  to  20 
20  to  50 
50  to  250 


1.25  to  5 

<  ft 

IV 

20 


12.25 


0.34 


5  to  20 
20  to  50 
50  to  250 


1.25  to  5 

10 

20 


17.25 


0.48 


5  to  20 
20  to  50 
50  to  250 


1.25  to  5 
5 
10 


33 


0.02 


20  to  50 
50  to  250 


5 

10 


10 


38 


10 


20 


28 
A  O 
V.i/ 

0.1 


23 

0.15 


8.4 

3.0 

0.15 


10 

0.15 


27 


Ethafoam,  2  In. 


7.75 


0.22 


20  to  50 
50  to  250 


10 

20 


12.25 


0.34 


20  to  50 
50  to  250 


10 

20 


17.25 


0.48 


20  to  50 
50  to  250 


10 


5  to  20 
20  to  50 
50  to  250 


1.25  to  5 
5 

10 


50 


25 


20 


2.5 

1.2 


5.5 

10 

12 

0.5 


11 

1.2 

0.3 


33 


0.02 


15 


TABLE  18 

Effect  of  Temperature  on  Trajiamiesibllity  (0.22  pel) 


Material 


Temperature 

(‘F) 


Silicone,  1  In. 


Polyfoam,  1  in. 
(P-12) 


PVC,  1  In. 


PVC,  2  In. 


Ethafoum,  2  in. 


Dynamic  Input 


(Hr.) 

5 

tv 

20 

20 

to 

so 

6 

to 

20 

20 

to 

00 

20 

to 

50 

80 

to 

260 

20 

to 

50 

60 

to 

O 

tT3 

« 

20 

to 

50 

50 

to 

250 

20 

to 

00 

GO 

to 

250 

20 

to 

50 

60 

to 

260 

20 

to 
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CONCLUSIONS 

The  modulus  of  high  polymer  materials  is 
extremely  sensitive  to  temperature  variatlono. 
Therefore,  a  study  wao  made  of  tiie  iempera- 
lute  effect  on  the  viscoelastic  behavior  of  high 
polymer  materials  such  a  t  flexible  open-cell 
polyether -u>  ethane,  floxlblo  cloocd-coll  poly¬ 
ethylene,  very  soft  closed-cell  polyvinyl- 
cliLorlde,  rigid  polystyrene,  and  rubbery  sili¬ 
cone  foams. 

Tiie  scope  of  the  study  Included  (a)  clionio- 
rheologleai  analysis,  (b)  ‘hroe  typeo  of  stress- 
strain  curves,  (c)  quantitative  analysis  of  hys¬ 
teresis  diagrams,  (d)  time  dependent  recovery, 
and  (e)  vibrational  transmlsslblllty. 

The  following  conclusions  wore  obtained: 

1.  Lev/  temperature  stiffening  wan  ob¬ 
served  in  all  materials. 

2.  Sillconu  indicates  the  best  high  tem¬ 
perature  and  uubxoro  cushioning  capability. 


Conversely,  rigid  polystyrene  and  flexible  PVC 
have  poor  viscoelastic  capability. 

3.  Based  on  stress-strain  relationship  at 
various  temperatures,  tiie  materials  wore 
'Mvldcd  into  oircc  typos. 

4,  Five  stagoo  of  otreae-otraln  relation¬ 
ship  wore  clearly  demonstrated  for  throe  typos 
of  high  polymer  materials. 

6.  Tho  vibrational  response  of  high  poly¬ 
mer  foam  materials  can  bo  at  leant  qualitatively 
predicted  from  tho  above  static  study,  and  by 
using  the  following  formula: 


u  j/-r 


Hov/cvor,  because  of  no  many  variables  In 
practice,  considerably  more  dynamic  data  ari 
needed  under  vai'ious  simulated  conditions 
although  such  etmulation  is  very  time  con¬ 
suming. 
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BROADBAND  EXTENSIONAL  DAMPING  MATERIALS 


Donald  K.  Blennrr  and  Thomas  J.  Dud?k 
Lord  Manufacturing  Company 
Erie,  Pennsylvania 


j  High  polymer  extenBional  damping  materials,  wi  ,ch  have  been  eapei  rally  formulated  to  possess 
I  very  high  internal  damping  properties  over  limbed  temperature  and  frequency  intervals,  have 
been  used  extensively  as  additive  treatments  to  control  resonant  responses  and  to  attenuate 
noise  radiation  and  noise  propagation  in  vibrating  structures.  This  paper  reports  the  proper¬ 
ties  of  a  new  series  of  damping  materials  (Lord  EXLD500),  which  effectively  double  the  tem¬ 
perature  range  and  increase  the  frequency  range  over  which  damping  effectiveness  (experi¬ 
mentally  determined  on  coated  beams)  is  maintained  at  a  high  level. 

Criteria  for  comparing  the  effectiveness  of  damping  materials  are  used  to  indicate  the  progress 
that  has  occurred  in  the  development  of  various  damping  materials  over  the  past  lb  years. 
Because  of  the  marked  temperature  dependence  of  the  damping  effectiveness  of  viscoelastic 
damping  materials,  one  should  always  compare  the  relative  merits  of  various  damping  treat¬ 
ments  over  a  temperature  range  appropriate  for  the  application  under  consideration.  Data  are 
presented  to  show  that  the  temperature  bandwidth  of  "effectiveness"  for  a  damping  material 
is  usually  more  important  than  peak  damping  properties. 

A  comparison  of  composite  loss  factor  data  obtained  on  standardised  steel  test  beams  uni¬ 
formly  coated  with  30  percent  by  weight  of  various  extensions!  damping  materials  shows  that 
the  temperature  range  (temperature  bandwidth)  over  which  the  composite  loss  (actor  { n r)  ex¬ 
ceeds  0,1  (percent  c/c0  >  5)  has  been  limited  to  about  50'F.  In  the  same  tost  the  now  “broad¬ 
band"  materials  have  effective  temperature  bandwidth#  of  80*F.  The  increased  temperature 
bandwidth  of  these  materials,  which  has  been  obtained  without  decreasing  the  peak  damping 
levels  available,  makes  then  practical  damping  treatments  for  many  outdoor  applications. 

Predictions  are  made  on  temperature  baudwidths  and  peak  damping  levels  that  can  be  expected 
as  a  result  of  future  development  work  now  underway  on  extensional  damping  treatments. 


INTRODUCTION 

To  Improve  fatigue  life  problems  and  reduce 
acoustic  noise  transmission  and  reradtatlon, 
vibration  damping  materials  have  been  used  for 
many  years  to  reduce  resonant  vibration  ampli¬ 
tudes  In  metal  structures.  The  Internal  damp¬ 
ing  inherent  In  viscoelastic  damping  materials 
Is  responsible  for  the  dissipation  of  median'  nl 
vibrational  energy  to  heat. 

Damping  materials,  which  are  applied  to 
structures  as  coatings,  are  referred  to  as  ox- 
tensionol  damping  material  ( 1  ]  and  have  been 
commercially  available  for  over  15  years. 

These  materials  are  particularly  attractive  be¬ 
cause  they  can  be  used  to  add  damping  at  opti¬ 
mum  locations  in  a  structure  (that  is.  they  are 
easily  applied  where  they  are  needed)  at  a  rea¬ 
sonable  coot,  and  they  con  be  formulated  {2]  to 
meet  specified  damping  requirements  over  most 


temperature  and  frequency  ranges  (that  Is,  var¬ 
ious  materials  are  readily  available  to  match 
the  specific  requirements  of  almost  any  struc¬ 
tural  application) ,  Additive  damping  treatments 
have  been  employed  to  reduce  noise  and  reso¬ 
nant  vibrations  In  aircraft  nnd  missiles,  rapid 
transit,  ships,  refrigeration  units,  home  appli¬ 
ances,  automobiles,  and  machine  enclosures. 

The  purpose  of  this  paper  is  to  describe  the 
properties  of  a  recently  developed  series  of 
broad  temperature  range,  broad  frequency  range 
extensional  damping  materials,  and  to  compare 
the  effectiveness  of  these  materials  with  that  of 
typical  commercially  available  damping  mate¬ 
rials,  taking  into  account  the  temperature  and 
frequency  dependence  o.'  the  damping  properties. 
The  comparative  study  indicates  the  progrcaa 
that  has  been  made  tn  the  development  of  exten¬ 
sional  damping  materials  over  the  last  15 
years. 
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CRITERIA  FOR  EFFECTIVENESS 

COMPARISON  OF  DAMPING 

MATERIALS 

The  Iosb  (actor  of  a  damped  composue 
structure  (lj  is  a  measure  of  the  amount  o'  en¬ 
ergy  dissipated  In  it  per  vibration  cycle  and  Is 
probably  the  most  useful  criterion  [3|  for  com¬ 
paring  the  effectiveness  of  different  damping 
treatments.  Mead  (3]  hno  pointed  out  that  other 
criteria,  which  include  specific  eifectB  of  the 
added  mass  and  stiffness  of  the  damping  treat¬ 
ment,  are  important  whon  the  stiffness  of  the 
structure  1b  significantly  increased  by  the  addi¬ 
tion  of  the  damping  treatment.  However,  for 
practical  additive  weights  of  damping  materials, 
the  Increase  in  stiffness  of  the  system  is  usu¬ 
ally  quite  small,  that  is,  up  to  40  percent  added 
weight  to  stool  and  70  percent  to  aluminum. 
Hence,  a  comparison  of  composite  loss  factors 
of  metal  bars  uniformly  coaled  with  equal 
(small)  weights  of  different  cxtenslonal  damp¬ 
ing  materials  in  sufficient  to  determine  their 
relative  merits  lor  the  suppression  of  structural 
response,  that  is,  resonant  vibration  amplitudes 
(displacement,  velocity  and/or  acceleration)  and 
sound  transmission  and  radiation. 

In  addition,  loss  factor  comparisons  (on  an 
equal  weight  basis)  should  be  made  over  a  rango 
of  temperatures  and  frequencies,  because  in 
practical  applications  overall  damping  material 
effectiveness  depends  on  the  temperature  and 
frequency  ranges  over  which  the  loss  factor  re¬ 
mains  above  a  minimum  level  (which  varies 
with  the  application). 

The  practical  problem,  so  far  as  the  design 
engineer  is  concerned,  1b  to  select  the  minimum 
weight  (and/or  cost)  of  Rn  additive  damping 
treatment  that  will  provide  iho  required  damp- 

1mm  lunfAHman/is  Iaiic l  nyor  (tnH  ronfrnn  f\i 
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temperature  and  frequency.  Unfortunately,  this 
data  is  usually  not  made  available  in  a  form 
easily  used  by  design  engineers.  Comparative 
uuta  presented  In  this  report  will  show  that  a 
detailed  knowledge  of  the  temperature  and  fre¬ 
quency  dependence  of  the  damping  effectiveness 
(composite  loss  factor  on  equal  weight  basis)  Is 
essential  to  make  a  valid  judgement  on  relative 
porformance/cost  eftectiveness  n  tinge  for 
damping  materials. 


EXPERIMENTAL 

Damping  properties  reported  in  thin  paper 
were  determined  over  ranges  of  temperature 
ami  frequency  using  the  B&K  Modol  3930  Com¬ 
plex  Modulus  Apparatus.  A  schematic  diagram 
of  this  apparatus  is  shown  in  Fig.  1.  More 


de'-a.iied  desrrtp'v-'O?  •  f  the  ingle.  •  •  ?■!«  and 

(  >i|H  ri.Ti>ntdl  procedures  used  in  i ;. .  test  method 
are  available  elsewhere  |4)  Briefly,  the  method 
is  Rimilar  to  lhal  developed  by  Oberst  ;  ;  and 
uses  a  metal  cantilever  beam  that  is  coated  on 
one  side  with  a  layer  of  viscoelastic  material  an 
a  test  specimen.  The  test  specimen  is  sub¬ 
jected  to  a  harmonic  force  of  fixed  amplitude 
(generated  by  a  magnetic  force  transducer)  at 
Its  free  end,  and  the  frequency  response  of  the 
bar  is  monitored  by  means  of  a  second  magnetic 
transducer.  Composite  loss  factors  are  deter¬ 
mined  at  the  resonant  frequencies  of  the  test 
bars  by  measuring  either  the  time  rate  of  free 
decay  of  the  resonant  vibration  or  the  half¬ 
power  bandwidth  of  ench  resonant  peak.  The 
complex  dynamic  modulus  of  the  viscoelastic 
coating  material  [E*  =  E*  (1  ♦  l»j) )  can  be  com¬ 
puted  using  this  experimental  data,  the  geometry 
of  the  test  bar,  and  properties  of  the  uncoated 
bar  (5|. 

The  test  bars  used  In  Utis  Investigation  were 
0.25  >=0.30x0.032- In.  steel  bars  and/or  10  3/4  x 
0.30x0.001- in.  stool  bars  that  were  coated  with 
about  a  30  percent  added  weight  of  damping  ma¬ 
terial  (to  allow  comparisons  at  equal  weights  of 
damping  treatment).  The  damping  materials 
wore  applied  and  bonded  to  the  steel  bar  tn  ac¬ 
cordance  with  the  Instructions  of  suppliers. 


RESULTS 

Composite  Lobs  Factor  Results 

Typical  Complex  Modulus  Apparatus  test 
results  are  shown  in  Fig.  2  were  the  composite 
loss  factors  of  a  steel  bar  contcd  with  a  30  per- 
cont  added  weight  of  EXLD500  damping  materiul 
are  plotted  vs  frequency  at  various  tempera* 

fiir*ooi  prrrnt  T? ( rr  0  it  ig  SCCH  illflt  \OW  tOJTi- 

peraturca  the  composite  loss  factor  is  low  with 
a  slight  negative  frequency  dependence  and  tha< 
as  temperature  Is  increased,  the  composite  loss 
factor  Increases  to  a  peak  value  and  then  de¬ 
creases  white  the  frequency  dependence  of  the 
composite  loss  factor  changes  from  a  negative 
to  a  positive  slope. 

This  characteristic  behavior  of  damplng- 
nmterlal- coated  test  bars  is  shown  more  clearly 
in  Fig.  3  where  the  composite  loss  factor  data 
from  Fig.  2  are  plotted  va  temperature  for  1  -e- 
queucies  of  100  and  1000  Hz.  Figure  3  shown 
that  at  100  Hz,  a  steel  bar  treated  with  30  per¬ 
cent  added  weight  of  EXLD500  has  a  peak  loss 
factor  of  0.23  (11.5  percent  c/co)  at  50°F  and 
that  the  loss  factor  Is  0.10  (5  percent  c/c0)  or 
higher  over  the  temperature  range  of  16-96°F 
(a  temperature  bandwidth  of  about  80  °F).  At 
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Fig.  1.  Schematic  of  B&K  Complex  Modulus 
Apparatus,  Model  3930 


Fig.  i.  Composite  loss  factor  vs  frequency  at 
various  temperatures  (*F)  for  a  steel  bar  uni¬ 
formly  coated  with  30  percent  added  weight  of 
EXCD500 


1000  Hz,  the  r]c  vs  T  damping  curve  is  seen  to 
shift  in  the  direction  of  higher  temperatures. 
However,  it  is  Important  to  note  that  the  fre¬ 
quency  change  effects  a  change  in  shape  of  the 
damping  curve,  that  is,  not  just  a  horizontal 
translation  of  the  100-Hz  curve.  This  is  mainly 
a  result  of  the  increased  frequency  dependence 
of  the  modulus  of  the  damping  material  at  the 
higher  temperatures.  At  1000  Hz,  the  peak 
damping  temperature  of  the  EXLD500  (30  per¬ 
cent  added  weight)  coated  steel  bar  occurs  at 
75 °F,  and  the  temperature  range  over  which 


the  composite  loss  factor  exceeds  0.1  Is  25  to 
115°F  or  a  temperature  bandwidth  of  60 °F. 

From  Fig.  3  it  is  also  seen  that  if  a  com¬ 
posite  loss  factor  of  0.1  is  required  for  a  100  to 
1000- Hz  frequency  range,  the  effective  tempera¬ 
ture  range  for  a  30  percent  added  weight  treat¬ 
ment  of  EXLD500  would  be  25  to  65 °F  (or  a  AT 
of  70  #F).  If  effective  damping  performance  is 
required  over  a  broader  frequency  range,  for 
example,  10  J  to  10 4  Hz,  the  effective  tempera¬ 
ture  range  of  the  damping  treatment  would  be 
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Fig.  4.  Real  part  of  the  complex  dynamic 
Fig.  3.  Composite  loee  factor  vs  tem*  Young's  modulus  of  EXLD500  as  a  function 

perature  at  100  and  1000  Hi  for  a  steel  of  frequency  at  various  temperatures  (*F) 

bar  uniformly  coated  with  30  percent 
added  weight  of  FXLD500 


decreased  to  about  flO'F,  that  Is,  the  effective 
temperature  range  would  be  about  35  to  95°F. 

Although  all  damping  material  treatments 
generally  show  the  same  qualitative  behavior 
as  EXLD500  In  Pigs.  3  and  3,  it  will  be  shown 
that  significant  quantitative  differences  in  tem¬ 
perature  bandwidth  and  effective  temperature 
range  properties  do  exist  among  different  ma¬ 
terials;  these  differences  can  be  traced  back  to 
Important  differences  In  the  temperature  and 
frequency  dependence  of  the  dynamic  properties 
of  the  different  materials. 


Material  Dynamic  Properties  — 

EXLD500 

The  theory  developed  by  Obersi  and  Frank- 
enfeld  [5]  was  used  to  compute  the  dynamic  me- 
chanctal  properties  of  EXLD500  from  the  com¬ 
posite  loss  factor  and  rosonant  frequency  data 
determined  with  the  Complex  Modulus  Apparatus 
In  Pig.  4,  the  results  obtained  for  the  real  part 
of  the  complex  dynamic  Young's  modulus  (E') 
of  BXLD500  are  plotted  as  a  function  of  fre¬ 
quency  at  various  temperatures  and  the  material 
loss  factor  (t?  2  =  Ej/Et,)  of  EXLD5C0  is  plotted 
as  a  function  of  the  same  parameters  in  Fig.  5. 
With  the  material  properties  of  EXLD500  known 


FREQUENCY  Owrti) 

Fig.  5.  Lose  factor  (E'j/E'2i  of  EXLD500 
as  a  function  of  frequency  at  various 
temperatures  (*F) 


over  the  range  of  temperatures  and  frequencies 
studied,  that  is,  0  to  105  “F  and  25  to  200  Hz, 
one  can  compute  the  composite  loss  factors  of 
a  bar  coated  with  any  thickness  of  EXLD500 
over  this  same  temperature/frequency  range. 

i 

i 

l 
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EFFECT  OF  EXLD500  TREATMENT 
WEIGHT  OH  COMPOSITE  I, OSS 
FACTOR  VS  TEMPERATURE 

In  Fig.  6,  the  composite  loss  factor  vo  tom* 
perature  cuj’vee  at  100  Hz,  computed  for  sleet 
bars  coated  with  various  addod  wolghts  (6.1,  10, 
20  and  30  percent)  of  EXLJ56Q0  damping  mate¬ 
rial,  are  shown.  As  oxpected,  tlio  range  of  tem¬ 
perature  (temperature  bandwidth)  ovor  wlileli 
the  compoolte  loan  factor  exceeds  u  specified 
value,  for  example,  0.10,  to  a  function  of  the 
amount  ol  damping  material  applied.  It  Is  nice 
interesting  that  the  temperature  of  peek  damp¬ 
ing  io  also  a  function  of  the  amount  of  damping 
material  added,  for  example,  pooh  damping 
occurs  at  ■10<>F  for  n  5.1  porcont  EXLD600  treat¬ 
ment  weight  and  at  68  °F  for  a  30  percent  treat¬ 
ment  weight. 


Fig.  6.  C'ln  poslto  Io**  factor  vs 
temporaturo  at  100  Hr,  lor  a  staol 
bar  coated  uniformly  with  voriou* 
wolghts  of  EXLDiiOO 


In  Ftg.  0,  data  could  have  also  been  Included 
at  1000  Hz  at  each  added  weight  of  damping  ma¬ 
terial.  This  was  not  done  becuuce  It  would  have 
made  Interpretation  of  the  figure  difficult  be- 
caono  of  overcrowding. 

The  level  of  dumping  sad  temperature  end 
frequency  range  Of  inlereni  Id  doiorminfti)  try  the 
opeelltc  application  for  the  damping  inhteriftl. 
The  frequency  and  temperature  range  require¬ 
ment  for  a  damped  structure  determines  the 
minimum  amount  of  damping  material  that  lian 


to  ha  applied  to  the  etruoturs.  "This  mlniiauin 
damping  mfeturiai  weight  (requirement  nan  be 
oollmntod  without  difficulty  using  curve*  like 
those  In  Fig,  5.  It  einttlid  M  Clflir  from  Vital 
has  already  been  said  that  (it*  broader  tlio  of¬ 
fer  live  temperature  range  of  a  material,  the 
omaliorOio  added  weight  roqnifodtoehCdn)pi#e 
die  temperature  and  frequency  requirements. 

tt  to  possible  to  define  the  effective  tem¬ 
perature  range  of  »  material  for  any  required 
level  of  composite  lose  factor  (damping)  and 
adebd  weight,  Automotive  " sound  deodensrn" 
are  ad  axnmple  of  damping  materials  that  ere 
tooted  (0 )  ftJtd  eompired  at  6,1  percent  sdd»<J 
weight  on  eteui  and  temperature  bandwidth*  at 
a  composite  loan  factor  level  of  d.Odn  (or  iCM) 
arc  used  as  ona  measure  of  material  effective¬ 
ness.  Vibration  tumping  maieriala  ;'o.  U.fi. 
Navy  ship  applications  are  tested  at  about  a  id 
porcont  added  woiglit  on  aloe)  und  Uio  tempera¬ 
ture  rouge  over  which  Ute  oompoalte  loss  fac¬ 
tor  oxcoodfl  0,1  (5  percent  c/ua)  Is  Ol  1  i>  Infest, 


ADJUSTABLE  PEAK  DAMMNS 
TEMPKRATURB 

The  BXLDOOO  broadband  dumping  mBinrUIn 
eon  Do  formulated  to  pomuon  the  nook  damning 
tomparnlurc  Rt  any  loroperrluro  between  *tS0 
and  360‘P.  Tide  ie  iiluntraiiel  In  Fig.  7  whore 
the  cumpontio  lone  faotor  vo  lompuralure  curve# 
at  100  Hz  arc  plotted  for  Meet  bar*  oozied  <30 
percent  added  weight)  with  three  commercially 
available  npruyablc  demplng  matorlOe  will) 
peak  duKiptiiK  Ivinper&turse  located  at  S6*F 
(LDB600),  10  v  (LDfiSOi),  and  JSO'F  (LDflDOS). 

The  1,0000  type  materials  are  further  char- 

fiotorj v.vmJ  ijy  »j  fling  r^rt{ffijijji  go  4*Hispf  MfUf  fit • 

absorption  ami  are  flame  retardent. 

COM  PAR  ICON  OF  KX  LOOM- TV  PE 
DAMPING  MATRillALD  WITH 
OTHER  MATEniAI.fi 

v/e  have  foumi  dial  damping  properties  esn 
be  determined  over  u  broader  lenipafSture 
rejiiie  with  tegt  barn  costed  with  eloi-c  to  $0  per¬ 
cent  added  weight  ol  damping  material  Also, 
wo  have  found  it  cunvoitiont  to  define  tomperc- 
lure  UfcivJrvIdUi  «e  tlio  tompiiraturr  range  over 
which  the  composite  lose  factor  of  a  coated  (30 


It  FlU-  0,  the  damping  ♦ffoctivcpnee  at  100 
Hz  of  LDROOi  Is  compared  with  that  of  a  poly- 
vinyl  acetate  (PVAci  water- bflDSd  eoinnteroLtilly 
availabln  upraynble  material.  II  is  seen  Uiat  the 


son 


ft>  10  00  70  *0  110  IbO  160 

I  C.MHtNAi  U*k  ,  ‘i 


P*lBi  ft  Damping  eftautivenau  of 
J  jjril  7>Uniif«a(urlng  Co.'o  §f,rty> 
fctiJ*  Damping  Material*,  l.DUUOO. 
LUeSfll,  and  i.DflPOA 


TSMff  flATimr,  *r 

Fig,  D*otp}0|  sffecttvonne  of  LDS5rt! 
oqniparid  with  »  I’VAe  water  •bs#«d  apray* 
«ld*  damping  materiel 


l»aiMl»WU»  of  L00601  lo  about  73’F 
eomparatl  with  41'F  tov  tho  PVAo*b!!.*0ti  mnto- 
a'iil.  Tii 4  tempanture  bandwidth  PjhI  peak 
damping  moults  nhown  lor  t|u>  PVAc-banod 
diXQplnR  oidOflal  firs  comparable  to  tho  ro- 
flllliy  qI  QO*r«i  ami  ooworkai  e  (2,7)  for  (ho 
moot  sfjaollvo  damping  tiiatoi’lnio  avallnblo  to 


(horn  In  1004.  II  to  also  interesting  to  point  oat 
that  a  20  percont  added  coating  weight  of  LDS501 
would  have  a  temperature  bandwidth  of  more 
than  40*F,  but  with  a  peak  damping  level  below 
that  of  the  PVAc-bomod  damping  material. 

In  Fig.  0,  the  damping  offoettvonoao  of 
LDfl&OO  to  compared  with  LD403,  a  Lord  Manu¬ 
facturing  Co.  vibration  damping  material  sup¬ 
plied  In  sheet  and  tile  form.  Again,  the  broader 
tempor&luro  bandwidth  capability  of  tho  LD3500 
in  dourly  evident.  The  LD403  material  hae 
(lamping  proportion  comparable  to  the  M.R.C- 
034  damping  material  developed  by  Ball  and 
Sulyor  |C)  for  the  U.8.  Navy. 


Fig.  9.  Damping  cffoctlvonose  of  LDS500 
cu/nourod  with  LD403  (.Lord  Manufactur¬ 
ing  £*>,) 


Thu  temperature  bandwlth  of  LD403  at  100 
Ha  io  about  47  °F.  A  comparison  of  damping  cf- 
fecltvououe  curved  for  1,17403  and  LD9500  In 
ahowu  that  the  Improved  temperature 
bandwidth  properties  of  the  300  material#  were 
obtained  without  a  ulguif leant  reduction  In  peak 
damping  tovot. 

Continued  development  work  in  In  progress 
in  our  IMrI>  laboratory  to  further  improve  the 
uffoetivonoBa  (temperature  and  frequency  band- 
widths)  of  ex  term  tonal  damping  materials  so  that 
prononl  application  requirements  cun  be  met  at 
lower  additive  weights  of  damping  material,  and 
oo  that  tho  ubo  of  oxtonelonal  damping  materials 
enn  be  PKtemlcd  to  more  applications  requiring 
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Fig.  10.  Damping  effectiveness  of 
FXLD500  compared  with  a  next- 
gene  ration  damping  material  now 
under  laboratory  development 


very  broad  temperature  bandwidths  (for  exam¬ 
ple,  high  performance  aircraft  applications). 
Figure  10  compares  the  damping  properties  of 
a  broadband  damping  material,  which  ir  still  in 
the  laboratory  phase  of  development,  with  those 
of  EXLD500.  It  is  seen  that  the  next  generation 
material  produces  a  loss  factor  of  0,095  or 
higher  over  a  temperature  range  of  -65  to  95  °F 
(a  temperature  bandwidth  of  160 °F)  at  a  30  per¬ 
cent  added  treatment  weight  on  steel;  however, 
to  accomplish  this,  peak  damping  had  to  be 
sacrificed. 


CONCLUSIONS 

A  new  class  of  LD500  damping  materials 
has  been  shown  to  have  significantly  broader 


temperature  frequency  range  capabilities  when 
compared  with  present  state-of-the-art  mate¬ 
rials. 

Viscoelastic  damping  materials  are  used 
primarily  because  of  their  broadband  frequency 
temperature  damping  capabilities.  If  these 
properties  were  not  required  in  an  application, 
a  tuned  damper  would  probably  be  more  effi¬ 
cient  .  Temperature  bandwidth  data  are  required 
lor  the  selection  of  minimum  weight  damping 
treatments  that  maintain  a  specified  damping 
level  (or  higher)  over  the  temperature  and  fre¬ 
quency  ranges  of  interest.  Hence,  temperature 
bandwidths,  defined  in  this  report  as  the  tem¬ 
perature  range  over  which  the  composite  loss 
factors  of  test  bars  coated  with  30  percent  added 
weights  of  various  damping  materials  are  equal 
to  or  greater  man  0.1.  are  an  important  char¬ 
acteristic  of  damping  materials  (but  often  ne¬ 
glected  on  product  data  sheets). 

A  comparison  of  composite  loss  factor  vs 
temperature  curves  determined  at  100  Hr.  on 
standard  test  bars  (30  percent  added  weight  on 
steel)  for  several  commercially  available  damp¬ 
ing  materials  shows  that  materials,  which  were 
available  on  the  market  during  the  period  1955- 
1967,  can  be  characterized  by  temperature 
bandwidths  of  40  to  50 'F  and  peak  composite 
loss  factors  of  0.15  to  0.25.  The  new  1,1)500  type 
materials  are  characterized  (using  the  same  test 
methods)  by  temperature  bandwidths  of  70  to 
80°F  and  peak  loss  factors  of  0.20  to  0.25.  Ex- 
tensional  damping  materials  with  tem|>eraturc 
bandwidths  of  150  F  should  be  available  in  a 
few  years. 

If  material  effectiveness  comparisons  are 
made  at  different  frequencies  (for  example,  100 
Hz)  or  with  a  different  standard  test  bar  (for 
example,  5  percent  or  20  percent  weight  of 
damping  material),  different  temperature  band- 
widths  would  be  obtained,  but  the  relative  rank¬ 
ing  of  the  various  materials  would  not  be  altered. 
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DISCUSSION 


D.  Thrasher  (B.F.  Goodrich);  II I  recall 
Oherst's  expression  for  extensional  damping 
correctly,  I  do  not  see  how  it  predicts  a  shift 
in  the  maximum  damping  with  temperature.  If 
1  remember,  the  expression  includes  only  thick¬ 
ness  ratios  and  the  moduli,  and  so  forth  of  the 
material.  None  of  these  factors  would  account 
for  shiftin'  the  soak  damping  with  temperature 
as  you  Increase  the  thickness. 

Mr.  Blenner:  The  values  that  we  obtained 
were  actually  run  through  the  Oberst  equations 
and  computed  from  one  added  weight.  What 
really  happens  is  that,  at  the  lower  added  weight, 
the  predominant  characteristic  is  the  stiffness 
of  the  viscoelastic  material.  As  you  increase 
the  thickness  of  the  damping  material,  the  thick¬ 
ness  effect  of  the  treatment  is  beginning  to  dom¬ 
inate.  Also,  from  the  nature  of  viscoelastic  ma¬ 
terials,  the  material  loss  factor  normally  lags 
the  composite  loss  factor.  In  other  words,  the 
material  loss  factor  will  normally  occur  at  a 
higher  temperature  than  the  composite  loss  fac¬ 
tor.  So  as  you  increase  in  thickness  you  begin 
to  approach  the  material  loss  factor  just  as 
though  there  were  no  steel  there.  This  normally 
occurs  at  a  higher  temperature. 

Mr.  Thrasher:  You  are  saying  this  is  due 
actually  to  the  extensional  stiffness  factor? 

Mr.  Blenner:  That  is  right. 


Mr.  Thrasher:  Considering  the  relaxation 
mechanism  in  any  polymer,  to  broaden  the  re¬ 
sponse  like  this  you  effectively  are  increasing 
the  distribution  of  relaxation  times.  Yet,  if  you 
spread  out  the  distribution  function  then  the 
maximum  loss  factor  should  decrease.  You 
show  a  very,  very  small  loss,  and  I  really  do 
not  understand  this  either. 

Mr.  BIeii..c»:  This  is  the  secret  of  our  ma¬ 
terial.  We  have  overcome  this  particular  effect 
which  is  characteristic  of  most  damping  mate¬ 
rial.  On  some  of  those  slides  you  noticed  that 
we  did  sacrifice  any  pc-ak  damping,  except  for 
the  last  material  that  we  talked  about.  With  all 

ot>  tr  compounds  that  we  show,  we  maintain 
t..  peak  or  the  maximum  damping  that  could  be 
attainable.  This  is  probably  unique  to  this  par¬ 
ticular  class  of  materials  because  they  depend 
o«  s  completely  different  kind  of  mechanism. 

It  actually  broadens  out  the  relaxation  mecha¬ 
nism  that  you  are  talking  about,  without  sacrific¬ 
ing  any  of  the  peak  damping  attainable. 

Mr.  Thrasher:  Then  you  do  r.ot  have  a 
standard  copolymer  material.  You  must  haye 
added  something,  otherwise  you  would  be  defy¬ 
ing  the  laws  of  nature. 

Mr.  Blenner:  Thai  is  right.  The  basis  for 
tills  is  really  a  new  composition  which ,  of  cour  se , 
is  company  confidential. 

* 
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A  SINUSOIDAL  PULSE  TECHNIQUE  FOR 
ENVIRONMENTAL  VUSRATION  TESTING 


James  T  liowielt  and  Dennio  J.  Martin 
NASA,  Langley  Research  Conler 
Hampton,  Virginia 


Currently,  many  environmental  tests  are  based  on  shock  spectra  and  the  test  spec¬ 
ifications  frequently  require  a  slowly  swept  sinusoidal  input.  For  this  type  of  test, 
the  input  amplitude  required  to  produce  a  response  equivalent  to  that  resulting 
from  a  trarsnient  is  highly  dependent  upon  the  damping  of  the  oystem  under  test, 

The  procedure  that  U  usually  followed  in  based  on  a  single  value  of  damping  and 
renulto  in  a  considerable  overtest  of  low  damped  systems, 

This  paper  prOpoecs  a  tent  method  tliat  accounts  for  the  variation  of  response  with 
damping,  The  tost  input  consists  of  n  npaced  sequence  of  sinusoidal  pulses,  The 
frequency,  amplitude,  and  number  of  cycles  of  each  pulse  are  selected  to  adequately 
meet  specified  shock  epoctia  for  various  levels  of  damping.  Application  of  the 
method  to  a  realistic  t  st  specification  indicates  a  significant  improvement  over 
slow-sweep  procodure  . 


INTRODUCTION 

Many  current  environmental  vibration  tosls 
Intended  to  simulate  transients  are  baeod  on 
shock  spectra.  The  specifications  frequently 
require  a  slowly  swept  sinusoidal  Input  with  the 
amplitude  controlled  to  produce  responses  that 
moot  a  specified  shock  spectrum  based  on  only 
one  value  of  (lamping.  One  disadvantage  of  this 
tyjie  of  toot  is  that  the  input  amplitude  required 
to  produce  the  desired  response  at  a  particular 
frequency  Is  highly  dependent  upon  the  damping 
of  the  system  under  test.  To  avoid  imdertoctl" 
tng,  the  input  amplitude  is  usually  based  or.  the 
highest  value  of  damping  present,  A  a  a  result, 
sy atoms  with  tew  values  of  damping  are  se¬ 
verely  over-tested. 

This  paper  presents  a  tent  method  that 
overcomes  the  above  difficulty.  The  toot 
method  produces  response  levels  Hurt  ade¬ 
quately  meet  specified  shock  spectra  for  vari¬ 
ous  levels  of  damping, 


SLOW -SWEEP  TEST 

Consider  the  system  shown  In  Fig.  1.  The 
equations  of  motion  are 


s’ I  ♦  2*  (  «B)  •  *>!*  (x,  -  xB)  --  0. 

1=1 . n  (1) 

where 


2  v'  tTjmj 


It  should  be  noted  that  the  r  esults  of  this  paper 
are  applicable  only  to  systems  of  tbe  form  Il¬ 
lustrated  In  Fig.  1.  As  shown  in  Ref.  1,  the  re¬ 
sults  should  not  be  applied  to  other  systems, 
such  as  more  general  raultidegree-of-freedorn 
systems. 
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Let  y4  =  xi  -  -xB.  Then  Eq.  (1)  becomes 

Vi  4  .  t  WjJyj  -  -i(B  .  (2) 

Damping  is  frequently  specified  in  terms  of  Q, 
which  is  defined  as  Q  =  i/2\ .  In  the  shock 
spectrum  method,  the  Initial  conditions  for 
|  Eq.  (2)  are  assumed  to  be 

y,(0)  =  y,(0)  =  o  (3) 

The  response  shock  spectrum  for  a  partic¬ 
ular  motion  Input  to  a  system  is  determined 
from  the  maximum  response  of  a  single -degree  - 
i  of -freedom  system  having  a  given  damping  and 

frequency.  The  maximum  response  is  found 
for  several  single -degree -of -freedom  systems 
having  the  same  damping  but  different  frequen¬ 
cies.  These  maximum  responses  may  then  be 
plotted  vs  frequency  to  determine  the  shock 
spectrum.  For  environmental  vibration  test 
specifications  the  maximum  absolute-  accelera¬ 
tion  is  the  variable  usually  considered.  The 
!  test  specification  is  obtained  by  enveloping  the 
\  shock  spectra  of  all  significant  flight  inputs. 

The  input  that  is  used  in  the  environmental 
vibration  test  is  that  required  to  produce  re¬ 
sponses  equal  to  or  greater  than  the  desired 
response  shock  spectrum.  In  this  paper,  all 
Inputs  are  acceleration  time  histories  at  the 
base  of  the  system  (xD). 

A  slowly  swept  sinusoidal  tost  input  is  fre¬ 
quently  used  to  satisfy  the  above  requirements. 
The  amplitude  is  adjusted  to  satisfy  the  test 
•  specification.  For  this  type  of  test,  the  input 

i  amplitude  required  to  produce  a  desired  re- 

;  sponee  at  a  particular  frequency  is  highly  ue- 

!  pendent  upon  the  damping  of  the  system  at  that 
1  frequency.  AltSw>ugh  the  input  amplitude  of  a 
;  slow-sweep  test  can  be  adequately  specified  for 

j  one  particular  value  of  damping,  the  input  am* 

|  plttudo  so  selected  Is  inadequate  for  any  other 

I  value  of  damping.  Some  examples  that  lllus- 

|  irate  this  point  are  shown  in  Figs.  2  to  4.  In 

'  Fig.  2,  the  solid  lines  indicate  response  levels 

|  to  flight  inputs  for  three  different  assumed 

values  of  <?.  These  response  levels  are  similar 
to  those  obtained  In  deriving  test  specifications 
for  Lunar  Orblter.  Although  the  flight  response 
levels  for  Q's  of  10  and  30  are  shown  as  a  sin¬ 
gle  curve,  actually  the  levels  for  a  Q  of  30  are 
very  slightly  higher  than  those  for  a  Q  of  10. 

The  upoer  dashed  line  In  Fig.  2  is  the  re¬ 
sponse  level  for  a  slow -sweep  test  input  which 
is  adjusted  to  produce  conservative  responses 
\  in  systems  having  a  Q  *  30.  If  the  systems  be- 

j  Ing  tested  actually  have  a  q  of  30,  then  this  in¬ 

put  test  level  produces  response  levels  that  are 
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Fig.  2.  Shock  spectra  of  slow  sweep 
adjusted  for  conservative  response  in 
systeros  having  Q  =  30 


Fig.  .3.  Shock  spectva  of  slow  sweep 
adjusted  for  conservative  response  in 
systems  having  0=10 


adequate.  However,  if  the  systems  being  tested 
have  a  Q  of  5  or  10,  then  the  response  levels 
are  seen  to  be  too  low.  Hence,  the  test  levels 
are  too  low. 

Figure  3  shows  the  shock  spectra  for  a 
test  input  adjusted  to  produce  conservative  re¬ 
sponses  in  systems  having  a  Q  of  10.  As  Fig.  3 
indicates,  li  the  systems  being  tested  actually 
have  a  0  of  10,  then  this  test  input  produces 
adequate  response  levels.  If  the  systems  being 
tested  have  a  Q  of  30,  the  response  levels  are 
much  higher  than  desired;  if  the  systems  being 
tested  have  a  Q  of  5,  the  response  levels  are 
too  low. 

To  assure  adequate  response  levels  for  all 
three  values  of  Q,  the  amplitude  of  the  slow- 
sweep  lest  input  must  be  based  upon  a  Q  of  5. 
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Fig.  ‘1.  Shock  spectra  of  slow  sweep 
adjusted  for  conservative  response  in 
systems  having  Q  =  5 


The  response  levels  (or  this  case  are  shown  in 
Fig.  4.  As  the  figure  indicates,  the  response 
levels  for  systems  with  a  Q  of  10  are  almost 
twice  as  high  as  the  flight  response  levels  for 
a  0  of  10  and  the  response  levels  for  systems 
with  a  Q  of  30  are  more  than  five  times  higher 
than  the  flight  response  levels  for  a  0  of  30. 
Thus,  systems  with  Q's  of  10  and  30  are  se¬ 
verely  overtested. 

For  systems  of  the  type  shown  in  Fig.  1, 
several  of  the  springs  and  masses  may  have 
the  same  natural  frequency,  but  the  values  of 
damping  may  be  different.  Also,  the  damping 
of  a  particular  system  may  not  be  accurately 
known.  In  these  situations,  It  is  highly  desir¬ 
able  to  have  a  test  input  that  will  produce  ade¬ 
quate  response  levels  for  various  values  of 
damping  without  severely  overtesting  any  sys¬ 
tem.  As  the  above  examples  have  shown,  a 
slowly  swept  sinusoidal  test  input  cannot  ac¬ 
complish  this  objective, 


SINUSOIDAL  PULSE  TEST 

The  above  overtesting  can  be  overcome  by 
testing  at  a  sequence  of  discrete  frequencies 
Instead  of  using  a  continuous  sweep.  For  a 
particular  input  frequency,  the  response  of  a 
system  to  a  sinusoidal  input  is  dependent  upon 
the  number  of  cycles  of  input.  If  the  number  of 
cycles  of  input  is  numerically  equal  to  the  Q  of 
the  system,  then  essentially  steady  state  condi¬ 
tions  are  obtained.  If  the  number  of  cycles  of 
input  is  less  ttian  the  Q  of  the  system,  then  the 
variation  of  the  response  with  damping  will  be 
shown  to  !>e  less  significant.  A  system  with  a 


natural  frequency  of  20  Hz  was  subjected  to  a 
varying  number  of  cycles  of  sinusoidal  Input 
with  a  frequency  of  20  Hz.  Figure  6  shows  the 
variation  of  the  maximum  response  as  a  func¬ 
tion  of  the  number  of  cycles  of  sinusoidal  Input 
for  four  different  values  of  Q.  For  one  cycle 
of  Input,  the  maximum  response  of  the  system 
is  practically  the  same  for  all  values  of  Q 
shown.  As  the  number  of  cycles  of  input  is  in¬ 
creased,  the  curves  begin  to  disperse  until  the 
steady  state  values  are  reached.  This  phenom¬ 
enon  can  be  used  to  provide  an  environmental 
vibration  test  that  accounts  for  the  variation  of 
response  with  damping. 

As  an  example  of  the  procedure,  suppose 
that  response  shock  spectra  envelopes  of  flight 
data  have  been  computed  for  Q's  of  5,  10,  and 
50.  Suppose,  further,  that  the  shock  spectrum 
levels  for  a  Q  of  10  are  59  percent  higher  than 
the  levels  for  a  q  of  5  and  the  levels  for  a  Q  of 
50  are  twice  as  high  as  the  levels  for  a  Q  of  5. 
An  inspection  of  Fig.  5  indicates  tluit  for  a  sys¬ 
tem  with  a  natural  frequency  of  20  Hz,  4  cycles 
of  sinusoidal  input  will  produce  the  desired 
variation  with  damping.  Tlie  input  amplitude  is 
selected  so  that  test  levels  are  higher  than 
specification  levels  for  all  three  values  of 
damping.  Curves  similar  to  those  in  Fig.  5  are 
easily  obtained  for  other  values  of  frequency 
and  damping. 


APPLICATION 

The  procedure  has  been  applied  to  the  test 
levels  given  earlier.  Because,  as  shown  by  the 
flight  data  in  Fig.  2,  the  required  response 
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Fig.  5.  Variation  of  maximum  rmpouac 
with  number  of  cycles  of  input  for  various 
values  of  0 
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levels  are  very  nearly  the  samo  for  Q  a  10  ajvd 
Q  “  30,  and  only  20  percent  lees  for  q  «■  5.  it  is 
believed  tiiat  this  example  is  as  difficult  a  case 
as  would  ordinarily  be  .encountered. 


As  indicated  by  Fig.  5,  the  test  input  may 
consist  of  a  single  cycle  at  each  of  the  neces¬ 
sary  frequencies  because  the  specification 
levels  are  practically  equal  for  all  three  values 
of  Q  over  the  frequency  range  considered.  The 
actual  discrete  frequencies  used  for  the  test 
Input  were  selected  as  explained  below.  The 
only  requirement  Is  that  the  shock  spectrum  of 
the  test  input  be  at  least  as  high  as  the  specified 
levels  for  all  three  values  of  Q.  The  following 
procedure  was  used  to  determine  the  test  input. 
An  input  frequency  was  selected  and  the  shock 
spectra  were  computed  for  the  three  values  of 
0  for  a  single  cycle  of  input  with  1  g  amplitude. 
Based  on  this  information,  an  input  amplitude 
was  selected  that  produced  responses  slightly 
higher  than  the  required  levels  over  a  small 
frequency  range.  This  process  was  continued 
until  the  entire  frequency  range  had  been  cov- 
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first  try.  No  attempt  was  made  to  determine 
the  optimum  combination  of  test  frequencies 
and  amplitudes.  The  final  test  input  is  a  series 
of  10  sinusoidal  pulses,  each  pulse  consisting 
of  single  cycle  sine  wave  with  a  specified  fre- 
quency  and  amplitude.  The  actual  frequencies 
and  amplitudes  are  shown  in  Table  1  along  with 
the  frequency  range  tested  by  each  pulse. 


To  avoid  superimposing  the  responses 
from  consecutive  pulses,  the  pulses  must  be 
spaced  a  short  time  apart.  The  space  between 
consecutive  pulses  should  be  based  on  the 
highest  value  of  q.  Preliminary  studies  Indi¬ 
cate  that  between  consecutive  puleee  the  sys¬ 
tems  being  tested  should  be  allowed  to  undergo 
a  number  of  cycles  about  equal  to  twice  the 
highest  value  of  Q.  For  example,  in  the  pres¬ 
ent  case,  the  time  between  pulses  should  be 


TABLE  1 
Test  Input 


Input 

Frequency 

(Ha) 

Input 

Amplitude 

(0) 

Frequencies 

Tested 

(Ha) 

5 

1.90 

5-7 

8 

1.08 

8-10 

14 

2.33 

12-18 

20 

2.36 

20-24 

20 

2.48 

20-30 

32 

2.63 

32-38 

40 

2.80 

40-40 

80 

2.93 

50-62 

04 

3.05 

64-80 

88 

3.05 

88-120 

122 

3.06 

122-166 

108 

3.05 

168-210 

230 

3.30 

212-200 

280 

3.68 

262-296 

325 

3.90 

298-374 

400 

4.20 

370-400 

long  enough  to  allow  the  systems  being  tested 
to  undergo  about  00  cycles  of  oscillation.  With 
this  spacing  the  total  test  required  slightly  less 
than  0.5  min,  which  is  approximately  one -third 
of  the  time  required  by  a  four  oct/mtn  sinus¬ 
oidal  sweep. 

The  results  are  shown  In  Figs.  0  to  8. 

Note  tlrnt  for  all  three  values  of  q  over  the 
frequency  range  considered  the  shock  spectra 
for  the  test  input  are  slightly  higher  than  the 
required  levels.  Comparison  of  these  results 
witti  the  slow  sweep  levels  Indicates  a  signifi¬ 
cant  improvement.  The  sine  pulse  test  pro¬ 
duces  response  levels  that  are  very  nearly 
proportional  to  the  levels  received  from  flight 
Inputs.  All  systems  are  conservatively  tetded, 
but  no  system  is  subjected  to  a  drastic 
overtest. 


210 


- ftESfWSfc  TO  FLIGHT  DATA 

'r 


FREQOEWi'i  HI 

Fig.  6.  Shock  spectrum  with  Q  =  5 
for  dlocrete  frequency  input 


Fig.  T .  Shock  spectrum  with  Q  «  10  Fig.  8.  Shock  spectrum  with  Q  =>  30 

for  discrete  frequency  input  for  discrete  frequency  input 


CONCLUSIONS  results  indicate  a  significant  improvement  over 

Slow  sweep  procedures. 

A  test  metlKKi  that  accounts  for  the  varia¬ 
tion  of  shock  spectra  with  damping  has  been 
presented  and  applied  to  a  realistic  test  opeci- 
flcatlon.  The  test  consists  of  a  spaced  sequence 
of  sinusoidal  pulses  with  the  frequencies  and 
amplitudes  selected  to  meet  specified  shock 
spectra  for  different  values  of  damping.  The 


DISCUSSION 

Mr.  Hewlett:  Dr.  Cronin,  have  you  some¬ 
thing  to  say  on  that  ? 

Dr.  D.  L,  Cronin  (TRW  Systems):  Some 
people" think  lii  terms  of  simple  sTiock  when  we 
say  shock  spectrum.  !  have  been  using  the 
words  response  spectrum  because,  in  your 
case,  you  are  considering  a  collection  oi  teste 


Mr. 

Lab.JTT 

shock  spectrum.  If  I  recall  correctly,  the 
maximum  value  of  a  shock  spectrum  is  about  2 
for  an  undamped  6ystem  with  a  sawtooth  uuise 
input.  You  are  talking  of  values  of  8  and  10,  or 
48.  It  Just  seems  incompatible  with  the  nature 
of  what  I  know  as  a  shock  spectrum. 


K.  W.  Voikman  (Lawrence  Radiation 
am  curious  as  to  why  you  call  that  a 
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which  you  consider  as  u  singly  teal.  You  arc 
talking  about  onvoloping  the  whole  teat  and  arc 
getting  something  other  than  the  classical  or 
conventional  shock  spectrum.  Wc  can  go  up  to 
a  Q  of  90;  there  le  no  limit. 

Mr.  Volkman:  I  think  It  is  mislabeled  then. 

Dr.  Cronin:  Yes,  I  guess  If  we  are  going 
to  speak  of  applications  like  these,  we  just  have 
to  stop  calling  them  shock  spectra. 

Mr.  I’owlett:  I  should  have  said  response 
apectrarTKesc’curvco  are  envelope  curvos  of 
flight  data.  Several  dlfforont  pulses  were  used 
and  then  the  total  was  enveloped. 

Dr.  A.  Curtis  (Hugl.es  Aircraft  Co.):  I 
found  your  technique  vofy  Interesting.  C ou Id 
you  envision  the  use  o!  this  technique  to  simu¬ 
late  a  gun  firing  excitation  on  an  aircraft? 

Mr.  How  left ;  I  cannot  offhand  see  anything 
that  would  prevent  its  use  in  any  situation  for  a 
transient  input.  You  have  to  know  the  input  mo¬ 
tion  to  the  base  of  the  system  and  compute  the 
shock  spectrum  for  that  Input.  Once  you  have 
this  Information,  you  could  use  this  technique 
to  determine  proper  test  loads. 

Dr.  Curtis:  Did  I  hear  correctly  that  the 
results  you  showed  on  the  slides  were  all 


computed  values  and  were  not  values  obtained 
in  the  laboratory  ? 

Mr.  Hewlett:  The  flight  data  were  obtained 
from' actual  vehicle  flights.  The  curves  were 
very  etmllnr  to  the  curves  used  to  obtain  test 
specifications  (or  Lunar  Orbtter.  The  results 
for  the  tost  Input  were  computed  values,  yes. 

Dr,  Curtis:  Have  you  made  any  attempt  to 
apply  this  technique  in  the  laboratory  ?  1  can 
foresee  at  least  a  lew  difficulties. 

Mr.  Hewlett :  Wc  have  made  a  very  pre- 
llmtnary  attempt  to  Indicate  the  feasibility  of 
doing  this.  I  talked  to  some  of  the  men  in  the 
laboratory  one  day  mid,  about  two  days  later, 
they  had  r  teat  on  the  head  of  a  stiaker  which 
was  reasonably  like  what  1  suggested.  Wc  made 
no  attempt  to  control  the  frequencies  or  ampli¬ 
tudes  of  the  pulses,  but  we  did  put  m  a  spaced 
sequence  of  single  puloes  which  were  not  ex¬ 
actly  sine  waves  but  were  very  similar  to  them. 
The  equipment  men  tell  me  that  the  main  prob¬ 
lem  In  this  area  Is  getting  a  tape  recording  of 
the  Input.  Once  this  is  done,  it  is  usually  not 
difficult  to  apply  It  to  a  shaker  head. 

Dr.  Curtis:  I  would  like  to  suggest  that 
they  may  be  a  little  optimistic. 

Mr,  Hewlett:  Yes,  I  think  you  are  probably 
right. 

* 
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ISOLATION 


A  STUDY  OF  THE  PERFORMANCE  OF  AN  OPTIMUM 

SHOCK  MOUNT 


Kenneth  T.  Cornelius 

Naval  Ship  Research  and  Development  Center 
Washington,  D.C. 


A  mathematical  model  of  a  particular  type  of  shock  mount  is  presented  and  Its  r»- 
sponse  to  several  analytically  specified  foundation  velocity  input  motions  studied. 
The  model  was  developed  as  a  result  of  an  earlier  study  of  the  response  of  linearly 
damped  resilient  mounts.  This  shock  mount  consists  of  i  resilient  element  in  par* 
allel  with  a  damper.  The  damping  force  produced  by  this  damper  is  a  linear  func¬ 
tion  of  velocity  only  at  very  low  velocities.  At  higher  velocities  the  damping  force 
is  limited  to  a  constant  value  and  is  not  sensitive  to  velocity  at  all.  The  damping 
force  always  acts  to  oppose  the  motion  in  the  normal  fashion.  Because  the  damper 
performance  is  somewhat  similar  to  that  of  certain  types  of  automotive  shock  ab¬ 
sorbers,  the  mount  is  termed  double-acting.  The  performance  of  the  mount  is 
judged  by  comparison  with  those  of  the  ideal  shock  mount  and  the  linearly  damped 
resilient  mount.  It  is  found  that  the  double-acting  mount  efficiency  approaches  100 
percent  in  contrast  to  the  linearly  damped  mount  which  seems  Inherently  limited  to  a 
much  lower  efficiency.  The  mount  is  also  capable  of  maintaining  an  equilibrium 
position,  something  the  ideal  mount  cannot  do.  Although  the  performance  of  the 
mount  is  affected  somewhat  by  the  nature  of  the  input  motions,  it  is  in  all  cases 
better  than  that  of  the  other  two  types. 


INTRODUCTION 

The  problem  of  protecting  shipborne  equip¬ 
ment  from  damage  resulting  from  a  nearby 
underwater  explosion  is  well  known.  Attempts 
to  solve  it  have  usually  taken  the  form  of  either 
designing  the  equipment  to  withstand  the  shock 
mounts,  or  a  combination  of  both  methods. 

Because  shock  mounts  do  require  that  a 
certain  relative  motion  be  allowed,  there  are 
some  things  that  obviously  cannot  be  shock 
mounted.  However,  many  items  can  be  pro¬ 
tected  by  using  shock  mounts. 

This  article  was  written  to  describe  the 
operating  characteristics  and  behavior  of  one 
promising  shock  mounting  device  and  to  com¬ 
pare  it  with  both  the  ideal  shock  mount  behavior 
and  that  of  a  linearly  damped  resilient  mount. 


BACKGROUND 

The  concept  of  an  ideal  shock  mount  has 
already  been  developed  elsewhere  [1,2]. 
Briefly,  such  a  mount  was  one  that  produced  a 
constant  force  to  oppose  any  deflection,  inde¬ 
pendent  of  the  rate  at  which  this  occurred.  This 
behavior  resulted  in  the  minimum  possible  de¬ 
flection  for  any  given  transmitted  force  to  the 
equipment  for  a  particular  input  motion.  The 
allowable  magnitude  of  the  transmitted  force  in 
a  practical  situation  was  determined  by  the 
shock  resistance  of  the  equipment  to  be  pro¬ 
tected.  The  mount  deflections  were  then  set  by 
the  input  motion  and  mount  efficiency.  The 
shock  resistance  was  expressed  in  terms  of  a 
quasi- static  acceleration  that  could  not  be  ex¬ 
ceeded  without  damage,  a  fragility  level,  and 
was  quantified  with  either  the  aid  of  experiment 
or  specification.  However,  this  was  another 
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problem  and  will  not  be  considered  further 
here.  For  any  given  Input  motion,  a  curve 
showing  the  deflection  requirements  of  an  ideal 
mount  over  a  range  of  transmitted  accelera¬ 
tions  was  drawn.  This  was  used  as  a  standard 
with  which  to  Judge  the  performance  of  both 
proposed  and  existing  shock  mounts.  The  ideal 
shock  mount  concept  was  also  useful  In  that  It 
provided  insight  into  what  was  required  of  a 
practical  mount  and  whether  it  could  be  ob¬ 
tained.  An  ideal  isolator  would  act  the  same  as 
a  dry-friction  device  whose  static  and  dynamic 
friction  coefficients  were  equal.  It  would  do  a 
good  job  of  protecting  against  a  single  shock, 
but  would  never  recover  its  equilibrium  posi¬ 
tion.  Repeated  shocks  would  cause  it  to  allow 
excessive  deflections,  and  it  would  not  function 
as  a  vibration  mount  at  all.  It  was  desirable  to 
go  on  to  develop  an  optimized  shock  isolator  and 
the  device  under  consideration  here  was  felt  to 
be  a  marked  improvement. 

Resilient  elements,  springs  both  damped 
and  undamped  wore  used  extensively  as  shock 
mounts.  A  computer  investigation  was  made  of 
the  manner  In  which  linearly  damped  spring 
systems  responded  to  typical  shipboard  shock 
motions  (1).  This  study  included  undamped 
springs  as  a  special  case.  Although  the  exact 
damping  characteristics  of  many  of  the  common 
commercial  mounts  were  not  known,  it  was 
likely  that  there,  too,  the  damping  force  was  a 
reasonably  linear  function  of  velocity  so  that 
the  results  of  the  study  applied  to  them  as  well. 
It  was  found  that  the  damped  springs  were  able 
to  handle  particular  motions  fairly  efficiently, 
but  that  In  general  they  were  not  very  good. 
Undamped  springs  were  generally  not  very  good. 


STUDY  OF  THE  OPTIMUM 
ISOLATOR 

The  manner  in  which  the  behavior  of  the 
damped  systems  varied  with  the  character  of 
the  input  motions  suggested  that  Improvement 
would  result  from  using  a  different  kind  of 
damper,  one  largely  insensitive  to  velocity. 

With  this  in  mind,  the  characteristics  shown  In 
Fig.  1  were  developed.  The  sole  purpose  of  the 
resilient  element  was  to  provide  an  equilibrium 
position.  At  very  low  velocities  the  damping 
was  linear,  while  at  the  higher  velocities  the 
damping  force  was  limited.  This  was  similar 
to  the  action  of  certain  automotive  shock,  ab¬ 
sorbers.  These  absorbers  were  intended  to 
insure  passenger  comiort  and  were  not  much 
more  efficient  than  linear  damped  springs  on 
shipboard.  Because  of  the  similarity,  however, 
the  optimum  mount  was  .tamed  double-acting. 
The  resilient,  ilnear-damped  mount  was  named 
simply  damped. 

A  program  was  written  for  the  small  time¬ 
sharing  computer  available  at  the  Naval  Ship 
Research  and  Development  Center  (NSRDC)  to 
study  the  response  of  the  double-acting  mount, 
as  well  as  the  ideal  mount  and  the  damped 
mount.  This  program  used  methods  of  numeri¬ 
cal  analysis  and  was  checked  against  a  different 
program  (3)  written  for  the  large  computer  and 
based  on  the  exact  solution  of  the  equations. 

The  smaller  computer  was  used  for  this  study 
because  of  its  fast  reaction  time.  The  program 
used  was  sufficiently  versatile  to  include  both 
ideal  behavior  and  linear  damping  as  special 
cases.  It  is  available  on  request. 


Damping  fOftCE.  0 


Fig.  1.  Optimised  ehock  isolation  system 
(Fl  is  adjusted  by  varying  V ^  ) 


Foundation  Input  Vclocitlou  Used 

Analytic  representation  o i  foundation  veloc¬ 
ity  was  used  no  that  the  offectu  of  changing  its 
shape  would  not  be  obscured  by  tho  Irrelevant 
excursions  normally  found  in  experimental  rec¬ 
ords.  Tho  response  of  tho  mounts  could  just  as 
well  have  been  calculated  for  any  arbitrary  In¬ 
put,  however,  had  tliie  been  desired.  Tho  basic 
input  velocity,  Typo  1,  lo  shown  in  Fig.  2.  Hors 
the  velocity  was  reproaontod  by  a  vorood-sino 
rise  to  120  in./noc  In  2fi  me,  followed  by  a  de¬ 
celeration  of  4  g  to  root,  Three  other  founda¬ 
tion  velocities,  Typos  II,  111,  and  IV,  wore  ob¬ 
tained  by  decreasing  the  rieo  time  to  0,0  ms 
and  tho  decoloration  to  zero. 


Mount  Efficiency 

The  performance  of  vnriouy  oboe  Sr  mounts 
v/ao  evaluated  by  comparing  the  c!a>'i«<:f.lo,ti*  rv- 
qulrcd  to  limit  tho  ea&na  acc/tiorutlonu  with  the 
same  value.  The  mount  rvciulriiig  ilia  etnaltoni 
dsflecUon,  wan,  of  c  our  on,  tho  moat  et  Helen!. 
The  efficiency  of  a  mount  was  quantified  by 
comparing  ito  deflection  minirimtfrata  with  that 
of  the  ideal:  Efficiency  »  (ideal  deflect  lei)/ 
calculated  doflectton)  *  100  percent. 


Mounto  Investigated 

The  roeponooo  of  throe  different  typos  of 
mounts  to  each  of  the  four  Input  velocities  were 
calculated.  Thcoo  wore  the  idsnl  mount,  tho 
damped  mount,  and  tho  double-acting  mount. 

Tho  damped  mounto  wove  specified  In  ills  usual 
way  by  flxod-baoo  natural  frequency  and  damp¬ 
ing  ratio.  The  double-acting  mounts  wore  spec¬ 
ified  by  fUcd-bnoo  natural  frequency  and  Hie 
damping  force  limit,  FL,  axpronflod  no  mriofl 

flPPrtlAI'flflAn  In  rr*  n  *T'K«  vnAnnf  don/tmipatlnnn 
„..v„  - •  -  d  o ■  >  uv  mv«M*  wimtigiwt  nttiMttt 

studied  were  tabulated  In  Tattle  I.  Only  one  not 


TABLE  I 

Mount  Configurations  Uesd9 


Damped  Mount 

Double-Acting  Mount 

Damping  Ratio 

Damping  Force  Limit,  g's 

0 

1 

10 

S 

20 

ft 

40 

10 

100 

■20 

''Natural  freousnoyr  ft  and  to  lift. 


of  calaulftciono  m.n  nuueaeftry  to  f/mpiulnly 
dsffno  tho  rsaponoo  of  (be  Ideei  mount  to  men 
motion,  so  it  wen  net  twwlatdtl. 

flWiiwdtttlnii  of  Dub* 

Tho  bffhnvtn?  of  snob  ftt/mU  whft  iSt/din’lM 
Hi  torron  of  the  rmwipiiim  noooU'f'dUOtt  m  u'ti 
Uwismiuwu  tv  Oin  ipounuvi  mfiu  twd  mu  rauio* 
ftimiw,  *M  ittiiv.i  of  tho  positive  arid  njiptlvy 
fiiAKlniutn  MieurwJww  In  Million  of,  the  itiB?o 
Irons  its  equilibrium  position. 


HE9ULTS 

The  rwupuneso  of  tits  i-arum#  mount#  to 
onoli  foundation  velocity  Aru  shown  ui  Pigs  5 
through  0. 


CONfllDEUATlOHfl 
Performanoo  of  the  Damped  Mounts 


ratio  wnu  ineroRfliul  from  zero  the  trsnsniiued 


r/'IU,  i,  I'yp?  1  tiiiiuiiutlon  voloUiy 
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RaTTLESPaCE  INCmCS 

Fig.  5,  Response  of  shock  mounts  to  Type  III  foundation  velocity 
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Fig.  6.  Response  of  shock  mounts  to  Type  IV  foundation  velocity 
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acceleration  typically  first  decreased  and  t.'cn 
increased  while  the  rattlcspace  decreased  con¬ 
tinuously,  The  efficiency  oi  the  nu.unt  did  not 
improve  after  the  damping  rati  a  was  Iw'.reaoeO 
beyond  a  given  value.  This  Is  apparent  in  all 
the  figures,  but  is  most  obvious  in  Fig.  t  Were 
the  efficiency  of  both  the  5-  and  10- 4a  drjuped 
mounts  reached  a  maximum  of  about  50  percent 
at  a  damping  ratio  of  40  percent  and  did  not  im  ¬ 
prove  with  a  further  Incr  ease  in  damping. 

The  efficiency  of  the  damped  mount  was 
best  where  the  foundation  velocity  increased 
abruptly  {-Figs.  5  and  6).  Here  the  damper  ex¬ 
erted  Us  accelerating  force  on  the  mass  from 
the  very  beginning.  Where  the  velocity  in¬ 
creased  at  a  slower  rate,  the  damper  exerted 
less  force  initially  and  time  was  lest  while  the 
spring  force  built  up.  It  was  partly  this  effect 
which  led  to  the  idea  of  the  double-acting  mount, 


Performance  of  the  Double-Acting  Mount 

The  efficiency  of  the  double-acting  mount 
was  not  limited  in  the  same  manner  as  that  of 
the  damped  mount.  In  fact,  as  the  damping 
force  limit  was  increased,  the  efficiency  invar¬ 
iably  approached  1(K)  percent.  That  it  was  not 
100  percent  efficient  at  the  lower  limits  was  a 
result  of  energy  stored  In  the  spring;  an  effi¬ 
cient  mount  does  not  store  energy.  As  the 
damping  force  limit  was  increased,  the  spring 
energy  becomes  relatively  Less  important.  As 
would  be  expected,  the  behavior  of  the  double- 
acting  mount  approached  that  of  the  undamped 
spring  as  the  damping  force  limit  was  de- 
e reseed,  la  this  region  the  magnitude  of  the 
transmitted  acceleration  was  determined 
roughly  by  the  fixed-base  natural  frequency  as- 
noclftted  with  the  spring  used.  The  efficiency 
,i  the  mount,  however,  was  determined  by  the 
daoibi-ig  force  limit  as  this  limit  was  increased, 
the  mount  was  potentially  extremely 
,  eV  .lent,  the  deflection  requirements  were  lim- 

i  ded  ultimately  by  the  Ideal. 

I  One  of  the  practical  engineering  problems 

i  ■  Involved  In  the  design  of  damped  mounts  was 

I  that  of  obtaining  enough  damping  force.  Where 

large  masses  must  be  mounted,  the  forces 
required  to  yield  significant  benefits  became 


very  large.  The  requirements  could  have  been 
lessened  by  lowering  the  mounting  frequency, 
of  course,  but  that  method  was  limited.  Thus, 
any  way  of  decreasing  the  dan  p\ng  force  re¬ 
quirements  of  a  mount  was  d:  sirable,  even  if  it 
did  not  result  in  improving  '.he  efficiency  of  the 
mount. 

The  performance  of  V  .<  10  Hz-,  4'  percent 
damped  system  was  ider.\eal  to  that  oi  the  10- 
Hz,  5-g  double-acting  system  (Fig.  3),  so  that 
these  two  configurations  were  used  to  compare 
damping  force  requirements.  It  was  assumed 
that  the  weight  supported  by  these  mounts  was 
77?,  lb  so  that,  by  definition,  the  damping  force 
exerted  by  the  double-acting  mount  was  3960  lb. 
Inspection  of  the  velocity -time  history  for  the 
damped  mount  showed  that  the  maximum  damp¬ 
ing  force  was  603?.  lb,  63  percent  greater,  al¬ 
though  the  efficiencies  were  the  same.  This 
behavior  was  typical. 

The  linear1  damping  coefficient  of  4000  lb/ 
in./sec  used  for  the  low  velocity  damping  of  the 
double-acting  mount  seemed  to  require  that  the 
deflected  mount  must  take  a  very  long  time  to 
recover  Its  equilibrium  position.  However,  for 
large  deflections  the  spring  force  was  sufficient 
to  overpower  the  clamper  and  return  the  mass 
most  of  the  way  to  equilibrium  rather  rapidly. 
For  example,  the  spring  force  was  greater  than 
the  damping  force  limit  for  the  10-Hz,  5-g 
double-acting  mount  when  the  deflection  was 
greater  than  about  1/2  in.  The  slow  return, 
then,  would  start  nearer  than  this  point,  rather 
than  from  some  point  further  out.  If  a  faster 
return  were  found  to  be  necessary  the  low- 
velocity  damping  coefficient  could  be  reduced 
with  some  slight  cost  to  mount  efficiency. 

CONCLUSIONS 

The  double-acting  shock  mount  was  found 
to  be  capable  of  attaining  very  high  efficiencies . 
Even  at  lower  efficiencies  it  required  less 
damping  force  than  a  linearly  damped  mount  of 
comparable  performance.  In  contrast  to  the 
ideal  mount,  it  was  capable  of  maintaining  an 
equilibrium  position.  The  double-acting  mount 
appeared  to  combine  the  best  features  of  the 
ideal  and  the  linearly  damped  mounts  with  few 
of  their  disadvantages. 
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DISCUSSION 


Mr.  geyln  (RT  Research  Inst.):  I  might 
make  a  comment  that  these  ideal  or  optimum 
curves  refer  to  a  tradeoff  between  the  con¬ 
straint  of  rattlespace,  in  this  instance,  and  the 
performance  index  of  acceleration  attenuation. 
They  are  functions  of  either  the  time  details  or 
the  input  in  the  deterministic  case  of  this  paper, 
or  in  the  frequency  distribution  functions  of 
Prof.  Paul’s  paper.  If  you  change  the  Inputs, 
whatever  the  characterization  might  be,  you 


change  the  nature  of  the  optimum.  There  is 
evidence  that  suggests  that  these  curves  are 
relatively  insensitive  to  reasonable  variations 
in  the  input.  That  does  not  necessarily  mean 
that  an  isolator  designed  to  be  optimized  for  a 
given  input  would  itself  have  a  small  deviation 
from  the  optimum  according  to  another  input. 
The  tradeoif  curves  themselves  are  reasonably 
insensitive. 


i  1 
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AN  INVESTIGATION  OF  THE  PERFORMANCE  OF 
GAS-BEARING  MACHINERY  SUBJECTED  TO 
LOW-FREOUENCY  VIBRATION  AND  SHOCK 


Peter  W.  Curwen  and  Alan  Froot 
Mechanical  Technology  Incorporated 
Lathan,  New  York 


The  use  of  gas  or  steam  bearings  in  certain  types  of  naval  ohipboard  machinery  offers 
several  advantages.  However,  such  machinery  must  operate  in  a  dynamic  environment. 
The  question  of  bearing  reliability  and  ruggedness  under  dynamic  conditions  thus  arises. 
To  gain  initial  insight  into  this  quostion,  a  gas -nearing  machine  having  a  6 1.5- lb  shaft 
has  been  experimentally  subjected  to  low-frequency  nonimpulsive  frame  oscillations  and 
also  to  frame  impact.  Maximum  acceleration,  measured  at  the  upper  journal  bearing 
housing,  was  4  g's  during  tho  oscillation  teats  and  IB  g's  during  the  shock  tests.  Capaci¬ 
tive  displacement  transducers,  mounted  within  tho  bearings,  wore  used  to  measure  dy¬ 
namic  bearing  responses  throughout  the  tests. 

Over  1000  shock  cycles  were  imposed  on  each  of  two  externally  pressurized  bearing 
systems  and  on  one  self-acting  system.  During  each  shock  interval,  a  dozen  or  so  mo¬ 
mentary  bearing  contacts  were  observed.  Nonetheless,  all  bearing  parts  were  in  excel¬ 
lent  or  good  condition  at  the  end  of  tho  tests. 

Momentary  bearing  contacts  were  observed  ovc  at  quite  low  shock levole.  Compatibility, 
wear  rate,  and  integrity  of  bearing  materials  O  s  become  the  key  factors  in  establishing 
gas-bearing  reliability  in  a  shock  environment  Additional  data  pertaining  to  these  fac¬ 
tors  are  badly  needed. 

An  analytical  procedure  has  been  formulated  for  designing  gas  bearings  that  will  be  sub¬ 
jected  to  frame  oscillations.  Comparison  of  calculated  and  measured  bearing  displace¬ 
ments  confirms  that  the  design  procedure  is  valid. 


INTRODUCTION 

Process-fluid  lubrication  of  rotating  ma¬ 
chinery  has  made  very  significant  advances 
within  the  last  decade.  By  definition,  a  process- 
fluid- lubricated  machine  is  one  in  which  the 
working  fluid  flowing  through  the  machine,  or 
the  environmental  fluid  surrounding  the  machine, 
Is  also  utilized  to  lubricate  the  shaft  bearings. 
The  working  or  environmental  fluid  rnay  be  a 
liquid,  vapor,  or  gas.  In  this  paper  only  gas 
and  steam- lubricated  bearings  are  discussed. 

Since  1968,  the  U.S.  Atomic  Energy  Com¬ 
mission  (ARC)  has  installed  and  operated  a  total 
of  17  gas-bearing  machines  in  nuclear  reactor 
experimental  test  loops.  Very  successful  op¬ 
eration,  totaling  over  65,000  hours,  has  been 
accumulated  with  this  machinery  [1] .  The  U.S. 


Naiionai  Aeronautics  and  S^ace  Administration 
(NASA)  is  currently  procuring  and  testing  gas- 
lubricated  turbomachinery  for  closed  Brayton 
cycle  auxiliary  space- power  systems  |2). 

Gas  and  steam- lubricated  bearings  are  now 
being  investigated  for  use  In  naval  shipboard 
machinery.  A  study  [3]  performed  In  1665  in¬ 
dicated  that  definite  benefits  would  result  for 
various  types  of  naval  machinery  if  process- 
fluid  lubrication  (specifically,  steam  or  gas 
lubrication)  of  shaft  bearings  could  be  utilized. 
Improved  reliability  and  maintainability,  reduced 
size  and  noise ,  and  elimination  of  auxiliary  sys¬ 
tems  were  some  of  the  advantages  identified. 

In  parallel  with  the  above  study.  Contract 
Nonr- 4358(00)  was  conducted  to  obtain  a  first 
assessment  of  the  ability  of  gas- bearing 
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machinery  to  survive  the  shipboard  vibration 
and  shock  environment.  This  ie  probably  the 
most  crucial  question  with  respect  to  practica¬ 
bility  of  gas  (or  steam)  bearings  in  naval  ap¬ 
plications.  The  aforementioned  AEC  machinery 
Operates  in  static  environments,  while  the  NASA 
•pace-power  machinery  will  be  subjected  to  ap¬ 
preciable  shock  and  vibration  only  during  the 
relatively  short  launch  period.  Shipboard  ma¬ 
chinery,  on  the  other  hand,  will  experience  an 
almost  continuous  spectrum  of  vibration  and 
shock.  Moderate  seastatos  will  produce  low- 
frequency  roll  mid  pitch  motions  of  the  ship. 

Bow  slap  in  heavy  seas,  firing  of  heavy  guns, 
bomb  or  torpedo  explosions  will  produce  Bhock 
loads.  Bow  slap  in  particular,  while  not  a  nec¬ 
essarily  severe  shock  condition,  is  nonetheless 
a  potentially  critical  condition  because  hundreds 
of  thousands  of  such  Impacts  may  be  accumu¬ 
lated  during  a  normal  cruise. 

As  reported  In  Ref.  [4],  the  initial  assess¬ 
ment  of  gas-bearing  performance  under  dynamic 
conditions  was  conducted  with  a  10,000  rpm  gas- 
bearing  machine  having  a  01. 5- lb  rotor.  The 
machine  was  subjected  to  iow-frequency  non- 
lmputslve  frame  oscillation  and  also  to  frame 
shock.  Both  self-acting  and  externally  pres¬ 
surised  bearings  were  tested.  The  results  of 
these  initial  tests,  which  are  reviewed  in  the 
following  sections  of  this  paper,  were  suffi¬ 
ciently  promising  to  warrant  expansion  of  the 
shock  teot  phase  under  Contract  NOOO-14-66- 
C0282.  At  the  same  time,  Contract  Nonr- 
4965(OQ)M-2  was  awarded  for  development  of  a 
700- hp  turbine-driven  forced-draft  blower  using 
superheated  turbine  steam  as  the  lubricant  for 
externally  pressurized  Journal  and  thrust  bear¬ 
ings.  This  contract  marks  the  first  application 
of  steam  bearings  to  a  major  piece  of  shipboard 
equipment.  A  cross-section  schematic  of  the 
blCuv?  sijown  ip.  Fig,  1* 

The  balance  of  tills  paper  briefly  documents 
the  effects  of  low-frequency  frame  oscillation 
and  frame  shock  on  the  performance  of  gas 
bearings.  Although  the  Investigation  was 
limited  to  gas  bearings,  the  dynamic  responses 
of  superheated  stoam  bearings  should  be  essen¬ 
tially  the  same.  From  a  theoretical  standpoint, 
superheated  steam  can  be  treated  as  a  gas. 
However,  If  significantly  different  coating  and/or 
structural  materials  are  selected  for  either 
otoam  or  gas-bearing  parts  (compared  with 
those  that  have  so  far  been  tested),  the  conse- 
quencies  of  the  dynamic  bearing  responses  could 
be  different.  Because  bearing  contacts  do  occur 
under  shock  conditions,  final  proof  of  bearing 
reliability  and  ruggedness  must  come  from 
shock  tests  on  parts  that  have  been  fabricated 


with  the  same  materials  as  proposed  for  the 
specific  application. 

TEST  MACHINE 

A  schematic  view  of  the  gas-bearing  test 
machine  is  shown  in  Fig.  2.  Significant  param¬ 
eters  of  the  shaft  assembly  are  — 

Weight  61.5  1b 

Distance  between 

Journal  centers  32  In. 

Overall  length  39.75  in. 

Polar  moment  of 

Inertia  0.55  in. -lb-sec  2 

Transverse  moment  of 

Inertia  about  c.g.  20.9  In. -lb- sec  2 

Locations  of  c.g.  17.1  in.  from 

thrust  bearing 

Tho  shaft  Is  driven  by  a  four-pole,  three-phase 
induction  motor  mounted  between  the  Journal 
bearings.  A  variable  frequency  generator  set 
is  used  to  control  motor  speed. 

Two  Identical  Journal  bearings  and  a 
double-acting  thrust  bearing  are  used  to  sup¬ 
port  the  shaft.  The  Journals  are  2.375  in.  in 
diameter  and  have  a  length-to-diameter  ratio 
of  1.5.  The  thrust  runner  has  an  OD  of  6.28  in. 

Two  easily  interchangeable  bearing  systems 
were  designed  for  the  test  machine.  One  sys¬ 
tem  consists  of  externally  pressurized  (hydro¬ 
static)  bearings.  The  journal  bearings  are 
cylindrical  sleeve  bearings  with  two  rows  of  18 
mil  diameter  orifices  (eight  orifices  per  row) . 
The  main  thrust  bearing  is  a  5-in.  OD  by  3.5-in. 
ID,  single- row  bearing  with  36  orifices.  The 
second  bearing  system  consists  of  self-acting 
(hydrodynamic)  bearings.  The  Journal  bearings 
are  four- pad  pivoted- pad  bearings  that  operate 
at  a  preload  ratio  of  0.5  to  0.7.  Tho  main  thrust 
bearing  is  a  6.28- In.  OD  by  2.75- In.  ID  spiral- 
grooved  (Whipple  plate)  bearing  of  inwardly 
pumping  configuration. 

Figure  3  is  a  photograph  cf  the  shaft  as¬ 
sembly  and  the  parts  for  the  self-acting  bearing 
system.  Figure  *  shows  one  of  the  externally 
pressurized  jour^nl  bearing  sleeves.  Additional 
design  and  test  data  pertaining  to  the  two  gas- 
bearing  systems  are  given  in  [4]. 

INSTRUMENTATION 

To  gain  insight  into  the  performance  of  gas 
bearings  under  condition  of  low-frequency  frame 


Fig.  4,  Externally  pressurized  journal  bearing 
for  the  gas-bearing  test  machine 


These  measurements  were  obtained  by 
mounting  capacitive  displacement  transducers 
within  the  bearings  as  shown  In  Fig.  2.  Two 
probes  were  mounted  in  each  journal  bearing, 
circumferentially  displaced  90  degrees  from 
each  other.  Two  probes  were  likewise  mounted 
in  the  main  thrust  bearing,  also  circumferen¬ 
tially  displaced  90  degrees. 

Readout  of  the  tearing  probes  was  obtained 
from  dual-beam  oscilloscopes.  With  the  signals 
from  die  SO- degree  displaced  journal  bearing 
probes  applied  to  the  CRO  X  and  Y  deflection 


plates,  orbital  traces  (or  loci)  of  the  journals 
within  the  clearance  space  could  be  obtained. 

By  switching  the  CRO  to  common  time  base,  X 
and  Y  components  of  tearing  clearance  could  be 
displayed  as  a  function  of  time.  Common  time- 
base  readout  of  the  two  thrust  bearing  film 
thickness  traces  permitted  some  indication  as 
to  whether  parallel  alinenient  of  the  bearing 
surfaces  was  maintained  under  dynamic  condi¬ 
tions.  Theoretically,  however,  three  film  thick¬ 
ness  readings  are  required  to  accurately  define 
the  relative  positions  of  theec  surfaces. 


because  both  the  journal  and  thrust  bearings 
were  "flexibly"  mounted,  additional  capacitive 
displacement  transducers  were  used  to  measure 
motion  of  the  rotating  journals  nnd  the  thrust* 
bearing  stator  relative  to  the  test  machine 
casing. 

The  noncontact  lug  capacitive  displacement 
measuring  system  selected  for  these  tests  had 
the  following  characteristics: 

(1)  Excellent  linearity  over  the  complete 
range  o(  possible  bearing  displacements. 

(2)  High  output  sensitivity  (0.1  volt/mll). 

(3)  Stable  output  up  to  temperatures  of 
400°  F  (up  to  1000°  F  with  special  lead  wire). 

(4)  Excellent  long-term  stability. 

(5)  Flat  frequency  resoonse  from  D-C  to 
1000  Hz. 

Although  duration  of  the  shock  pulses  was 
expected  to  be  50  to  100  ms,  It  was  recognized 
that  frequency  response  of  tiro  capacitive  trans¬ 
ducer  system  left  something  to  be  desired. 
However,  for  the  Immediate  purposes  of  Ure 
study,  the  1000- Hz  response  was  Judged  to  be 
adequate,  (It  should  be  noted  that  flat  frequency 
response  of  the  capacitive  system  lias  recently 
been  increased  to  5000  Hz  by  use  of  an  Improved 
filter  design.) 


Additional  Instrumentation 

Shaft  speed  of  the  test  machine  was  detected 
by  means  of  a  magnetic  pickup.  Digital  display 
of  speed  was  obtained  from  an  electronic  coun¬ 
ter.  No  attempt  was  made  to  measure  dynamic 
variations  in  speed. 

During  the  shock  tests,  dynamic  displace¬ 
ments  of  the  shock  table  were  measured  with  a 
linear- variable- differential  transformer  (LVDT). 
Dynamic  accelerations  were  measured  with 
crystal  accelerometers  mounted  on  the  test 
machine  casing  In  the  planes  of  the  two  journal 
bearings.  Readout  of  the  LVDT  and  acceler¬ 
ometer  signals  was  obtained  via  time-base  CRO 
traces.  The  traces  were  triggered  by  the  shock 
hammer  just  prior  to  hammer  impact. 

Frequency  response  to  the  LVDT  was  down 
3  db  at  100  Hz.  Hence,  accuracy  of  the  shock 
table  displacement  amplitudes  is  in  question. 

The  main  value  of  the  LVDT  was  to  obtain  an 
approximate  indication  of  pulse  shape.  Fre¬ 
quency  response  of  the  accelerometer  system 


was  flat  from  20  to  10,000  Hz  when  displayed 
directly  on  tho  CRO.  Peak  acceleration  values 
should  thus  be  quite  ace  -rate. 

A11  significant  Instrumentation  signals  were 
recorded  on  magnetic  tape  using  FV  oloctronlcs 
having  a  flat  frequency  response  from  0  to 
5000  Hz.  Comparison  of  dlrcct-dtsplay  CRO 
signal  traces  and  magnetic-tape  playback  traces 
Indicated  no  degradation  of  Bignal  waveform 
caused  by  the  tape  recorder. 


BEARING  PERFORMANCE  DURING 
LOW-FREQUENCY  VIBRATION 

An  Oscillation  Test  Stand  was  designed  to 
subject  the  gas- bearing  test  machine  to  oscil¬ 
latory  (periodic)  angular  displacements  about  a 
fixed  pivot  axis.  Figure  5  Shows  the  test  ma¬ 
chine  mounted  on  the  oscillation  stand.  Tho 
stand  had  a  continuously  variable  oscillation 
frequency  of  from  0  to  65  cpm.  Oscillation  am¬ 
plitudes,  measured  from  the  vertical,  could  be 
sot  at  ill. 5,  ±23.5  or  t30.5  degrees. 

The  Oscillation  Test  Stand  was  not  designed 
to  simulate  actual  wave- Induced  shipboard  mo¬ 
tions.  (Such  motions  would,  In  fact,  be  the  re¬ 
sult  of  simultaneous  rotations  and  translations 
of  the  ship’s  hull  and  would  not,  In  general,  be 
truly  periodic.)  The  primary  function  of  the 
test  stand  was  to  provide  a  means  whereby  the 
validity  of  proposed  gas-bearing  design  proce¬ 
dures  for  low-frequency  vibration  conditions 
could  be  experimentally  determined.  Exact 
simulation  of  shipboard  motions  was  not  felt  to 
be  necessary  for  this  purpose.  Because  wave- 
induced  motions  have  very  low  fundamental  fre¬ 
quencies  relative  to  the  critical  speeds  of  ro¬ 
tating  machinery,  it  was  hyjxithcsizod  that  the 
dynamic  bearing  reactions  could  be  accurately 
calculated  on  the  basis  of  a  simply  supported 
rigid  shaft.  The  bearings  could  then  be  sized  on 
the  basis  of  static  load  capacity  and  eccentricity 
considerations.  Validity  of  this  design  approach 
could  be  experimentally  assessed  using  a  sim¬ 
ple  tost  stnnd,  provided  accurate  measurements 
of  the  frame  and  bearing  displacements  were 
obtained.  Once  the  basic  design  hypothesis 
were  verified,  the  analytical  design  procedures 
could  readily  be  extended  to  the  case  of  complex 
frame  motions,  and  confidently  applied  to  any 
specific  situation  without  the  necessity  of  addi¬ 
tional  experimental  testing. 

Figure  6  shows  oscilloscope  photographs 
of  the  upper  journal-bearing  loci  obtained  dur¬ 
ing  testing  os  the  externally  pressurized  gas- 
bearing  system  at  supply  pressures  of  50  nnd 
75  psig.  (The  photos  ure  also  typical  of  data 
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Fig.  5.  Tost  machine  mounted  on  oscillation  test  stand 


obtained  during  testing  of  the  self-acting  bear- 
big  system.)  The  effects  of  frame  oscillation, 
v/lth  and  without  shaft  rotation,  are  clearly 
Shawn.  It  la  seen  from  the  lower  photographs 
ol  Fig.  8  that  the  locus  of  the  journal  center  is 
ait  ellipse  under  simultaneous  conditions  of 
10,000- rpm  shaft  speed  and  62- Hz  oscillation 
frequency.  This  reflects  the  fact  that  the  re¬ 
sultant  bearing  load  consists  of  a  gyroscopic 
component  acting  80  degrees  from  the  in- plane 
acceleration  component. 

Figure  V  shows  a  comparison  of  the  meas¬ 
ured  and  calculated  response  for  the  upper 
Journal  bearing  during  frame  oscillation.  This 
figure  illustrates  that  the  bearing  forcer,  and 
resulting  bearing  eccentricities,  can  be  cal¬ 
culated  with  sufficient  accuracy  for  engineering 
design  purposes.  Details  of  the  analysis  proce¬ 
dure,  as  well  as  additional  tost  and  calculated 
data  for  both  the  externally  pressurised  and 
self-acting  bearing  systems,  are  given  in 
Ref,  (4). 

In  summery,  a  design  procedure  was  ex¬ 
perimentally  validated  whereby  the  load  capac¬ 
ity  of  steam  and  gas- lubricated  bearings  could 
be  investigated  for  any  specified  condition  of 
low-frequency  shipboard  motion.  In  the  process 
of  verifying  the  design  procedure,  satlslactory 


operation  of  two  practical  gas-bearing  systems 
was  demonstrated  at  oscillation  rates  of  up  to 
62  Hz  and  corresponding  peak  accelerations  at 
the  upper  journal  bearing  of  4.05  g’s.  Both  the 
self-acting  and  the  externally  pressurized  bear¬ 
ing  systems  were  able  to  carry  the  dynamic 
loads  at  safe  film  thicknesses  (that  le,  without 
Slim  rupture  and  rubbing  contact). 


BEARING  PERFORMANCE  DURING 
SHOCK 

A  Shock  Test  Stand  was  designed  to  subject 
the  gas-bearing  test  machine  to  unidirectional 
impact  loads.  Figure  8  shows  the  test  machine 
mounted  on  the  shock  3 tend.  The  flfcock  Tost 
Stand  Is  patterned  after  the  Navy  Ill-Shock  Ma¬ 
chine  for  L.ightwcight  Equipment  as  defined  in 
MIL- 3- 90 IB  (Navy).  The  significant  differences 
are  that  only  the  pivoted  chock  hammer  has  been 
provided  (only  horizontal  impacts  can  bo  ap¬ 
plied)  and  *he  hammer  weight  is  200,  rather 
than  400  lb.  It  should  be  noted  that  the  Shock 
Test  Machine  woe  no*  designed  for  the  imme¬ 
diate  objective  of  producing  high- impact  shock 
displacements  as  required  by  Navy  qualification 
specifications  (although  this  does  remain  an 
ultimate  objective).  It  was  designed  primarily 
to  produce  ohock  pulses  that  would  have  shape 
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Fig.  8.  Test  machine  mounted  on  shock  test  stand 


limited  to  permit  conclusions  regarding  bearing 
life  under  repeated  shock  conditions. 

Several  tacts  became  clear  from  the  first 
series  of  shock  tests: 

(1)  Momentary  bearing  contacts  should  be 
anticipated  in  a  gas-bearing  system  when  the 
bearing  housing  is  given  an  impulsive  displace¬ 
ment  of  noticeable  amplitude. 

(2)  Compatibility  of  bearing  materials  is  of 
prime  importance  in  any  application  where 
frame  Impact  may  occur.  The  bearing  mate¬ 
rials  must  be  able  to  survive  many  momentary 
high-speed  contacts  without  noticeable  degrada¬ 
tion  of  bearing  performance. 

(3)  Structural  design  of  the  shaft  and  bear¬ 
ing  system  must  be  sufficient  to  assure  that 
permanent  deformation  of  the  various  parts 
cannot  occur  under  the  maximum  possible 
impact  condition. 

(4)  Performance  of  self-acting  and  exter¬ 
nally  pressurized  bearings  during  impact  is  not 
significantly  different. 

To  obtain  an  indication  of  bearing  life  ca¬ 
pability  under  shock  conditions,  a  second  series 
of  shock  tests  was  undertaken.  The  test  machine 


shaft  assembly  was  first  redesigned  so  that 
shaft  bending  would  not  be  a  problem.  An  ex¬ 
tended  series  of  impacts  was  then  applied  to 
each  of  three  bearing  systems  (one  self-acting 
system  and  two  externally  pressurized  sys¬ 
tems).  The  types  of  bearings  and  bearing  ma¬ 
terials  used  are  listed  in  Table  1. 

Figure  8  shows  a  typical  CRO  display  of  the 
various  instrumentation  signals  during  one  im¬ 
pact  Interval.  These  data  were  obtained  during 
the  extended  tests  on  the  third  (externally  pres¬ 
surized)  bearing  system.  Shaft  speed  was  8,000 
rpm,  drop  height  was  9.6  In.,  and  bearing  supply 
pressure  was  60  psig. 

The  upper  left-hand  photograph  in  Fig.  9 
shows  a  journal  bearing  locus  prior  to  impact. 
The  locus  is  a  small  orbit  owing  to  residual 
shaft  unbalance. 


The  remaining  five  photographs  in  Fig.  9 
show  various  responses  during  the  shock  inter¬ 
val.  The  shock  table  displacement  pulse  was 
approximately  half- sine,  with  a  peak  indicated 
amplitude  of  0.18  in.  and  a  duration  of  70  ms. 
Peak  acceleration  at  the  journal  bearing  housing 
was  approximately  38  g's.  This  peak  occurred 
within  the  first  several  milliseconds  of  the  dis¬ 
placement  pulse. 
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TABLE  1 

Description  of  Bearing  Systema  Used  for  the  Second  Series  of  Shock  Teeis 


Bearing  System  Designation  j 

First 

......  _ . . 

Second 

Third 

Type  of  hearing 
system 

Externally  pressurised 

Self-acting 

Externally  pressurized 

Type  of  journal 
bearings 

Carbon  graphite  sleeve 
with  double  orifice 
row 

Chrome- oxide- coated 
pivoted- pad,  4  pads 
per  bearing 

Ch  rome-oxide-coated 
sleeve  with  double- 
orifice  row 

Coating  on  shaft 
journals 

Chrome  oxide 

(the  same  shaft  journals  were  used  throughout  the  shock  tests) 

Type  of  main 
thrust  bearing 

Chrome-oxide-  coated 
annular  bearing  with 
single-orifice  row 

Chrome-  oxide-  coated , 
spiral- grooved  bearing 
(grooves  on  stater) 

Same  parts  as  used  in 
first  bearing  system 

Coating  on  thrust 
runner  lor 
main  thrust 
bearing 

Chrome  oxide 

(the  same  thrust  runner  was  used  througnout  the  shock  tests) 

The  upper  right  hand  photograph  in  Fig.  9 
shows  the  journal  orbit  during  the  impact  Inter¬ 
val.  It  is  seen  ttiat  a  dozen  or  so  momentary 
bearing  contacts  occurred  during  the  shock  in¬ 
terval.  Time-base  traces  of  the  journal  motion 
and  the  thrust  bearing  film  thickness  are  also 
shown  beiow  the  journal  locus  trace.  It  is  seen 
that  one  thrust  bearing  ccniact  occurred  during 
the  first  90  ms  of  the  shock  response. 

Figure  10  shows  an  oscillograph  recording 
ol  several  of  the  instrumentation  signals  for  a 
period  of  approximately  0.6  goo.  St  Is  seen  that 
the  residual  bearing  responses  persist  for  an 
appreciable  period  of  time  after  the  shock  pulse. 
This  reflects  the  generally  low  level  of  damp¬ 
ing  that  exists  In  a  gas- bearing  system. 

The  total  number  of  impacts  to  which  the 
three  bearing  systems  were  subjected  is  given 
In  Table  2,  together  with  the  associated  values 
o!  hammer-drop  height,  casing  acceleration, 
and  test-stand  displacement  amplitude.  (In  ad¬ 
dition  to  the  data  given  In  Table  2,  recent  test¬ 
ing  with  the  third  bearing  system  has  been  per¬ 
formed  at  drop  heights  of  17.2  lit.) 

The  externally  pressurized  bearing  systems 
survived  the  test  series  without  any  noticeable 
degradation  of  performance.  However,  at  the 
conclusion  of  tests  on  the  self-acting  bearing 
system,  readjustment  of  the  journal  bearing 
setup  clearances  was  required.  It  was  subse¬ 
quently  found  that  asllgbt  flattening  (deformation 


ol  the  bearing  pivots  was  responsible  for  the 
change  in  bearing  clearance. 

All  of  the  bearing  parts  were  carefully 
examined  at  the  conclusion  of  the  tests.  The 
thrust  bearing  surfaces,  and  the  externally 
pressurized  journal  bearing  sleeves,  were  in 
excellent  condition.  Although  evidence  of  the 
momentary  rub3  could  be  visually  detected, 
measurements  Indicated  actual  wear  in  the  bore 
of  the  journal  sleeves  to  be  of  the  order  of  only 
25  pin. 

Considerably  more  wear  occurred  on  the 
shaft  journals.  Wear  of  the  upper  and  lower 
journals  was  measured  to  be  150  and  350  pin., 
respectively.  Most  of  this  wear  occurred  dur¬ 
ing  testing  of  the  self-acting  plvoted-pad  journal 
bearings.  Figure  11  shows  the  lower  journal  at 
the  conclusion  of  tests  on  the  self-acting  bearing 
system.  A  total  of  3061  shock  cycles  had  been 
accumulated  at  this  point.  The  shaft  was  rein¬ 
stalled,  without  any  touchlng-up  of  the  journal 
surfaces,  and  an  additional  1262  shock  cycles 
accumulated  during  testing  of  the  third  bearing 
system.  The  journals  were  still  smooth  and  in 
good  operating  condition  after  4323  shock  cycles. 

The  wear  area  on  the  self-acting  journals 
pads  Is  shown  in  Fig.  12.  It  Is  seen  that  wear 
occurred  only  in  the  central  area  of  the  pad 
(that  Is,  under  the  pivot  point).  Because  both 
the  pads  and  the  shaft  journals  were  initially 
machined  to  a  straightness  tolerance  of  50  pin., 
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Fig.  9.  Response  cf  externally  pressurized 
bearing  system  to  a  9.6-in.  hammer  drop; 
shaft  speed:  8,000  rpm;  bearing  supply 
pressure:  60  psig 


it  is  concluded  that  the  gas  film,  at  the  instant 
of  contact,  had  sufficient  stiffness  to  bend  the 
ends  of  the  pads  away  from  the  shaft.  Aside 
from  the  previously  mentioned  flattening  of  the 
pivots,  the  self-acting  pivoted-pad  journal  bear¬ 
ings  were  in  good  conditions  for  continued 
running. 


CONCLUSIONS 

Under  conditions  of  low-frequency  nonlm- 
pulsive  shipboard  vibration,  gas  (and  steam) 
bearings  should  be  designed  so  that  fluid  film 
lubrication  is  maintained  at  all  times  (that  Is, 
so  that  sliding  contact  does  not  occur).  An 
analytical  procedure  for  designing  gas  bearings 
to  satisfy  this  criterion  has  been  formulated 
and  verified  by  test  data.  The  procedure  is  de¬ 
scribed  in  Ref.  [4], 


Under  conditions  of  frame  impact  as  rep¬ 
resented  by  the  Navy  high- shock  qualification 
tests,  momentary  bearing  contacts  will  occur  in 
machinery  containing  gas-  (or  steam-)  lubri¬ 
cated  bearings.  Additionally,  it  is  clear  that  gas 
bearings  can  experience  momentary  contacts  at 
relatively  low-impact  levels,  such  as  may  be 
produced  by  bow  slap  in  heavy  seas.  Therefore, 
in  addition  to  passing  the  high- shock  qualifica¬ 
tion  tests,  reliability  of  gaB  bearings  must  also 
be  demonstrated  over  hundreds  of  thousands  of 
low-levei  impacts.  The  first  step  in  this  direc¬ 
tion  will  be  taken  shortly.  The  third  bearing 
system  of  Table  1  Is  to  be  subjected  to  25,000 
low-level  impacts. 

It  has  been  clearly  established  that  the  re¬ 
liability  of  gas  bearings  under  shock  conditions 
will  be  almost  solely  dependent  upon  the  com¬ 
patibility,  the  wear  rates,  and  the  long-term 
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Fig.  10,  Response  of  externally  pressurized  bearing  system  to  a  4. 3-in.  hammer  drop 


TABLE  2 

Data  Acquired  During  Second  Series  of  Shock  Tests 


Bearing 

System 

Designa¬ 

tion 

Height 

of 

Hammer 

Drop 

(In.) 

Number 

of 

Impacts'* 

— 

Rotor 

Speed 

(rpm) 

. 

Peak  Acceleration 
Measured  at  Journal 
Bearing  Housings  (g) 

Test  Stand 
Displacement 
Amplitude 
(In.) 

Shock 

Pulse 

Duration 

(ms) 

Lower  Brg. 

Upper  Brg. 

* 

2.61 

200 

0 

1S.8 

21.3 

0.222 

60 

2.61 

900 

8000 

13.0 

19.3 

0.210 

72 

First  < 

9.67 

100 

0 

20.6 

34.7 

0.298 

80 

V. 

9.67 

500 

8000 

- 

- 

0.300 

80 

r 

2.89 

510 

8000 

13.0 

26.5 

0.238 

55 

Second -i 

l 

9.67 

851 

8000 

15.0 

36.0 

65 

Third 

9.67 

1262 

8000 

21.8 

38.5 

0.238 

75 

aTotai  number  of  impacts  on  shaft  journals  and  thrust  runner  =  4323. 


integrity  of  the  bowing  materials.  To  permit 
quantitative  prediction  of  bearing  life  and  selec¬ 
tion  of  optimum  bearing  materials,  the  above 
mentioned  basic  performance  information  must 
be  obtained  for  various  bearing  materials  as  a 
function  of  — 

(1)  Impact  level 

(2)  bearing  surface  velocity 

(3)  bearing  geometry 

(4)  bearing  temperature 

(5)  bearing  lubricant. 


1.  P.  W.  Curwen,  "Operational  Experience 
With  Gas- Bearing  Turbomachinery,"  paper 
presented  (without  publication)  at  a  panel  dis¬ 
cussion  on  Gas  Bearing  Applications  at  the 
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2.  "Space  Power  Systems  Advanced  Technology 
Conference,"  NASA  Rept.  SP- 131,  published 
by  the  Lewis  Res.  Ctr.,  (Milo,  Aug.  23-24, 
1966,  pp.  100-126 


Extensive,  carefully  controlled  testing  under 
actual  shock  conditions  appears,  at  present,  tc 
be  the  most  meaningful  way  of  obtaining  these 
data. 

Finally,  it  still  remains  to  be  determined 
whether  gas-  or  steam-bearing  machinery  will 
ever  be  able  to  meet  Navy  high-shock  specifica¬ 
tions,  with  or  without  shock  isolation.  To  this 
end,  testing  must  continue  to  progress  to  in¬ 
creasing  heights  of  hammer  drop  until  the  high- 
shock  specification  conditions  are  obtained  and 
adequate  bearing  performance  is  demonstrated 
over  the  specified  number  of  shock  cycles. 


3.  J.  W.  Bjerklie,  "Categorization  of  Shipboard 
Machinery  for  Applicability  to  Gas  Bear¬ 
ings,"  MTl  Rept.  65TR5-IU,  1  Apr.  1965, 
prepared  under  Contract  Nonr- 4535(00) 

4.  P.  W.  Curwen,  "Evaluation  of  Gas  Bearings 
for  Use  in  Naval  Machinery  Under  Condi¬ 
tions  of  Frame  Oscillation  and  Impact," 
MTl  Rept.  65TR1,  12  Jan.  1965 


DISCUSSION 


Mr.  Pakstys  (General  Dynamics/Electric 
Boat)  :  Why  did  you  build  and  use  a  special 
sfiock  machine  instead  of  using  the  regular  Navy 
shock  test  machine  ? 


Mr.  Curwen:  Mainly  because  this  type  of 
testing  extends  over  a  long  period  of  time.  Be¬ 
cause  of  the  amount  of  instrumentation  that  we 
had  to  carry  around  with  us,  it  was  much  more 
economical  to  build  that  machine.  It  did  not 
cost  that  much  to  build  at  our  own  facility  so 
that  we  did  not  have  to  Integrate  with  the  rest 
of  the  Navy. 


*  * 


Mr.  Brooks  (NASA,  Langley  Res.  Ctr.): 
What  is  the  relative  effect  of  density  and  pres¬ 
sure  of  the  gas  that  is  in  the  journal? 

Mr.  Curwen:  With  respect  to  the  shock  re¬ 
sponse,  we  tested  both  pressurized  bearings  and 
self-acting  bearings,  which  run  the  gamut  as  far 
as  pressure  in  the  bearing  goes.  We  saw  no 
significant  influence.  The  machine  does  not 
know  what  type  of  bearing  is  in  there.  The  con¬ 
tacts  occur  just  as  readily  in  either  type.  We 
varied  supply  pressure  up  and  down  on  the  hydro¬ 
static  bearings  and  could  detect  no  difference 
in  the  response. 
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AN  EXPERIMENTAL  INVESTIGATION  OF  AN 
ACTIVE  VIBRATION  ABSORBER” 


T.  D.  Dunham 
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San  Antonio,  Texas 

and 


D.  M.  Egle 

University  of  Oklahoma 
Norman,  Oklahoma 


While  the  linear  dynamic  vibration  absorber  has  seen  application  in  practical  vibration  sup¬ 
pression,  because  it  is  effective  in  only  a  narrow  band  of  frequencies  near  the  tuned  frequency, 
its  usefulness  is  limited.  A  vibration  absorber  that  changes  Its  tuned  frequency  to  match  that 
of  the  exciting  frequency  would  eliminate  this  fundamental  difficulty  and  would  be  a  more  use¬ 
ful  device.  This  paper  reports  on  the  conception,  construction,  and  experimental  investigation 
of  just  such  a  vibration  absorber. 

The  active  vibration  absorber  is  an  electromechanical  device  consisting  of  three  main  subsys¬ 
tems.  The  first  is  a  spring-mass  system  of  variable  natural  frequency.  It  consists  of  a  mass 
with  a  threaded  hole  on  a  threaded  cantilevered  rod.  The  rod  is  attached  to  the  main  vibratory 
system  by  bearings  and  the  mass  is  prevented  from  rotating  so  that  if  the  rod  rotates  the  mass 
will  travel  along  the  rod.  The  second  subsystem  is  the  power  source,  an  electric  motor  that  is 
capable  of  rotating  the  rod  in  either  direction.  The  third  part  of  the  absorber  is  the  control 
system  which  is  an  off-on  device  that  activates  the  motor  when  the  vibration  amplitude  of  the 
main  vibratory  system  reaches  a  predetermined  level.  Limit  switches  prevent  the  absorber 
mass  from  overtravel  and  reverse  the  travel  direction.  The  control  system  deactivates  when 
the  vibration  amplitude  decreases  below  the  chosen  level. 

To  determine  the  effectiveness  of  the  active  vibration  absorber,  it  was  attached  to  a  singlo- 
degree-of-freedom  system  subjected  to  a  harmonic  force.  The  response  with  the  absorber 
operational  was  compared  with  the  response  with  the  absorber  attached  but  not  operating  and 
with  the  response  of  the  main  system  without  the  absorber.  The  response  was  evaluated  in 
each  case  for  constant  excitation  frequency  of  the  original  single -degree -of-freedom  system. 
The  response  was  also  determined  for  several  rates  of  increasing  excitation  frequency  to  ver¬ 
ify  the  ability  of  the  control  system  to  track  the  applied  frequency.  In  every  case,  the  absorber 
was  effective  ir.  eliminating  the  increase  in  amplitude  caused  by  resonances.  Additional  exper¬ 
iments  indicate  that  although  it  is  possible  to  have  instability  in  the  control  system,  it  may  be 
eliminated  by  increasing  the  frequency  bandwidth  over  which  the  absorber  may  be  tuned. 


INTRODUCTION 

A  vibration  absorber  may  be  defined  as  a 
device  that,  when  attached  to  a  vibrating  system, 
reduces  the  vibration  amplitude  without  dissi¬ 
pating  energy.  The  device  must  be  capable  of 
producing  a  reaction  force  on  the  main  system 
which  counteracts  the  applied  force  causing  the 
large  amplitude  vibration.  The  simplest  example 


of  such  a  device  is  the  conventional  linear  dy¬ 
namic  vibration  absorber,  some  times  called  the 
Frahm  absorber,  which  generates  the  reaction 
force  by  resonating  the  absorber  spring  and 
mass.  While  the  Frahm  absorber  has  seen  ap¬ 
plication  in  practical  vibration  suppression,  Us 
usefulness  is  limited  because  it  is  effective  in 
only  a  narrow  band  of  frequencies  near  the  tuned 
frequency.  Attempts  to  increase  the  effective 


*This  paper  is  based  on  a  thesis  submitted  to  the  University  of  Oklahoma  in  partial  fulfillment  of  the 
requirements  for  the  degree  of  Master  of  Engineering  (Mechanical),  1968. 
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bandwidth  of  the  absorber  may  be  divide  '-  .o 
two  classes:  those  using  nonlinear,  pasu  ...-s 
elements  such  as  in  Ref,  [  1  ]  and  (SI],  and  those 
incorporating  an  external  energy  source  or  an 
netted  ay  stem  as  In  Set.  [8]  through  [71.  Of 
special  interest  are  Ref.  [  4  J  through  ( 7] ,  which 
are  investigations  of  closed  loop  active  systems. 

This  paper  reports  on  experiments  con¬ 
ducted  with  a  closed  loop  active  vibration  ab¬ 
sorber  which  is  in  part  similar  to  the  device 
deccrilted  in  Refs.  [7]  and  [ 8 ] .  it  produces  the 
reaction  force  by  resonating  a  variable  spring- 
ms  »a  system,  the  spring  rate  being  varied  by 
the  control  system  so  that  the  amplitude  of  the 
primary  system  remains  below  a  preset  level. 


DESCRIPTION  OP  THE  ACTIVE 
Vi.  13 RATION  ABSORBER 

The  vibration  absorber,  shown  in  Fig.  1, 
consists  of  a  threaded,  cantilevered  rod  attached 
to  the  primary  system  with  bearings  so  that  the 
rod  is  free  to  rotate  about  Us  axis  but  is  other¬ 
wise  clamped.  The  absorber  mass  has  a 
threaded  hole  and  Is  placed  on  the  rod  and  re¬ 
strained  from  rotating.  As  the  rod  rotates,  the 
mass  will  travel  along  the  rod,  thus  changing 
the  natural  frequency  of  the  absorber.  The  ac 
induction  motor,  coupled  to  the  absorber  rod 
with  a  small  V-belt,  is  used  to  change  ‘he  natu¬ 
ral  frequency  of  the  absorber  system.  Also 
shown  In  Fig.  1  Is  the  primary  system  which 
consists  of  a  frame  of  mass,  supported  by 
four  flat  bars  providing  the  restoring  l  «•««,  K  |. 
The  primary  system  is  excited  b;  ^r.  electro- 
dynamic  yibrator  coupled  to  M  i  by  the  rela¬ 
tively  soft  spring,  Kg,  The  detailed  properties 
of  the  absorber  and  the  primary  system  are 
given  In  Ref .  [  2  j . 

Ths  control  system,  while  appearing  to  be 
complex,  ts  actually  a  very  simple  on-off  device 


that  activates  the  motor  when  the  vibration  am¬ 
plitude  of  the  main  vibratory  syotem  reaches  a 
predetermined  level.  Limit  switches  prevent 
the  absorber  muss  from  overtravel  and  also 
reverse  the  travel  direction.  The  control  sys¬ 
tem  deactivates  when  the  vibration  amplitude 
decreases  below  the  chosen  level. 

In  Fig.  2,  the  control  system  is  illustrated. 
The  signal  Ai,  provided  by  a  displacement 
transducer  mounted  on  the  primary  mass,  is 
amplified  by  a  power  amplifier  and  then  recti¬ 
fied.  The  capacitor,  in  parallel  with  the  coil 
resistance  in  the  relay  CHS,  smooths  the  full 
rectified  signal. 

The  amplifier  has  a  gain  control  which  la 
used  to  set  the  turn-on  ci  .torla  for  the  relay 
CR3.  When  the  amplitude  Xj  reaches  a  pre¬ 
determined  level,  relay  C113  is  energized.  Upon 
energization  of  CR3,  contact  CR3-1  closes;  thus, 
relay  CRt  is  energized.  Upon  energization  of 
CR1,  contacts  CR1-1  and  CR1-2  close;  thus,  the 
one-fourth-hp  electric  motor  starts.  The  direc¬ 
tion  of  rotation  of  the  electric  motor  depends 
upon  whether  relay  CR2  is  energized  or  not. 

Relay  CR2  is  controlled  by  the  Direction 
Control  Circuit  illustrated  in  Fig.  2(c).  Switches 
SW-1  and  SW-2  are  activated  by  a  control  rod 
that  trips  the  switches  at  the  upper  and  lower 
limits  of  the  absorber  frequency  band.  Switch 
SW-1  is  tripped  at  the  upper  absorber  frequency 
limit.  This  occurs  when  the  absorber  mass  is 
in  the  lowest  position  on  the  absorber  rod. 

When  switch  SW-1  is  tripped,  relay  CH4  is  en¬ 
ergized;  thus,  contacts  CR4-1  and  CR4-2  are 
closed.  Contact  CR4-2  makes  relay  CR4  a 
holding  relay;  thus,  it  will  stay  energized  until 
the  circuit  is  broken.  The  de-energization  of 

sal  on  pD/i  i  c  pep  am  v\!  I  Kw  itta  1 1  co  rtf  CUi  HpH 

k  V  a  ft*  J  V** «  HvVvmij/*.vi/iiv\«  wj  *i»v  wwv  v*  o"  ■  ‘C"- 

SW-2.  As  long  as  relay  CR4  is  energized,  relay 
CR2  will  remain  energized;  thus,  contacts 
CR2-3  and  CR2-4  will  be  closed,  and  contacts 
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Fig.  i.  Experimental  apparatus 
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CR2-1  and  CR2-2  will  be  open.  Therefore,  the 
direction  of  rotation  of  the  electric  motor  re¬ 
verses  when  contacts  CR2-3  and  CR2-4  are 
open  and  CR2-1  and  CR2-2  are  closed. 


In  clockwise  or  counterclockwise  rotation  which  j 

In  turn  moves  the  absorber  mass  up  or  down.  j 

When  contact  5W5-1  is  closed,  the  circuit  Is  »« 
AUTOMATIC  mode  of  operation,  and  the  manual  i 

up  and  down  switch  will  not  affect  the  operation.  f 

When  contact  SW5-2  Is  closed,  the  circuit  is  in  j 

MANUAL  mode  of  operation,  and  the  manual  up 
and  down  will  control  the  motor  rotation. 

EXPERIMENTAL  INVESTIGATION 

After  constructing  the  experimental  appa¬ 
ratus  consisting  of  a  2-degreo-of-freedom  sys¬ 
tem  and  a  control  system,  the  experimental 
investigation  was  undertaken.  This  Investiga¬ 
tion  was  principally  concerned  with  the  response 
X i  of  the  primary  maos  Mi  to  a  harmonic 
force  (that  Is,  Fc  sin c^t)  with  a  constant  fre¬ 
quency  u>  and  to  a  harmonic  force  with  a  slowly 
changing  frequency.  With  the  changing  fre¬ 
quency,  the  acceleration  u>JX,  (not  Fn )  was 
held  constant.  The  response  Xs  of  the  primary 
mass  Mj,  excited  by  a  constant  frequency  har¬ 
monic  force  and  with  the  control  system  of  the 
absorber  deactivated,  was  used  to  determine 
the  abBorber  frequency  bandwidth.  The  re¬ 
sponses  X  ,  of  the  primary  mass  M ,  with  and 
without  the  controlled  frequency  absorber  sys¬ 
tem  attached  to  die  primary  mass  were  used  to 
determine  the  feasibility  and  effectiveness  of 
the  active  vibration  absorber. 


The  Direction  Control  Circuit  will  change 
the  direction  of  rotation  of  Uie  1/4-hp  electric 
molor  at  the  upper  and  lower  limits  of  the  ab¬ 
sorber  frequency  band  and  maintain  that  direc¬ 
tion  of  rotation  until  the  opposite  limit  is 
reached. 

The  Safety  Stop  Circuit  Illustrated  In 
Fig.  2(d)  Is  necessary  to  provide  a  momentary 
stoppage  of  i!ic  electric  motor  to  permit  re¬ 
versing  ol  the  direction  of  rotation  of  the  motor. 
Because  of  the  time  lag  in  the  circuitry,  the 
motor  will  only  stop  if  instantaneous  reversing 
does  not  take  place.  If  the  motor  is  stopped  to 
reverse  the  direction  of  rotation,  It  is  only 
stopped  for  an  average  of  1.9  sec. 

A  manual  control  of  the  operation  of  the 
electric  motor  is  provided  In  the  circuitry  by 
switches  SW-5  andSW-6,  These  two  switches 
are  both  three-position  switches.  Switch  SW-5 
is  a  holding  switch  which  is  used  to  chango  from 
AUTOMATIC  to  MANUAL.  When  switch  SW-5 
is  placed  in  either  AUTOMATIC  or  MANUAL, 
it  will  remain  in  position  until  disengaged. 


The  absorber  frequency  bandwidth  is  de¬ 
fined  as  the  range  of  natural  frequencies  over 
which  the  absorber  can  be  varied.  This  fre¬ 
quency  bandwidth  was  determined  by  manually 
controlling  the  location  of  the  absorber  mass 
on  the  rod.  Then,  the  frequency  of  the  applied 
force  f  „  was  varied  until  the  primary  mass 
displacement  Xt  was  at  a  minimum.  At  tills 
point,  the  frequency  was  recorded  as  the  ab- 
uorbor  natural  frequency  fj.  The  maximum 
and  minimum  absorber  natural  frequencies  are 
the  bounds  for  the  absorber  frequency  bandwidth. 
The  absorber  natural  frequency  bandwidth  1c 
12.33  to  25.30  Hz. 

To  illustrate  the  forced  response  of  the 
primary  spring-mass  system,  oscilloscope 
photographs  in  Figs.  3(b),  4(b),  5(b),  and  6(b) 
were  taken  for  different  rates  of  change  for  the 
applied  force  frequency  ...  For  the  above  pho¬ 
tographs,  the  components  of  the  absorber  sys¬ 
tem  that  are  normally  attached  to  the  primary 
mass  during  operation  of  the  absorber  and  that 
have  on  effect  on  the  natural  frequency  of  the 
primary  mass. 


Switch  SW-6  is  a  spring-return  switch  and 
will  return  to  center  position  when  it  is  released. 
It  is  used  to  manually  control  the  electric  motor 


In  Figs.  3,  4,  5,  and  6  the  acceleration  of 
the  shaker  table  was  0.5  g,  and  the  ordinate 
represents  displacement  of  the  primary  mass. 
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The  natural  frequency  of  the  primary  system 
as  described  above  is  f ,  »  23.30  Hz. 

The  frequency  of  the  applied  force  f, 
plotted  across  the  bottom  of  the  aforementioned 
l.guroo  la  in  logarithmic  scale  because  the  fre¬ 
quency  change  from  the  vibrator  la  logarithmic. 
The  frequency  expressed  ae  a  function  of  time 
le  f,  »  f0e“.  The  values  of  f4  and  a  are 
given  in  each  figure. 

Figures  3(a),  4(a),  3(a),  and  0(a)  illustrate 
the  need  for  a  dynamic  vibration  absorber,  Ae 
previously  mentioned,  the  knowledge  of  how  to 
design  a  vibration  absorber  to  reduce  the  am¬ 
plitude  of  vibration  to  a  minimum  has  boon  do- 
voloped  and  used  for  a  number  of  years.  How¬ 
ever  ,  the  problem  acsoclated  with  the  application 
of  a  dynamic  vibration  absorber  Is  the  com¬ 
monly  known  problem  of  two  resonant  frequen¬ 
cies  for  the  2-degree -of- freedom  system  which 
Is  the  primary  system  with  the  absorber  system 
attached.  After  demonstrating  with  the  re¬ 
sponses  shown  in  Figs.  3(a),  4(a),  5(a),  and  6(a) 
that  the  primary  and  absorber  systems  are 
modeled  by  the  oxporlmontal  apparatus,  the  ef¬ 
fectiveness  of  the  active  vibration  absorber  was 
Investigated, 

Previous  work  with  an  absorber  constructed 
oi  a  flat  steel  bar  as  the  spring  with  a  mass  at¬ 
tached  to  the  ond  had  produced  reductions  in  the 
primary  mass  dlsplacomont  X  l  up  as  high  as 
90  percent.  The  flat  bar  system  was  clamped 
very  rigidly  to  the  primary  mass.  It  was  ob¬ 
served  in  using  the  rod  system  that  the  rigidity 
of  attachment  of  tho  absorber  system  to  the  pri¬ 
mary  system  has  a  significant  effect  on  the  per¬ 
cent  of  reduction  which  can  be  obtained, 

With  the  absorber  system  constructed  from 
the  one-half-ln.  diameter  threaded  rod  with  the 
movable  mass,  the  reduction  in  the  primary 
mass  displacement  Xj  with  the  absorber  oper¬ 
ating  close  to  the  primary  system  resonant  fre¬ 
quency  was  0.09-0.005  =  0.035  in.,  or  100x 
6.085/0.00  »  04,45  percent  reduction. 

To  further  Illustrate  the  effectiveness  of 
the  active  vibration  absorber  on  this  model 
system,  photographs  In  Figs.  3(c),  4(c),  6(c), 
and  0(c)  wore  taken  of  the  forced  response 
of  the  primary  maos  with  the  absorber  operat¬ 
ing.  Photos  with  the  absorber  operating 
should  be  compared  with  those  of  the  absorber 
not  attached  as  shown  in  Table  1.  The  photo¬ 
graphs  listed  under  "absorber  completely 
off"  are  the  forced  responses  of  the  primary 
system  without  any  of  the  absorber  components 
attached. 


TABLE  1 


Absorber  OFF 

Absorber 

OPERATING 

Completely 

Partially 

3(a) 

3(b) 

3(c) 

4(a) 

4(b) 

4(c) 

5(a) 

6(b) 

5(c) 

8fe) 

«(b) 

8(c) 

Because  the  slowest  rate  of  change  of  the 
frequency  of  the  applied  force  results  in  the 
largest  response  at  the  resonant  frequency  of 
the  primary  system,  a  comparison  of  the  maxi¬ 
mum  peok-to-peak  (p-p)  amplitudes  In  Figs. 

6(b)  and  0(c)  illustrates  the  effectiveness  of  the 
active  vibration  absorber.  In  Fig.  6(b)  the  larg¬ 
est  p-p  amplitude  occurs  at  t  a  33.5  sec,  and 
the  p-p  amplitude  Is  30  units.  In  Fig.  0(c)  the 
p-p  amplitude  at  41.5  see  Is  10  units.  There¬ 
fore,  the  comparison  of  the  amplitude  yields  a 
87  percent  reduction.  Comparing  the  ampli¬ 
tudes  at  41.5  sec  In  Figs.  6(a)  and  (c)  results  in 
a  ?4  percent  reduction. 

Two  Important  considerations  in  evaluating 
the  effectiveness  of  the  active  vibration  ab¬ 
sorber  are  ~ 

(1)  Will  the  control  system  lag  the  response 
so  that  excessive  amplitude  will  develop? 

(2)  Will  the  absorber  go  unstable  and  be 
unable  to  find  a  tuned  frequency? 

For  consideration  of  the  first  question,  the 
responses  for  comparable  conditions  in  Flea.  3 
through  6  illustrate  that  the  control  circuitry 
response  is  certainly  capable  of  maintaining 
control. 

For  consideration  of  the  second  question, 
there  was  a  problem  during  the  investigation 
with  the  absorber  maos  Mj  not  stabilizing. 

This  occurred  when  the  absorber  frequency 
bandwidth  was  18  to  23  Hz,  and  the  frequency  of 
the  applied  force  f,  was  15  Hz.  It  is  hypothe¬ 
sized  that  in  this  narrow  absorber  frequency 
bandwidth  there  was  no  frequency  at  which  the 
absorber  would  reduce  the  primary  mass  dis¬ 
placement  Xi  below  the  cutoff  criterion;  there¬ 
fore,  the  control  Bystem  would  continue  to  seek 
a  frequency,  and,  consequently,  the  absorber 
mass  did  not  stop  but  kept  changing  positions. 

To  provide  another  check  on  the  effective¬ 
ness  of  tho  active  vibration  absorber,  the 


pcak-to-peak  displacement  at  various  applied 
frequencies  was  taken  for  the  following  condi¬ 
tions; 

(1)  The  primary  system  without  any  of  the 
absorber  components  attached. 

(2)  The  primary  system  with  the  absorber 
attached  sad  operating. 

For  the  collection  of  the  above  described  data, 
the  primary  mass  p-p  displacement  was  deter¬ 
mined  from  the  displacement  transducer  in  the 
control  system.  The  frequency  of  the  applied 
force  was  moved  from  one  frequency  to  another 
by  running  the  frequency  sweep  and  then  stop¬ 
ping  at  a  given  frequency  and  allowing  the  dis¬ 
placement  to  stabilize,  or,  in  the  case  of  the 
absorber  operating,  by  allowing  the  displace¬ 
ments  of  both  the  absorber  and  the  primary 
system  to  stabilize.  It  is  observed  in  Fig.  7 
that  the  attachment  of  the  absorber  components 
to  the  primary  mass  has  the  effect  of  lowering 
the  natural  frequency  of  the  primary  system. 
This,  of  course,  is  the  result  of  increasing  the 
primary  system's  effective  mass  while  the  ef¬ 
fective  spring  constant  remained  constant. 


The  data  with  the  absorber  on  (denoted  by 
a)  were  taken  with  the  applied  frequency  in¬ 
creasing  from  8.S  Hz.  The  primary  system 
response  remained  about  the  same  with  a  slight 
downtrend  until  the  applied  frequency  reached 
approximately  f  =  12.4  Hz.  At  that  point,  the 
absorber  started  providing  a  reduction  in  the 
response. 


The  slow  increase  in  the  displacement  X  j 
and  then  the  sudden  drop  in  displacement  X  i 


are  the  result  of  the  amplitude  reaching  the 
turn-on  criterion  for  the  absorber  and  the  ab¬ 
sorber  adjusting  to  a  different  tuned  frequency. 
Therefore,  the  primary  mass  response  Xt 
with  the  absorber  operating  has  a  sawtooth 
appearance. 

The  analysis  and  investigation  of  the  con¬ 
trol  circuit  were  not  attempted  in  this  work 
because  of  the  nature  and  scope  of  the  problem 
of  nonlinear  control  elements. 


CONCLUSIONS 

The  results  of  this  study  show  that  the  ac¬ 
tive  vibration  absorber  described  above  can  be 
very  effective  in  eliminating  large  displace¬ 
ments  caused  by  resonances  over  a  wide  range 
of  frequencies.  The  absorber  was  also  shown 
to  be  effective  in  suppressing  large  amplitudes 
caused  by  a  "harmonic"  exciting  force  of  chang¬ 
ing  frequency. 

It  is  evident  that  this  investigation  has  only 
scratched  the  surface  of  a  most  complex  topic. 
The  problem  needs  to  be  formulated  and  studied 
analytically  to  assess  the  effects  of  the  design 
parameters  on  the  operation  of  the  absorber. 
The  mechanical  and  electrical  systems  obvi¬ 
ously  need  to  be  redesigned  before  this  ab¬ 
sorber  could  be  given  practical  consideration. 
There  is  need  for  further  experimental  work  to 
study  not  only  the  response  of  the  primary  mass 
to  harmonic  forces  but  also  to  transient,  com¬ 
plex  periodic  and  random  excitation. 


Fig.  7.  Response  of  the  primary  mass  to  a 
steady  harmonic  force 
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DISCUSSION 


Mr.  Forkois  (NRL):  Whai  happens  if  you 
put  a  shock  input  into  this  system  ? 

Mr.  Dunham:  There  was  no  shock  testing 
actually  performed  with  this  system. 

Mi  Sevin  (IIT  Research  Institute):  What 
happens  if  the  threaded  shaft  is  turning  in  the 
wrong  direction? 


Mr.  Dunham:  If  the  frequency  is  decreas¬ 
ing  and  the  rod  is  turning  in  the  wrong  direc¬ 
tion  so  that  its  mass  is  going  wrong,  it  will  go 
to  the  limit  of  the  frequency,  turn  around  and 
go  back  and  search  for  a  frequency  which  will 
give  a  primary  displacement  below  the  turn-on 
criterion. 


INTEGRATED  SHOCK  AND  ACOUSTIC  MODULAR 
DESIGN  CONCEPT  FOR  SUBMARINES 


Michael  Paketys,  Jr.  and  George  A.  Ziegra 
Electric  Boat  Division  of  General  Dynamics 
Groton,  Connecticut 


This  paper  presents  a  new  concept  in  submarine  design,  the  Integrated  Shock 
and  Acoustic  Modular  (ISAM)  concept,  which  demonstrates  the  possibilities 
of  a  greatly  improved  acoustic  and  shock  resistant  submarine.  Past  develop¬ 
ment  of  this  concept  at  Electric  Boat  Division  of  General  Dynamics  is  sum¬ 
marized.  Problem  areas  in  construction  and  maintenance  and  possible  solu¬ 
tions  are  discussed.  Development  and  construction  of  a  scale  model  and 
proposed  acoustic  tests  and  underwater  explosion  shock  tests  on  the  model 
are  presented. 


INTRODUCTION 

In  recent  years,  extensive  research  has 
been  carried  out  to  produce  quieter  and  more 
efficient  submarines.  Tentative  radiated  noise 
levels  for  future  class  submarines  are  consid¬ 
erably  lower  tlian  those  set  for  present  subma¬ 
rines.  It  is  probable  that  these  goals  cannot  be 
achieved  using  present  design  methods.  There¬ 
fore  a  new  concept  is  proposed  that  represents 
a  dramatic  departure  from  current  design  phi¬ 
losophy  and  shows  much  promise  for  helping  to 
bring  about  the  step  redu<  ion  in  radiated  noise 
which  is  sought  for  future  submarines. 

Also  recognizing  that,  in  present  subma¬ 
rines,  the  internal  equipment  is  substantially 
less  resistant  to  underwater  explosion  shock 
than  the  hull,  shock  specifications  for  internal 
equipment  and  structures  have  been  modified  in 
recent  years  to  require  qualification  shock 
testing,  and  improved  analytical  methods  and 
inputs  to  obtain  greater  shock  resistance.  In 
addition,  considering  that  the  shock  damage  re  ¬ 
sults  from  the  motion  of  the  hull,  an  attempt 
has  been  made  in  more  recent  designs  to  re¬ 
move  equipment  from  the  hull  structure  to 
decks  and  bulkheads,  to  reduce  or  eliminate  the 
effects  of  localized  motions,  and  to  attenuate 
inputs  through  structure. 

These  efforts  have  created  greatly  im¬ 
proved  shock  hardness  in  new  submarines,  but 
present  designs  for  internal  components  still 


do  not  approach  the  shock  resistance  of  the 
pressure  hull.  Hence,  a  logical  conclusion 
might  lead  to  a  radical  departure  from  present 
design  philosophy. 

The  purpose  of  this  paper  iB  to  present 
this  new  concept  in  submarine  design,  the  Inte¬ 
grated  Shock  and  Acoustic  Modular  (ISAM)  con¬ 
cept,  and  to  review  the  development  of  this 
concept  at  Electric  Boat  Division  of  General 
Dynamics. 


ISAM  CONCEPT 

The  basic  concept  is  to  provide,  within  a 
submarine,  a  shock-limited  environment  that 
existing  equipment  and  personnel  can  tolerate, 
and  that  ts  designed  so  that  equipment  and  per¬ 
sonnel  can  withstand  the  same  shock  severity 
as  the  pressure  hull. 

To  create  such  .,n  environment,  a  number 
of  modules  (one  per  compartment)  supporting 
the  equipment  and  personnel  within  the  pres¬ 
sure  hull  were  conceived.  These  modules  are 
envisioned  as  a  system  of  beams  and  trusses. 
All  internal  equipment  would  be  mounted  to  the 
modules.  Elastomeric  resilient  mounts  are 
envisioned  to  join  the  n-.odujes  to  the  pressure 
hull  in  one  of  the  following  ways:  (a)  at  bulk¬ 
heads  of  the  pressure  hull,  (b)  at  frames  of  the 
pressure  hull,  or  (c)  a  combination  of  (a)  and 
<». 
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Tho  mounts  wilt  act  as  two-way  filters  to 
dissipate  the  effects  of  the  shock  motion  of  tho 
hull;  in  addition,  sound  transmission  isolation 
provided  by  the  elastomeric  mounts  would  in¬ 
crease  the  sillily  ri  the  submarine  remain 
undetected. 

At  this  point,  some  of  the  advantages  and 
the  supporting  reasons  which  demonstrate  that 
the  modular  concept  should  bo  superior  to 
present  designs  will  be  presented: 

1.  The  average  structural  path  length 
which  structureborne  noise  must  follow  is  in¬ 
creased.  Thus,  inherent  and  applied  structural 
damping  of  the  path  will  result  in  less  noise  for 
the  longer  transmission  path. 

2.  Because  the  structureborne  noise  from 
all  machines  must  reach  the  sea  by  traveling 
through  the  same  foundation  and  bulkhead,  path 
damping  treatments  may  be  economically  con¬ 
centrated  to  benefit  ail  machinery  noise. 

3.  Isolation  mounting  of  each  machine  on 
rubber  mounts  in  some  cases  may  be  abandoned 
In  favor  of  a  single  set  of  isolation  mounts  lo¬ 
cated  at  the  points  where  the  foundation  meets 
the  hull  or  bulkhead. 

4.  For  modular  designs,  the  radiated  and 
self-noise  levels  of  the  ship  could  be  indirectly 
monitored  on  a  continuous  basis  by  a  small 
number  of  permanently  Installed  vibration 
pickups  located  at  the  Junction  points  of  the 
modules  and  the  hull.  Baseline  measurements 
could  be  established  for  the  various  transduc¬ 
ers,  and  then  monitored  io  detect  changes.  It 
is  possible  that  these  transducers  could  be 
used  to  detect  deterioration  in  plant  perform¬ 
ance  and  al3o  for  determining  what  operating 
conditions  and  ship's  speed  provide  a  minimum 
noise  output.  Thus,  improved  tactical  perform¬ 
ance  of  the  submarine  may  be  maintained. 

5.  Preliminary  calculations  show  that  the 
mounting  system  for  a  module  supported  only 
on  frames  can  be  designed  to  withstand  and 
attenuate  shock.  The  shock  loading  at  a  bulk¬ 
head  Is  significantly  less  than  that  experienced 
at  intermediate  frame  positions.  However, 
additional  supports  at  hull  frames  might  be 
necessary  to  support  the  modules  for  shock 
loading  caused  by  the  large  magnitude  of  the 
total  module  weight. 

<S.  Bulkheads  offer  a  readily  accessible 
and  extensive  region  in  which  to  control  struc- 
turebome  noise.  Because  of  their  large  area  it 
should  be  possible  to  design  very  efficient 
damping  systems  integrally  with  them.  They 


also  offer  an  area  that  can  be  designed  for  very 
high  impedance,  considerably  higher  than  that 
available  at  hull  frames. 

7.  There  are  indications  that  structure¬ 
borne  energy  reaching  the  bulkhead  will  not  be 
easily  radiated  from  the  hull,  because  the  bulk¬ 
head  coupling  to  the  hull  appears  to  be  poor  by 
comparison  with  radiation  from  on-frame 
mounting  positions. 

8.  The  pressure  hull  will  be  clean  because 
unsymmetrlc  deep  frames  may  be  eliminated. 
This  should  increase  structural  efficiency  of 
the  hull,  and  enable  greater  use  of  automatic 
welding  in  fabrication  of  the  hull. 

&.  Independent  of  acoustic  and  shock  con¬ 
siderations,  such  a  design  should  open  a  way  to 
more  efficient  construction  techniques.  The 
modules  with  the  equipment  installed  might  be 
fabricated  and  assembled  as  a  unit  independent 
of  the  hull  structure.  Tho  hull  plating  and 
frame  sections  could  then  be  placed  in  the  po¬ 
sition  around  the  module  assembly  at  the  final 
stages  of  construction  with  a  consequent  saving 
in  time.  Work  scheduling  would  be  simplified, 
because  the  order  of  assembly  would  not  be  as 
Important  as  it  is  in  the  present  procedure, 
which  involves  the  installation  of  equipment  into 
an  almost  completed  hull. 


RESPONSE  TO  UNDERWATER 
EXPLOSIONS 

The  stresses  experienced  by  internal 
equipment  and  foundations  caused  by  the  under¬ 
water  explosion  shock  result  from  the  motion 
of  the  hull.  This  motion  is,  in  general,  quite 
complex,  consisting  of  one  or  a  combination  of 
the  ioiiowing: 

1 .  The  overall  body  motion  of  the  subma¬ 
rine  cross  section,  including  the  rigid  body 
motion  and  possible  beam  bending  vibrations  of 
the  hull.  The  average  lateral  motion  measured 
on  submarine  bulkheads  consists  principally  of 
the  body  motion. 

2.  The  local  motion  of  the  hull  plating  and 
the  hull  stiffeners  including  hull  shell  vibration. 
This  motion  is  of  relatively  short  duration  and 
is  most  important  for  light  equipment  attached 
directly  to  the  hull. 

3.  Local  motion  resulting  from  interaction 
of  the  hull  and  the  responding  equipment  - 
foundation  system.  This  feedback  motion  de¬ 
pends  on  the  relative  masses  and  frequencies 
involved.  This  effect  modifies  the  motion  of 
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the  hull  in  the  way  of  larger  components,  reduc¬ 
ing  the  resultant  relative  motion  between  the 
component  and  the  hull. 

Two  extreme  types  of  shock  response  can 
be  calculated  analytically  for  broadside  under¬ 
water  attack:  the  rigid  body  velocity  of  the  hull 
and  the  early  portion  of  the  local  radial  motion 
of  the  hull-stiffener  velocity  caused  by  the  im¬ 
pingement  of  the  steep  front  of  the  shockwave. 
These  analytical  methods  advanced  by  Murray 
and  Taylor,  respectively,  are  reviewed  in 
Ref.  1.  The  peak-stiffener  velocity  and  Its 
initial  acceleration  are  always  higher  than  the 
peak-body  velocity  and  its  Initial  acceleration. 

The  body  velocity,  especially  for  a  nuclear 
charge,  is  considered  to  be  the  more  significant 
Indicator  of  damage  for  most  of  the  submarine 
equipment,  except  for  the  eeuipment  directly 
attached  to  the  hull  frames  In  line-of-sight  be¬ 
tween  the  center  of  the  submarine  and  the 
charge.  Therefore  we  will  concentrate  on  the 
prediction  of  the  body  velocity.  The  peak-body 
velocity  of  the  submarine  for  nuclear  charges 
approaches  the  peak  velocity  of  the  water  par¬ 
ticles  in  the  shock  front  as  shown  in  Fig.  1. 

The  peak-body  velocity  thus  can  be  related  by  a 
constant,  to  the  peak-shock  pressure.  To  In¬ 
troduce  some  numbers,  let  us  assume  that  a 
submarine  will  be  subjected  to  a  body  velocity 
history  shown  in  Fig.  2. 


,-shock  racssunc 


'  VtLOC.fV  Of  SOUND 


Fig.  2.  B.iee-velocity  input 
for  example  problem 


The  simplest  rational  treatment  of  shock 
response  of  equipment  to  a  given  shock  motion 
of  the  hull  utilizes  a  shock  spectrum  that  gives 
the  maximum  absolute  response  of  one -degree- 
of-freedom  systems  to  input  motion.  For  fre¬ 
quencies  up  to  nearly  the  cutoff  frequencies  for 
the  velocity  history  shown  in  Fig.  2,  the  input 
motion  consists  of  a  constant  velocity  region 
equal  to  the  peak-input  velocity,  and  a  constant 
acceleration  region  equal  to  twice  the  input 
acceleration  for  frequencies  somewhat  above 
the  cutoff  frequency.  The  shock  spectrum  is 
plotted  on  quadralog  paper  in  Fig.  3.  It  can 
easily  be  seen  that  for  this  sample  problem 
much  of  the  hardmounted  shipboard  equipment 
would  be  subjected  to  limiting  acceleration. 
Reslliently  mounted  equipment,  as  can  be  seen 
in  Fig.  3,  would  be  subjected  to  considerably 
lower  g-loading  if  the  mounts  were  properly 
designed  to  attenuate  the  shock  loading. 
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Fig.  1.  Bodily  velocity 
of  submarine 


Recognizing  that  both  acceleration  loads 
and  relative  displacements  of  the  modules  are 
of  prime  concern,  use  of  nonlinear  hardening 
mounts  is  desirable.  During  normal  operating 
conditions  involving  small  displacements,  these 
mounts  respond  as  a  linear  system.  Shock 
loading,  however,  distorts  the  mounts  into  the 
nonlinear  range.  Such  behavior  is  exhibited  by 
elastomer  mounts. 

To  obtain  some  Insight  into  the  shock- 
isolation  characteristics  of  modules  mounted 
on  elastomer  mounts,  let  us  examine  the  be¬ 
havior  of  a  one  -degree -of -freedom  system 
representing  sucli  a  modular  concept.  Let  us 
assume  that  the  system  will  have  a  6-K2  natural 
frequency  in  the  small  displacement  range  of 
the  mount  (desirable  for  sound  isolation)  and  its 
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Fig.  3.  Shock  spectrum  for  example  problem 


stiffness  increases  to  7.5  times  in  the  high  dis¬ 
placement  range  (aa  shown  in  Fig.  4(a)).  The 
Shock  input  at  the  base  of  the  system  is  as 
shown  in  Fig.  2,  representing  the  body  velocity 
of  the  hull. 

For  a  nonlinear  mount,  the  maximum  rela- 
ttve  deflection  (Fig.  4(b)),  was  restricted  to  3.5 
length  units  in  22  ms.  This  is  80  percent  of  the 
excursion  of  the  linear  system.  Ths  maximum 
roeponse  acceleration  o!  the  bilinear  mount 
shown  in  Fig.  4(c),  exceeds  that  of  the  linear 
mount,  by  20  percent,  but  is  still  oniy  25  per¬ 
cent  of  tS»  input  acceleration. 

Both  acceleration  and  deflection  of  the  non¬ 
linear  ir.owsi  attain  their  maximum  values  very 
rapidly  and  diminish  to  a  low  level  before  the 
linear  mount  lias  reacted  Us  peak. 


ISAM  CONCEPT  DEVELOPMENT 
AT  ELECTRIC  BOAT  DIVISION 

Company  sponsored  research  [2]  was  Initi¬ 
ated  at  Electric  Boat  Division  In  1989  to  study 
the  feasibility  of  the  Integrated  Shock  and 
Acoustic  Modular  concept.  At  that  time,  em¬ 
phasis  was  placed  on  finding  a  mounting  device 
that  would  support  a  module  and  equipment,  and 
also  exhibit  desired  vibrational  and  acoustical 
characteristics. 

Prior  to  the  evaluation  of  a  system's  re¬ 
sponse  to  environmental  conditio*  3,  the  envi¬ 
ronment  as  well  as  the  limitations  on  the 
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Fig.  4.  Shock  responses 
For  example  problem 


response  must  be  defined.  This  includes  dy¬ 
namic  input  and  response,  sound  transmission 
cliaracteristics,  and  sensitivity  to  environmental 
changes  In  temperature  and  fluid  surrounding. 
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Additional  criteria  include  reliability,  weight, 
and  cost  to  incorporate  into  present  construc¬ 
tion  techniques.  The  following  is  a  discussion 
of  the  criteria  that  are  considered  of  primary 
pertinence  to  design. 

Because  of  interconnecting  piping,  relative 
deflections  between  compartments  and  the  bu'l 
must  be  limited.  The  limitation  is  a  functio..  of 
each  intercompartmenta!  piping  system.  Pres¬ 
ent  piping  schemes  may  not  possess  the  flexi¬ 
bility  to  permit  relative  deflections  large 
enough  to  make  shock  absorption  effective. 
Although  this  problem  is  acknowledged,  a  de¬ 
tailed  Investigation  of  it  is  not  a  purpose  of  tills 
study.  A  maximum  limit  of  3  in.  in  relative 
deflections  has  been  chosen  for  this  study  which 
is  believed  to  be  reasonable  if  sufficient  flexi¬ 
bility  is  built  into  each  intercompartmental 
piping  system. 

Certain  space  limitations  are  imposed  on 
the  system;  mainly  that  the  module  be  large 
enough  to  accommodate  existing  inboard  equip¬ 
ment  and  tliat  the  outer  hull  not  be  significantly 
larger  than  present  hulls.  These  requirements 
thereby  restrict  the  distance  between  the  two 
structures.  Two  ft  is  considered  a  practical 
upper  limit. 

The  total  weight  of  the  suspension  system 
shall  be  small  in  comparison  with  the  weight  of 
module  and  enclosed  equipment.  Because  the 
pressure  hull  is  to  remain  essentially  the  same 
size,  too  much  additional  weight  would  result  In 
a  boat  incapable  of  neutral  or  positive  buoyancy. 
A  realistic  goal  might  be  a  system  that  weighs 
not  more  than  15  percent  of  the  total  weight. 

Overall  reliability  of  the  system  is  another 
important  consideration.  Under  all  possible 
operating  conditions,  a  low  probability  of  fail¬ 
ure  for  the  system  is  required.  Operating  con¬ 
ditions  include  steady  state  vibrations,  shock, 
and  operational  insensitivity  to  environmental 
variation  in  temperature,  humidity,  air,  sea 
water,  oil,  and  all  fluids  circulated  intra-  or 
intercompartmentally  that  might  come  in  con¬ 
tact  with  the  system. 

Four  systems  have  been  proposed;  namely, 
honeycomb  material,  pneumatic  devices,  helical 
springs,  and  elastomeric  media.  Each  is  eval¬ 
uated  from  the  very  basic  considerations  con¬ 
tained  in  the  design  criteria. 


Honeycomb  Material 

Honeycomb  material  has  been  proposed  to 
absorb  shock  energy  as  It  ts  crushed  between 


the  modular  structure  and  the  pressure  hull. 
Although  for  one  given  shock  this  arrangement 
might  be  a  feasible  shock  mitlgator,  theoreti¬ 
cally  the  system  must  be  able  to  contend  with 
from  one  to  a  large  number  of  shock  waves. 
Once  the  honeycomb  material  lias  been  crushed, 
it  is  no  longer  useful  as  an  energy  absorber  or 
sound  isolator.  For  thi6  reason  this  material 
was  deemed  unacceptable  and  further  investi¬ 
gation  was  abandoned. 


Pneumatic  Devices 

Pneumatic  devices,  cither  alone  or  in 
combination  with  other  springs,  have  been  pro¬ 
posed  to  satisfy  the  design  criteria.  Envisioned 
is  the  module  supported  radially  by  a  number 
of  pistons  in  airtight  cylinders. 

The  device  must  necessarily  act  in  the 
plus  X  and  minus  X  directions  and  therefore 
the  seal  must  be  airtight.  If  this  were  not  true, 
essentially  only  one -halt  of  the  devices  would 
absorb  energy  for  radial  shock  and  the  result¬ 
ant  efficiency  of  the  system  as  a  whole  would 
be  low.  Closer  investigation  demonstrated  that 
spring  constants  for  this  device  would  be  much 
too  low  even  when  many  such  devices  are  used 
in  parallel.  This  would  necessitate  the  use  of 
auxiliary  devices  in  parallel  with  the  pneumatic 
devices. 

From  these  very  basic  considerations, 
pneumatic  devices  of  this  kind  do  not  appear  to 
possess  the  dynamic  characteristics  necessary 
for  effective  shock  attenuation.  The  feasibility 
and  effectiveness  of  pneumatic  devices  are  also 
impaired  by  the  following  characteristics:  (a) 
limitations  of  the  system  in  the  longitudinal  and 
rotational  modes  because  of  the  one -dimensional 
characteristics  of  each  device,  (b)  decreased 
reliability  of  the  system  compared  with  an 
elastomeric  or  helical  spring  arrangement  be¬ 
cause  of  the  possibility  of  air  leikage,  (c)  need 
of  an  auxiliary  system  to  introduce  damping, 

(d)  temperature  sensitivity  of  the  system's  dy¬ 
namic  properties,  and  (e)  high  cost  because  of 
strict  tolerances  and  intricacy  inherent  to  the 
system. 


Helical  Springs 

A  system  is  proposed  whereby  the  module 
is  connected  to  the  outer  hull  by  means  of  ra¬ 
dial  helical  springs.  Rings  containing  n  num¬ 
ber  of  springs  would  be  equally  spaced  longi¬ 
tudinally  at  every  frame  (about  24  in.}.  Each 
spring  is  assumed  to  act  in  tension  and  com¬ 
pression  with  a  spring  constant  of  K  lb/ln. 
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|  Assume  the  pressure  hull  and  modular  atruc- 

I  turd  rigid;  only  rigid  body  displacements  will 

be  considered.  This  system  was  considered 
unfeasible  for  the  following  tliree  reasons: 

1.  For  email  displacements  in  the  longitu¬ 
dinal  and  rotational  directions,  the  spring  con¬ 
stant  is  essentially  zero.  A  helical  spring  has 
5  essentially  one -dimensional  load  carrying 

i  qualities.  For  longitudinal  displacements,  A, 

|  the  net  resisting  force.  FL ,  in  the  longitudinal 

direction  Is  FL  =  32  k  (sin  Q)1  A  where  k  is  the 
|  stiffness  and  0  is  the  angle. 

|  For  small  0 ,  ain20  is  approximately  equal 

'  to  zero.  To  make  clear  the  seriousness  of  this 

i;  situation,  theoretically  (neglecting  friction  and 

t  direct  shear  resistance)  a  force  of  200  ib, 

roughly  the  weight  of  one  man,  would  cause  a 
relative  longitudinal  deflection  of  1  in. 

2.  Springs  made  of  steel  are  susceptible  to 
corrosion  from  salt  water.  Protective  meas¬ 
ures  such  as  continue  painting  would  be  neces¬ 
sary  to  deter  corrosion  resulting  from  bilge 
water,  and  so  forth. 


3.  Elastomers  can  be  compounded  to  pos¬ 
sess  optimum  damping  characteristics  which  of 
course  are  then  inherent  to  the  material. 

4.  A  bonded  elastomeric  system  will  pro¬ 
vide  three-dimensional  shock  and  sound  isola¬ 
tion. 


5.  Primarily  because  of  the  simplicity  of  a 
bonded  design  and  the  ability  of  elastomers  to 
withstand  strains  on  the  order  of  from  200  per¬ 
cent  to  300  percent,  the  reliability  of  elasto¬ 
meric  system  is  considered  very  high. 

6.  Although  a  cost  anc  lysis  is  not  within 
the  scope  of  this  paper,  it  sceins  evident  that 
the  relative  cost  of  an  elastomeric  system 
would  be  low. 

Company  sponsored  research  [3,4]  was 
continued  in  10e4  with  tiie  emphasis  on  produc¬ 
ing  an  elastomer  compound  that  would  liave  de¬ 
sired  characteristics,  and  producing  a  design 
for  a  scale  model  to  simulate  the  structural 
and  vibrational  characteristics  of  a  compart¬ 
ment  In  a  submarine. 


3.  Because  structural  damping  in  helical 
springs  is  only  about  3  to  5  percent  of  critical, 
an  additional  meck-mlsm  must  be  incorporated 
Into  the  design  to  crease  damping  to  approxi¬ 
mately  15  to  20  tsbreent.  Resulting  will  be  an 
Increase  In  welghi  which  t?  'ready  too  high, 
and  ft  decrease  in  the  reliability  of  the  system. 


Elastomeric  Foundation 

Typtcal  preliminary  investigations  were 
made  on  elastomer  compounds.  These  studies 
Indicated  that  a  good  approximation  to  satisfy 
design  criteria  could  be  obtained  with  360- 
degree  rubber  rings,  rectangular  In  cross 
section,  and  bonded  to  the  pressure  hull  and 
modules.  As  a  result  of  these  preliminary 
studies,  elastomer  was  deemed  most  feasible 
for  the  following  reasons: 

1.  Elastomers  have  relatively  high  energy - 
absorption  capability  per  unit  weight  which  re¬ 
sults  In  a  Ughtweigtit  design  for  the  system. 

2.  Increasing  modulus  of  elasticity  with 
increasing  compressive  etraln  provide  ideal 
properties  for  both  sound  and  6hock  isolation; 
namely,  a  "soft"  spring  for  small  displacement, 
steady  slate  behavior  and  a  "hard"  spring  for 
large  displacements  resulting  from  shock. 


First,  an  analytical  study  was  conducted  to 
formulate  a  design  for  a  scale  model.  This  led 
to  the  scalo  model  of  a  submarine  compartment 
as  shown  In  Fig.  5.  It  should  be  noted  that  this 
module  does  not  appear  like  the  truss-like 
Structures  previously  mentioned.  Stlffenod-end 
bulkheads  were  designed  to  have  at  least  the 
stiffness  of  full-scale  bulkheads.  Free  flooding 
truncated  conical  extensions  that  arc  attached 
to  the  ends  of  the  model  were  designed  to  pro¬ 
duce  low-frequency  beam  responses  similar  to 
an  actual  submarine.  The  module  Itself  was 
designed  as  an  imierstlffenod  hull.  Holes  will 
be  cut  in  thtB  hull  so  that  the  remaining  struc¬ 
ture  will  resemble  the  previously  mentioned 
trusses  and  still  retain  the  desired  structural 
and  vibrational  characteristics.  Various 
equipment  will  be  simulated  within  the  module 
by  vibrating  machines  mounted  on  simulated 
foundations  during  acoustic  tests  ior  simulation 
of  internal  machinery  noise,  and  replaced  by 
masses  for  subsequent  underwater  explosion 
shock  tests.  Hot  shown  in  the  figure  will  be  a 
sea-connected  section  of  piping  that  will  be 
attached  to  the  module  through  soveral 
pressure-balanced,  ball-type  flexible  pipe 
connectors. 

The  second  study  concerned  the  develop¬ 
ment  of  a  suitable  elastomeric  compound.  Art  a 
starting  point  in  designing  the  elastomer  rings 


Fig.  5.  Electric  Boat  Division  ISAM  model 


for  the  model,  the  module-ring-hull  system 
was  Idealized  ns  a  simple  spring-mass  system. 

The  mass  represents  the  weight  of  the 
module  and  the  simulated  compartmental  equip¬ 
ment,  and  the  spring  represents  the  elastomer 
ring.  The  assumption  that  the  outer  hull  is 
rigid  with  respect  to  the  inner  system  is  sup¬ 
ported  by  the  fact  that  the  weight  of  the  outer 
hull  plus  the  weight  of  the  displaced  water  (the 
virtual  mass)  is  approximately  10  times  that  of 
the  module  and  equipment.  Similarly,  It  was 
found  that  the  radial  stiffness  of  the  hull  stiff¬ 
ener  was  much  greater  than  the  stiffness  of  the 
elastomer  ring.  Within  the  limitations  of  these 
assumptions,  then,  the  stiffness  of  the  elasto¬ 
mer  rings  was  calculated  so  that  the  frequency 
of  the  system  would  be  6  Hz  (the  desired  value 
for  acoustic  considerations). 

Elastomeric  samples  with  desired  proper¬ 
ties  wore  compounded,  and  were  subjected  to 
both  static  and  dynamic  tests.  (See  Appendix 
lor  a  more  detailed  dlscuselon.)  Based  on 
these  test  results,  it  was  decided  that,  with 
further  study,  an  elastomer  with  the  necessary 
characteristics  could  bo  compounded. 

Using  the  design  that  was  produced  in  1964, 
construction  of  the  one -fifth  scale  model  was 
Initiated  In  1966.  All  major  components  were 
fabricated  i.t  that  time. 


PROPOSED  SHOCK  AND  ACOUSTIC 
TEST  PROGRAM 

To  verify  past  and  future  analytical 
studies,  both  acoustic  and  shock  tests  have 


been  proposed.  Two  series  of  each  test  will  be 
made,  one  with  the  elastomer  mounts  function¬ 
ing  as  proposed  and  one  with  steel  blocks  fas¬ 
tened  between  the  hull  and  module  to  "short 
out"  the  elastomer  mounts.  This  second  series 
nearly  simulates  present  designs;  results  from 
this  series  will  be  used  as  a  basis  for  compar¬ 
ison. 

During  the  acoustic  tests,  the  model  will 
be  suspended  witli  the  longitudinal  axis  of  the 
cylinder  vertical  at  a  depth  of  40  ft.  It  will  be 
excited  at  a  single  point  by  a  shaker  over  a 
frequency  range  of  20  to  5K  Hz.  Radiated  sound 
will  be  measured  by  three  hydrophones  located 
at  depths  oi  30,  40,  and  50  ft,  and  about  40  ft 
from  the  model.  The  above  frequency  range 
will  be  covered  by  using  a  sweeping  oscillator 
and  measuring  the  sound  pressure  levels  for  22 
i/2-degree  increments  of  model  rotation  over 
half  the  model  surface.  Also,  point  mechanical 
impedance  and  several  accelerations  measure¬ 
ments  on  the  inner  and  outer  hull  will  be  made. 
Damping  for  the  two  configurations  will  he  de¬ 
termined  by  measuring  the  Q  at  the  major 
resonances. 


The  effect  of  mechanical  shock  on  internal 
components  in  the  ISAM  model  will  be  studied 
by  subjecting  the  model  to  two  '.cries  of  under¬ 
water  explosions,  each  series  consisting  of  five 
explosions  of  increasing  severity  as  shown  in 
Fig.  6.  For  each  shot,  strains,  accelerations, 
velocities,  displacements,  and  Iree-fieid  shock 
pressures  will  be  recorded.  Comparison  ot 
shock  Inputs  will  be  made  on  the  same  basis 
as  for  the  acoustic  tests. 
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Fig.  6.  Proposed  ISAM  ahock  teat  geometriea 


EFFECTS  ON  SUBMARINE  DESIGN 
AND  CONSTRUCTION 

Recognizing  that  the  basic  concept  is  a 
significant  departure  from  conventional  design, 
and  that  it  is  in  the  development  stage,  one 
must  expect  that  many  changes  might  be  re¬ 
quired  to  conventional  design  and  construction 
techniques  to  convert  the  concept  into  hardware. 

The  mobility  of  the  reslllently  mounted 
modules  with  respect  to  the  hull  requires  that 
special  consideration  be  given  to  mounting 
complete  systems  on  a  single  module,  and  pro¬ 
viding  flexible  connectors  in  systems  that  are 
supported  on  a  number  of  modules  or  that  con¬ 
nect  with  the  hull.  Relative  displacements  of 
several  Inches  are  anticipated.  Although  many 
systems  already  employ  flexible  connectors, 
the  magnitude  of  motion  accommodated  la  con¬ 
siderably  less  than  that  which  would  be  required 
in  the  modular  design  concept. 

Piping  systems,  particularly  sea -connected 
piping  systems  [5],  main  propulsion  shafting, 
and  periscopes,  have  been  cited  as  examples 
where  changes  would  have  to  be  made  to  con¬ 
ventional  designs. 

Considering  sea -connected  piping,  pressure- 
balanced,  ball-type  flexible  connectors  are  pres¬ 
ently  being  used  in  systems  that  sustain  high 
internal  pressure  and  support  nearly  unresisted 
relative  motions.  With  some  development  they 
should  be  quite  suitable  for  adapting  to  nearly 
all  piping  needs.  Novel  submerged  propulsion 


systems  that  do  not  require  mechanical  coupling 
may  be  proposed  as  possible  design  alternatives 
to  the  main  shaft  problem.  As  for  certain  hull- 
connected  equipment,  such  as  periscopes,  they 
may  be  shock  hardened  and  remain  mounted  on 
the  hull. 


The  weight  of  a  truss -like  module  that 
would  support  the  weight  of  the  engine  room 
components  was  calculated  to  be  approximately 
5  percent  of  the  weight  of  the  components  them¬ 
selves  for  an  acceleration  of  15  g.  This  weight 
will  increase  with  Increasing  g-levels. 

There  are  many  problems  inherent  in  the 
elastomeric  system  which  have  yet  to  be  in¬ 
vestigated.  These  include  creep,  strain  rate, 
mechanical  and  chemical  properties  over  long 
periods  of  time,  bonding  material  properties, 
and  bonding  and  installation  techniques.  Con¬ 
struction  techniques  will  have  to  be  conceived 
to  allow  efficient  installation  and  maintainability 
of  the  modules. 


CONCLUSIONS 


This  paper  has  presented  the  ISAM  concept 
of  submarine  design,  the  development  of  the 
concept  at  Electric  Boat  Division  of  General 
Dynamics,  and  the  proposed  tests  on  a  scale 
model  of  an  elastomeric  ally  mounted  compart¬ 
ment.  An  insight  into  problem  areas  was  also 
discussed. 
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The  following  conclusions  are  considered 
to  be  the  principal  reasons  for  continuation  of 
the  development  of  the  ISAM  concept. 

Feasibility  studies  during  the  past  5  years 
have  demonstrated  that,  by  mounting  submarine 
compartments  on  elastomeric  mounts,  the  at¬ 
tenuation  of  underwater  explosion  shock  and 
reduction  of  machinery  noise  radiated  from  a 
submarine  is  greatly  enhanced. 

Because  this  concept  is  a  radical  departure 
from  present  design  philosophy,  numerous  prob¬ 
lems  will  be  created,  especially  with  inter - 
compart  mental  and  compartment-to-hull  con¬ 
nections.  However,  continuation  of  present 
development  in  this  area  should  eliminate  most 
of  these  problems. 


Both  the  else  and  weight  of  an  ISAM  sub¬ 
marine  will  be  increased,  but  proper  desist  of 
the  module  will  limit  this  increase  to  a  reason¬ 
able  level. 

Construction  of  an  ISAM  submarine  should 
reduce  the  scheduling  and  construction  time 
because  the  modules  and  hull  could  be  fabricated 
independently. 
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Appendix 


Samples  of  the  elastomeric  compound  sub¬ 
jected  to  three  different  curing  timeb  (20,  30, 
and  40  min)  were  bonded  to  test  fixtures,  and 
tested  in  tension  and  compression  on  the  Tinius 
Olsen  testing  machine.  Two  more  samples 
were  compounded  using  the  curing  time  found 
to  yield  the  best  results,  one  for  shear  investi¬ 
gations  on  the  Tinius  Olsen  testing  machine, 


and  one  for  dynamic  investigations.  The  sam¬ 
ples  were  a  scale  representation  of  a  28-in. 
strip  of  an  actual  ring.  The  shape  factor  was 
0.37. 

Compression  tests  were  conducted  on  sam¬ 
ples  subjected  to  three  different  curing  dura¬ 
tions.  Each  sample  was  cycled  three  times 
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under  a  maximum  compression  of  -  40  percent 
(0.25  in.).  A  comparison  of  the  load-deflection 
curves  indicates  that  the  30-min  curing  time 
produced  the  best  compromise  for  our  purposes. 
The  specimen  had  an  initial  static-spring  con¬ 
stant  of  2800  lb/ln.  The  static  damping  was 
complied  by  evaluating  the  change  In  area  in 
the  load  and  unload  cure.  Damping  -  AA/A  = 

26  percent  (static). 

Tensile  tests  were  also  conducted  on  the 
samples  o i  all  three  curing  durations.  Each 
sample  was  subjected  to  a  50  percent  elongation 
and  cycled  three  times  as  in  the  compression 
tests.  Again  the  30-mln  curing  time  appeared 
to  be  the  beat  for  our  purposes.  The  initial 
spring  constant  calculated  from  the  experiment 
curve  was  found  to  be  1900  lb/ir.. 

In  addition  to  cycling  each  specimen  from 
0-  to  50-pescent  elongation,  each  specimen  was 
loaded  to  failure.  The  40-min  cure  specimen 
appeared  to  have  an  imperfection  sn  the  bend 
and  failed  first  as  a  separation  of  the  rubber 
from  the  metal  on  the  top  front  edge  as  shown 
below. 

Even  with  this  imperfection,  failure  (but 
not  complete  failure)  did  not  occur  until  the 
load  reached  800  lb  and  the  elongation  was  -140 
percent. 

The  20-min  cure  specimen  failed  as  a  bond 
failure  at  1100  lb.  The  recording  equipment 
was  not  working  and  therefore  no  record  of 
elongation  was  obtained. 

The  30-min  cure  specimen  was  the  best 
test  ox  the  three  because  the  bond  held  through¬ 
out  the  test.  The  failure  in  this  case  was  a 
tearing  of  tho  rubber  that  appeared  to  start  to 
initiate  as  a  stress  raiser  around  an  imperfec¬ 
tion  on  one  of  the  free  ends  of  the  sample.  The 
failure  load  and  elongation  were  1340-lb  and 
247-percent  elongation,  respectively. 

Shear  teats  were  conducted  on  specimens, 
all  of  which  wore  cured  for  a  30-mln  duration. 
The  specimens  were  first  subjected  to  a  longi¬ 
tudinal  load  resulting  in  approximately  80  per¬ 
cent  deflection  and  cycled  three  times  at  these 
conditions.  There  appeared  to  bo  a  consider¬ 
able  amount  of  slippage  in  the  test  fixture  so 
that  tho  force-displacement  charts  recorded 
during  the  test  are  difficult  to  evaluate.  It  was 
necessary  to  load  tiio  specimen  and  then  unload 
to  the  point  where  u  decrease  in  load  did  not 
ulfoct  tho  deflection,  then  reload  to  obtain  a 
meaningful  record. 


The  shear  specimens  were  also  cycled 
twice  to  approximately  80  percent  deflection  in 
the  horizontal  direction  and  then  loaded  to  fail¬ 
ure.  The  ultimate  load  was  3600  lb  and  the  de¬ 
flection  was  approximately  350  percent.  The 
failure  was  mainly  a  tearing  failure  similar  to 
the  tensile  failure;  however,  the  bond  did  fail  in 
a  few  isolated  areas  prior  to  reaching  the  ulti¬ 
mate  load.  The  recording  mechanism  reached 
its  limit  of  travel  at  approximately  1.8  in.  of 
deflection;  however,  the  failure  load  was  re¬ 
corded  and  the  load-deflection  curve  was  ex¬ 
trapolated  to  the  failure  load.  The  failure  load 
was  3900  lb  with  «i  extrapolated  deflection  of 
-2.1  in. 

The  dynamic  characteristic  of  the  com¬ 
pounds  was  investigated  by  determination  of  the 
mechanical  impedance  of  the  system  shown  in 
Fig.  A-l. 
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Fig.  A-l.  Dynamic  elastomer 
test  setup 


The  system  has  essentially  one  degi'ee  of 
freedom  in  the  vertical  direction.  The  mass, 
m,  was  calculated  to  produce  the  actual  static 
psi  loading  on  the  rubber  for  a  scale  model. 

For  a  360-degree  elastomeric  ring,  m  is  ap¬ 
proximately  10  lb.  The  sinusoidal  driving 
force,  F(t),  was  produced  by  means  of  a  10-ib 
electrodynamic  sliaker  ar.d  was  measured  with 
a  Endevco  (force  gage).  Slight  coupling  with  a 
rocking  mode  about  the  long  axis  of  the  rubber 
sample  was  evidenced  by  resonant  frequencies 
Of  100  and  129  IIz  (Fig.  A-2).  Because  the 
sound  requirements  dictate  a  resonant  frequency 
of  approximately  50  Hz,  tho  mount  was  rede¬ 
signed  considering  only  one-fourlh  of  an  entire 
elastomeric  ring  which  in  effect  increases  the 
mass  from  10  to  40  lb.  The  Impedance  test  wao 
repeated  for  this  design  revision. 

The  resonant  frequency  (Fig.  A-2)  of  this 
system  was  found  to  be  40  Hz,  and  therefore 
7  Hz  for  the  fuil-Bcaie  ring.  The  10-lb  model 


Fig.  A- 2.  impedance  curves  for  elastomeric  samples 


showed  a  stiffness  of  11,000  Ib/in.  and  16  per¬ 
cent  of  critical  damping;  the  40-lb  model  showed 
a  stiffness  of  10,000  Ib/in.  and  11-1/2  percent 
of  critical  damping. 

These  tests  indicated  that  the  strain  rate  in 
the  50-100  cycle  range  will  not  have  an  appre¬ 
ciable  effect  on  the  stiffness;  however,  further 
tests  would  have  to  be  conducted  to  determine 


this  effect  below  and  above  this  range.  The 
results  also  indicate  that  to  obtain  the  desired 
dynamic  natural  frequency  of  the  system,  the 
rings  should  be  designed  for  a  stress  of  40/2  = 
20  psi.  It  Should  be  noted  here  that  stress  is 
assumed  to  be  unaffected  by  the  scaling  factor. 
This  assumption  amounts  to  neglecting  the  ef¬ 
fects  of  gravity  which  will  be  small  with  respect 
to  the  magnitude  of  shock  forces. 

* 
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CYCLIC  DEFORMATION  CREW  ATTENUATOR  STRUTS 
FOR  THE  APOLLO  COMMAND  MODULE 


David  Li.  Platus 
Mechanics  Research,  Inc 
El  Segundo,  California 


An  advanced  crew  attenuator  strut  is  described  that  was  developed  by  Mechanics 
Research,  Inc.,  under  subcontract  from  the  North  American  Rockwell  Corp.,  for 
use  in  the  Apollo  Command  Module  to  fulfill  a  requirement  for  improved  land  im¬ 
pact  capability.  The  new  attenuators  absorb  energy  through  cyclic  plastic  defor¬ 
mation  of  a  ductile  metal,  by  rolling  a  series  of  ring  elements  supported  on  toroi¬ 
dal  retainers  and  compressed  between  two  concentric  tubes.  These  units  offer 
performance  advantages  over  the  previously  developed  crushable  aluminum  honey¬ 
comb  struts,  the  major  advantages  being  tension-compression  capability  at  a  pre¬ 
scribed  load  level,  tight  load  tolerances,  capability  for  acceptance  testing  prior  to 
use,  and  lighter  weight. 

A  series  of  static  and  dynamic  tests  was  conducted  on  a  prototype,  using  drop  test 
facilities  and  special  hydraulic  test  fixtures,  with  stroking  velocities  up  to  52  ft/ 
sec.  The  force -time  behavior  displays  a  characteristic  short  duration  overshoot 
followed  by  a  steady  dynamic  value.  The  peak  value  of  the  overshoot  is  dependent 
on  loading  rate.  The  unit  demonstrated  an  average  dynamic  force  variation  within 
±6  percent  over  a  total  cumulative  stroke  of  112  in. 


INTRODUCTION 

The  crew  attenuator  struts  support  the  crew 
couch  within  the  Command  Module,  as  shown  in 
Fig.  1,  and  serve  to  limit  deceleration  loads  on 
the  crew  during  landing  impact. 


Fig.  1.  Apollo  crew  couch- 
support  structure 


A  sketch  of  ihe  cyclic  deformation  strut  is 
shown  in  Fig.  2.  The  unit  consists  of  a  pair  of 
concentric  tubes  that  are  held  together  by  a 
cluster  of  compressed  ductile  metal  ring  ele  - 
ments  supported  on  toroidal  retainers.  The 
rings  are  compressed  into  the  plastic  range 
through  an  interference  fit.  Stroking  of  the  de¬ 
vice  in  tension  or  compression  causes  the  ele¬ 
ments  to  roll  in  their  compressed  state  and 
absorb  energy  by  cyclic  plastic  deformation, 
thereby  producing  a  constant  resisting  force. 
The  Apollo  crew  attenuators  utilize  type  6A1-4V 
titanium  alloy  tubes  and  Maraging  steel  ring 
elements  supported  on  aluminum  retainers. 


THEORY  OF  CYCLIC  DEFORMATION 
ENERGY  ABSORBING  DEVICES 

The  attractive  features  of  a  cyclic  defor¬ 
mation  energy- absorbing  device  result  from 
some  well-known  properties  of  ductile  metals 
under  cyclic  plastic  straining: 

1.  Cyclic  plastic  straining  of  a  ductile  metal 
at  a  fixed  strain  range  produces  a  hysteresis 
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INNER  CYLINDER 


OUTER  CYLINDER 


RING  SEGMENT^ 

(Potent  Pending)  RETAINER  RING-^ 

Fig.  2.  Cyclic  deformation  crew  attenuator  strut 


loop  that  stabilizes  during  the  first  few  cycles. 
Repeated  cycling  results  in  almost  constant  en¬ 
ergy  absorption  per  cycle  until  eventual  fatigue 
failure. 

2.  Plastic  strain  or  low-cycie  fatigue  be¬ 
havior  for  most  ductile  metals  follows  a  simple 
power  law  relating  plastic  strain  range  (width 
of  hysteresis  loop)  and  fatigue  life. 

3.  The  narrower  the  hysteresis  loop,  the 
greater  the  cycles  to  failure,  and  the  greater 
the  total  energy  absorption  at  failure. 

4.  Cyclic  plastic  straining  to  failure  re¬ 
sults  in  considerably  greater  energy  absorption 
than  unidirectional  straining  to  failure.  Specific 
energy  absorption  (SEA)  for  N  cycles  to  failure 
is  approximately  N  times  SEA  for  unidirectional 
straining  to  failure. 

Plastic  strain  fatigue  behavior  of  ductile 
metals  is  described,  for  example,  in  Itef.  [1]  to 
[5],  and  a  general  discussion  of  cyclic  deforma¬ 
tion  energy- absorbing  devices  is  presented  in 
Ref.  |6).  Some  of  the  properties  are  illustrated 
in  Figs.  3  to  5.  Figure  3  shows  fatigue  data  for 
eeveral  metais  [1].  Figure  4  shows,  schemat¬ 
ically,  the  relation  between  size  of  hysteresis 
loop,  cycles  to  failure,  and  specific  energy  ab¬ 
sorption,  and  compares  cyclic  straining  with 
unidirectional  straining.  For  purposes  of  illus¬ 
tration  the  stress  in  Fig.  4  is  shown  as  constant. 
In  general,  ductile  metals  under  cyclic  plastic 
straining  will  exhibit  some  strain  hardening, 
which  results  in  higher  stresses  for  greater 
plastic  strain  range.  Figure  5  shows  approxi¬ 
mate  specific  energy-absorption  capacities  for 
several  metais  as  a  function  of  cycles  to  failure 
[61,  At  1000  cycles  to  failure,  for  example, 


specific  energy  absorption  is  approximately 
700,000  to  800,000  ft- lb/lb. 

Tn  the  rolling  ring  configuration  of  Fig.  1, 
the  rings  are  compressed  slightly  out- of- round 
into  the  plaBtic  range.  Stroking  of  the  device 
causes  the  rings  to  roll  and  produce  cyclic 
plastic  bending  deformation  as  the  points  of 
maximum  strain  are  translated  around  a  ring. 
Referring  to  Fig.  6,  the  material  is  cycled 
through  a  complete  hysteresis  loop  when  point 
A  moves  to  B  then  to  A’. 

To  insure  that  the  rings  roll  rather  than 
slide,  the  ratio  of  squeeze  force  to  roll  force  is 
selected  so  that  the  sliding  friction  force  is  al¬ 
ways  greater  than  the  roll  force;  that  is  (coeffi¬ 
cient  of  friction)  x  (squeeze  force)  >  roll  force. 
However,  it  is  desirable  to  maintain  the  squeeze 
force  only  as  high  as  necessary  to  minimize  tube 
wali  thickness  and  strui  weight. 


APOLLO  CREW  ATTENUATOR 
STRUT  DESIGN 

Three  attenuator  .druts,  identified  in  Fig.  1 
its  the  XX-Head,  the  XX-Foot,  and  the  ZZ,  were 
designed  as  summarized  in  Table  1.  A  design 
objective  on  load  tolerance  was  ±5  percent  at 
stroking  velocities  from  quasi- static  to  52  ft/ 
sec,  over  a  total  cumulative  stroke  of  112  in. 
Additional  design  requirements  included  com- 
pressivie  stroking  of  the  units  in  their  fully 
extended  condition  under  the  lateral  G- loads 
indicated  in  Table  1,  and  certain  tightness  re¬ 
quirements  under  a  prescribed  loading  history 
simulating  reentry  conditions.  For  example, 
permenent  deformation  of  the  prototype  ZZ  strut 
could  not  exceed  0.090  in,  after  loading  at  less 


PLASTIC  STRAIN  RANGE  VERSUS  CYCLES  TO  FAILURE 


I- - A - PLASTIC  STRAIN  RANGE 

Fig.  3.  Low-cyclic  fatigue  data  (see  Ref.  [1]) 


o. 


UNIDIRECTIONAL  STRAINING 
TO  FAILURE 


-  STRAIN 

$  AREA'  (Specific  Energy  Abiorptioo) 
uftKlirflctional 
CYCLIC  STRAINING  WITH 
3  CYCLES  TO  FAILURE 
STRAIN 


SEA  =  TOTAL  AREA  =  2  SEA 

unidirectional 


SEA 

unidirect  tonal 


CYCLIC  STRAINING  WITH 
10  CYCLES  TO  FAILURE 


TOTAL  AREA  -  3  SEA 

unidirectional 


CYCLIC  STRAINING  WITH 
25  CYCLES  TO  FAILURE 


STRAIN 


SEA  *  TOTAL  AREA  *  5  SEA 

unidirectional 


the  rings  because  of  its  combined  high  strength 
and  superior  low-cycle  fatigue  behavior.  Type 
6A1-4V  titanium  alloy  was  used  for  the  tubes 
because  of  its  high  strength- to- weight  ratio  and 
other  desirable  features. 

The  ZZ  strut  presented  the  most  difficult 
design  problem  because  of  Its  higher  stroke  re¬ 
quirements  in  relation  to  strut  size  and  load 
level.  A  sketch  of  this  strut  is  shown  in  Fig.  7 
and  a  photograph  of  the  disassembled  prototype 
is  shown  in  Fig.  8. 


PROTOTYPE  ZZ  STRUT 
TEST  SUMMARY 

A  test  program  was  conducted  for  design 
verification  cf  a  prototype  ZZ  strut.  Static  and 
quasi- static  tests  were  periormed  on  a  Tinius- 
Olsen  tensile  tester.  Dynamic  tests  were  per¬ 
formed  using  drop-test  facilities  and  special 
strut  testing  facilities. 


Fig.  4.  Relation  between  hysteresis 
loop  and  specific  energy  absorption 


than  110  lb/sec  to  8528  lb,  holding  at  this  load 
for  1  sec,  then  reducing  the  load  to  100  lb. 

Ring  element  design  data  ware  generated 
for  various  materials  using  specially  designed 
test  fixtures.  Maraging  steel  was  selected  for 


Final  design  verification  tests  of  the  proto¬ 
type  strut  under  dynamic  conditions  were  per¬ 
formed  on  two  special  strut-testing  facilities  at 
the  North  American  Rockwell  Corp.  The  Low- 
Velocity  facility  at  the  Hydraulic  Laboratory  was 
used  for  stroking  velocities  up  to  10  to  15  ft/sec, 
and  the  High-Velocity  facility  at  the  Structures 
Laboratory  was  used  for  velocities  up  to  52  ft/ 
sec.  Stroking  force  was  obtained  from  strain- 
gaged  load  links.  Strut  position  in  the  Low- 
Velocity  facility  was  obtained  by  a  rotary 
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Fig.  5.  Approximate  specific  energy  ab*uvpVuL  vx. 
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TABLE  1 
Design  Summary 


Strut 

initial 

Length* 

(in.) 

Maximum 

Diameter 

(in.) 

Force 

Level 

(lb) 

Tension 

Stroke 

(in.) 

Compression 

Stroke 

(in.) 

Lateral 

G  Factor 

Strut 

Weight 

(lb) 

XX- Head 

38.88 

2.80 

5580 

16.50 

1.00 

33.5 

9.80 

XX- Foot 

31.70 

2.80 

9300 

16.00 

1.00 

32.4 

13.57 

zz 

39.08 

2.86 

9300 

18.50 

5.00 

_ — — . — 

32.4 

13.60 

aDistance  between  spherical  bearing  centerline. 


m 
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potentiometer  connected  to  a  pulley,  and  an  in¬ 
ductance  transducer  was  used  In  the  High- 
Velocity  facility.  A  backup  system  of  break 
wires  was  also  used  for  position/time  meaeurc- 
urements  in  the  High-Velocity  facility.  Asso¬ 
ciated  instrumentation  permitted  readout  of 
stroking  force  and  stroke  position  on  a  conven¬ 
tional  direct  writing  oscillograph.  Estimated 
system  frequency  response  was  in  excess  of 
200  Hz. 

The  force- time  behavior  shows  a  charac¬ 
teristic  short-duration  overshoot,  followed  by  a 
fairly  steady  force  level,  as  Illustrated  in  Fig. 9, 
Typical  results  for  one  set  of  ring  elements  are 
presented  In  Tables  2  and  3  which  summarize 
data  for  the  low-velocity  and  high-velocity  tests. 
Both  peak  and  average  force  values  are  given 
in  Tables  2  and  3,  as  well  as  the  loading  rate, 
which  appears  to  affect  the  overshoot.  Figures 
10  to  12  show  typical  force  and  acceleration 
histories  reproduced  from  the  oscillograph 
records,  and  velocity  histories  determined 
from  the  position  transducer  data.  The  effect 
of  loading  rate  on  overshoot  is  shown  in  Fig.  13, 
where  overshoot  is  defined  as  the  difference  be¬ 
tween  peak  and  average  forces,  divided  by  the 
average  force. 


FORCE  Fig,  11.  Typical  high-velocity 

data  —  run  no.  3 


A  summary  of  the  average  dynamic  force 
behavior  in  terms  of  cumulative  stroke  is  shown 
in  Fig.  14,  based  on  the  results  of  Tables 2  and 3. 
The  data  points  in  Fig.  14  are  identified  in  terms  of 
maximum  stroke  velocity  and  onsei  rate. 

A  pronounced  effect  of  loading  rate  on 
overshoot  is  Indicated  in  Fig.  13.  It  is  believed 
that  this  effect  is  a  result  of  the  inertia  of  the 
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TADLE  2 

Prototype  ZZ  Strut  Low-Velocity  Test  Summary 


Run 

Direction 

Velocity 
tit/  sec) 

Stroke 

On.) 

Peak  Force 
(lb) 

Average  Force 
(lb) 

Loading  Rate 
(10  s  lb/sec) 

1 

Tons. 

7.0 

5.38 

10,800 

9,570 

1.76 

2 

Comp. 

- 

3.5 

- 

- 

- 

3 

Tens. 

“ 

3.5 

- 

- 

- 

4 

Comp. 

8.05 

5.38 

9,560 

9,200 

1.62 

G 

Tens. 

0.02 

5.30 

10,300 

10,220 

- 

6 

Comp. 

0.02 

5.10 

10,000 

0,920 

- 

7 

Tens. 

7.50 

5.38 

10,000 

9,750 

1.74 

8 

Comp. 

8.25 

5.38 

0,550 

9,300 

1.63 

y 

Tens. 

8.45 

5.38 

10,250 

0,750 

1.25 

10 

Cor.ip. 

0.02 

5.38 

10,300 

10,250 

- 

TABLE  3 

Prototype  ZZ  Strut  High- Velocity  Test  Summary 


Run 

Direction 

Maximum 

Velocity 

(ft/sec) 

Stroke 

(in.) 

Peak  Force 
(lb) 

Average  Force 
(lb) 

Loading  Rate 
(106  lb/sec) 

! 

Tens. 

46.0 

6.25 

11,780 

9,187 

5.6 

H 

Tens. 

46.8 

6.06 

12,010 

9,091 

6.7 

B 

Comp, 

32.7 

6.19 

10,070 

9,054 

3.3 

H 

Comp. 

29.7 

6- 13 

10,610 

9,245 

4.5 

i 

5 

Tens. 

46.8 

6.94 

10,800 

9,127 

3.9 

6 

Tens. 

32.7 

6.44 

12,070 

9.399 

6.4 

7 

Comp. 

27.3 

5.16 

11,170 

9,116 

7.5 

a 

Comp. 

18.2 

5.91 

10,770 

9,458 

4.4 

9 

Tens. 

40.9 

7.84 

10,350 

9,076 

4.0 

10 

Tens. 

_ 

30.7 

5.20 

11,540 

9,129 

0.8 
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Tests  on  a  prototype  Apollo  crow  attenuator 
strut  at  stroking  velocities  tip  to  52  ft/sec  indi¬ 
cated  force-deformation  behavior  in  tension  and 
compression  approaching  that  ol  an  ideal  energy 
absorber.  The  average  dynamic  force  variation 
was  within  ±6  percent  over  a  total  cumulative 
stroke  of  112  in.  with  very  low-rate  sensitivity. 

It  is  expected  that  these  devices  will  find 
wide  application  where  high  weight  and  volume 


efticienev,  repeated  operation  in  tension  and 
compression,  and  precise  force  levels  are  re¬ 
quired.  They  are  ideally  suited  to  structural 
overload  applications  because  negligible  de¬ 
formation  occurs  until  the  design  load  Is 
reached.  The  units  can  be  designed  for  a  wide 
range  of  load  and  stroke  capability  and  require 
little  or  no  maintenance. 
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DISCUSSION 


Mr.  Davis  (Fairchild  Hiller) :  I  have  noticed 
some  designs  In  the  literature  that  Include  rub¬ 
ber,  and  yours  has  the  steel  inserts.  1  am  In¬ 
terested  In  automotive  applications.  What  range 
or  performance  would  you  get  under  environ¬ 
ments  such  as  temperature  or  humidity?  Can 
we  get  reasonably  predictable  properties  over 
extreme  temperature  ranges? 

Mr.  Platus:  I  am  glad  you  asked  that  ques¬ 
tion.  We  are  Interested  In  uutoinUl.  applica¬ 
tions  also.  Because  of  the  mechanism  employed 


here,  namely  the  deformation  of  the  ductile 
metal,  I  think  we  can  expect  good  performance 
over  extreme  environments.  We  are  dealing 
with  essentially  plastic  flow  of  metals  and  the 
variation  In  force  behavior  will  pretty  much 
follow  that  for  straining  of  ductile  metals.  Of 
course,  there  are  high  temperature  alleys  which 
will  perform  over  quite  a  wide  temperature 
range.  So  I  think  we  can  expect  to  get  pretty 
good  behavior  over  a  wide  range  of  environ¬ 
mental  extremes. 
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DEVELOPMENT  OF  THE  KINEMATIC  FOCAL  ISOLATION 
SYSTEM  FOR  HELICOPTER  ROTORS 


Rodney  W.  Balke 
Bell  Helicopter  Company 
Fort  Worth,  Texas 


Because  o f  out-of-balance  forces  and  the  aeymmetrlc  airflow  over  the  rotor  disk  of  a  heli¬ 
copter.  the  vehicle  is  subjected  to  considerable  low-frequency  excitation.  To  enhauce  crew 
and  passengei  comfort  and  improve  component  reliability,  some  form  of  isolation  Bystem  is 
generally  desirable.  Conventional  methods  of  isolation  are  compromised  by  the  requirement 
that  the  large  steady  forces  and  moments  and  the  long-duration  transients  resulting  from 
maneuvers  r.ot  cause  excessive  pylon  deflection.  A  simple,  highly  effective  isolation  system, 
based  on  a  new  concept,  has  been  developed  for  this  environment.  This  concept  utilir.es  link¬ 
ages  for  properly  placing  the  elastic  axis  to  achieve  zero-angular  response  at  the  desired 
frequency  produced  by  a  balance  of  inertial,  spring,  and  exciting  forces.  The  optimum  focal 
regions  for  the  isolation  of  rotor  inplane  forces  at  discrote  harmonics  and  subharmonics,  de¬ 
fined  in  terms  of  focal  distance  and  spring  rate,  are  shown  by  analysis.  Branches  of  the  op¬ 
timum  loci  are  shown  to  exist  for  some  configurations  above  and  below  but  not  at  the  pylon- 
fuselage  interface  or  mounting  plane.  Design  criteria  are  developed  and  discussed  for  each  of 
the  two  branches. 

The  development  of  an  isolation  system  that  achieves  greater  focal  distances  than  the  focal 
elastomeric  mounting,  while  providing  a  high  degree  of  restraint  to  fetor  thruBt  and  tornu".  in 
followed  from  initial  concept  through  analysis,  fractional  and  full-scale  model  tests,  and" 
ground-vibration  and  flight  tests.  The  resulting  kinematic  focal  isolation  system,  weighing 
less  than  1  percent  of  design  gross  weight,  provides  theoretical  isolation  of  78  percent  in  pitch 
and  92  percent  in  roll.  Ground-  and  flight-test  data  show  that  the  theoretical  values  are  ap¬ 
proached.  Field  experience  with  this  isolation  system— which  is  used  in  the  Model  206A, 
TH-57A,  and  OH-53A  helicopte rs— has  proved  the  components  to  be  rugged  and  the  system  to 
be  reliable. 


INTRODUCTION 

Current  trends  in  mission  and  design  objec¬ 
tive^.  ore  toward  higher  speeds  and  beoer  per¬ 
formance.  Coupled  with  these  objectives  are 
requirements  lor  low  frontal  area,  lighter,  more 
powerful  turbine  engines,  and  more  efficient 
structure  and  dynamic  components .  With  the 
increase  in  airspeed  and  power,  there  is  an  at¬ 
tendant  increase  in  rotor- generated  oscillatory 
loading  and  vibration. 

Four  considerations  are  involved  in  mini¬ 
mising  fuselage  vibrations  and  improving  com¬ 
ponent  reliability:  (a)  minimization  of  oscilla¬ 
tory  airloads,  (b)  optimization  of  rotor  dynamics, 
(c)  optimization  of  fuselage  dynamics,  and  (d) 
attenuation  of  the  excitation  iorces  through 
isolation. 


Efforts  to  reduce  the  oscillatory  iorces 
have  been  of  limited  success.  Tailoring  the 
rotor  and/or  fuselage  to  avoid  resonance  is 
usually  attempted  but  is  not  by  itself  adequate 
to  insure  low  vibration.  Therefore,  to  enhance 
crew  and  passenger  comfort  and  improve  com¬ 
ponent  reliability,  some  form  of  isolation  sys¬ 
tem  is  generally  desirable.  This  is  particularly 
true  for  a  two-bladed  teetering  rotor,  because 
of  the  frequency  and  magnitude  of  the  rotor  hub 
forces  produced.  For  rotors  with  three  or 
more  blades,  isolation  is  not  always  mandatory 
but  is  often  desirable  to  reduce  sensitivity  to 
out-ol- balance  and  out -of- track  forces  and  high 
frequencies.  For  rotors  with  articulated  blades, 
mechanical  stability  considerations  either  pre¬ 
clude  the  use  of  isolaters  or  otherwise  limit 
he  control  of  vibrations. 
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The  numbrr  of  isolation  ivim.dq-i£5  have  other  functional  components.  The  small  motions 

been  proposed  1 1  - 6 1  that  include  passive,  servo-  allowauie  fer  steady  and  transient  loading  make 

null,  fully  active,  and  hybrid  systems.  In  prac-  It  necessary  to  provide  a  high  degree  of  vertical 

tlce,  only  a  few  systems  meet  the  necessary  restraint.  A  conventional  system,  combining  a 

design  criteria  and  are  efficient,  light  weight,  vertical  restraint  with  mounts  having  high  hori- 

and  ragged.  zontai  spring  rates  (Fig.  1).  car  be  used  to  iso¬ 

late  the  fuselage  from  inplane  rotor  excitations 
which  tend  to  produce  pitch  and  roll.  Typical 

CONVENTIONAL  ISOLATION  SYSTEMS  plots  of  angular  pylon  response  >p  and  angular 

fuselage  response  a,  are  shown  In  the  figure, 
Conventional  methods  for  isolating  black  along  with  the  rigid- body  response  irh.  The 

boxes  such  as  electronic  packages  —  using  first  peak  is  a  pendular  mode  resulting  from  the 

elastomeric  springs  or  metal  springs  and  frlc-  assumption  that  the  thrust  force  is  vertical  and 

tion  dampers  —  represent  one  of  the  best  known  invariant.  This  assumption  is  not  valid  for  ex- 

fields  of  vibration  isolation.  These  methods,  tremely  low  frequencies.  In  this  mode,  the 

however,  can  not  be  applied  directly  to  holl-  rotor  thrust  and  the  g-  field  act  as  restoring 

copter  rotor  isolation.  In  the  helicopter,  two  forces.  The  second  or  pylon  mode,  which  In- 

free  bodies  —  pylon  and  fuselage  —  are  suspended  volvcs  deflection  about  the  elastic  axis,  is 
to  the  g-fiekl  by  the  rotor's  thrust,  while  for  usually  located  below  normal  rotor  operating 

most  configurations,  rotor  counter-torque,  en-  speed, 
gine  torque,  and  steady  rotor  inplane  forces  act 

across  the  isolating  system.  With  tills  system,  the  best  isolation  is 

achieved  with  the  softest  springs  or  elastomeric 
Conventional  isolation  requires  that  the  mounts  that  other  considerations  will  permit, 

natural  frequency  of  the  system  be  below  the  Two  of  these  considerations  are :  (a)  the  re¬ 
frequency  to  be  Isolated.  For  common  rotor-  quirement  to  minimize  torsional  deflections 

generated  frequencies,  this  requirement  makes  which  cause  input-shaft  misalinements  if  the 
It  necessary  to  use  a  relatively  soft  system.  engine  Is  not  rigidly  attached  to  the  pylon,  and 

The  large  steady  forces  and  moments  and  the  (b)  the  requirement  to  minimize  pylon  response 

long-duration  transients  would  result  in  large  to  pilot  control  inputs  and  subharmonic  nacilla- 

eUtlc  and  transient  deflections  across  the  tlons  produced  by  gusts.  These  considerations 

pylon- fuselage  Interface  —  deflections  thni  could  set  a  lower  limit,  which  is  higher  than  desired 

not  be  accommodated  by  the  control  system  and  for  Isolation,  on  the  spring  rates. 


. 5/REV  2/REV 


FREQUENCY  (Hi) 


Fig.  1.  Conventional  helicopter  isolation 
system  with  vertical  restrain? 


Fig.  Z.  Focal  elastomeric  isolation  system 


FOCAL  ISOLATION  SYSTEMS 

Focai  elastomeric  mounts  (7 ]  are  olten 
used  to  decouple  the  translational  and  rotational 
modes  in  the  mounting  of  black  boxes.  This 
pye1  <?'.!'  (Fig.  2)  is  limited  in  focal  depth  u.  un¬ 
less  large  mounting  breadths  -'<lb  and  an  ex¬ 
tremely  high  ratio  of  the  spring  rates  Kp  to  Kq 
along  the  two  principal  elastic  axes  are  used. 

II  utilized  for  rotor  isolation  where  there  are 
large  cr  offsets,  the  large  mounting  breadths 
would  increase  fuselage  frontal  area,  which 
would  also  increase  drag.  Decoupling  is  usu¬ 
ally  achieved  only  in  a  single  plane,  and  there 
is  limited  restraint  to  rotor  thrust  and  torque. 

A  better  method  for  aehie\  .g  large  focal 
distances  is  the  use  of  a  pair  of  kinematic  link¬ 
ages  (Figs.  3(a)  and  3(b)  attached  by  pinned 
joints  across  the  pylon-fuselage  interface  and 
directed  toward  the  desired  focal  axis.  A  metal 
or  elastomeric  mount  provides  the  necessary 
restoring  spring.  For  the  undamped  case  that 
is  shown,  both  the  pylon  and  the  fuselage  exhibit 
optimum  (theoretically  zero)  response  points. 
The  upper  focal  arrangement  is  relatively  stiff, 
and  the  pylon  mode  may  occur  at  frequencies 


above  normal  rotor  speed.  These  arrangements 
permit  the  thrust  of  the  rotor  to  be  rigidly  re¬ 
strained  and  provide  pitch  and  roll  (angular) 
Isolation  to  inplane  shear  forces.  The  available 
focal  depth,  which  is  independent  of  the  mounting 
breadth,  is  virtually  unlimited. 


ANALYSIS  AND  RESPONSE 
CHARACTERISTICS 

A  simplified  analysis  [n  j  has  been  used  to 
study  the  behavior  of  the  helicopter  in  flight. 
The  equations  for  the  angular  pylon  response 
ap  and  the  angular  fuselage  response  to 
rotor  hub  forces  and  moments  were  derived. 
Only  the  shear  force  excitation  case  is  consid¬ 
ered  in  the  isolation  of  the  Bell  semirigid  rotor 
system.  The  rigid- body  response  1  rl)  is  found 
by  considering  the  two  bodies,  pylon  and  fuse¬ 
lage,  locked  together  (l  K,  -  o). 

An  idealized  response  plot  and  the  related 
mode  shapes  are  shown  in  Fig.  4.  With  the 
proper  combination  of  system  parameters, 
focal  depth,  and  spring  rate,  it  is  possible  to 
minimize  the  pylon's  response  to  rotor 


265 


.):• EV  2  REV 


(a)  Focal 


5  .VREV  2 /REV 


point  above  mounting  plane 


(b)  Focal  point  below  mounting  plane 


Fig.  3.  Kinematic  focal  isolation  system 


PM 


PSNDljLAH  PYLON 


Fig.  4.  Idealized  frequancy-respon*©  plot  and  related  mode  shapes 


subharmonics  and  simultaneously  to  minimize 
(usolage  response  to  higher  integral  multiples 
(n/rev)  of  the  rotor  speed  without  amplification 
at  the  fundamental  rotor  frequency  (n  l).  The 
angular  transmldsibllity  Is  defined  as 

T  — L 

1  rb 

A  three-dimensional  plot  of  fuselage- roll 
angular  transmlasibillty  at  2/rev  as  a  function 
of  spring  rate  and  focal  distance  is  shown  In 
Fig.  5.  The  peaks  end  valleys  of  Fig.  5  corre¬ 
spond  to  maximum  and  minimum  fuselage  re¬ 
sponse  loci,  respectively. 

Equations  for  minimum  pylon  response  ‘'p. 
loci  and  minimum  fuselage  response  af>  loci 
are  derived  in  the  Appendix.  These  equations 
ana  ttv»  equation  for  maximum  response  arc 
written  in  the  form  Q.c1  ♦  Q,c’  <  Q0K,c°  =  o, 
which  Is  the  equation  (or  a  K,  parabola  (9|. 

The  coefficients  0,,  0,,  and  <?0  arc  quad¬ 
ratics  in  «>* .  Therefore,  the  characteristics  of 
the  conics  defining  the  loci  of  maximum  and 
minimum  response  vary  with  .  as  shown  in 
Fig.  0.  Figure  0(a)  shows  the  locus  of  minimum 
pylon  response  at  low  frequency;  Fig.  6(b)  shows 
the  loci  of  maximum  pylon  and  fuselage  re¬ 
sponse;  and  Fig.  6(c)  shows  the  loci  of  mini¬ 
mum  fuselage  response.  For  configurations  that 


place  the  pylon’s  center- of- gravity  above  that 
of  the  fuselage  and  that  use  a  focal  point  below 
the  rotor  hub,  the  conics  open  upward.  The 
optimum  response  characteristics  to  each  pitch 
and  roll  excitation  can  thus  be  defined  for  any 
helicopter  configuration. 


DEVELOPMENT 
Design  Configuration 

The  Bel!  Mode!  206,  a  2900  lb- gross-weight 
helicopter,  has  a  silhouette  that  is  conventional 
for  Bingie- lifting- rotor  helicopters.  The  pylon, 
which  consists  cl  the  main  transmission,  rotor 
slum,  and  rotor,  is  entirely  above  the  fuselage 
structure.  The  engine  is  mounted  on  top  of  the 
fuselage  and  is  connected  to  the  main  transmis¬ 
sion  through  a  floating  shaft  with  aplieiicai- 
tooth-gear  couplings.  The  pylon  is  essentially 
symmetrical.  Is  light  weight  (a  pylon-to- fuselage 
ratio  of  0.173),  and  has  low  inertia  (a  pylon-lo- 
fuseiage  ratio  of  0.011  in  pitch  and  0.030  in  roll). 
The  Model  208  useo  the  Boll  semirigid  two- 
bladed  rctor,  which  transmits  oscillatory  forces, 
but  r.o  significant  vibratory  moments,  into  the 
rotor  shaft.  The  predominant  excitation  fre¬ 
quencies  are  1/rev  (6.5V  Hz)  as  a  result  of  out- 
of-track  and  out-of-balance  and  2/rev  (13.14  Hz) 
as  a  result  of  aerodynamic  leading  sad  dynamic 
blade  response. 
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Fig.  5.  Fuselage  roll  angular  trsnsmlsslbility  at  2/rev 


|  Design  Criteria  and  Torque  The  resultant  torque  vector  is  aft,  al  an  angle 

I  Restraint  Requirements  o  of  10  dogrees  from  the  vertical.  Each  of 

5  those  torque  vectors  is  Interrelated  and  for  most 

:  Although  focal-point  choices  were  ihcoret-  flight  conditions  varies  in  ihe  same  proportion, 

tcally  unlimited  and  the  use  of  kinematic  focal  thus  minimizing  the  variations  in  the  angle  0. 

i  linkages  ov'vzir,  '  the  difficulty  of  obtaining 

t  large  local  dUw-*ccs,  there  remained  a  number 

;  of  practical  considerations.  Extensive  efforts  Fractional-Scale  Model  rests 

|  were  made  to  establish  definitive  criteria  for 

static,  dynamic,  and  transient  deflections  to  in-  Fractional- scale  models  were  used  In  the 

sure  the  compatibility  of  the  pylon- isolation  development  of  the  Model  206  focal  Isolation 

system  and  the  structural  and  functional  com-  system.  The  first  was  an  unsophisticated,  uni- 

ponents  of  the  vehicle.  The  static  criteria  directional  plywood  model  with  rigid-body  pylon 

which  were  chosen  to  prevent  excessive  input-  and  fuselage;  it  was  the  first  attempt  to  use 

coupling  miscllnement  and  to  insure  clearance  linkages  to  achieve  focal  distances.  Positive  and 

between  the  rotor  and  ihe  fuselage,  are  shown  In  negative  focal  regions,  as  well  as  a  parallelo- 

Table  1,  along  with  dynamic  criteria  for  isola-  gram  arrangement,  were  investigated.  In  addi¬ 
tion  and  oscillatory  deflections.  tion,  the  effect  of  enginc-lo-transmission  cou¬ 

pling  friction  was  evaluated. 

The  steady- state  torque  vectors  that  act 

upon  the  pyion  (main  rotor  countertorque,  The  second,  smaller  model  was  bidirectional 

engine-input  torque,  and  lateral  hub  shear  to  providing  isolation  in  both  pitch  and  roll.  It  per- 

|  balance  tail- rotor  thrust)  are  shown  in  Fig.  7.  muted  the  evaluation  of  a  flexible  fuselage. 
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rig.  7.  Torque  restraint  requirements 


TABLE  1 
Design  Criteria 


Static  Criteria 

Plane 

Steady  Force 

Rotation 

(lb) 

(degrees) 

Pitch 

200 

1.00 

Roll 

200 

1.25 

Dynamic  Criteria 

Plane 

Oscillatory  Force 

Isoi&tion 

(%  transmlaoihlllty) 

Pitch 

0.04  x  gross  weight 

20 

Roll 

0.10  x  gross  weight 

20 

Vertical 

0.10  x  gross  weight 

100  or  less 

_ 

(No  amplification) 

Transmission  Input  Shalt  Motions 

Direction 

8halt  Mlsallnemeixt 

Relative  Oscillatory  Motion 

(degrees) 

(in.) 

Vertical 

±0.13 

Laterlal 

t0.75 

i  0.13 

Axial 

“ 

10.10 

Component  Life: 

1200  hr 

2  JO 


Qualitative  ami  sumo  rough  quantitative  data 
were  obtained  from  these  models.  The  sig- 
nlf leant  results  of  Hie  preliminary  tests  were 
as  follows: 

1.  Good  Isolation  was  achieved  for  focal 
regions  both  above  and  below  the  mounting 
plane. 

2.  Large  relative  motions  occurred  at  focal 
points  near  the  pylon  center  of  gravity. 

3.  Input  shaft  friction  was  found  to  tie  quite 
detrimental  to  pitch  isolation  when  using  low  or 
negative  local  points. 

These  results  were  sufficiently  promising  to 
warrant  more  curtailed  study. 

Investigations  of  the  rotor  shaft  bending 
mode,  which  If  Improperly  located  could  sig¬ 
nificantly  alter  the  isolation  of  the  focal  system, 
were  later  made,  both  analytically  and  on  the 
third  fractional-scale  model  shown  In  Fig.  8. 
Typical  response  curves  .ire  shown  In  Fig.  9. 
The  rotor  shaft  bending  mode  won  calculated  as 
a  function  of  focal  depth  and  the  calculated  data 
were  compared  with  measured  data  <Fig.  10). 
These  results  show  that  there  is  no  problem 
with  regard  to  the  Model  206,  because  the  low 
1/rev  and  2/ rev  trnnsmiselbUlly  la  preserved, 
but  results  do  Indicate  the  capability  of  the  focal 
system  to  vary  the  rcuor  shaft  bending  frequency, 


particularly  when  the  system  Is  focused  near 
the  pylon  center  of  gravity.  Although  the  pres¬ 
ence  of  the  rotor  shaft  bending  mode  eftn  modify 
the  response  characteristic"  the  general  trends 
defined  by  the  rigid-body  analyst#  still  hold. 

The  qualitative  model  1/rev  and  2/rev  response 
dat-,  shown  In  Figs  11(a)  and  11(b).  respec¬ 
tively,  demonstrate  this. 


Full-Scale  Model 

Construction  of  a  full-scale,  bidirectional 
model  (Fig.  12),  with  mass  and  stiffness  values 
approximating  the  Model  200.  permitted  the  in¬ 
vestigation  of  isolation  in  h  oltch  and  roll. 
Seats  were  installed  so  tha  r>r  t  sonnet  could  Sit 
in  the  model  and  directly  evaluate  the  effect  on 
vibration  oi  several  parameters.  These  param¬ 
eters  included  a  wide  range  of  positive  and  nega¬ 
tive  focal  distances  and  variations  in  pylon 
Spring  rates. 

Initial  tests  of  this  model  resulted  In  a  poor 
ride  because  of  the  friction  tu  the  spherical 
bearings  in  the  linkages  connecting  the  pylon  and 
fuselage.  Replacing  the  metal- to- metal  bearings 
with  self- lubricating  Teflon  fabric-lined  bear¬ 
ings  provided  good  Isolation.  The  tests  showed 
a  rotor  shaft  bending  mode  near  20  Hr  which  1s 
high  enough  to  have  little  effect  on  low-frequency 
isolation. 


Fig.  0,  FracUoi-sl  bcaIc  model  used  i-j  investigate 
rotor  shaft  flexibility 
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Fig.  9.  Typical  data  plot  from  fractional  scale  model 


APPLICATION 

Conics  for  Der>ign  Configuration 

The  equations  shown  in  the  Appendix  were 
used  to  calculate  the-  maximum  and  minimum 
response  loci  in  pitch  and  roll  as  shown  in  Figs. 
t3  and  14,  respectively.  Loci  for  0.5/ rev, 

1/rev,  ar.d  2/rev  pylon  response  are  shown  in 
Figs.  13(a),  13(b),  and  13(c),  respectively.  Fig¬ 
ures  14(a),  14(b),  and  14(c)  are  similar  plots  for 
roll  response.  The  static  limit  in  pitch  of  1.0- 
degree  rotation  for  200- lb  hub  shear  force  is 
shown  in  Fig.  13.  The  corresponding  limit  in 
roll  of  1.25  degrees  rotation  for  200- lb  hub 
shear  is  shown  In  Fig.  14.  Three-dimensional 
contours,  as  shown  in  Fig.  15,  were  constructed 
and  found  to  be  quite  useful  in  the  study. 


Design  Selection 

Careful  review  of  the  analytical  and  quan¬ 
titative  model  data  and  consideration  of  the  de¬ 
sign  criteria  showed  that  optimum  2/rev  roll 
isolation  could  be  achieved  when  c  =  - 10  in. 
and  the  spring  rate  is  1.0x10®  In. -lb/rad  and  at 
the  same  time  meet  the  static  criteria.  This 
system  would  have  a  pylon  or  natural  frequency 
<--r  of  3.0  Hz.  The  optimum  isolation  could  also 
be  obtained  with  c  =  +39  In.,  a  spring  rate  of 
0.3  x10s  lb/rad  and  a  pylon  frequency  8.3  Hz. 

Similarly,  the  optimum  pitch  isolation  could 
be  obtained  at  c  =  -21  in.,  K,  =  1.3x10®  in.- lb/ 
rad,  and  =3.0  Hz,  or  at  c  =  +30.5  in.,  K,  = 
0.35x10®  in.-lb/rad  and  =  5,0  Hz.  In  either 
case,  optimum  isolation  could  be  obtained  with 
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Fig.  10.  Correlation  of  measured  tvnd  calculated  rotor  shaft 
bending  frequencies  as  a  function  of  focal  depth 
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Fig.  12.  Full-scale  model 


higher  values  of  K,  by  choosing  the  proper  focal  The  iv>o  kinematic  links  used  on  the  full- 

depth  along  the  curve  of  the  loci  of  zero  re-  scale  model  to  obtain  the  desired  pitch  and  roll 

sponse;  howev  .r,  for  increasingly  etlffer  springs  elastic  axes  were  canted  to  form  a  plane  of  in- 
structural  deflections  become  more  and  more  tersection  perpendicular  to  the  resultant  torque 

significant.  vector.  This  arrangement  minimizes  steady 

state  pylon  deflections  resulting  to  torque.  A 

Decause  the  oscillatory  hub  forces  in  the  single  elastomeric  mount  is  used  to  provide  re¬ 
lateral  direction  are  higher  than  those  in  the  straint  in  pitch  and  roll.  The  final  design  con- 

fore-and-aft  direction,  and  the  fuselage  roll  figuration  is  shown  in  Fig.  16. 

inertia  is  lov.er  than  the  pitch  inertia,  primary 
emphasis  was  placed  on  roll  Isolation.  How¬ 
ever,  the  consideration  of  rotor  shaft  flexibility  Isolation  System  Weight 
led  to  the  selection  of  a  higher  focal  point  than 

that  Indicated  by  the  rigid  body  analysis.  The  The  isolation  system  used  in  the  Model  206 

lateral  focal  point  was  chosen  at  <?  =  o ,  defined  weighed  23.2  lb  or  less  than  1.0  percent  of  de- 

by  point  P  in  Fig.  14.  Roll  response  takes  ad-  sign  groec  weight.  The  weights  of  its  compo- 

vantage  of  inertial  amplification  to  provide  good  nents  are  shewn  in  Table  2.  If  no  isolation  sys- 

isolation  and  to  minimize  transient  response  to  tern  were  employed,  some  oi  this  weight  would 

rotor-force  variations.  be  required  to  secure  the  gearbox  to  the  fuse¬ 

lage. 

The  strong  influence  of  input- shaft  friction 
on  pitch  response  for  low  and  negative  values 

of  c  led  to  the  selection  of  a  high  focal  point  at  Ground  Vibration  Tests 
the  input- shaft  axis,  defined  b>  point  r>  in  Fig. 

13.  This  choice  also  precluded  the  very  high  Ground  vibration  tests  were  made  by  sus- 

reiative  motions  across  the  pylon-fuselage  in-  pending  the  helicopter  by  its  rotor  hub  with  a 

terface  associated  with  focal  points  Blightly  shock  cord  to  put  the  rigid  body  vertical  fre- 

farilter  from  zero.  Tests  oi  the  full-scale  quency  below  1  Hz.  A  mechanical  oscillator  at- 

model  incorporating  the  final  design  geomeu-y  tached  to  the  rotor  hub  produced  lateral  exclia- 

lncludlng  the  flexible  rotor  8haft  of  the  Model  tlons.  The  oscillator  and  ballast  were  used  to 

20C  showed  good  2/rev  isolation.  simulate  the  weight  of  the  blades.  A  roll-  response 
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Fig.  13.  Maximum  and  minimum  pitch-response 
loci  for  Model  206  helicopter 
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Fig.  14.  Maximum  and  minimum  roll-responac 
loci  for  Model  206  helicopter 


Fxg.  15,  Typical  three -dimen»ioaal  contour; 
transmisaibility  aa  a  function  of  focal  distance 
and  effective  torsional  Bpring  rate 
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Fig.  lt>.  Final  design  configuration  of  Model  206 
kinematic  focal  isolation  system 
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TABLE  2 

Weight  of  Model  206  Kinematic  Focal  Isolation  System 


Component 

Quantity 

Weight 

Upper  link  attachments 

2 

2.20 

Kinematic  links 

2 

4.00 

Lower  link  attachments 

4 

3.00 

Elastomeric  mount 

1 

4.10 

Mount  attachment  to  gear  box 

1 

1.10 

Static  stop 

1 

0.65 

Fuselage  roof  beam  fittings 

6 

4.85 

Washers,  shims,  bolts,  nuts 

- 

3.19 

Total  weight 

23.18 

Percent  of  design  gross  weight 

0.799 

plot  of  vertical  acceleration  of  the  pilot's  seat 
per  pound  of  lateral  hub  force  is  compared  in 
Fig.  tl  with  the  calculated  data.  Good  pitch 
isolation,  similar  to  that  shown  in  roll,  was  also 
obtained. 


Flight  Tests 

Flight-test  evaluation  by  the  U.S.  Army  of 
the  OH-4A  helicopter,  the  military  version  of 
the  Bell  Model  206  [10],  found  that  "Qualitatively, 
the  over-all  vibration  characteristics  of  the 
OH- 4 A  were  exceptionally  good."  Quantitative 
1/rev  and  2/rev  data  presented  in  Ref.  [10]  .are 
shown  in  Fig.  It.  Those  data  arc  well  within  the 
specified  limits  of  MIL-H  8501- A.  The  cotn- 
merlcal  Model  200 A  (Fig.  19),  which  uses  the 
same  kinematic  focal  isolation  system,  exhibits 
similar  low  vibration  characteristic c  (Fig.  20). 


Service  Experience  and  Future 
Applications 

Experience  with  the  Oil- 4 A  and  the  Mode’. 
208A  to  date  has  proven  tills  system  to  be  rugged 
and  reliable.  Helicopters  with  more  than 
iOCO-hr  flight  time  are  still  using  the  initial 
elastomeric  mounts  and  spherical  bearings. 

The  isolation  system  is  also  used  on  other  Bell 
models  including  the  TH-57A,  Model  208A- 1, 
and  OH--58A.  Additional  variations  of  this  con¬ 
cept  are  under  study. 


CONCLUSIONS 

The  Significant  conclusions  derived  in  the 
development  of  the  subject  rotor-pylon  isolation 
system  follow: 

1.  The  kinematic  iocal  isolation  system 
functions  to  isolate  rotor  inplane  forces  effi¬ 
ciently  in  the  helicopter  environment.  The  sys¬ 
tem  is  both  light  weight  and  rugged. 

2.  The  kinematic  focal  Isolation  system 
may  be  used  to  achieve  local  depths  far  in  ex¬ 
cess  of  focal  elastomeric  mountings.  At  the 
same  time  the  large  deflections  resulting  from 
steady  slate  and  transient  forces  associated 
with  conventional  and  focal  elastomeric  mount¬ 
ing  are  mintmlzcd. 

3.  The  kinematic  focal  isolation  system  is 
adaptable  to  variations  in  gross  weight,  pylon- 
fuselage  mass  and  inertia  ratios,  configuration 
geometry,  type  of  excitation,  and  frequency  of 
excitation. 

Additionally,  the  conclusions  regarding  the 
analyticni  and  functional  aspects  arc: 

4.  The  theoretical  loci  of  optimum  isolation, 
determined  by  the  rigid-body  analysis,  are  real¬ 
ized  at  low  frequencies  for  systems  having  high 
rigidity  and  relatively  low  damping. 
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Fig.  19.  Model  Z06A  helicopter 

O- PILOT  SEAT  VERTICAL  ROTOR  Rl*M  =  l<*U 

A-COPltOT  SEAT  VERTICAL  OROSS^WLIGHT  -  ivOO  LU 


Fig.  20.  Vibration-response  data  for 
Model  20(,A  helicopter 


5.  The  predicted  loci  of  optimum  is  Jlation 
are  shifted  In  the  presence  of  rotor  shaft  flexi¬ 
bility.  particularly  for  positive  focal  distances. 

0.  Variations  in  the  focal  depth  of  the  kine¬ 
matic  focal  Isolation  system  can  be  used  to  shift 
the  rotor  shaft  bending  frequency. 

7.  The  rigid-body  analysis  Is  useful  for 
approximate  r  the  regions  of  low  response , 


however,  more  extensive  analyses  are  neces¬ 
sary  to  determine  the  effect  of  pylon  and  fuselage 
flexibilities. 

8.  Fractional-  and  full-scale  models  are 
useful  in  optimizing  the  isolation  system  design 
and  are  particularly  valuable  in  evaluating  the 
effect  of  friction  on  the  vibration  response 
characteristics 
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Appendix 

CONICS  FOR  MINIMUM  AND  MAXIMUM  RESPONSE 


NOMENCLATURE 

o  Distance  from  fuselage  eg  to  common  eg 
(positive  when  pylon  eg  is  above  the  fuse¬ 
lage  eg);  in. 

i>  Distance  from  pylon  eg  to  common  eg 

(positive  when  pylon  eg  is  above  the  fuse¬ 
lage  eg);  in. 

r  Distance  from  fuselage  eg  to  hinge  (pos¬ 
itive  when  innge  is  above  the  fuselage 
eg);  in. 


<i  Distance  from  pylon  eg  to  hinge  ipoattive 
when  hinge  is  below  the  pylon  eg);  in. 

F  Hub  shear  force;  lb 

k  Acceleration  of  gravity;  in. /sec  2 

lp  Inertia  of  the  pylon  about  the  pylon  eg; 

In. -lb-sec  2 

I,  Inertia  of  the  fuselage  abort  the  fuselage 
eg;  in.-ib-sec  2 

K,  Effective  torsional  spring  rate  about 
hinge;  in.- lb/ rad 


l> 

Dlstanco  from  hinge  to  hub  (positive 
when  hinge  la  below  hub);  In. 

and 

«n«( 

T 

Rotor  thrust;  lb 

«„  '  «* 

H 

Hub  moment;  In.- lb 

mp 

Me 

Mass  of  pylon;  Ib-sccVtn. 

“e  ' 

«< 

Maas  of  fuselage;  lb-eecVin. 

M, 

d 

Dlalancn  from  pylon  eg  to  hub;  lit. 

and 

'  •  ”, 

t 

Time;  aoc 

T  (Mp  •  «, 

Angular  deflection  of  the  pylon;  rad 

it  Angular  deflection  of  the  fuselage;  rad 
nrll  Rigid  body  angular  dclloetlon;  rad 

u.  Excitation  frequency;  rad/sec 


ANALYSIS 

The  general  behavior  of  tho  helicopter  in 
flight  la  shown  by  the  use  of  a  grossly  simpli¬ 
fied  analytical  model  (Fig.  A- 1)  in  which  both 
the  pylon  and  the  fuselage  are  considered  to  be 
rigid  bodies.  The  rotor  la  treated  as  a  mass 
acting  at  the  top  of  Ihe  rotor  ohaft.  An  elastic 
axis  between  the  two  bodies  is  assumed  to  be  at 
anv  arbitrary  location  along  a  line  through  the 
r  or-shaft  axis,  either  on  or  off  the  pylon  or 
iunelage.  A  restoring  spring  acta  about  the 
elastic  axis.  The  rotor's  thrust  le  considered 
to  he  vertical.  Invariant,  and  equal  to  the  gross 
weight,  An  tnplane  oscillatory  force  or  moment 
of  variable  frequency  acta  at  the  rotor  hub.  The 
equations  of  motion  are  derived  by  considering 
the  forces  on  the  free  body  of  each  the  pylon 
and  the  fuselage.  Additional  assumptions  ore 
zero  damping,  small  angle  displacements,  and 
sinusoidal  motion.  The  resulting  equations 
are  — 


A,t 

n  - 

Aj  3 

hi 

1-4 

where 

Au 

•v* 

-  XUl,.ps  - 

.  K, 

A3i  ~ 

- 

1  -  *.• 

An  -  -I,-3  -  dcM  *  d(Rc  *  Kt  . 
E,  =  F0h  ,  M0  -  >dF„  . 

E,  ~  • 


The  equations  for  minimum  fuselage  re¬ 
sponse  (>(>  o),  minimum  pylon  response 
("p.  o) ,  and  naturnl  frequencies,  that  Is,  the 
maximum  response,  are,  respectively 

A..E)  AnEi  0  (A'2> 

-  A,  jE,  •  a„e,  0  .  (A- 3) 

and 

*  A»iAu  •  A,/,,  0  (A-4) 

Expanding  these  equations  and  making  the 
substitutions 
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n  •  li  * 


Minimum  Pylon  Responee 


t*  «*<»•*-!' 

and  observing  chat  equivalent  values  lor  f,  and 
1  may  be  written 


t> 


n  *  f» 


a 


ihe  resulting  equations  are  of  the  lollowinir 
form:  * 


0,<  »  .  Q|(*  .  00Ktt'°  0  (A- 5f 

ThiB  is  the  equation  fora  k,  parabola.  The  co¬ 
efficients  Qj,  Q, .  and  0o  are  quadratics  in  -  J 
that  lo, 

<»..*  9„4-4  •  ■  (A-0) 

Tl>e  resulting  equations  tor  shear  excitation 
(M0  0)  follow. 


Minimum  Fuselage  Response 

The  equation  for  minimum  fuselage  re¬ 
sponse  is 

V  *  V  •  B,V<>  o  ,  (A- 7) 

where 

nn  Bo«  0  ■ 

D„  -sA. 

nj*  <e  -  M( ).‘ 

II, ,  --si  nib)-  tp--  . 

B,0  M,R(n  *  In  -  R.q  n  i  h)  , 


The  equRiion  tor  minimum  uy.on  response 


Cic*  *  <V‘  1  u  (A-8) 

win  re 

Cl«  CM  C0.  0. 


1 1 J 

(«<!>)( 

■  -  !  »•»>•  »){J 

c.. 

-m,r  • 

R' 

1  ,1  1  >  ■ 

) 

C.0 

M,*r(  « 

‘  i>  •  » )  •  ti»3<  #  ♦  b)  . 

cl. 

-t  it  n  < 

h  *  * )  -  *(»>li|  . 

c0. 

(  o  •  ll  • 

» )  •  'i  o  1  t.) 

Maximum  Pylon  anti  Fuselage 
Reaponoe 

The  equulion  for  maximum  response  Is 

V1  1  V  •  •W"  «  (A- 9) 

where 


Di«  ( lp  >(>*• 

D»«  uc'k(°  *  t>)  -  •',*(»,  *  Mp>  . 
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BI0  **1*  i1  1  '  ’  *'  M,Mp|;,4 
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A  TOOL  FOR  PARAMETRIC  ANALYSIS  OF 
COMPLEX  ISOLATION  SYSTEMS 


Paul  J.  Jones  and  Frank  A.  Smith 
Martin  Marietta  Corporation 
Denver  Division 
Denver,  Colorado 


This  paper  presents  the  general  methodology  and  a  unique  computer  program  for  analysis 
of  complex  equipment  suspension  systems  subjected  to  sinusoidal  or  random  excitation. 
As  an  example,  the  analytical  results  of  an  isolated  gyro  system  are  presented  showing 
the  utility  of  the  Fortran  IV  computer  program.  The  method  defines  as  variables  the  fol¬ 
lowing  parameters:  (a)  suspension  system  spring  rates,  (b)  suspension  system  damping 
values,  (c )  center-of-gravity  location,  (d)  isolatod  masB  inertial  properties,  and  (e)  elec¬ 
tromechanical  transfer  functions,  for  example,  gyro  voltage  response  characteristics. 

The  responses  of  the  isolated  unit  are  plotted  as  a  part  of  the  computer  program.  These 
graphs  show  the  gyro  response  in  voltage  spectra!  densities  as  well  as  response  acceler¬ 
ation  spectral  densities. 

The  matrix  equations  of  motion  for  the  system  are  written  with  the  capability  of  excita¬ 
tion  through  any  combination  of  up  to  10  support  points. 

The  final  equations  for  the  system  transfer  functions  are  developed  in  discrete  coordi¬ 
nates  with  the  free  stiffness  and  damping  matrices  providing  the  exciting  force.  A  dis¬ 
cussion  of  the  extension  of  this  analysis  to  complex  structures  (that  is,  equipment  trusses 
and  payload  trusses)  excited  by  random  vibration  is  included. 


INTRODUCTION 

The  design  of  a  complex  vibration  isolation 
system  requires  the  evaluation  of  many  dynamic 
parameters  to  insure  compatibility  between  the 
evolved  design  and  Its  intended  application. 
Considerations  must  include  the  isolators  de¬ 
sign  tolerances  of  stiffness  and  damping  prop¬ 
erties  as  well  as  tolerances  on  mass  properties 
and  center-of-gravity  location.  Many  of  these 
complex  applications  relate  to  guidance  sys¬ 
tems  where  it  is  necessary  to  evaluate  both 
translational  and  rotational  responses  to  esti¬ 
mate  vibration-induced  guidance  errors.  The 
evaluation  of  the  response  parameters  can  be  a 
very  time  consuming  task,  especially  for  these 
complex  systems  with  many  isolators.  Usually, 
tradeoff  studies  are  performed  to  determine 
allowable  tolerances  for  various  segments  ol 
the  isolator  system.  Because  of  the  number  of 
computations  required  to  determine  the  re¬ 
sponse  characteristics,  many  complex  isolation 
system  response  parameters  are  "approxi¬ 
mated";  the  design  is  built  and  tested  toevaluate 


its  acceptability.  In  moot  cases,  cost  penalties 
are  paid  oia  these  complex  designs  as  a  result 
of  limitations  placed  on  manufacturing  toler¬ 
ances  or  very  selective  matching  of  isolators. 
This  cost  penalty  might  have  been  averted  with 
a  parametric  analysis,  had  an  analytical  tool 
been  available.  This  paper  presents  an  analyti¬ 
cal  design  tool  in  the  form  of  a  computer  pro¬ 
gram  which  permits  the  analyst  to  readily  eval¬ 
uate  complex  isolation  systems.  As  an  example, 
a  rate  gvro  system  is  hypothesized  and  analyzed 
using  the  computer  program  to  illustrate  its 
utility. 


TECHNICAL  DISCUSSION 

The  vibration  isolation  program  (VIP)  was 
written  in  standard  Fortran  IV  language  for  the 
purpose  of  analyzing  complex  sysvemo  employ¬ 
ing  up  to  10  isolators.  This  program  is  pres¬ 
ently  adapted  for  the  CDC  6400  computer.  The 
isolated  unit  is  considered  rigid  in  the  frequency 
range  of  isolator  resonance.  The  geometry  and 
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center  of  gravity  of  the  rigid  unit  are  com¬ 
pletely  general  and  can  be  specified  an  desired. 
The  utility  of  the  computer  p.vogram  can  best  be 
indicated  by  listing  some  of  its  features: 

1 .  Up  to  10  Individual  isolators  may  be 
ussd.  For  each  isolator  up  to  3  translational 
degrees  of  freedom  can  be  defined,  that  is,  the 
user  may  use  0,  1.  2,  or  S  different  spring  rates 
for  the  3  orthogonal  axes. 

8.  The  Isolator  stiffness  and  damping  val¬ 
ues  may  be  uniquely  defined.  No  two  isolators 
need  have  the  same  spring  rates  or  damping 
v#lu®e . 

3.  The  stiffness  matrix  is  computed  and 
unstable  systems  can  immediately  be  elimi¬ 
nated.  The  stability  of  the  proposed  configura¬ 
tion  is  readily  determined  by  evaluation  of  the 
inverted  stiffness  matrix, 

■fl.  Product  of  inertia  terms  may  be  in¬ 
cluded  in  the  mass  matrix. 

5 .  The  forced  phase  relation  between  any 
degrees  of  freedom  at  isolator  bases  can  be 
either  in  phase  or  out  of  phase.  Also,  any  iso¬ 
lator  base  degree  of  freedom  can  be  stationary, 
that  is,  no  forcing  function  need  be  applied. 

6.  Rigid  body  mode  shapes  and  associated 
undamped  frequencies  are  determined  for  8 
rigid  body  degrees  of  freedom.  The  modes  are 
described  for  the  center  of  gravity  of  the  rigid 
body. 

7.  The  transfer  functions  for  the  rigid  body 
center  of  gravity  for  up  to  6  degrees  of  freedom 
are  presented  graphically.  These  plots  provide 
visual  information  on  damped  translation  fre¬ 
quencies,  damped  angular  frequencies,  amplifi¬ 
cation  factors.,  and  degree  of  coupled  modal  re¬ 
sponse.  The  transfer  functions  are  continuous 
over  the  designated  frequency  interval. 

8.  The  applied  forcing  function  may  be 
either  sinusoidal  or  random.  A  limitation  ex¬ 
ists  that  all  applied  forces  must  be  equal  at  the 
designated  points  of  application.  In  the  case  of 
random  excitation  the  spectral  density  need  not 
be  constant  but  must  be  a  combination  of 
straight  lines  when  plotted  on  log-log  paper 

9.  The  dynamic  response  may  be  either 
sinusoidal  or  random,  commensurate  with  the 
prescribed  forcing  function.  In  the  case  of 
random  excitation,  response  spectral  densities 
in  terms  of  displacement,  velocity,  and  accel¬ 
eration  are  plotted  (if  all  are  desired) .  Addi¬ 
tionally.  a  transfer  function  describing  the 


response  characteristics  for  any  electrome¬ 
chanical  device  relating  to  linear  or  angular 
acceleration  can  be  supplied,  and  its  response 
will  be  determined  and  plotted.  An  example  of 
this  application  could  be  a  rate  gyro  and  the 
vibration-induced  noise  could  be  computed  In 
terms  of  voltage  spectral  density. 

10.  The  response  calculations  can  start  at 
any  frequency,  stop  at  any  frequency,  and  per¬ 
form  the  calculations  at  any  delta  frequency 
desired  up  to  a  total  of  1000  delta  frequency 
intervals. 

11.  The  root-mean-square  of  all  computed 
random  responses  is  tabulated  and  printed  by 
the  computer. 

12.  The  relative  root-mean-square  dis¬ 
placement  across  the  isolator  for  each  degree 
of  freedom  is  determined  and  printed  by  the 
computer  for  random  forcing  functions.  This 
information  permits  the  evaluation  of  isolator 
compatibility  under  the  prescribed  dynamic 
loading. 

13.  Up  to  6  degrees-of-freedom  responses 
can  be  determined  for  up  to  11  locations,  one  of 
the  11  being  the  center  of  gravity  response. 

For  example,  if  six  isolators  were  used,  the 
responses  at  four  additional  positions  plus  the 
center  of  gravity  could  be  determined. 

The  methodology  used  in  establishing  the 
VIP  analytical  tool  is  discussed  in  the  following 
section. 


ANALYTICAL  METHODOLOGY 

To  illustrate  the  methodology  for  deter¬ 
mining  the  response  of  an  isolation  system  to  a 
vibrational  input,  consider  the  general  system 
shown  in  Fig.  1. 

The  free  stiffness  matrix  for  the  system 
may  be  obtained  from  the  potential  energy 
expression 


or  simply 
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Isolator  "l" 


Fig.  1.  General  isolation  uy&tem  for  any  number  (n) 
of  isolators;  number  of  isolators:  n;  center  of  gravity 
motion:  Xcg,  Ycg>  ZC(?,  6?K,  0y  ,  0£;  motion  of  isolator 
M  i"  on  isolated  mass:  X=  ,  Y-,  Zfi  motion  of  isolator 
"  i"  base:  Xlh.  Y.h,  Zjb 


2 PE  tyV  [k]<S„>  (1)  or 


where  UR)  represents  the  relative  motion 
across  the  isolators  and  ikl  is  the  uncoupled 
(diagonal)  stiffness  matrix  (or  the  isolators. 

A  transformation  may  be  formed  that  re¬ 
lates  the  isolator  attach -point  motion  to  center - 
of-gravity  motion.  For  tire  relative  motion  used 
in  the  potential  energy  expression,  this  trans¬ 
formation  is 


'  .  " 

n 

X  -  X 

*  b 

■in  Uftt  t-m 

J  V  -  Y 

*  ‘b 

’ f.  !  ->  !• 

z-*i 

1  i  '  '  i-M 

1  kh 

<  ■  > 

r  "*  *  1  *  hi4  <  j — 1" 

<y  =  (thm  (2) 

where  (t)  is  the  transformation  matrix,  and  (s> 
is  the  motion  of  the  center  of  gravity  and  the 
isolator  bases.  The  stze  of  the  transformation 
matrix  is  in  «  3n *■  6  with  3  degrees  of  freedom 
(DOF)  for  each  isolator  and  6  degrees  of  free¬ 
dom  for  the  center  of  gravity. 

Substitution  of  the  transformation  matrix 
into  the  potential  energy  expression  yields  the 
free  coupled  stiffness  matrix  IKJ  as  follows: 

2 PE  -  ( M  ’  !Tl '  Ik]  [Tl  (  s> 
or 

2PE  -  (6)'[K){»)  .  (3) 

The  damping  matrix  1C]  can  be  formed  in 
a  similar  manner  by  considering  energy  dissi¬ 
pation.  The  same  transformation  can  again  be 
used  and  the  resulting  matrix  is  similar  to  the 
coupled  stiffness  matrix  with  damping  coeffi¬ 
cients  c  replacing  isolator  spring  constants  k. 
The  restrained  matrices  are  (K)  and  [  C  ]  . 

The  forced  equations  of  motion  are  deter¬ 
mined  by  manipulations  of  the  coupled  stiffness 


and  damping  mat?  ices.  The  degrees  o i  freedom 
associated  with  the  matrices,  a,;  explained  pre¬ 
viously,  are  displacement  asxl  rotation  of  the 
center  of  gravity  (0  DOF;  aix!  displacement  of 
the  isolator  bases  (3n  DOF).  The  isolator 
base(a)  d8gree(s)  oi  freedom  are  either  re¬ 
strained  or  forced  in  the  restrained  system. 
Consider  the  forced  equations  of  motion: 


M<*„> 


(cHseg> 


lK)Ucg)  =  (F)  (4) 


where  [Mi  Is  the  center-of-gravity  mass  matrix 
containing,  on  the  diagonal,  system  mass  and 
Inertia  (products  of  inertia,  If  applicable,  are 
off-diagonal  terms).  The  matrix  (5cg)  is  a  6x1 
representing  the  eg  motion  only.  The  forcing 
matrix  (FI  is  formed  by  the  columns  of  the  free 
damping  and  stiffness  matrices  corresponding 
to  forced  isolator  DOF's  times  the  Known  isola¬ 
tor  base  motion  S  • 


(6*  1) 
t 


If  the  steady  state  response  is  desired  the 
following  eqo.'.  ions  are  available: 


ts.,1  =  m  ol“< 

eg 

(11) 

and 

ucl>  =  oil)  e‘"‘ 

(12) 

and 

<SC.)  =  -h2<5>  • 

(13) 

Substitution 

into  the  equations  of  motion  yields 

*  IK)  (Sic'"*  =  ■  (14) 

Solving  for  the  center-oi -gravity  motion  re¬ 
sults  in 

(set)  =  ♦  i<4C]  *  IK)]'1  (F’>  6C  .  (15) 

The  ratio  of  output  motion  to  input  motion  is 


m 

£ 


K.S  -  7  C..S 

I  I  o  I  1  o 

*  1 


>  (5) 


where  m  is  the  total  number  of  forced  isolator 
base  DOF's  with  a  maximum  value  of  3o. 


=  [-<v*(M]  .  ia.fCl  4  (K)]'1  ( F * }  .  (16> 

o 

The  system  transfer  function  can  be  obtained  by 
taking  the  absolute  value  of  the  above  equation 

<!:.,!)  =  | [-«»(»)  <  iwlc)  4  [Kl] ~ 1  (f* '| .  (17) 


If  the  base  motion  is  sinusoidal  the  follow¬ 
ing  substitutions  can  be  made: 


and 

K  -  (?) 

where  «  is  the  forcing  frequency. 

The  resulting  force  matrix  becomes 


If  the  input  Is  known  in  the  form  of  a  power 
spectral  density,  the  response  spectral  densi¬ 
ties  of  the  center  of  gravity  may  be  obtained: 


S.(u,>  4  |H(w)l  •  S. 

1  *  inputC**) 


(1«) 


C  rorvwoqon f c;  fVio  irmiif  qnopfral 

w  uvi  v  O  i  iujj*  vitv  ••  >(/ m v  w|/v  <*» 

input  (  <»>) 

density  at  frequency  -  and  Sj(w)  represents  the 
output  spectral  density  at  degree-of-freedom  j. 


or  factoring  the  so  terms  yields 


<F>  =  IF')  .  (9) 

The  equations  of  motion  can  now  be  written 
as  follows: 


(MHJcg)  4  [CHscg) 


[KlUCJl  r  IF')  Soe‘“'  . 

(10) 


This  development  is  representative  of  the 
methodology  for  determining  the  response  of  an 
isolation  system  to  a  random  excitation.  The 
methodology  can  be  used  for  any  number  of 
isolators,  any  location  of  equipment  center  of 
gravity,  and  excitation  through  any  combination 
of  isolators.  For  any  system  the  amount  of 
computations  involved  necessitates  the  use  of  a 
digital  computer.  A  listing  of  the  Fortran  IV 
computer  program  based  on  the  previously  de¬ 
veloped  methodology  is  presented  in  Appendix  A. 
To  verify  the  program  and  the  methodology,  a 
check  case  was  taken  from  pp.  3  through  29  of 
Ref.  [  l).  This  provided  a  check  on  the  compu¬ 
tation  of  the  stiffness  and  damping  matrices,  of 
modal  properties,  and  of  the  transfer  functions. 
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The  results  of  the  check  case  are  presented  In 
Appendix  D.  The  computed  values  agreed  ex¬ 
actly  with  the  check  case  values  from  the  refer¬ 
ence,  The  verification  of  the  program  allowed 
its  use  in  a  parametric  analysis  of  a  gyro 
system. 


EXAMPLE  OF  HYPOTHESIZED 
GYRO  SYSTEM 

Consider  an  isolation  system  as  shown  in 
Fig.  1  for  a  three-axis  rate  sensor  employing 
rotational  rate  integrating  gyros.  It  is  desired 
to  isolate  the  rate  gyro  package  from  a  random 
vibration  environment  by  four  resilient  mounts. 
Unless  this  system  is  a  true  center-of-gravity 
mount,  the  isolated  package  motion  will  be  a 
combination  of  translation  and  rotation  when 
subjected  to  a  single-axis  random  input.  This 
coupled  motion,  particularly  rotational,  experi¬ 
enced  by  the  gyros  has  a  deleterious  effect  on 
the  guidance  system  accuracy  by  increasing  the 
total  integrated  rate  errors.  As  stated  previ¬ 
ously,  to  eliminate  the  coupled  motion  would 
require  a  true  center-of-gravity  isolation  sys¬ 
tem  which,  owing  to  inherent  manufacturing 
tolerances,  is  never  achieved.  In  addition,  it  is 
desirable  to  specify  the  maximum  permissible 
manufacturing  tolerances  to  maintain  minimum 
cost  and  schedule  impacts.  An  analysis  for  this 


system  was  conducted  to  determine  the  coupled 
response  and  the  vibration-induced  noise  re¬ 
sponse  from  the  gyros.  The  gyro  noise  re¬ 
sponse  was  computed  In  terms  of  voltage  spec¬ 
tral  density. 

Consider  the  location  system  depicted  in 
Fig.  2  forced  at  the  base  in  one  axis  by  broad¬ 
band  random  acceleration  as  defined  by  Fig.  3. 
The  elastic  centers  of  the  four  isolators  are 
assumed  to  lie  within  a  common  plane.  The 
gyro  response  function  relating  gyro  voltage 
response  to  angular  acceleration  is  shown  in 
Fig.  4. 

The  parameters  affecting  the  rotational  re¬ 
sponse  of  this  isolation  system  excited  by  ran¬ 
dom  excitation  in  a  single  axis  are: 

1.  Mismatch  of  suspension  system  spring 
rates. 

2.  Mismatch  of  suspension  system  damping 
values. 

3.  Center-of-gravity  location. 

4.  Inertial  properties  of  isolated  unit. 

Assume  the  following  tolerances  for  the  system 
of  Fig.  2: 


Fig.  Z.  Typical  isolation  system 
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1 .  Individual  isolator  natural  frequency  of 
80  Hz  t  10  IIz  when  loaded. 

2.  Maximum  individual  frequency  difference 
in  a  set  of  four  matched  isolators  of  5  Hz.  The 
frequency  of  an  Individual  Isolator  of  a  matched 
set  could  be  between  70  and  90  Hz,  but  the  fre¬ 
quencies  of  all  isolators  of  a  set  must  be  within 
5  Hz  of  each  other. 

3.  Maximum  individual  isolator  transmls- 
slbility  (Q)  of  3.7  at  resonance. 

4.  Maximum  individual  Isolator  transmis- 
olblllty  difference  for  a  set  of  four  matched 
isolators  of  0.5.  The  transmissibility  of  an  in¬ 
dividual  isolator  must  not  be  greater  than  3.7, 
but  the  transml6slbllltics  of  all  isolators  of  a 
set  must  be  within  0.5  of  each  other. 

5.  The  center  of  gravity  must  be  within  a 
circle  having  a  radius  of  0.17  in.  and  lying  in 
the  plane  of  the  Isolators'  elastic  centers. 

Based  on  these  design  tolerances,  tnput  ac¬ 
celeration  values,  and  gyro  response  character¬ 
istics,  a  parametric  analysis  was  performed  to 
determine  the  gyro  rotational  response.  The 
numerous  cases  analyzed  are  presented  In 
Table  1. 


For  this  gyro  configuration,  the  total  com¬ 
puter  running  time  for  each  case  was  100  sec. 
Consequently,  a  sufficient  quantity  of  runs  to 
determine  the  effects  of  each  parameter  was 
made  at  very  little  cost.  Further,  all  data  were 
plotted  by  the  computer  permitting  rapid  evalu¬ 
ation  of  each  case  analyzed. 

The  resulting  root- mean -square  (rms)  val¬ 
ues  for  the  various  cases  are  presented  in 
Table  2.  An  example  of  the  computer  plotted 
translational  transfer  function  for  case  01  of 
Table  1  is  shown  In  Fig.  5.  The  rotational 
transfer  function  is  shown  In  Fig.  8.  The  gyro 
voltage  response  spectral  densities  for  the  two 
axes  of  rotation  are  shown  in  Figs.  7  and  8. 


CONCLUSIONS 

1.  An  analytical  tool  has  been  developed  to 
rapidly  determine  the  response  characteristics 
of  complex  isolation  systems  subjected  to  si¬ 
nusoidal  or  random  excitation.  A  listing  of  the 
computer  program  (VIP)  is  included  In  Appen¬ 
dix  A  for  ready  use. 

2 .  The  computer  program  (VIP)  Is  written 
in  standard  Fortran  IV  language  and  readily 
adaptable  for  most  any  computer.  The  program 


TABLE  1 

Gyro  System  Parametric  Study* 


Case 

No.b 

Isolator 

Spring  Rates 
(lb/in.) 

Isolator 

Transmissibility 
(in. /in.) 

Center-of-Gravlty 

Location 

k, 

ki 

k3 

k« 

<?, 

% 

% 

Q, 

<4 

01 

1905 

1620 

1905 

1620 

3.2 

3.7 

3.2 

3.7 

n  *nr 
O.'lfd 

3.225 

3.225 

3.275 

02 

1905 

1620 

1905 

1620 

3.7 

3.2 

3.7 

3.2 

3.475 

3.225 

3.225 

3.475 

03 

1397 

1154 

1397 

1154 

3.2 

3.7 

3.2 

3.7 

3.475 

3.225 

3.225 

3.475 

04 

1397 

1154 

1397 

1154 

3.7 

3.2 

3.7 

3.2 

3.475 

3.225 

3.225 

3.475 

05 

1154 

1154 

1397 

1397 

3.2 

3.2 

3.7 

3.7 

3.35 

3.35 

3.18 

3.52 

06 

1154 

1154 

1397 

1397 

3.2 

3.2 

3.7 

3.7 

3.35 

3.35 

3.52 

3.18 

07 

1154 

1154 

1397 

1397 

3.7 

3.7 

3.2 

3.2 

3.35 

3.35 

3.18 

3.52 

08 

1620 

1620 

1905 

1905 

3.2 

3.2 

3.7 

3.7 

3.35 

3.35 

3.18 

3.52 

09 

1154 

1154 

1154 

1820 

3.2 

3.2 

3.2 

3.7 

3.475 

3.225 

3.225 

3.475 

10 

1397 

1154 

1154 

1397 

3.7 

3.2 

3.2 

3.7 

3.52 

3.18 

3.35 

3.35 

11 

1397 

1154 

1154 

1307 

3.7 

3.2 

3.2 
— — 

3.7 

3.52 

3.18 

3.35 

3.35 

*See  Fig.  2. 

“Case  01  through  10  were  analyzed  with  random  exc.tation  at  ail  four  isolators, 
simultaneously,  representing  a  shake  table  input.  Cast  11  was  run  with  excitation 
at  isolators  l  and  2  only. 
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Tr*nff«r  Function  (in*/ in.} 


TABLE  2 

RMS  Values  of  Rato  Gyro  Response  Spectral  Densities 


Case 

No. 

Center-of- 

Gravlty 

Acceleration 

Rotational 
Rate  (Pitch) 

Rotational 
Rate  (Yaw) 

Output 

Voltago 

(Pitch) 

Output 

Voltage 

lYaw) 

GRMS 

RMS 

Rad/Sec 

RMS 

Rad/Sec 

RMS 

Volts 

- 

RMS 

yolte 

01 

6.507 

0.098 

0.688 

0.643 

02 

0.518 

0.094 

0.088 

0.678 

O  994 

V/  •  vV  a. 

03 

5.934 

0.107 

0.098 

1.018 

0.945 

04 

5.952 

0.102 

0.998 

0.924 

05 

5.809 

0 

■1 

0 

3.058 

06 

6.938 

0 

0.112 

0 

1.037 

07 

5.911 

0 

0.334 

0 

3.260 

00 

6.393 

0 

0.261 

0 

1.933 

09 

5.677 

0.269 

0.242 

2.602 

2.391 

10 

5.787 

0.333 

0 

3.299 

0 

11 

2.893 

0.166 

0.749 

1.650 

16.549 

Fig.  5.  Tranalationa.1  transfer  function 
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Fig.  6.  Rotational  tranofer  function 


Fig.  8.  Rat*  gyro -voltage  spectral  density  (yaw  axis) 


a*  listed  in  the  Appendix  Is  currently  being 
used  on  the  CDC  0400  computor. 

3.  For  any  single  computer  run,  the  Isola¬ 
tion  system  response  at  11  discrete  positions 
may  be  determined  for  up  to  0  degrees  of  free¬ 
dom  at  any  location. 


value  and  eigenvector  solutlone  and  responses 
are  tabulated  and  plotted  automatically.  No 
subsequent  hand  plotting  is  required. 


5.  All  significant  response  characteristics 
»rs  presented  In  a  visual  manner  to  permit 
rapid  data  evaluation.  This  assumes  the  com¬ 
puter  facility  hae  plotting  capability. 


RECOMMENDATIONS 

The  present  method  of  analysis  requires  a 
rigid  representation  of  the  Isolated  unit.  For 
most  systems,  this  representation  is  valid  in 
the  frequency  range  desired  for  Isolator  reso¬ 
nance.  However,  for  response  calculations  in 
the  higher  frequency  range,  the  flexibility  of  the 
Isolated  unit  may  be  Important.  The  methodol¬ 
ogy  naed  In  the  analysis  is  general  and  can  be 


applied  to  flexible  systems  mounted  on  resilient 
isolators.  For  example,  if  the  flexible  system’s 
mass  matrix  and  free  stiffness  matrix  can  be 
determined,  the  equations  of  motion  as  devel¬ 
oped  previously  can  be  modified  to  Include  the 
flexible  system.  However,  n  problem  exists  In 
the  formation  of  a  discrete  damping  matrix  for 
the  flexible  system.  There  are  various  methods 
of  terming  uumping  rr»nt rices  in  discrete  coor ■ 
dtnates,  but  none  that  are  straightforward  and 
without  problems.  One  possible  way  of  circum¬ 
venting  this  problem  Is  the  use  of  modal  coor¬ 
dinates.  With  modal  coordinates,  modal  dump¬ 
ing  can  be  used  and  also  the  Inversion  of  the 
complex  matrix  lo  simplified  because  of  the 
diagonal  matrices  resulting  from  modal  cooi  - 
dinates.  However,  a  technique  must  be  devel¬ 
oped  for  forming  the  discrete  forcing  function. 

It  may  bo  possible  to  form  the  forcing  function 
by  using  a  combination  of  modal  and  discrete 
coordinates,  that  is,  modal  damping  for  the 
flexible  system  and  discrete  dumping  for  the 
Isolators.  In  any  event,  additional  work  needs 
u*  be  performed  to  Incorporate  the  flexibility  of 
the  isolated  unit  tn  the  computer  program.  With 
the  inclusion  of  the  flexible  parameters,  the 
methodology  would  then  be  applicable  to  any 
complex  system  and  not  limbed  to  isolator 
applications.  Possible  applications  would  be 
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response  analyses  of  complex  equipment  trusses 
Installed  In  structural  shells  or  any  complex 
subsystem.  The  inclusion  of  flexible  character¬ 
istics  would  further  enhance  tho  usefulness  of 
the  computer  tool. 


REFERENCE 

1.  C.  M.  Harris  andC.  E.  Credo,  Shock  and 
Vibration  Handbook  (McGraw-tfU) ,  Sow 
York),’ 1901,  pp!  3^19-3-33 


Appendix  A 

COMPUTER  PROGRAM 


A  listing  Of  the  response  computer  program 
for  the  C'JC  0400  computer  and  the  DD  280  plot¬ 
ter  is  provided  on  the  following  pages.  Com¬ 
ment  cards  nro  provided  throughout  the  program 
for  clarity. 

The  program  uses  tho  following  matrix 
manipulation  subroutines  which  are  not  provided 
In  the  listing  but  are  generally  available  at  com¬ 
panies  with  computer  facilities:  DTADA  —  B 
matrix  transposed  times  A  matrix  times  B  ma¬ 
trix,  result  stored  In  A;  INTAPE,  LTAPE, 

PAGE  HD,  READ,  RTAPE,  START,  WRITE, 


WTAPE  -  subroutines  associated  with  tape  op¬ 
erations,  writing,  and  reading  matrices;  INV1. 
1NVJ  —  matrix  Inversion;  JACOBI,  MODE  1  — 
subroutines  for  determining  modal  properties; 
MULTA  — A  matrix  times  B  matrix,  result 
stored  in  A;  MULTB  -  A  matrix  times  B  matrix, 
result  stored  In  B;  and  PLOT2,  PLOT3  plotting 
subroutines. 

The  input  and  Input  formats  for  the  pro¬ 
gram  are  provided  In  Table  A-l.  For  further 
definition  of  the  Input  and  examples,  refer  to 
the  program  listing. 


TABLE  A-l 
Program  Input 


Item 

Format 

Run  No. 

A6 

Title  1  (title  card) 

12A6 

Title  2  (title  card) 

12A0 

Mass  matrix  (8  x  6)  including  products  ol  inertia,  If 
applicable  (units:  mass  (lb-sec  Vin.),  inertia  (in. -lb- 
sec5)). 

* 

Center-of-gravity  location  x,  Y,  Z  from  some  0.  0,  0, 
origin  in  a  right-hand  coordinate  system  (inches). 

10X,  3E11.8 

Total  number  of  Isolators  Including  dummy  points 
where  output  transfer  functions  are  desired  —  maxi¬ 
mum  of  10  isolators. 

15 

Isolator  parameters 

Attach  point  location  (elastic  center  of  isolator) 

In  right-hand  coordinate  system  (inches).  Prin¬ 
cipal  axes  of  isolator  are  parallel  to  coordinate 
axes. 

10X,  3E17.6 
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TABLE  A-l  (Cont'd.) 

Item 

Format 

Isolator  parameters  (Cont'd.) 

Spring  rates  (X.YZ)  (lb/in.). 

’OX,  3E17.8 

Damping  coefficients  (c)  (lb-sec/in.). 

10X,  3E17.8 

Forced  isolator  code  (X.Y.z)  for  all  isolators: 

1  =  forced,  C  =  not  forced.  Output  transfer  func¬ 
tion  for  isolator  (or  dummy  point)  relative  if 
forced  and  absolute  if  not  forced. 

315 

Input  power  spectral  density  frequencies  and  corre¬ 
sponding  PSD  valves  (linear  interpolation  on  log-log 
plots  used  between  points  supplied)  (g  VHz). 

* 

Code  for  additional  system  transfer  functions  (x,  y, 

Z,  theta  X,  theta  Y,  theta  Z):  1  =  transfer  function 
supplied,  0  ■  transfer  function  not  supplied.  Transfer 
function  supplied  must  relate  to  acceleration  of  sys- 
*em's  center  of  gravity. 

16 

Systems  transfer  functions  if  above  code(s)  =  1;  (see 
explanation  of  input  PSD)  (example  of  units:  volts/g 
or  volts/rad/sec5). 

* 

Title  for  plot  of  spectral  density  of  systems  response. 

4A10 

Name  for  Y-axis  of  plot. 

A6 

Starting  frequency,  delta  frequency,  end  frequency 
for  all  computations. 

10X,  3E17.8 

Output  code  for  displacement  spectral  densities, 
velocity  spectral  densities,  acceleration  spectral 
densities:  1  *  computed,  0  =  not  computed. 

315 

Stop  card  (or  next  run  number  if  applicable). 

A6 

^Matrix  supplied  as  follows: 

Matrix  name,  number  of  rows,  number  of 
columns. 

A6,  14,  15 

Data  Cards:  row/columr.  location  of  lirst  ele¬ 
ment,  elements. 

215,  4E17.8 

Zero  card:  10  zeros. 

HtCChAl  \  IP  UNKT  .OLTPlT  .TAPLSMNPLT  r T APEG=OUTPUT »F ILMPL * 

*  )i,l  tl  »1  AP'L2<  TAPEi*  TAl  t*t) 

C 

C  IblL/.TiOt  SlbTtR  RESPONSE  T<;  RANCCI*  EXCITATION 
C 

C  CCOto  bY  (-ALL  UNIS  NK  1067 
l 

l  SAKlAbLE  TA>APtlEhS 
C  SPRING  PaILS  Cf  ISUAlCKS 

l  uAPPif.C  Cf  lbU.nl  Cf  b 

C  EUIpKM  lf.LKl  1 AL  PROPEHTILS  ANL  C(>  LOCATICNMSOEATEC  MASS  RIGIC 

C  1  ill’ll T  Flv.lN  bi-El  1  HAL  CENSIT  t 

l  HOMblH  IT  lblLAlCK  tXCITEL 

l  PLANE  Ci-  lHIIAUU- 

I 

l  PhOOKrtT  GUPL1 

l  1RANSTLR  PLUTIUS  PoR  DISPLACEPEnT  AND  ROTATION 

l  KESPOI.SL  POLK  SPECTRAL  DENSITIES 

l  SY  SI  LI*  ULAL  l-RCPER  1  lES-FRE  uLLNC  IES  AND  MODE  SHAPES 
l  RMS  lilSTT.ACt.KM  ACROSS  ISOLATORS 

l  PLOTS  Ci  iKARSFtR  unctions  AND  cotput  psds 

l 

t  b JMLNS 101.  SUES 

LlPtbbllK  E>ASS(b.o).SX(lQ>  »SY(10)  »S2<10)  #CXUO)  fCTUOJ  »CZ<10)» 

*  A< 10) ft  llu)  »ZUO)  .PbOKtl.2)  .OX(IO)  .  JY  (10)  t  J2(10>  » 

*  Ct*«TP(  Jb.W)  «SKaTP(  3b *36)  * SP  AT  ( 3 *  3 )  *CMAT(3*3>  * 

*  lhAKOr  3b)  iMb)  i  SPAT  IUbf6)  *EMATR(b*6)  #  H2 ( 6 )  * 

*  P  At.U  6 ) . CUP  ( 1 0  !  .  ALP  <10 ) * DbPAL  < 1 0  >  >  SK  C  6) *  CM ( 6 ) * 

*  2K(li6)*Rl\i(6*6)*21(6#6)*,*K2(b*6)pTf(ll000*6)* 

«  l-bbl  ( 1U0O.C)  *PN  (1000)  *$FN  (1000)  .TRAMP <3 *6)  ► 

«  011T11(4)*VTIT11U>  > AT 1TL1 ( 4 > * TT ITL1 (4 > * 

*  SI  lilt  (4)  .CN2U00U)  (PT1TLE  (At  10)  *  TRFM5D  *  2*6  >  * 

»  Ml  (6  >  *NC I (fc ) *  SLOPfc  (SO )  *RNAME (6 )  *  XFTR  ( 6)  *RT ITLE  (4*6). 

»  Cl  1112(4)  *VTITL2<4)  .AT  1112(4)  .1  TITL2<4>  r ON (1000)  .HMSI6) 


C 

l 


c 

c 

9S99  CALL  SIAM 


l 

l  FORMAT  SfAltPElsTb 

1001  POKMAT  (10Xf4tl7.o) 

1002  POKMAT  (..lb) 

1003  PORMA1  IhmIU) 

10U4  FORMAT  (Ab) 

C  I 

2001  tOHMM  (/// . SX . 29HKM.S  X  0 1 SPL ACEKENT  AT  CG  ( IN >  * 5X» 1F15. 0) 

2002  PORRAT  l///»bX.2ST<RRS  Y  DISPLACEMENT  AT  CG  UN>  .  5X*  1FLS .  ft ) 

2003  POKM.A1  t///»bX.2SHRMS  Z  DISPLACEMENT  AT  CG  (  !N>  *  SX  »1F  15 . 6 ) 

2004  P  OHM  AT  (///  »  bXi  36HHMS  T)i£  TA  X  DISPLACEMENT  AT  CG  ( RAD )  #  5X . IF  1S.0 ) 

200b  POKMAl  l///.SX.3fcMt|/S  THETA  Y  DISPLACEMENT  AT  CG  (RAD )  T  SX  *  IF  IS  .6 ) 

2000  PORMAT  l///rbX»  Jol'R./S  THETA  Z  DISPLACEMENT  AT  CG  (RAO)  »5X.  lrlb.fli 

C 

3U01  PORM.M  ( ///  f  bX  i  20hRmS  X  VEiCCITY  AT  CG  l  IN/SEC  )  .  5X  .  IF  15. 8 ) 
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g3£  •  •••«  v  - 


3UU2  FOHMAl  (///.bx.  29HHMS  V  VELOCITY  flT  CG  < In/SEC > »SXi 1F15.8) 

5005  FORMAT  (///.SX.29HRMS  2  VELOCITY  AT  CG  ( In/SEC  > » 5X . 1F15 * 0 ) 

3U04  FOfiMAl  (/// *bX.b2HRMS  fU>T,\TIONAL  VELOCITY  AT  CG  ABOUT  X  AXIS  (RAD/ 

•  SEC)  tbX»  lFlb.ti) 

3008  FOKMAl  ( /// » OX ♦  S2HRMS  ROTATIONAL  VELOCITY  AT  CG  ABOUT  Y  AXIS  (RAD/ 

•  SEC  I .bX * IF lb*B  > 

3006  FORMAT  ( /// . bX . b2HKMS  ROTATIONAL  VELOCITY  AT  CO  ABOUT  2  AXIS  (RAD/ 
•SECi.bX.lFlb.a) 

L 

0001  FORMAT  <///.bX.22nGRNS  X  DIRECTION  AT  CG.SX. 1F15,6> 

4002  FOHMmT  »///.bX.22HGHMS  Y  DIRECTION  AT  CG«5X»  TF15.8) 

*♦003  FORMAT  ( /// » bx  .  22HGRMS  Z  DIRECTION  AT  CG  *  SX  *  IF  15,8  I 

400**  FORMAT  <///.bX.b9nRMS  ROTATIONAL  ACCELERATION  AT  Cf  ABOUT  X  AXIS  ( 

•  RA0/SEC**-2>*5X»1F15.8» 

4005  FORMAT  ( /// # 5X * bSllKKS  ROTATIONAL  ACCELERATION  AT  Co  ABOUT  Y  AXIS  { 
•KAU/StC**2> tbX* IF  I b. 8) 

4006  FORMAT  < /// » bX # SShHMS  ROTATIONAL  ACCELERATION  AT  CG  ABOUT  Z  AXIS  ( 
*HA0/SEC**2>  .5X.  If- 15.0! 

C 

5001  FORMAT  (///.5X.27HRMS  X  DISPLACEMENT . ISOLATOR . 2X . 12 .2X » 1F15 .8) 

5002  FORMAT  l /// .bX . 27HRMS  Y  DISPLACEMENT . ISOLATOR. 2X. 12.2X. 1F15. 8) 

5003  FORMAT  (/// .5X.27HRMC  Z  DISPLACEMENT  *  ISOLATOR  > 2X » 12. 2X r 1P15 . 0 ) 

C 

XNAMtSbHFRUu) 

ONAKE=&HL2/H2 

VNAMfc=bhV2/Ri. 

ANAMt=bHA2/H2 
TNAME-4HT  RFC 
SNAM.E=5Fi62/Fi2 
C 

LATA  DT ITLI/IOHLInEAR  OIS. 10HPL8CEMENT  . 10HSPECTRAL  Of 

•  10F!ENSITY  CG  / 

LATA  D1 IYL2/10HR0TARY  BIS* 10HPLACEMENT  .IOHSPECTRaL  0* 

•  10HENSI1Y  CG  / 

lata  vtitli/iohlinear  vel.iohocity  spec.iohtral  df.nsj* 

•  10HTY  CO  / 

LATA  VT11L2/10FiRCTARY  VEL.IOHOCITY  SPEC  r  10HTRAL  DENSI. 

•  10F>T  Y  CO  / 

DATA  ATUL1/10HLIKEAR  ACC .  lOHELERAl  ION  .IOHSPECTRAL  D. 

•  10HENS1T  T  CG  / 

LrtTA  AT ITL2/10HRCT ARY  ACC . lOHELESATlON  .IOHSPECTRaL  D» 

•  lOFiENSI  T  Y  CG  / 

LAI  A  TT 11 1 1/loHL ISPLACEME « 10HNT  TRANSFE » 10HR  FUNCTION. 

•  10H  CG  IN/IN/ 

BATA  T  T 1TL2/10HR0TAT I ORAL. I OH  TRANSFER  . 10KFUNCTION  C. 

•  i c* i .o  sac* /In  / 

DATA  SUTLE/IoHINPUT^PORE, lOHR  SPECTRAL. 10H  DENSITY  1. 

•  lOhCCMPUTEO)  / 

OATA  PT 11LE/10HTRANSFER  F.IUHUNCTION  F0.10HR  ISOLATOR. 

•  10H  1  X.Y.Z  . 

•  10HTRANSFER  F.IUHUNCTION  F0.10HR  ISOLATOR. 

•  10H  2  X.Y.2  . 

•  10HTRANSFEH  F.IUHUNCTION  FO.IOHR  ISOLATOR. 

•  IOH  1  Xitrl  . 

•  1UHTRANSFER  F » lOhUNCT ION  FO.IOHR  ISOLATOR. 

•  10H  4  X.Y.2  . 

•  lOHTRANSFER  F.10HUNCTI0N  FO.IOHR  ISOLATOR. 

6  1UH  5  X.Y.Z  , 

•  a-HlKANSFER  F.IUHUNCTION  FO.IOHR  ISOLATOR. 

6  lOHbX.Y.Z. 
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<~  r. 


c 


c 

c 

c 


c 


t 


4 

* 

4 

4 

♦ 

4 

♦ 

* 


iUHlRANSFER  F  *  10HUNCTI0N 
il)^  V  x.Y.Z  , 
lUPiHANSFLN  F .  1 OhUNCT ION 
a  OH  tl  X.Y.Z  * 
aOHTP ANbFER  F  >  10HUNCTI0N 
1UH  6  ditiit  i 
iOP TRANSFER  F.1UHUNCTION 
A  UR  10  x.Y.Z/ 


KA=10 

KU~H 

IsC-ij 

xO=  jti 

l\t=3 

kF=1DU0 

UI<k=3 

IV6£:>‘J 

CALL  INiT/Ou 

DISC  UMlb 
KaT-2 
KWlS.) 

LftT  =  H 


KtftiNS  NmT 
ME  ft  I M1  KftT 
KtftirvL’  l.vi  i 


FO.iOHR 
FO.iOfm 
F0» 10HR 
FCi 10HR 


ISOLATOR. 

ISOLATOR. 

ISOLATOR. 

ISOLATOR. 


C**  + »  *♦»**«  4  *44**4  ***4**4***4444r*4**o*44*****4***A******44*4**44^4*  *4* 
V 44**44*4* *4* *»4*4*o* 4444 4  INPUT  DATA  ****»*****»**4*****44**4****** 
C4444444**444*4*  +  *4444*44*444*4i#*4444iri44*44*444*44*i4*444!*444#4*4i4*4*** 

c 

C  SYSTt>  PASS  RAT  ill  A  O  X6  X.Y.Z.THETA  X. THETA  Y. THETA  Z 
CALL  RCA!,  ItP/SS.NHtt.NCP.hC.KC) 


CtNTr.N  vii-  CkAVIIY  LOCATION 
MLAu  (S.lulU)  XC6.YL6.ZC6 
C 

C  MjWOlK  OK  iSoLAtCHS 

MEAD  TS.aOUc)  MSOL 
C 

L  ISOLaTCk  rNCPlHTIcS  LOCAT ION .SPRING  RATtS.ANO  OAMPING 

L  U  VALUES  OF  sX.SY.SZ  ANO  CX.CY.CZ  PERMISSIBLE 

C  F CMC  1 1.6  ICl.vlS  CORRESPONDING  TO  INPUT  FOR  SPRING  RATES 

L  1=K.JHl1Nv>  F'UNv.T1CN  applied .U:F0RCING  FUNCTION  NOT  APPLIED 
L  ISFONC 1  NO  rUl.CTiCN  APPLIED  liv  NEGATIVE  DIRECTION 

L  ALv.  POINTS  will  KORlING  FUNCTION  ASSUMED  TO  BE  CORRELATED 
L/C  lu  1  -  J.  i  N  1  SOL 
HEAD  ISHuUD  XU).Y(I>.Z<I> 

ML  Au  tS.lUUll  SX U ) >bY < I > .b/< l > 

READ  (S.lOoi)  CXLl'.CYII).CZ(I) 

KtAu  (b.lOOz)  vXl I > i.YU > . JZ( I ) 

10  CGI. Til. U. 

L 

C 

C  iNPul  PC., UP  SPECTRAL  DtNSjTY  FREGUENCY  AM)  C**2/CPS  VALUES 

C  LINEAR  iMLkFCLAI ION  ON  LOo-LOG  PLOTS  UStO  BETWEEN  SUPPLIED 

L  VALUES 

CALL  RLhL  lPSL4l.RP.NCP.KA.Kb) 
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C  CODE  POK  INPUT  OF  ADDITIONAL  TRANSFER  FUNCTIONS  RELATIN6 
C  SYSTEM  RESPONSE  TO  CG  ACCELERATION  6S  FOR  DISPLACEMENT 
C  ANO  RAC/$LC**2  FOR  ROTATION  TRANSFER  FUNCTIONS 
L  0  TRANSFi h  FUNCTION  NOT  SUPPLIED 

C  i  IRANSFt.h  FUNCTION  SUPPLIED 

READ  IS#  1002)  IFTRU)  *  IFTR  <2>  *  IFTR  <3)*IFTR<4)  *  IFTR  (5)  *  IFTR  <6> 

C  COHRfcSPONUlKG  TO  CG  DOF  X •  Y  * 2 .  THl  ' AX .  THETAY * THf.T A2 

C 

t 

C  READ  TRANSFER  FUNCTIONS  FREQUENCY  AND  CORRESPOND  INS  TRANSFER 
C  FUNCTION  VALUE  SO  POINTS  MAXIMUM  LINEAR  ITERPOLATION  USED 
C  UETvfcEN  points  values  must  encompass  start  frequency  and 

C  END  FREQUENCY 

C  HEAD  PLOT  UTLE  FOR  OUTPUT  PSO  PLOT 
C  HEAD  NAPE  FOR  Y  AXIS  OF  PLOT 

C 

UO  IS  12-1*0 

IF  UFTRU)  *EQ.O>  GO  TO  L5 

CALL  Rf.AU  »Tt<fNU.l»I)»NRTU>fNCT<l)*K6*K|3> 

READ  CS*10U3)  UmTLETN*!)  »riSle‘4l 
READ  (5*1004)  RNAMEU) 

IS  CONTINUE 
C 

C  STARTING  fREGUENO.LNC  FREQUENCY * CELT  A  FREQUENCY 

C  FREQUENCY  RANGE  MUST  RE  COVERED  BY  INPUT  PSD 

C  START  FHLQUENCY  MUST  et  T# i THIN  FIRST  PSD  INTERVAL 

READ  <t>«1001)  FST A»UfcLT *FfcNJ 
C 
C 

c 

C  CODE  FOR  OUTPUT  PLOTS  AND  RMS  VALUES  CALCULATED  <C6  MOTION) 

C  O=N01  CALCULATED  i=calculateo 

HEAD  1 S » 1002 )  IUISP*  IVEL*  IACC 
C 

C 

C 

C 

<,****«  ************  *4.*  ***********************  ************************** 

<,«*»******+***♦*  uCUPLEU  STIFFNESS  AND  DAMPING  MATRICES  ************ 

C***«* **♦♦***♦**♦*»* *********************** ******************  ********* 


u 

c 

C  FORM  UNCOUPLED  STIFFNESS  AND  UAMPTNG  MATRIC£S»THANSFCRMAT ION 
C  MATRICES  RELATING  ISOLATOR  ATTACH  POINT  MOTION  TO  CG  MOTION* 


C  FORM  COUPLED  STiFFNESS  AND  DAMPING 
C. 

NO0F=6)3*NlSOL 

KDOF-G 


C  NUMBER  OF  UtuRfcCS  OF  FrttEOOM 

C  CG  AUQF  2  0*0  KUCF  FOR  EACH  ISOLATOR 


C 

UO  40  I=l#NDCF 

UO  AO  o21*NDCF 

CMATP <l*o)20»0 
40  SMATPU*J)  =  O.U 
C  SM.ATP  FRll  STIFFNcSg  MATRIX 

C  CMATP  fRlt  DAMPING  MATRIX 

C 


C 

oO  ‘JO  MvMM.lSGL 

c 

LO  bb  »  -  j.  »  J 
bO  bb  J-liJ 
JVM  I  l  J  i  u  )  U'J  .  ti 

bb  Of' AT  ( 1 >0  >=9»u 

0  SPAT  3/0  bllFFi.LSb  FATHaX  FOR  ONL  ISOLATOR  (DIAGONAL) 
C  CRAT  J/o  LAMING  MATRIX  FOR  ONt  ISOLATOR  (DIAGONAL) 

0 

SUM  Uiil:SA(KK) 
bi/AT(2*t)-bMKK) 

SMI ( j*^)-S/(KK) 

0 

cmm  11m  j=ca<nk) 

IKK) 

CF AT IKK) 

0 

bG  To  1  =  1.  <3 
LC  7u  v= 1 1 ROOF 
7(1  1  MN  l  i»vlSU»'J 

C  IkAiM  THaI  SFGRF  fc'fiyh  RELATING  ISOLATOR  ATTACH 
C  POINT  t'UlCK  HI  CC  FC1I0I1 

L 

AL^XcG-X (NK ) 

VL-TCC”  I  (nK) 

/L  =  /oL«^  <KK) 

o  XLrtLf/l.  LlSlANCt  InCM  C6  TO  ATTACH  POINT  OF  ISOLATOR 

C 

1  RAM  1  »  USl.O 
I  HAM 2  *  «; )  =  1 .  O 
I  RAN i J  >  J  >  =  1 .0 
IRAMUSHWL 
(  RAM  1  <  fc  )  =  T  l. 

1KAMi*bT=/L 
1  RAMI'  •  b )  =**L 
TRAMJ»A)=«TL 
1  NAM  7.  >  b )  =>.|_ 
bC  7b  I=i.A 
l\OOF=NG(f +1 
7b  lRAhU»M.0K>'—1.0 

CALL  V.KIH  (  T  RAFir  M'MNDOF  » ARTK AN  *Kfc  ) 

C 

C  aRJTL  01  Sc  ON  1 T  <K*T> 

*HlTt  <MVP  TRAN 
C 
C 

bC  bo  t.=  i*Ni/CF 
DO  60  1=1*0 
*(I>=0.0 
00  UO  K  =  J(3 

60  A  (  J  )SK  (  1 J  +  SMT  (  1  »K)*TRAMM O) 
uO  bO  L=1 iNGoF 
bO  bO  M-.W3 

90  SPATF ML  =SM  (P (L •bMTRAN  <M»L )  *ta <M) 

CAU  K.IUIL  t  SF  A  TF  *  HOOF  r  hUOF  t  bHSMATP  *  Kti  i 
C 

M*0  1  c’  0  .,  =  lf(\bC> 

GO  UO  l  =  l»7 
MI  >  =  0.0 
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- i«u  .  -  =  - 


lO  ill)  MJi.l 

110  w  1 1 1  -  m  I  4  )  4CI*  m  I  t  »  *  (i,  ) *1  RAN  I K  •  v> ) 

I/O  ICO  L-1«NLCF 
00  i«2U 

s2ll  URATPU,t«l=Ct<ATP<L«v)  +  fkAMR4U*S<M> 

CAM.  I'lUlo  lUN  A1P  »NUOF  •  NOCF  •  5KCKATP#lvri) 

-0  cONl  iM.t 
c 
0 
c 

C *********** 4 *4****4***  **f*********»*********  *4'-  ,444444*4444444444444 

C************* ********  FoCAL  PROPERTIES  **************************** 
<,.**«*********•***************»**************************************** 

c 

C  OfcTERFlNfc  r*U.AL  HiOPtRUtS  I'OUfc  SHADES  ANQ  F'RF.GUr.NC  IES  FOR 
C  ISOLATED  SYSU.K  USING  CaO  PASS  PATHIX  ANO  6X6  RESTRAINED 

6  STIFFNESS  I'm  ill  l  a 

C 

I/O  1J0  Jl-iHj 
I/O  lJo  o=l»u 

140  SPA  rKll»u)-SFAlP(l‘U) 

c 

U  INVERT  STIFFNESS  f-AfKIX  POOR  INVERSION  CHECK  INDICATES  AN 

C  ONSTmOLc.  SVbltF 

CmLL  INV1  (SFril R *EN/\lR  MiRR *KC ) 

CALL  Wllllt  ItFA  T  li  *NHF  rhKP*  5HEFATR  t KC  > 

C 

ttRiTu  (KMT)  LFASS 

CAUL  KOULA  <EnASS.SFATR»AK»I*.FRE0»NHF»1.E-15»1.E“15»KC'1) 

CALL  OR i  It-  IF’ktU »  nRiA*  1  #  AHFRLG < KC ) 

CALL  WKllL  lLNASS»l4RV.NHK.ShF00ES»KC> 

KfcVflNL  N.(l 
KF.AU  U,U  )  EFi'SS 
C 

c 

C**4*4***i.*444**4»4*****»4***4***4.»44»**444t*44**4******»******4**4**4 

(,******************  +  **  iRHUT  PSD  SLOPES  **************************** 

<,****•**  ******  *4  4*4*  4  *  *******  ***#4  *************  ******  *  *************  *** 

c 

C  DETERK IKL  SLOPES  CF  PSL  CURVES  FOR  INTERPOLATION 
C 

KN=NKF-i 
CO  l^U  lAlfNN 

UUP <  l)Sit>* *  AUoG  t PSU 1 1 ♦  1 » «! > /PSD <1 •  2 » ) 

ALP <  1 ) FACCG  (FbCIlHil) /PSD U . I )» / . 301 
1M0  CePALlilAWJPU  )/mePU> 
c 
c 

L 

U  *****  *  +  ****  44  44  ******  *44  44  *44*4***  **  4  »*  ******  **********  ************** 

Utmti/IM 44**4*44*  L1SCHLTE  FORCING  FUNCTION  ******************** 

C**4»4 *4***4 *4 »* ♦♦** ♦* 4* *♦*+** 4* *♦*»***• ***** *****+*** *4 ********** **** 

c 

C  TORN  UISCRL1E  FORCING  FUNCTION 
C 

00  lob  i/-l«IMiN 
SF’  l o  I  “L  •  U 
ON  I j) /O • u 
L=o 

00  lvb  l^lfNiSCL 
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L-L*  1 

IF  (wMl>>  14j.lbb»lb6 

141  bK(j)=SI.  IwMbMTfMu.L) 

CKlJJlCF  UIUMlMo»L) 

00  1C  lbb 

106  SM<J>=SMv»”SMTF<o.L> 

CM  (  J )  =CF  ( ,, I  -OF/.  1 P  t U . l. ) 
lbb  L:U1 

if  <  w  V  C I  >  >  142*160.161 

142  SK(vll»lMo)  ♦SFATP(U.L) 

CM<J)=CM(u)tCMAlP(J*L> 

OC  10  loo 

101  SM<J)=SM(ul-SMTF(d.L> 

CM ( J ] -CN l .j I "CF  A  IP ( U. L ) 

160  L-L+l 

IF  lo?(DI  143  . 16b  »  lo6 

143  SM(J)=SM(d)+SMATF<J.L> 

CM(J)=CM lo»+CFATP(J#L> 

UO  TC  10b 

100  5M«J)SSMtw)-bFATF(J»L) 

CM<  J)=CMoJ-CFAlP(J.L> 

10b  CONT iNOC 

CALL  WRITE  ( OF •  NhM »  A  * 2MSM » K.C ) 

CALL  WlUlb  (Li  .NRM.1.2MCM.KC) 

C 

C 

C**************************** ********************************** ******* 

C********f************  transfer  function  *************************** 

c*»»**»»**»**«»»*»**»**»+»****»* *»♦♦*•♦**»*«******♦*+♦***♦*♦**♦ **♦»**♦ 

c 

C  FORMAT  lot.  OF  TRANSFER  FUNCTION 
C 

NT IMLS  ( FLNO-l  STA>/OcLT 
N  — 1 

REWINC)  N«T 
FKUAFSTA-UELT/2. 

L 

t 

JO  200  IIsI.imTIMl 
C 

FRCj-FRU  +  ULL  T 
0MB=0. 203 1863072  *FRlt 
OM82=ONiJ»OMd 
ONUDSONO 

f>»  'J#  ,  ▼  i*nn.i  j 

Vllt  I  1  i  '  “Ul'iUL 

FN(11>=FR0 

C 

LO  171  t-1 *  NRM 
UO  171  o-l. NAP 

ZAU.U>=SMAIP().U)-0M02*EMASSII»J> 

171  2 1  ( I >  0  J  SOMU+UKATP 1 1.0) 

L 

L  INVER  1  COKPLlX  MATRIX  L»V  PARTS  Zh  REAL  ZI  IMAGINARY 

CALL  JNVUUK.WKl.NKK.XO 
C  ALL  MUL  It.  ( Z i  .  WK  1 .  NRM  .  NRM .  NRM  .  KC  .  KC  ) 

C ALL  NUL T  A  ( *1.  1 .  Z 1 .  NHK .  NRM .  NRM .  KC .  KC ) 

00  172  1—1 .NRM 
UO  172  OSi.NRM 

172  nKl  1 1 .  o )  -ZH  (i.oMKKKl.v) 

CALL  INVo  lWKi.WK2.NRM.wC) 
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L  aiw  til.  b  hl/.l.  i  uni  iui\  ur-  iiyvtiiioiuii 

C 

C 

C  nHITL  UISC  UM1  iNVil) 

»R  I T  t  (K^T  J  WN2 
CALL  lhVu  (Xl.LKlff.KFrKO 
C 

CALL  VLL)t  <<.l.iwKlrNRFi|,HN»NnM»KC»KC> 

CALL  FLU  A  l  hKI  *ER»NHK  *  KHRt  NRF*  KC  »KC I 
LO  175  i-l*NRI» 

LO  175  s,- X  # liKF 

175  WKl(l*v>s-^AU»vi»“'-'il(l»J) 

CALL  INVo  (*Kl'2IrNlt»>tKC) 

C  il  lb  Now  TH.  IFfOINAhV  PORT 1CN  OF  tut  INVERSION 

C 

C 

C  unlit  use  Ull  INKI) 

SNlTL  (1.1.1  >  XI 
t 

LO  lOb  jSl*t\KN 

2Kl=O.0 

2R2-U.IJ 

Ul-O.O 

iiasu.u 

LO  lbb  u-l>MIN' 

EHlSxRl-i  WK2  (ltU+SPlJ) 

xllsxl  Wl  UiU*OKh*UMJ> 

2R2=2R2-U1  ( 1 1 U  *$R  ( o> 

18b  il2=2X2+nK2(l*o)*0KL*CK(^) 

160  1h( 11  *  l  >  =  ( (AUS(2H1*211 I) **2.+  ( AOSIZR2+2I2 ) > *»2. 1 *• .5 
C  IN  lb  NOW  ILL  TRANSFER  FUNCTION  AT  CO 
L 

t  CALCLLAT ION  uF  iM'Ll  PS.,  VALUES  AT  FREQUENCIES 
L 

ALHHAUAlcG  (I:Rl'/FSD(K#  U  )  I/.301 
1.0=  . 43*1  J*/.LFhA*ObP AL  IK  > 

SF=PSL<tW>*<10.**(Ui)/IO.  )  ) 

SFNUDstih 

C 

IF  (I  Hll-l-bL(A+lfl  I  ♦UELT/2U  200  I  210  >  210 

210  K=K  +  l 

200  CON  T 1NUL 

CALL  W(!irt  <  ru,NTlRtiNRMr 2HTN.KF) 

CALL  WHITE  (SI-N»NTlr1E»l* JHSFNiKF) 

CALl  WHITE  (FN»NT  lNt.  •  1  f  2HKN  *KF  ) 
t  WHITE  DISC  UMT  <LWT> 

WHIT*.  (LWT1  III 

CALL  PLOIJ  <FN  h  TH»NT IHE »NHK iXNAME»TNAM£fTTXTLl»3?KF«4) 

CALL  PLCT3  (FN» THU *4 ) f NT IME« NRK* XNAME r TNftME » TTITL2. 3»KF »4> 
HEMINU  Lrtl 
HEAD  (LwT)  TH 

CALL  K0f2  (FN«SFN*rtUHL»l*ANAP6»SNAME»STltLLf3»KF> 

C 

C 

UO  201  uSl'NlINE 
UO  201  1=1»NKF 

201  1K<0*1I=Tk<o*I)**2 

C  TH  lb  TRANSFER  FUNCTION  SQUARED 
C 
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C****t?*t***w**t  **********  ********************************************* 
C****************  RESPONSE  PSO  CENTER  OF  SUAVITY  ******************* 
£********* *********^* *************** ******** ************************** 
c 

iF(Il)lSP)  191.193.191 

191  00  202  1-1  *NRK 
202  i i MS ( 1 )  -0 • 0 

C 

00  192  ISl*NitM 
00  192  o=1»NT1PE 

PSOO (O'  I )  =  1 1 ./CN2 (0) **2) *TR ( J» I ) *SFNtO) *140996. 

192  RMS  ( I >  =RKS  ( I J  +PSDO ( J.  I  > *DEI.T 


C 

00  203  1=1. NRM 

203  RMS(I>=RFS(1>**.5 
C 

CALL  WRIIE  (HSOO'NT  IMC *NRM* 6HPSD0IS > KF > 

CALL  PI.01J  (FL.PSDO.NT  IHE .NRK ' XNAME »DNAME .DTITL1 » 3»KF '9) 

CALL  PLOTJ  (FL.P500U.4) .NTIME.NRK»XNAMe.DNAME.DTITL2.3.KF.4> 

C 

wRITE  (6.2001)  RPSti) 

WRITE  (6*2002)  RKS(2) 

WRITE  (6*2003)  KMSO) 

WRITE  (6*2004)  KPS (4) 

WRITE  (6*2006)  RMS(S) 

WRITE  (6*2006)  RKS (6 ) 

C 

C 

193  IF  (lVEU  194*196*194 

194  00  204  1=1. NRK 

204  KMS(I>=0.0 
C 

00  19b  1=1»NKK 
00  195  jSl *  NT IKE 

PSG0'O*l)s(l./0N2(0) )*TR(o* I) *SFN(J> *146996. 

195  RMS ( 1 ) -RMS ( 1 ) +PSOO ( 0  *  1 ) *0ELT 

C 

00  206  1-1  *  NRK 

206  RMS  ( 1 1 =RKS ( l >  * ♦ « 5 
C 

CALL  WHITE  (P50O*nT1ME*NRM*6hPSDVEL*KF) 

CALL  PLOTS  (FN*PSOO*MIME*NRK*XNAME*VNAME*VTITL1*3*KK*4) 

CALL  PLOT 3  (FN.PS00 ( 1 *4 ) »nTJME * NRK ' XNAME . VNAME * VTITL2 f 3* KF r 4 ) 
C 

WRITE  (6*3001)  RMS ( 1 ) 

WRITE  (6*3092)  RMS ( 2 ) 

wglTc  (A.  *lln*j  w/cj.j 

WRITE  (6*3004)  RMS (4) 

WRITE  (6*3005)  RKS (5) 

WRITE  (6*3006)  RMS (6) 

C 

196  IF  ( I  ACC )  197.199*197 

197  00  207  1=1*NRK 

207  RMS(I)=0.Q 


00  196  I=1»NRK 
L=I  +  3 

00  196  OS1.NUME 
PSDO(o*I)=TR(J*I)*SFN<0) 

PSOO ( O* L)sTR(o*L)*SFN( 01* 146996. 


i 
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uMM»)£n*  i  l  HPSi>CtJ*  i  )  +OELT 
i9a  kns<l)-  .ii-tn’booco.t » *OlL? 


00  20S  l=l»LHM 
20:1  HKSt  1  JirlFil  l  »*♦+  .  t> 

0 

t-ALL  aHIIc.  tHSCO/MlME/fiKFOOIlPSQACC/KF) 

0  (.Hilt  U1SC  LNlT  <L*I) 

m  L  to I N L  L»1 
(iHHl  ILaT>  I’SLO 

CALL  I’Lorj  (i-K»M!»C0»KT  iME  /NitK  •  XNAME»  ANAME  *  AT  I TLl » 3»KF»  4  > 

CAU.  1‘UCl  J  « C  N .  PSLG  v  1  f  m  >nT  INC  r  NRK  f  XNAME *■ ANAME .  AT  I TL2  •  3  *  KF  *  4  > 
nth  1 1,1.  La  I 
UtAD  ILwl)  t-bUC 
C 

hHllL  tt/mOUll  HASH) 

*IUlL  Uii40u2)  HAS t  <! ) 
nlllTt  tO,40UJ) 
hit  11 L  ItifUOUH)  hKS  1 4) 
wKITt  10 > 4UIIS)  KiV S ( 5 ) 
nltlTt  tOfMluol  K(/Sl6) 

C 

C 

C*i»*iiS>1**3*«*4****  A  i»***»of  4**»»  «■****•+*  .>+■»*  +  +  *♦***♦  +  ***  ***♦<,*  ********* 
C************4  +  **  +  **«**+***  SYSTEM  PSD  ***************************** 
***********♦*************+*♦*♦*******♦***♦♦****** 

t 

uO  2<eO  »~1  ’O 

IF  unMDitu.u;  ou  10  2ut> 

K=1 

LSNMT  tl)-l 
oO  221  v=l rL 

*2i  SLOPt!olSt1HFKlO-*l'i>I)-ThFh<J*2tn  >  /  <  TRFM  0*  l  •  1 » I ) -TRFN  t  J*  1  / 1  )> 
I/O  2k«  KS1.M1FE 

223  IF  IFF  t!‘  >  .  0>E  *ThFMKi  1  <  1 1  » AND  »F'N  (K)  » LE • TRFn ( K+ 1 >  1  f  1 ) )  00  TO  222 
NSMA 
oO  Tc  i '23 

222  IRFSSWI’L  th)*lFN(F)-TKFMMl*  I  -  ■  »TRFN(K»2 1 1 ) 

22*t  H5l/0<J'u)rtm***.l*P5{JC(P*I) 

CALL  HUi  (HwPSO0(l»I>  »nTIME » 1 / XNAME . RNAME ( I > r RTITIE < i »  I>#3»KF» 

*  *t) 

220  COLT  t 

199  C  A  f  .i  W4. 

c 

<;*****. ******************************************************  ********* 
I********************  RMS  ISOLATOR  DISPLACEMENT  *****************+♦* 

C *********  *4  ******************************* **«*****«******»**4>******** 

r 

C 

hEWIM  Mai 
I/O  2SS  h-i-tniSOL 
HEAD  IMhH  i  KAN 
C 

00  2tH  1-1  f  J 
oO  2o0  s/Sl-0 

200  TRanP  i  I  /  v/ )  STKhK  <  a  /  si) 

CALL  hltllt  < 1RANH  »NKK » 6 * SnTltANP  *KE ) 

C 

NEW  I NL  Is  a  T 
XUKMS-tl  •  0 


ruiM‘v=o.i» 

c 

LO  if'jU  ll-i'I.UMt, 
r<LAJ  IKnl)  iK  2 
i.LAli  "  -<>  til 
C 
L 

CmI.I.  f'LLiti  »  !.«AhH»WKiifh»<K»NHP'»NfiK»KE»KC) 

CALl  \  l  -  L  f  b  I  IinAM  »  2  i  i  LK'K  *  I*  I  If*’  t  l.RM  *  kE  f  KC  ) 

L 

C 

L.0  OoV  1  =  1  I  •> 

irflSU.U 

iFtirU.U 

2li=u.u 

cl^U.O 

uO  1U!j  i.  Si  1  MvKN 
iKUCIUn.Kit  l  »•,)*■>  luJ 

2U2S2K2  ♦«*  1  I  A  *  V  )  *1>M  1  V  ) 

300  212=*12+t  Kit  1  1  1  HCP  (<J> 

C 

IK  W.LG.J.iif«L*U.MM»tQ.U)  fiC  TO  300 
IF  1 1 . LG  *2 •  AM.  •  oV  (M  » LQ* 0 )  6C  TO  300 
IF  1 1  .tL.  j.AAL»02  (K  >  .EC.'J)  GO  TO  300 
C 

307  fH«  lit  1  lit  Inbi.  U'l<l+2U*l.  >  >+*2.*  <At»5<2R2+2I2J  )**2. )**.S 
OG  TO  SUV 

300  TKUl»  1  >*(  ihu8(2u1  Fill  ))»*£.+  (  AOS  IZK2  +  Z12>),**2.)»#.5 

309  COttflNLL 
t 

AL'l<F8SKLKF8+‘l./(N£llI)**2>*(Tl<f  1 1 • 1 J **2) *8FN ( 1 1 ) *198996. 
H,RMb=T(.l<Mb*  <  1  ,/GK2(  II >***)*<TKU1»2)**2}*SFN< XI 1*198996. 

2bU  2UHF*8=iLI'T  S+  1 1 .  /0f>.2 1 1 1 >  *  +  2  >  *  t TR  < 1 1  * 3 >  **2 1  *SFN 1 1 1 1*198996 . 

L 

XURKb  =  M.KKb**.b 
rOkKb=>U>b*+.b 
2LRF!»r*UtK>**.b 
o 

CALL  KMTi.  UlwM  lMt  »M>K »  3H1HX  » Kf  ) 

CALL  I'UU  U  t,.  TK  »M  iKt  f MTK * Xi'.AF  E » TNAKE  f  F"T  ITLE C 1  »K )  * 3 f  KF •  9 1 
C 

*F(1TL  lO.bUlU )  MALKMb 
Vilt  1 1  l  1 6 '  bliU2  )  K » 1 L.KM5 

205  uH  1  Tt  tt> '  buUo  )  hn.Ll<Mb 
L 

mu  ib  V V  b ') 

Lhli 

K 

1>T  AtlH 

INI ARl 

111  VI 

inVuJ 

OACOUl 

LTM-E 

fcOuti 

MULT  A 

MUL10 

I'AOLHU 
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-•■or-  *nw«?.vs».*n«^- 


Ptota 

PLOTS 

READ 

fit  APE 

START 

WRITE 

WTAPE 

R 

CHECK 

CHECK  CASE 

REP  >  SHOCK  ANO  ViBR.  HANDBOOK  (PC  3-31 » 


ERASE 

6 

6 

1 

1 

.116  6 

a 

a 

.1166 

3 

3 

.1166 

4 

4 

2.2070 

5 

5 

3.0322 

6 

6 

2.4666 

oooooooooo 

5.25 

3.5 

6.5 

7 

0. 

0. 

0. 

S25. 

525. 

1050. 

0.3905 

0.3905 

0.5522 

1 

0 

0 

0. 

7. 

0. 

525. 

525. 

1050. 

0.3905 

0.3905 

0.5522 

1 

0 

0 

10.5 

7. 

0. 

525. 

625. 

1050, 

0.3905 

0.3905 

0.5522 

1 

0 

0 

10.5 

0. 

0. 

525. 

525. 

1050. 

0.3905 

0.3905 

0.5522 

1 

0 

0 

10.25 

-0.90 

12.00 

0. 

0, 

0. 

0, 

0. 

0. 

0 

0 

0 

2.25 

5.00 

10.50 

0. 

0. 

0. 

0. 

0. 

0. 

0 

0 

0 

C.7S 

c  n  ft 

«/  ♦  V  V 

4.00 

0. 

0. 

Oo 

0. 

0. 

0. 

0 

0 

0 

PSO 

6 

2 

1 

i 

1. 

.016 

2 

i 

50. 

.09 

3 

i 

140. 

.09 

4 

i 

200. 

.32 

5 

i 

700. 

.32 

6 

i 

2000. 

.015 

oooooooooo 

0 

0 

0  0 

0  0 

1. 

0.5 

500. 

1 

i 

1 

303 

CASE01 

RATE  GYRO 

RESPONSE 

TO 

RANDOM  EXCITATION 

EMASS 

fa 

fa 

1 

1 

.0275 

2 

2 

.0275 

3 

3 

.0275 

4 

4 

.05000 

K 

5 

.1060 

6 

6 

.0661 

oooooooooo 

0.0 

3.225 

-3.475 

4 

0.0 

0.0 

0.0 

1905. 

0.0 

0.0 

1.05 

0.0 

0.0 

1 

0 

0 

0.0 

0.0 

-6.7 

1620. 

0.0 

1620. 

.64 

0.0 

.64 

1 

0 

0 

0.0 

6,7 

-6.7 

19ub. 

1905, 

1905. 

1.05 

1.05 

1.05 

1 

0 

U 

0.0 

6.7 

o 

o 

1620. 

1620. 

0.0 

.84 

.64 

0.0 

1 

0 

0 

PSD 

b 

2 

1 

1 

10. 

.016 

2 

1 

50. 

.09 

3 

1 

140. 

.09 

4 

1 

200. 

.32 

5 

1 

700. 

.32 

6 

1 

2000. 

.015 

uouoouoooo 

0 

0 

0  0 

1  1 

VTSEC2 

32 

2 

1 

1 

11. 

.197 

2 

1 

13. 

.151 

3 

1 

15. 

.122 

4 

1 

17. 

.102 

5 

l 

19. 

.0870 

fa 

1 

21. 

.0760 

7 

l 

23. 

.0650 

0 

1 

25. 

-0571 

9 

1 

27. 

.0475 

10 

1 

29. 

.0364 

11 

1 

Jl. 

.0313 

12 

1 

33. 

.0253 

13 

1 

35. 

.0196 

14 

1 

3/. 

.0151 

15 

1 

39. 

.0119 

16 

1 

41. 

.0090 

17 

1 

43. 

.0071 

16 

1 

45. 

.0056 

19 

1 

47. 

.0045 

20 

1 

49. 

.0036 

21 

1 

51. 

.0029 
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22 

1 

54. 

•  0463 

29 

1 

60  c 

.0330 

24 

1 

65. 

.0264 

29 

1 

70. 

.0227 

26 

1 

76. 

.0189 

27 

1 

60. 

.0161 

26 

1 

66  , 

,0138 

29 

1 

99. 

•  one 

30 

1 

99. 

.0093 

31 

1 

180. 

.0033 

32 

1 

200. 

.0020 

33 

1 

2S0. 

.0013 

34 

1 

300. 

.00093 

35 

1 

3S9. 

.00074 

ttit 

WW 

1 

400. 

<00057 

37 

1 

450. 

.00046 

39  1 

oooooooooo 

300. 

.00038 

V0LtS**2 

VTSEC2 

PER 

HZ  VS  FREQ 

thetay 

VTSEC2 

36 

2 

1 

1 

11. 

.444 

2 

1 

13. 

.369 

3 

1 

15. 

.349 

4 

1 

17. 

.319 

5 

1 

19. 

.29$ 

6 

1 

21. 

.275 

7 

1 

29. 

.253 

8 

« 

25. 

.239 

9 

I 

27. 

.218 

10 

1 

29. 

.196 

a 

1 

31. 

.177 

12 

1 

33. 

.139 

13 

1 

33. 

.140 

14 

1 

37. 

.123 

13 

1 

39. 

.109 

16 

1 

41. 

.0951 

17 

1 

43. 

.0644 

16 

1 

45. 

.0750 

19 

1 

47. 

.0670 

20 

1 

49. 

.0396 

21 

1 

51. 

.0540 

22 

1 

54. 

.0463 

23 

1 

60. 

.0350 

24 

1 

65. 

,0264 

23 

1 

70. 

.0227 

26 

1 

75. 

.0169 

4 

Aft. 

•  f 

* 

9>V* 

»V*lf4 

26 

1 

•5. 

.0136 

29 

1 

90, 

.0116 

90 

1 

99, 

.0095 

31 

1 

139. 

.0033 

32 

1 

200. 

.0020 

63 

1 

260. 

.0913 

34 

1 

300. 

.00093 

33 

1 

360. 

•S0C74 

30 

1 

400. 

.00057 

37 

1 

450. 

.00046 

38 

1 

500. 

.00036 

0000000000 

V0UTS**2  PER  H2  VS  FREQ  THETaZ 


VTSEC2 

11. 

0,5 

500. 

1 

1 

1 

STOP 

> 
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Appendix  B 

CHECK  CASE  FOR  COMPUTER  PROGRAM 


were  associated  with  coupled  X  and  tfy  motion 
(15.1  and  44.0  Hu). 


To  verify  the  methodology  and  associated 
computer  program,  an  isolation  system  check 
case  was  taken  from  Ref.  [1].  This  isolation 
system,  shown  in  Fig.  B-l,  has  a  rigid  body 
weight  of  45  lb  and  is  supported  by  four  resil¬ 
ient  supports  with  a  stiffness  k?  of  1050  lb/in. 
for  each  isolator.  The  stiffness  ratios  for  the 
other  directions  are  kxkz  -  ky'kz  -  1/2.  The 
critical  damping  ratio  tC  Cc)  used  in  the  check 
case  was  0.05.  The  corresponding  damping 
coefficients  were  calculated  using  critical 
damping  coefficients  of 

Cc x  =  2  v'ToT’MTT  ,  Coy  -  2  s  ky  M74"  , 

Cc2  =  2  i/kz  M74"  . 

witli  the  expressions  for  the  critical  damping 
coefficients  being  developed  * rom  single- 
degree-of -freedom  considerations  witli  M  4 
representing  one-fourth  of  the  rigid  mass.  The 
base  motion  was  sinusoidal  m  the  X  direction 
so  that  the  modal  frequencies  of  importance 


For  the  above  parameters  the  translational 
transfer  function  for  die  center  of  gravity  is 
shown  in  Fig.  B-2  and  the  rotational  transfer 
function  is  shown  in  Fig.  B-3.  The  transfer 
functions  for  points  1,  2,  and  3  of  Fig.  B-l  are 
shown  in  Figs.  B-4,  B-5,  and  B-8,  respectively. 
Figure  B-7  shows  the  transfer  function  for  one 
of  the  isolators.  The  modal  frequencies  and 
transfer  functions  for  points  1,2,  and  3  are  in 
agreement  with  Ref.  [1].  It  should  be  noted  that 
all  transfer  functions  shown  are  for  absolute 
motion  except  the  X  transfer  function  for  the 
isolator,  which  is  for  relative  motion  between 
isolator  attach  point  and  the  forced  base.  To 
check  the  random  excitation  portion  of  the  com¬ 
puter  program,  an  input  power  spectral  density 
was  assumed  as  shown  in  Fig.  B-8.  The  corre¬ 
sponding  response  spectral  densities  for  the 
center  of  gravity  are  shown  in  Figs.  B-9  and 
B-10.  The  root-mean-square  response  dis¬ 
placement  values  for  the  four  isolators  and  for 
points  1,2,  and  3  are  presented  in  Table  B-l. 


Fig.  B-l.  Four  isolator  check  case  (see  Ref.  [1)1 
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fer  functfon  (la. /In 


Trniftr  Function  (In*/Io») 


Fig.  B-6.  Transfer  function 
for  point  3  (check  case)  ab¬ 
solute  motion 


(Hi) 


Fig.  B-7.  Transfer  function 
for  isolator  (check  case); 
X-axis,  relative  transfer 
function;  Z-axis,  absolute 
transfer  function 


1  10  ICO  *000 


rr«qu<incy  (Hi) 


3 


1 


10 


loot 
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Fig.  B-10.  Rotational  acceleration  spectral  density  (check  case) 


TABLE  D-l 

Root-Mean-Squared  Displacement  (Check  Case) 


Isolator  or  Point 

DRMS  (inches) 

X 

n 

z 

1  e/tl  o  ♦  nv  1 
swvttews  * 

0.1220® 

r\ 

n  noo'i 

</  »  VtfV  1 

Isolator  2 

0.1220® 

0 

0.0987 

Isolator  3 

0.1220® 

0 

0.0987 

Isolator  4 

0.1220 

0 

0.0987 

Point  1 

1.1242 

0 

0.0940 

Point  2 

1.1145 

0 

0.05C4 

Point  3 

1.079C 

0 

0.0846 

Center  of  gravity 

0.7718 

0 

0 

^Relative  displacement  because  X  is  the  forced  direction; 
all  other  displacements  are  absolute. 
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AN  ACTIVE  STABLIZATION  SYSTEM  FOR  VEHICLES  AND 


OTHER  MASSIVE  BODIES 


T.  H,  Putman 

Wcatjnghouso  Research  Laboratories 
Pittsburgh,  Pennsylvania 


The  following  paper  describes  an  active  inertia -controlled  stabilisation 
system  dovelopod  for  vohicles.  Through  active  control  the  body  mass 
is  in  de  to  behave  as  if  it  were  many  times  that  of  the  actual  mass. 

This  results  in  reduction  of  the  body  resonant  frequency  and  permits 
much  greater  damping  of  the  body  resonant  mode  than  is  possible  for 
conventional  suspensions.  Because  of  the  artificial  character  of  the 
body-mass  increase,  the  roll  characteristics  of  the  vehicle  are  not  im¬ 
paired.  In  fact,  in  the  automotive  installations  the  system  was  made 
responsive  to  lateral  accelerations  to  provide  banking  while  rounding 
curves.  The  paper  gives  a  simple  analytic  treatment  of  the  system  to 
provide  a  basic  understanding  of  its  operation  and  discusses  the  actual 
hardware  and  system  performance, 


INTRODUCTION 

The  Idea  of  using  controlled  force  hud  ve¬ 
locity  sources  to  modify  the  dynamic  charac¬ 
teristics  of  a  system  Is  not  new.  Indeed,  West- 
Inghouse  has  maintained  an  Interest  In  and 
actively  worked  from  time  to  time  on  such  sys-  . 
terns  for  nearly  40  years.  Within  the  past  few 
years,  a  number  of  papers  have  been  published 
in  the  area;  many,  of  a  theoretical  nature,  have 
explored  the  potential  benefits  obtainable  from 
such  systems. 

There  is  a  considerable  gulf  between  theory 
and  practice  that  must  be  bridged  to  make  ac¬ 
tive  systems  a  practical  reality.  The  following 
paper  describes  an  active  inertia-controlled 
stabilization  system  that  has  been  developed  by 
Westinghouse  and  applied  to  automotive  vohicles 
as  well  as  a  military  gun  carrier. 

Isolation  of  an  automobile  or  other  vehicle 
body  from  the  disturbances  resulting  from  road 
undulations  13  conventionally  achieved  by  a 
spring  clamper  suspension.  Two  Indices  of  per¬ 
formance  of  such  a  suspension  system  are  the 
body  resonant  frequency  on  its  springs  and  (he 
body  damping.  It  Is  usually  desirable  to  reduce 
the  body  resonant  frequency  as  much  as  possi¬ 
ble,  and  this  is  conventionally  done  by  using 
soft  springs.  However,  there  is  a  limit  to  how 


soft  springs  can  be  made  because  springs  that 
are  too  soft  result  in  poor  roll  characteristics 
when  rounding  curves  and  excessive  changes  in 
body  level  and  attitude  with  load  variations.  A 
larger  body  mass  also  reduces  the  body  resonant 
frequency,  this  accounts  for  the  improved  ride 
characteristics  of  some  of  the  heavier  automo¬ 
biles. 

Body  damping  is  provided  by  shock  ab¬ 
sorbers  which  also  provide  damping  of  the 
wheel  mass  (Ihe  unsprung  mass)  on  the  tire 
stiffness.  At  the  b  dy  resonant  frequency  body 
amplitude  is  limited  only  by  Ihe  shock  absorbers, 
and  for  this  reasor  heavy  damping  is  desirable. 
On  the  other  hand,  if  the  body  Is  too  heavily 
damped,  excessive  high  frequency  disturbances 
are  transmuted  to  (lie  body,  causing  a  harsh 
ride.  For  conventional  automobile  suspensions, 
15  to  20  percent  critical  damping  is  considered 
a  reasonable  compromise,  and  a  resonant  fre¬ 
quency  of  about  1  Hz  is  not  unusual. 

Increasing  the  mass  of  a  vehicle  body  has 
the  advantage  not  only  of  reducing  the  body  res¬ 
onance  frequency  but  also  of  permitting  higher 
body  damping  without  any  deterioration  of  the 
high  frequency  performance.  Thus  it  appears 
that  any  means  to  increase  the  body  mass  is  in 
the  best  interest  of  improving  the  ride.  On  the 
other  hand,  an  actual  increase  in  body  mass  has 
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the  disadvantage  o(  causing  oxoosslvo  roil  and 
is  Impractical. 

This  paper  describes  a  vehicle  stabilization 
system  that  produces  an  arUilcial  body  mass 
Increase  and  all  the  advantages  attendant  to  In¬ 
creased  mass  without  having  an  adverse  effect 
on  the  roll  characteristics.  The  system  can  in 
fact,  cause  the  vehicle  to  stay  level  or  even  to 
roll  in  when  rounding  a  curve. 

The  system  has  been  applied  to  two  auto¬ 
mobiles  and  a  military  gun  carrier  (M-GG)  and 
has  beon  Shown  to  ho  have  according  to  theor,y. 
Building  reliable  hardware  with  the  required 
dynamic  performance  Is,  of  course,  «  major 
undertaking  and  liaB  been  successfully  completed. 

Stabilization  of  massive  bodies  other  than 
automobllos  ts  simply  an  application  of  the  con¬ 
cepts  described  heroin. 


DESIGN  CONSIDERATIONS 

The  following  points  were  taken  Into  account 
in  developing  the  system: 

! .  Failure  of  the  system  must  not  disable 
tlw  '■•wh'.cle. 

2.  The  v%'  "le  sensitivity  to  static  loading 
changes  must  uaj:  be  altered  (no  softening  of 
springs). 

3.  Vehicle  wheels  must  be  adequately 
damped. 

4.  A  last  roll  response  Is  required. 

B.  The  body  resonant  frequency  is  to  be  re¬ 
duced  by  a  factor  of  2  or  more. 

6.  The  system  should  Involve  only  minor 
modifications  of  a  conventional  passive  system. 


OVERALL  CHARACTERISTICS 
OF  THE  SYSTEM 

!n  the  automotive  applications,  the  system 
takes  the  form  of  an  inertial  sensing  element 
located  at  each  corner  of  the  vehicle;  this  con¬ 
trols  the  force  of  a  hydraulic  actuator  which 
directly  replaces  the  shock  absorber  located  at 
the  same  corner.  No  change  in  the  springs  Is 
necessary  lor  this  application.  Figure  1  shows 
the  genera!  layout  of  sensing  elements  and 
actuators. 


Fig.  1,  Location  of  aanalng 
elements  and  actuators  for 
automobile  stabiliser 


The  sensing  elements  arc  integral  units 
that  do  all  the  required  information  processing 
hydraulically  and  supply  the  neeesaary  hydraulic 
pressures  to  the  actuators.  The  sensing  ele¬ 
ments  basically  respond  to  body  accelerations 
although  in  tiro  design  of  the  damping  require¬ 
ments,  one  must  take  account  of  the  body  and 
the  wheels.  By  appropriate  design  of  the  iner¬ 
tial  weight  and  physical  orientation  of  the  sens¬ 
ing  element  itself,  the  elomont  is  made  to  re¬ 
spond  to  vertical  and  lateral  accelerations  of  the 
body.  The  lateral  acceleration  response  permits 
bank  control  so  that  the  vehicle  rolls  In,  rather 
than  out,  when  rounding  a  curb 

A  complete  analysis  of  the  system  for  the 
vertical,  pitch,  and  roll  modes  requires  an 
elaborate  analog  computer  simulation.  In  the 
theoretical  dlscuBBion  which  follows  we  shall 
concern  ourselves  with  a  simplified  mechanical 
system  that  represents  one  corner  of  the  vehicle 
for  vertical  motion  only.  Figure  2  shows  such 
a  system . 


1ypic«l  Vllun 
I  v  1 1  tb  uiVin 

^  «  4  ft  mAh 

I  -100  ftfm. 

*  IC|  *»C00lt/ir. 


I  ( 


Fig.  2.  Mechanical 
system  for  one  cor¬ 
ner  of  vehicle,  vor¬ 
tical  motion 


Let  Mb  =  lb  x  sec  Vln.,  mass  of  body 
M„  =  lbxsec2/in.,  mass  of  wheel 
K,  =  lb/ m.,  stiffness  of  springs 
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K,  =  lb/ln.,  tiro  stiffness 

v,  =  In./sec,  velocity  of  rood  disturb¬ 
ance 

I  »  lb,  actuator  force 

s  =  sec"1,  complex  frequency. 

For  purposes  of  analysis  the  mechanical 
system  of  Fig.  2  Is  represented  by  Its  electrical 
analog  where  voltage  la  analogous  to  velocity. 
Figure  3  shows  the  analog  circuit 


Fig.  3.  Electric  analog 
circuit  of  vehicle  bus* 
ponslon 


In  the  analog  circuit  the  inductances  shown 
are  In  henries  and  have  numerical  values  equal 
to  (he  actual  mass  to  which  they  are  analogous, 
while  the  capacitors  are  measured  In  farads  and 
have  numerical  values  equal  to  the  reciprocal 
stiffness.  Of  course  currents  are  measured  In 
amperes  and  numerically  equal  the  actual  ve¬ 
locity  (ln./sec),  and  voltages  are  measured  In 
volts  and  numerically  equal  the  actual  force  (lb). 


LOW  FREQUENCY  ANALYSIS 

It  is  convenient  to  look  first  at  the  system 
behavior  at  lew  frequencies  to  doiermuto  iho 
basic  control  law  for  the  force  source  f .  For 
frequencies  well  below  the  whccl-hop  frequency 
(vK^TQ,  the  circuit  of  Fig.  3  reduces  to  that 
shown  In  Fig.  4. 


Fig.  4.  Circuit  repre¬ 
senting  low-frequency 
behavior  of  the  suspen¬ 
sion 


The  body  experiences  the  lorce  from  the 
springs  (K,)  and  that  caused  by  the  actuator  f. 


Now  wc  must  control  the  actuator  force  f  so 
that  two  objectives  are  satisfied.  First  a  force 
must  be  applied  to  the  body  to  oppose  Its  ac¬ 
celeration,  and  second,  a  damping  force  must  be 
developed.  If  f  is  related  to  the  body  and  wheel 
velocity,  according  to  the  relationship 

1  :  '  (ffcj)  «(V  Vb)  ,  (I) 

these  objectives  are  satisfied. 

A  circuit  that  represents  the  suspension 
with  the  stabilizer  Is  shown  in  Fig.  6.  One  can 
easily  verify  this  by  showing  that  like  equilibrium 
equations  for  Fig.  4  reduce  to  those  of  Fig.  5 
when  the  force  source  is  i elated  to  the  veloci¬ 
ties  as  given  by  Eq.  (1). 


\A 


Fig.  5-  Low-frequency 
representation  of  sta¬ 
bilized  suspension 


From  Fig.  5  It  is  evident  that  the  body 
mass  Mb  Is  augmented  by  the  synthetic  mass 
ic  Mb,  and  that  the  passive  damping  is  R(i  ♦  kd). 
The  factor  km  is  known  as  the  mass  multiplica¬ 
tion  factor.  The  hardware  is  built  so  that  if  the 
inertial  weight  is  blocked  (ho  system  will  have 
a  passive  damping  R.  This  damping  Is  aug¬ 
mented  by  an  amount  kdR  by  means  of  a  feed¬ 
back  force  acting  on  the  weight.  Hence  Uu  Is 
the  passive  damping  multiplier.  This  particular 
aspect  of  the  system  will  be  discussed  in  rela¬ 
tion  to  the  actual  hardware. 


IMPEDANCE  SEEN  AT  THE  BODY 

Let  us  now  inquire  as  to  the  impedance  one 
would  observe  by  pushing  on  the  body.  An  ap¬ 
plied  force  would  be  resisted  by  the  Inertia  re¬ 
action  of  the  body  plus  tike  spring  force  plus  the 
actuator  force.  Referring  to  Fig.  5  this  would 
be  the  impedance  seen  at  a  pliers  entry*  into 
the  network  at  point  n  or 


4  The  descriptive  term  "pliere  entry"  is  some¬ 
times  used  because  one  would  cut  the  wire  at 
n.  creating  a  pair  of  terminals  between  which 
we  determine  the  impedance. 
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Z.  «bs  1  k«Mbs  *  <kd’  »" 


(2) 

From  Eq.  (2)  we  see  (hat  by  pushing  on  the  body 
mass,  ui  observer  would  not  be  able  to  discover 
that  the  body  mass  had  not  actually  been  In¬ 
creased. 


IMPEDANCE  SEEN  BY  THE  HOAD 

The  road  impedance  is  the  impedance  that 
we  would  see  if  we  pushed  on  the  wheel.  The 
force  would  be  the  force  on  the  body  mast*  or 
rb  In  Fig.  5,  while  the  velocity  would  be  Vr. 
Therefore  one  would  observe  the  impedance 
f  b-vr  which,  using  the  circuit  diagram,  is  easily 
shown  to  be 


<  1  ‘  O 


R(1  ♦  kd)  t 


(3) 


This  expression  is  recognized  as  the  impedance 
of  two  para’  >1  elements :  the  body  mass  Mbs 
and  the  set  element  composed  of  the  springs 
and  the  damper  whose  impedance  is  reduced  by 
the  factor  1  plus  the  mass  multiplier.  Thus 
from  the  road  one  sees  an  impedance  repre¬ 
sented  by  the  circuit  of  Fig.  6. 


Fip.  6.  Circuit  repre¬ 
senting  impedance  seen 
by  the  read 


From  this  figure  we  discover  that  an  ob¬ 
server  pushing  on  the  wheel  would  think  me 
vehicle  had  the  spring  stiffness  reduced  by 
( l  •  <„>.  Also  he  would  set  a  similarly  reduced 
damper 

A  physical  explanation  f  th--  -•  =it ‘  - 

matiral  result  is  as  follows  Firs  'i  t  - 
talking  about  low  frequencies  !-;  whe_<  one  ar 
neglect  the  uns  rung  r  as»*  ce  t;:  _■  ffness. 

If  a  for ci  is  applied  ti  th*  f*  ut  say  i  ib 

in  the  ward  tiii  crlioi  ,i£  i  r  S  *  iii  *..*?  traits 
nutted  to  tin-  t  =  mr*  he  spring  ana  a<  iua- 

lor.  The  ret  ft  on  ;  lb  lore®  w.ll  be  applied 
the  born  ma  ts  causing  u  - -eady- stale  upward 
ii<  o 1 1' r j:  1 1 1 -  g .  it,  >  v.  Toe  acct  iei  at;u!‘i  of 


the  body  will  cause  the  actuator  to  apply  a  force 
In  a  direction  to  contract  the  spring  equal  to 
kmMb  for  a  1-lb  applied  force.  In  the  steady  stale 
the  force  applied  to  the  spring  Is  t  ♦  ka,  and  so 
the  spring  will  contract  an  amount  (  1  *  km)'K, 
under  the  action  of  a  1-lb  force.  Therefore  the 
apparent  spring  stiffness  is 

force  displacement  -  — - —  =  I- — 

/ilM  1  *  k* 

V  K.  I 

To  see  how  the  damping  is  reduced  we  con¬ 
sider  the  situation  that  obtains  at  the  first  in¬ 
stant  after  the  1-  lb  force  is  applied;  at  this  time 
the  body  velocity  is  zero  and  the  displacement 
of  the  spring  is  zero.  Because  the  spring  dis¬ 
placement  is  zero,  it  has  no  force.  Conse¬ 
quently,  the  1-lb  force  is  applied  directly  to  the 
actuator.  By  Eq.  (1),  the  actuator  force  is 
1  -kmMb^vb  *  <i*kd>  R(vw-vb>-  We  have 
MbsVb  -  l ,  Vb-  0,  and  f  -  l .  Therefore 

1  -■!>.*  “V,. 


or 


V"  ( 1  *  kd)R  ' 

Because  this  is  the  velocity  resulting  from  a 
1- lb  force,  the  effective  damping  must  be  I  v„, 
or 


(  1  *  kd  )R 
(  1  *  km> 

which  confirms  our  previous  result 


HIGH  FREQUENCY  ANALYSIS 

At  high  frequencies  that  is,  frequencies 
equal  to  or  greater  than  the  wheel- hop  fre¬ 
quency  ,  K,  Mw>  the  suspension  springs  have 
li'Ue  influence  on  the  m  *u-  >  Therefore  the 
tirci.ii  ot  f'lg.  3  mav  be  siut;.l  led  as  shown  in 
Fig  7 


t 


Fig.  "  Hign-  requcncy 

■■  i.  -I  -  •:  i  r  f-  wit 


The  actuator  force  is  now  applied  essentially 
to  the  body  mass  Mb  so  that  its  velocity  is 

vb  =  f  <  Mbs  ) 


and  the  Impedance  is 


Elimination  of  vb  from  the  control  law  given  by 
Eq.  (1)  yields  *ho  result 


For  the  wheel-nop  frequency 


f 


v 


w 


1 

»  *  K  "  _J_ 
( i  •  k(,)R  Mbs 


(4) 


5  =  1  '  Mw  ;  i-*  • 

we  have  z,  equal  to  zero  and  E  t  equal  to 


which  we  immediately  recognize  as  the  parallel 
combination  of  the  body  mass  and  the  damping 
resistance  one  observes  at  the  wheels,  and  so 
Fig.  7  can  be  replaced  by  the  circuit  of  Fig.  8 
at  high  frequencies. 


\  I'." 


Because  the  impedance  Zt  is  zero,  the 
voltage  E,  appears  at  the  terminals  a- a'  which 
is  the  voltage  across  Mb.  Stated  in  mechanical 
terms,  at  the  wheel-hop  frequency  the  force  on 
the  body  is  V.r-ju.M.1  regardless  of  what  me¬ 
chanical  coupiing  exists  between  the  body  and 
wheels.  The  body  velocity  will  be 


Vr( -  Mw|  j<aMbl 


Fig.  8.  Simplified  high- 
frequency  equivalent 
circuit 


For  an  unstabilized  vehicle,  if  R  is  the 
compromise  damping  that  gives  adequate  body 
damping  and  acceptable  high  frequency  trans¬ 
mission,  then  we  will  have  the  same  high  fre¬ 
quency  transmission  if  we  make  k,,  eq'ia.'  to 
km.  The  damping  of  the  body  mode  is  app: 
mately 

/  %  *  L  \P 

'  "it  ' 

b  7  i1f(TT|<“>8 


Thus  the  road  velocity  Vr  is  attenuated  by  the 
ratio  of  the  unsprung  to  the  sprung  mass.  This 
points  up  the  desirability  of  having  the  unsprung 
mass  as  low  as  possible  because  there  is  ab¬ 
solutely  no  possibility  of  improving  the  isolation 
at  the  wheel  hop  frequency  by  active  or  passiv 
means. 


HARDWARE 

Figure  9  shows  a  schematic  diagram  of  the 
complete  stabilization  system.  The  heart  of  the 
system  is  the  sensing  element,  which  is  a  single 
unit  containing  the  inertia  weight,  the  pilot  cir¬ 
cuit,  d  the  power  valves. 


which  becomes 


•  ~‘K  R 

b  2  v  KM 

Consequently,  not  only  can  we  reduce  the  body 
resonance  frequency,  we  can  also  increase  the 
damping  wr.iuut  eausm,  harshness  in  the  ride. 

One  can  use  the  circuit  of  Fig  8  to  dis¬ 
cover  a  very  intereo  ing  property  of  vehicle 
■  ii>  s!  soil  iters.  By  the  use  of  Thermin’s 
the  ire n-  one  nay  replace  everything  to  the  left 
of  pir.rifj  »•  t-y  an  equivalent  voltage  source 
and  a  so.:  .rupee iiici.  The  voltage  source  is 
simply  the  open-c  .r;ii  .-vl'iqy  «>,-  F,  V,(K,  si. 


The  moment  acting  on  the  inertia  weight 
resulting  from  vertical  and  lateral  acceleration 
of  the  body,  as  well  as  the  force  from  the  feed¬ 
back  piston,  is  balanced  by  the  pilot  pressure. 
The  pilot  pressure  acts  on  the  power  valves 
which  regulate  the  actuator  upper  cylinder 
pressure  essentially  independently  of  actuator 
velocity. 

The  lower  cylinder  of  the  actuator  is  con¬ 
nected  to  the  supply  accumulator  through  the 
damper  valves.  The  pressure  drop  across 
these  valves  is  proportional  to  the  actuator  ve¬ 
locity  and  acts  on  the  inertia  member  via  the 
feedback  piston.  This  is  the  means  by  which 
the-  body  damping  is  increased. 


321 


Fig.  9.  Vehicle  -  stabilize  r  hydraulic 
circuit,  nonleveling,  Mod.  Z 


The  inertia  member  is  restrained  by  the 
pilot  valve  which  mechanically  is  characterized 
as  a  stiffness,  and  the  combination  (inertia  mass 
plus  pilot- valve  stiffness)  forms  a  resonant  sys¬ 
tem  which  must  be  damped.  This  is  accom¬ 
plished  by  the  temperature-compensated  damper 
valve  which  acts  on  the  inertia  member. 

Figures  10  (a)  and  10  (b)  show  the  sensing 
element  as  it  18  physically  realized. 


PERFORMANCE  OF  COMPLETE 
SYSTEM 

Figure  11  shows  computer  results  of  pitch 
characteristics  for  the  M-56  military  gun  car¬ 
rier;  we  see  that  the  pitch  resonant  frequency 
for  ihe  unstabilized  vehicle  is  about  1  Hz 
whereas  with  stabilization  it  is  reduced  to 
about  0.4  Hz.  The  reduction  of  resonant  fre¬ 
quency  comes  about  from  an  artificial  increase 
In  the  pitch  moment  of  inertia  equal  to  (i/0.4)2  = 
8.3  times  the  normal  moment  of  inertia.  An 


even  greater  increase  for  tire  vertical  mode 
was  obtained,  Also  evident  is  the  vast  improve¬ 
ment  in  body  damping  that  was  obtained.  Fig¬ 
ure  12  shows  the  response  of  the  actual  vehicle 
when  die  pitch  mode  was  excited  by  driving  it 
across  a  ramp  about  6  in.  high  and  20  feet  long. 
The  top  trace  in  each  view  was  made  by  n  lamp 
attached  to  the  muzzle  of  the  gun;  the  middle 
trace  by  a  lamp  located  near  the  center  of  grav¬ 
ity;  and  the  bottom  trace  by  a  lamp  on  the  front 
wheel  hub. 


HARDWARE  LIMITATION 

The  question  arises,  is  there  any  limit  to 
the  number  of  times  by  which  the  body  mass  can 
be  multiplied  up  ?  Looking  at  our  simplified 
analysis,  one  would  be  inclined  to  think  not. 
However,  when  all  factors  are  taken  into  ac¬ 
count,  as  in  actual  hardware  or  on  a  computer 
simulation,  there  definitely  is  a  point  beyond 
which  cue  can  not  go  because  of  parasitic  os¬ 
cillations  and  pystem  instabilities.  Complete 
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(b) 


Fig.  10(a),  Complete  sensing  element;  (b) 
parts  o£  sensing  element:  lelt -damper 

valve;  feedback,  pilot,  and  compensating 
piston;  inortia  weight;  power  valves 
(lower  center),  damper  valves,  pilot 
capacitor  (right) 


analog  computer  simulations  are  a  great  help 
in  studying  instabilities  and  devising  appropriate 


Fig,  11.  Computer  results,  body  motions 
for  pitching  mode 


compensation.  Unfortunately,  simulations  art 
no  better  than  the  equations  that  it  solves.  As 
a  result,  when  one  gets  down  to  the  point  of  ac¬ 
tual  hardware  on  a  vehicle,  unsuspected  hydro¬ 
dynamic  effects  and  local  structural  resonances 
can  cause  the  most  carefully  designed  system 
to  buzz,  This  problem  is  handled  most  effec¬ 
tively  by  empirical  means. 


CONCLUSIONS 

Practical  active  ride  stabilizers  have  been 
built  and  demonstrated  for  automotive  vehicles. 
Such  stabilizers  can  augment  the  body  mass  by 
from  four  to  six  times  and  provide  40  to  60  per¬ 
cent  critical  damping  at  the  body  resonance 
without  causing  harshness.  Active  systems 
need  not  be  limited  to  ride  stabilizers.  They 
may  be  used  to  chock  isolate  any  massive  body 
such  as  a  missile.  Similar  concepts  can  be  ap¬ 
plied  to  ships  and  submarines  to  reduce  hull 
vibrations  caused  by  propeller  thrust  pulsations. 
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Fig.  5 Z.  Comparison  of  pitch  performance  of  un- 
stahtliaad  (upper)  and  stabilized  M-56  vehicles; 
top  trace  in  each  view  is  made  by  a  light  on  the 
gun  muzzle 


DISCUSSION 


Mr.  Baruch  (Kolisman  Instrument  Corp.) ; 

You  used  the  active  system  in  the  automobile 
which  you  showed  ? 

Mr.  Putman:  Yes,  that  is  an  active  sta¬ 
bilizer. 

Mr .  Bsrucjj !  VVhst  kind  of  Increase  in  per¬ 
formance  did  yovt  notice  ?  Was  it  substantial 
or  did  it  become  like  a  floating  ride  ?  I  noticed 
that  the  ear  you  put  it  in  was  not  very  heavy, 
and  you  were  trying  to  get  the  added  mass  ef  ¬ 
fect  of  a  heavier  car,  such  as  a  Cadillac.  Was 
there  a  substantial  difference? 

Mr.  Putman.  There  certainly  was  a  great 
improvement  in  the  ride  characteristics.  This 
actual  job  was  completed  lor  the  Ford  Motor  Co. 
about  10  years  ago.  At  that  time  they  said  it 
was  a  great  improvement,  but  that  we  were  20 
to  30  years  ahead  of  our  time.  It  has  been  a 

▼  £ 


little  discouraging,  as  far  as  acceptance  of  this 
sort  of  equipment  is  concerned.  There  i3  defi¬ 
nitely  a  great  improvement  in  performance  of 
these  vehicles. 

Mr.  Sevin  (ITT  Research  Inst.) :  To  what 
extent  do  the  design  details  of  your  active  sys¬ 
tem  depend  upon  preknow  ledge  or  description 
of  the  environment  of  the  roadways  or  the  ground 
profile?  Is  that  actually  utilized  in  the  design? 

Mr.  Putman:  The  technique  which  we  used 
in  design  is  basically  a  frequency  response.  Our 
guide  rules  were  basically  to  reduce  the  resonant 
frequency  and  increase  the  damping  without  sig¬ 
nificantly  hindering  the  high  frequency  ride.  We 
did  not  use  any  spectrum  of  the  road  or  anything 
like  that.  I  noticed  in  Dr.  Paul’s  paper,  that  he 
worries  about  the  clearance  that  is  available. 

We  have  not  found  this  to  be  a  particular  problem 
in  our  case. 

* 
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CRASH  CONSIDERATIONS  IN  *  ”5  DESIGN  OF  THE 


NEW  YORK  STATE  SAFETY  SEDAN* 


Sol  Davis  and  Neil  B.  Nias  el 
Fairchild  Hiller 
Republic  Aviation  Division 
Farmingdale,  Long  Island.  N.  Y. 


This  paper  presents  those  aspects  of  vehicle  design  that  are  pertinent  to  the  reduc- 
of  crash  injury  to  vehicle  occupants  when  an  accident  occurs.  Specifically,  the 
considerations  that  defined  the  design  configuration  of  the  New  York  State  Safety 
Sedan  are  reported. 

System  factors  have  been  studied  in  an  attempt  to  clearly  define  the  critical  crite¬ 
ria  and  design  requirements,  and  to  determine  the  subsystems  that  best  satisfy  the 
criteria  and  fulfill  all  the  requirements.  Thus,  the  roles  of  the  driver,  the  envi¬ 
ronment,  and  the  vehicle  have  been  examined,  and  the  relationship  that  each  has  to 
the  overall  problem  of  occupant  crash  safety  has  been  established. 

Three  interrelated  areas  of  engineering  interest  contribute  significantly  to  the  pro¬ 
tection  of  occupants  of  a  crashing  car.  First,  the  passenger  compartment  must 
retain  a  sufficient  degree  of  structural  integrity  so  that  it  will  not  deform  to  such 
an  extent  that  the  occupant  is  crushed,  impaled,  or  otherwise  injured  by  the  de¬ 
forming  structure.  Second,  a  passenger  restraint  system  must  be  coupled  to  the 
seat  and  structural  systems  of  the  car  in  such  manner  that  the  accelerations  of, 
and  restraint  forces  on,  the  occupant  remain  within  acceptable  biological  limits. 
Furthermore,  maximum  use  must  be  made  of  the  clearance  distance  between  the 
occupant  and  the  interior  of  the  vehicle.  Third,  the  vehicle  interior  must  be  de¬ 
signed  to  reduce  the  potential  injury  when  the  restrained  or  unrestrained  occupant 
impacts  the  compartment  interior,  that  is,  to  minimize  the  effect  of  the  "second 
collision."  All  this  has  been  accomplished  without  serious  compromise  on  the  ease 
and  safety  of  vehicle  operation  under  normal  conditions. 


INTRODUCTION 

The  New  York  State  Safety  Car  Program 
grew  out  of  problems  encountered  by  the  New 
York  State  Legislature  in  attempting  to  formu¬ 
late  laws  that  would  bring  about  rapid  improve¬ 
ment  in  automotive  safety.  The  program  was 
initiated  in  1965  with  the  Phase  I  Feasibility 
Study  i  1 1  which  provided  the  details  of  a  gen¬ 
eral  plan  to  accomplish  the  program  objectives. 
These  objectives  included  the  design  develop¬ 
ment,  fabrication,  testing,  and  evaluation  of  a 
prototype  passenger  vehicle  embodying  all 


feasible  safety  devices  and  features  practical 
for  limited  mass  production.  The  program  was 
continued  with  the  Phase  II  Engineering  Design 
and  Development  |2]  which  created  the  Safety 
Sedan  (Fig.  1),  a  practical,  lifesaving  vehicle 
that  would  reduce  accidents  and  injuries  and 
could  be  mass  produced  for  public  use. 

SYSTEMS  APPROACH  TO 
AUTOMOTIVE  SAFETY 

The  critical  elements  of  automotive  safety 
were  examined  and  evaluated  as  a  total  system 


♦This  paper  reports  on  the  crash  injury  aspects  of  the  Design-Development  Phase  11  of  the  New  York 
State  Safety  Program,  Contract  No.  C-0967,  issued  by  the  State  of  New*  York,  Department  of  Motor 
Vehicles.  This  program  was  conducted  under  the  cooperative  direction  of  George  Hildebrand,  Pro¬ 
gram  Manager,  Republic  Aviation  Division,  Fairchild  Hiller,  and  John  O.  Moore,  Director  of  Re¬ 
search  Department  of  Motor  Vehicles,  State  of  New  York.  The  authors  were  responsible  for  the 
structural  mechanics  aspects  of  the  Safety  Sedan  described  in  this  paper. 
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Fig.  1.  The  Hew  York  State  Safety  Sedan 


within  the  matrix  of  the  following  five  major 
safety  categories: 

1.  Accident  Avoidance  —  those  aspects  of 
safety  associated  with  ope.  tton  of  the  vehicle 
to  prevent  collisions  with  ou.er  vehicles,  pe¬ 
destrians,  or  fixed  obstacles. 

2.  Crash  Injury  Reduction  —  those  aspects 
of  safety  that  reduce  injury  to  the  vehicle  occu¬ 
pants  when  a  crash  occurs,  including  the  effects 
of  Impact  with  the  vehicle  Interior  during  the 
"second  collision.” 

3.  Pedestrian  Injury  Reduction  —  those  as¬ 
pects  of  vehicular  design  that  tend  to  reduce 
Injury  to  a  pedestrian  struck  by  the  vehicle. 

4.  Post  Crash  Protection  —  those  aspects 
of  safety  that  apply  after  the  accident,  including 
rescue  and  the  avoidance  of  further  hazard  at 
the  accident  site. 

5.  Nonoperating  Safety  —  those  aspects  of 
safety  that  apply  v/hen  the  vehicle  is  not  In  traf¬ 
fic,  including  maintenance  and  repair,  entry  and 
egress,  and  the  other  hazards  presented  by  a 
stationary  vehicle. 

Within  these  five  safety  categories,  the 
basic  safety  criteria  for  passenger  car  per¬ 
formance,  design,  and  construction  can  he  real¬ 
istically  defined  only  as  part  of  an  overall  sys¬ 
tems  concept  for  safe  human  transportation. 
This  systems  concept  must  recognize  the  con¬ 
tributing  roles  of  the  driver,  the  environment, 
and  the  vehicle  in  any  accident  situation.  Each 
of  these  factors  can  help  prevent  accidents;  and 
when  an  accident  can  no  longer  be  avoided,  each 
of  these  factors  can  help  reduce  the  severity  of 
the  accident,  particularly  with  regard  to  fatali¬ 
ties  of  the  vehicle's  occupants. 


The  subject  of  this  paper  emphasizes  the 
second  safety  category  of  Crash  Injury  Reduc¬ 
tion,  which  assumes  that  accident  avoidance 
subsystems  can  not  completely  eliminate  all 
accidents  over  the  near  term.  It  is  noteworthy 
in  this  respect,  that  alcohol,  with  its  adverse 
effect  on  the  driver's  decision-making  process, 
has  been  established  a6  a  major  cause  of  more 
than  50  percent  of  fatality-producing  accidents 

[SI- 


SYSTEM  FACTORS  IN  CRASH 
INJURY  REDUCTION 

The  role  of  the  driver  in  reducing  the  se¬ 
verity  of  the  accident  hinges  on  his  ability  and 
willingness  to  use  the  safety  features  that  have 
been  incorporated  Into  his  vehicle  and  his  en¬ 
vironment.  The  incorporation  of  an  integrated 
seat  and  occupant  restraint  system  that  re¬ 
quires  ine  occupant  to  fasten  a  seatbelt  and 
harness  is  of  little  use  unless  the  occupant  con¬ 
sciously  closes  the  loop  in  the  safety  design 
chain.  Statistics  collected  in  Wisconsin,  the 
first  state  to  make  seatbelt  installation  manda¬ 
tory,  indicated  that  only  52  percent  of  all  front 
occupants  used  seatbelts  that  were  available 
(4j.  The  maximum  protection  of  such  safety 
devices  as  seatbelts  depends  not  only  on  the 
occupant's  cooperation  but  also  on  his  under¬ 
standing  of  the  proper  use  of  the  devices.  The 
occupant  who  tightens  his  seatbelt  to  a  snug  fit 
will  start  decelerating  sooner  and  is  likeiy  to 
be  less  severely  injured  than  the  occupant  who 
carelessly  leaves  2  in.  of  space  between  him¬ 
self  and  the  belt. 

The  role  of  the  environment  in  reducing  the 
severity  of  accidents  is  clearly  seen  in  terms 
of  the  potential  hazards  that  exist  in  present 
road  systems.  The  possibility  of  severe  head-on 


collisions  of  two  vehicles  traveling  in  opposite 
directions  io  being  gradually  reduced  by  the 
erection  of  effective  crash  barriers  between 
opposing  lanes  of  traffic  on  many  of  our  heavily 
traveled,  high-speed  roadways.  These  crash 
barriers  can  prevent  head-on  collisions  and  can 
be  designed  to  help  the  vehicle  return  to  the 
normal  direction  of  traffic  { 5  j .  The  incidence 
of  vehicle  impact  with  trees  and  telephone  poles, 
which  usually  results  in  penetration  of  the  pas¬ 
senger  compartment,  will  be  significantly  re¬ 
duced  as  these  objects  are  moved  further  away 
from  the  edges  of  the  road  [Sj. 

The  role  of  the  vehicle  in  minimizing  human 
crasn  injury  depends  on  the  structural  interior 
and  exterior  design  and  the  special  safety  fea¬ 
tures  that  may  be  Included.  The  performance, 
design,  and  test  criteria  for  the  Safety  Sedan 
focused  on  this  area  of  the  overall  systems 
problem  within  the  framework  of  current  driver- 
environment  boundary  conditions. 


CRASH  THREATS 

Crash  threat  situations  that  were  consid¬ 
ered  in  establishing  the  performance  criteria 
of  the  New  York  State  Safety  Sedan  included  - 

1.  Frontal  impact 

2.  Side  impact 

3.  Rear  impact 

4.  Rollover 


1.  Most  objects  passing  above  the  hood 
through  the  windshield  can  not  be  guarded 
against  effectively.  These  Include  pipes  and 
lumber  carried  on  a  truck  ahead,  and  falling 
rock  or  heavy  missiles  dropped  from  over¬ 
passes. 

2.  A  passenger  car  occupant  can  not  be 
fully  guarded  against  compartment  penetration 
caused  by  the  car's  running  under  the  high  floor 
or  side  of  a  truck. 

3.  Roadside  barriers  and  guardrails  are 
highly  variable,  and  no  single  vehicle  design 
can  be  optimum  for  the  many  different  types  of 
crash  threats. 

The  crash  design  goals  for  the  New  York 
State  Safety  Sedan  were  established  as  (a)  for¬ 
ward  impact  —  50-mph  head-on  impact  into  a 
rigid  barrier;  (b)  side  impact  —  40-rnph  Impact 
by  a  similar  vehicle;  (c)  rear  impact  —  50-mph 
impact  by  a  similar  vehicle;  and  (d)  rollover  — 
70-mph  without  collision.  These  goals  were 
established  by  feasibility  studies  and  knowledge 
that  these  criteria  would  cover  more  than  75 
percent  of  accidents  in  urban-rural  driving. 


SAFETY  GOALS 

The  areas  of  safety  Improvement  for  occu¬ 
pant  crash  Injury  reduction  can  be  stated  In 
terms  of  the  following  general  goals: 

1.  Prevention  of  ejection  through  doors, 
windshield,  or  windows. 


These  classifications  are  reasonable  simplifi¬ 
cations  for  typical  crash  situations;  but  vehicle 
impact  point  and  object  may  significantly  affect 
the  safety  performance.  In  side  impact,  for 
example,  an  impacting  car  that  hits  the  passen¬ 
ger  compartment  area  may  cause  severe  com¬ 
partment  penetration.  The  same  impacting  car 
hitting  the  left  rear  side  of  the  vehicle  is  gen¬ 
erally  a  less  severe  impact  situation.  In  frontal 
impact,  a  30-mph  crash  into  the  rear  of  a  sta¬ 
tionary  vehicle  of  similar  design  is  much  less 
severe  than  a  30-mph  crash  into  a  rigid  barrier 
of  the  Society  of  Automotive  Engineers  type  [7]. 
However,  studies  of  real  and  potential  crash 
threats  for  passenger  vehicles  have  shown  that 
certain  problems  of  incompatibility  exist  that 
will  require  changes  in  the  road  environment  or 
other  types  of  vehicles.  It  would  be  impractical 
to  design  an  improved  passenger  safety  car  to 
eliminate  all  hazards  during  the  near  term,  as 
illustrated  by  the  following  examples; 


2.  Reduction  of  occupant  restraint  forces. 


4.  Maintenance  of  passenger  compartment 
integrity. 

These  goals  formed  the  basis  for  the  crash 
safety  performance  criteria  of  the  New  York 
State  Safety  Sedan. 

Ejection  of  the  occupant  from  the  vehicle 
was  a  high-priority  area  for  safety  improve¬ 
ment  several  years  ago  [  8] ,  Studies  based  on 
numerous  accidents  and  preplanned  collision 
tests  show  that  car  doors  spring  open  as  a  re¬ 
sult  of  distortion  of  the  vehicle  body  and/or 
actuation  of  the  unlatching  mechanism.  The 
distortion  of  the  aut  >mobi!e  body  may  be  caused 
by  bending  of  the  body  outward  in  side  impact, 
by  torsional  strain  in  corner  collision,  or  by 
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column  buckling  In  rollover.  These  factors  in¬ 
volve  the  complete  vehicle  as  a  whole  and  gen¬ 
erally  Involve  large  Inertial  force  londingo  with 
the  door  being  literally  torn  nway  from  its  posi¬ 
tion  without  unlatching.  The  actuation  of  the 
door  mechanism  can  be  caused  by  Inertial 
forces  developed  within  the  door  lock  system 
during  crash  conditions,  by  bending  of  the  latch 
remote  rod,  by  contact  o[  the  outside  door  han¬ 
dle  with  ground  or  object,  or  by  Inadvertent  ac¬ 
tuation  by  a  vehicle  occupant.  Improvement  of 
door  lock  designs  [0],  tire  use  of  seat  belts,  and 
the  redesign  of  door  handles  to  prevent  acci¬ 
dental  opening  have  reduced  the  present  priority 
of  this  Important  goal. 

Reduction  of  occupant  restraint  forces  is 
concerned  with  the  proper  design  of  an  inte¬ 
grated  seat  and  occupant  restraint  subsystem 
The  optimum  restraint  system  requires  a  trade¬ 
off  between  the  forces  that  tire  occupant  will  ex¬ 
perience  as  a  result  of  the  restraint  configura¬ 
tion  and  the  greater  forces  that  he  will  generally 
experience  from  abrupt  impact  with  the  vehicle 
Interior.  An  unrestrained  occupant  experiences 
minimal  restraint  forces  at  the  expense  of  seri¬ 
ous  Injury  from  high  decelerations  during  inte¬ 
rior  Impact.  Further  tradeoffs  are  required  for 
comfort,  accessibility  of  controls,  ease  of  en¬ 
trance  and  egress,  and  to  maintain  the  proper 
eye  level  of  the  driver  for  maximum  visibility . 

The  proper  choice  of  restraint  system 
characteristics  to  minimize  occupant  injury  is 
greatly  influenced  by  the  "tuning"  relationship 
between  the  integrated  seat  and  occupant  re¬ 
straint  system,  the  dynamic  characteristics  of 
the  vehicle  structure,  and  the  values  of  the 
crash  safety  performance  requirements.  The 
restraint  system  characteristics  are  also  dic¬ 
tated  by  the  maximum  allowable  displacement 
of  the  occupant  within  the  confines  of  the  vehi¬ 
cle  interior.  Thus,  the  optimum  restraint  sys¬ 
tem  for  a  compact  car  may  well  be  different 
from  that  for  a  ful!  size  sedan. 

In  addition  to  optimizing  the  performance 
of  i  restraint  system  by  proper  design,  the 
psychological  acceptance  of  voluntary  devices 
is  a  significant  area  of  safety  improvement.  As 
indicated  previously,  statistics  collected  in 
Wisconsin  indicated  that  only  52  percent  of  all 
front  occupants  used  seat  belts  that  were  avail¬ 
able.  Women  occupants  used  seat  belts  only  44 
percent  of  the  time  and  this  sex  disparity  in 
restraint  use  may  be  greater  for  shoulder  har¬ 
nesses  because  of  obvious  differences  in  chest 
anatomy . 

The  conventional  seat  structure  offers 
fairly  good  protection  for  downward  or  rearward 


accelerations  (except  for  the  head  and  neck). 
Statistics  collected  during  the  New  York  State 
Program  indicated  that,  even  though  44  percent 
of  the  accidents  are  rear-end  collisions,  only 
7  percent  of  the  fatalities  occur  In  tilts  mode. 

On  the  other  hand,  the  same  data  indicated  that 
noncollision  (single- car  Involvement)  Includes 
only  12%  of  all  accidents  but  CO  percent  of  the 
fatalities.  Thus,  tire  addition  of  adequate  head 
and  neck  support  to  minimize  the  common  whip¬ 
lash  injury,  may  be  sufficient  to  reduce  the  pri- 
;vit7  of  safety  improvements  for  frequently 
oOkV.  ,'s;q  rear-end  impacts.  The  greatest  om- 
ptiaeui  "C-tuS!  be  placed  on  reducing  the  fatalities 
.resetting  from  single -car  Impact. 

dome  side -impact  protection  is  afforded  by 
bg(.Uet~type  seats,  and  additional  side  protection 
can  be  Incorporated  either  in  the  seat  itself  or 
In  the  adjoining  door  panel.  In  head-on  colli¬ 
sions  with  other  vehicles  or  roadside  objects, 
however,  the  seat  itself  offers  little  protection 
for  the  unrestrained  occupant  who  is  frequently 
accelerated  in  an  arc  forward  and  upward  lead¬ 
ing  with  the  head.  An  auxiliary  method  of  re¬ 
straint  is  required  to  control  the  deceleration 
rate  of  the  occupant  in  frontal  (r60  degree)  col¬ 
lisions.  This  restraint  system  performance 
must  consider  the  structural  deformation  char¬ 
acteristics  of  the  forward  vehicle  structure  It¬ 
self.  Considerable  improvement  In  occupant 
loading  is  theoretically  possible  for  a  properly 
restrained  occupant  by  optimizing  the  crush  or 
deformation  characteristics  of  the  front  end  for 
forward  Impact. 

Reduction  of  interior  impact  injury  re¬ 
quires  a  tradeoff  with  occupant  restraint  sys¬ 
tem  forces.  A  restraint  system  designed  to 
avoid  occupant  interior  impact  will  probably 
result  in  high  occupant  restraint  forces.  Proper 
consideration  of  a  deliberately  padded  dash 
panel  or  collapsible  steering  wheel  assembly 
must  be  included  in  the  overall  system  design 
and  analysis  of  an  optimum  restraint  configur¬ 
ation  for  the  range  of  occupants  that  represent 
the  human  population.  Appropriate  considera¬ 
tion  in  vehicle  interior  design  must  also  be 
given  to  the  many  vehicle  occupants  who  ignore 
the  restraint  systems  provided  for  their  pro¬ 
tection. 

After  the  occupant  has  been  adequately  re¬ 
strained  so  that  he  does  not  suffer  serious  in¬ 
jury  from  contacting  the  vehicle  interior  or 
from  the  restraint  system  itself,  the  passenger 
compartment  must  be  designed  so  that  the  inte¬ 
rior  does  not  move  Inward  to  impact  the  occu¬ 
pant.  This  area  o{  safety  improvement  is  gen¬ 
erally  called  passenger  compartment  integrity. 
Problem  areas  have  included  the  inward  motion 


.728 


of  door 8  during  side  impact,  the  rearward 
movement  of  the  steering  column  in  forward 
impact,  and  roof  collapse  during  rollover. 


PRIORITIES  FOR  SAFETY 
IMPROVEMENT 

Priorities  for  structural  crashworthiness 
and  the  proper  '’packaging"  of  occupants  to 
minimize  crash  Injury  were  somewhat  easier 
to  establish  than  those  for  accident  avoidance 
because  of  the  existence  of  a  substantial  back¬ 
ground  of  accident  reports  and  analyses  and 
documented  crash-test  programs.  However, 
the  variability  and  imprecision  of  most  accident 
reports  and  the  general  difficulty  experienced 
when  the  necessary  variables  are  not  specifi¬ 
cally  recorded  hamper  the  analysis  of  accident 
data  to  determine  Hie  important  factors.  For 
example,  recent  data  1 10J  that  can  be  used  to 
establish  the  statistical  distributions  ol  vehicle 
occupants  are  based  on  a  small  sampling  and, 
therefore,  may  change  as  more  data  are  in¬ 
cluded.  However,  these  accident  experience 
data,  together  with  documented  crash-test  pro¬ 
grams  [  11]  and  analyses  [  12],  do  provide 
guidelines  for  the  Identification  of  injury  pro¬ 
ducing  structure,  components,  and  Interior  ele¬ 
ments  of  vehicles. 

Crash  injury  data  [13,14]  that  list  groups 
oi  injury -producing  vehicle  interiors  are  avail¬ 
able.  These  injury  levels  produced  by  interiors 
are  heavily  dependent  on  the  directional  crash 
situations  described  earlier.  Severe  injury 
from  impact  with  the  windshield  may  occur  m 
frontal  collision  but  is  unlikely  in  rear  collision. 

The  available  data  can  be  misleading  in  two 
respects.  First,  for  example,  the  s*ee  ring  wheel 
has  been  listed  as  a  most  frequent  cause  of  in¬ 
jury,  yet  the  absence  of  the  steering  wheel  in 
the  right  front  passenger  seat  in  the  same 
head-on  crash  situation  can  produce  greater 
severity  of  injury  by  permitting  head  impact 
witli  the  windshield  at  fatal  velocities.  Second, 
the  data  generally  available  are  for  unrestrained 
occupants:  the  interior  areas  of  concern  for  the 
lap  belted  or  lap- shoulder  belted  occupants  are 
Afferent  and  depend  on  the  trajectories  of  the 
occupants  under  the  restieint  configuration. 


FRONT  IMPACT  SUBSYSTEM 

The  New  York  State  Safety  Sedan  has  a 
bumper  positioned  at  the  extreme  front  of  the 
vehicle  and  located  at  a  standard  height  above 
the  roadway  (Fig.  2).  The  bumper  is  connected 
to  a  pair  ol  parallel  hydraulic  energy-absorbing 


cylinders.  The*  outer  chambers  of  the  shock 
absorbers  also  function  as  main  structural 
members  of  the  front  structural  system  of  the 
vehicle.  Impact  forces  applied  to  the  front  end 
of  the  safety  car,  at  bumpor-levol,  are  reacted 
by  the  bumper,  and  the  energy  generated  by  ihe 
forces  of  Impact  is  partially  absorbed  by  the 
displacement  of  Internal  fluid  passing  through  a 
variable  area  orifice  as  the  length  of  ihe  cylin¬ 
der  is  reduced  or  compressed  in  length. 

The  bumper  is  automatically  extendable  an 
additional  12  Ir  forward  of  the  normal  front 
boundary  of  the  vehicle.  As  presently  con¬ 
ceived,  the  bumper  would  be  extended  ahead  of 
the  safety  car  at  speeds  above  37  inpli  in  high¬ 
way  traffic.  Al  37  mph,  a  circuit  is  energized 
to  activate  a  linear  actuator  located  between  the 
midpoint  ol  the  bumper  and  the  front  crossover 
beam  of  the  front  structural  system  of  the  car. 
The  extension  of  the  actuator  drives  the  bumper 
forward.  The  twin  hydraulic  energy-absorbing 
cylinders  stabilize  and  guide  the  forward  move¬ 
ment  of  the  bumper  into  Its  final  forward  posi¬ 
tion.  The  circuit  is  deactivated  after  12  In.  of 
extension,  and  the  bumper  system  is  locked  in 
position. 

The  bumper  has  the  capability  to  pivot 
about  the  forward  end  of  one  of  the  hydraulic 
energy -absorbing  cylinders  and  simultaneously 
compress  the  other  energy-absorbing  cylinder 
during  an  unsymmelrlcal  Impact  at  the  front 
end  of  the  vehicle.  This  is  called  the  "swinging 
gate"  feature  and  tenets  to  deflect  impacting  ob¬ 
jects  and  pedestrians  to  the  side  and  away  from 
the  safety  car.  Bumper  extension  and  retrac¬ 
tion  are  fr<  .y  automatic  for  normal  over-the- 
road  operation.  A  mavual  override  is  provided 
to  avoid  cycling  the  system  when  the  car  is  op¬ 
erated  in  a  dense  traffic  environment  where  the 
preset  actuating  speed  is  constantly  being 
crossed. 

The  hydraulic  shock-absorbing  bumper  is 
designed  to  apply  the  maximum  forces  of  re¬ 
tardation  as  early  as  possible.  The  forces  are 
applied  early,  in  time  to  absorb  the  maximum 
energy  ai  the  highest  velocities  and  permit  the 
occupant’s  restraint  system  to  start  the  decel¬ 
eration  process  sooner  .ban  in  conventional 
systems. 

The  hydraulic  absorption  of  energy  is  the 
most  efficient  method  known  in  terms  of  dis¬ 
placement  and  force.  The  absorbed  energy  is 
represented  by  the  area  under  iiie  force-stroke 
curve.  Because  the  hydraulic  peak  force  can  be 
obtained  very  quickly  compared  with  the  straight 
line  rise  for  typical  clastic  materials,  the  en¬ 
ergy  absorbed  by  the  bumper  system  can  be 
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greater  for  a  given  deflection  and  particularly 
for  short  strokes.  For  low-speed  impacts,  the 
deceleration  forces  are  lower  because  they  de¬ 
pend  on  the  relative  velocity  of  travel  of  the  two 
ends  of  the  bumper  syotoin . 

For  the  design  concept  of  the  New  York 
State  Safety  Sedan,  a  design  goal  of  a  50  mph 
impact  head-on  into  a  rigid  barrier  appeared 
reasonable.  The  feasibility  of  a  high  force  hy¬ 
draulic  bumper  system  required  Investigations 
Into  the  dynamic  characteristics  of  a  bumper 
attached  to  a  typical  safety  car. 

The  car  was  assumed  to  have  a  maximum 
loaded  weight  of  5300  lb.  At  an  impact  speed  of 
50  mph  (880  in, /sec),  tho  hydraulic  system  act¬ 
ing  alone  must  absorb  5.3165  x  to*  in. -lb  of 
kinetic  energy.  A  maximum  hydraulic  stroke 
of  30  in.  was  considered  feasible  with  12  in.  of 
stroke  associated  with  an  extension  of  the 
bumper  beyond  the  normal  front  boundary  of 
the  car  at  higher  speeds.  The  average  force 
required  from  ihe  hydraulic  system  was  ob¬ 
tained  on  the  assumption  of  a  rigid  car  as 

Force  =  fclnetfc  energy  _  5.3165  x  10*  in.-lb 
stroke  30  In. 

=  1.7722  xlO5  lb. 

The  average  deceleration  level  that  a  rigid 
car  (and  rigid  occupant)  would  experience  is 
obtained  as 


Deceleration  (g's) 


force  _  1.7721.  *  10Mb 
wetgKl  5300  lb 


=  33.44  g's. 

This  deceleration  level  Is  within  the  known  tol¬ 
erable  level  for  a  properly  restrained  occupant. 


SIDE  IMPACT  SUBSYSTEM 

In  contrast  with  frontal  collision  where  the 
occupant  has  a  certain  amount  of  forward  kinetic 
energy  that  must  be  dissipates  by  deceleration, 
the  occupant  during  the  side  impact  is  acceler¬ 
ated  from  rest  to  some  final  velocity  during  the 
impact  period.  The  vehicular  protection  against 
side  Impact  must  minimize  the  peak  accelera¬ 
tion  of  the  restrained  occupant,  prevent  injury 
on  vehicle  interior  impart,  and  maintain  passen¬ 
ger  compartment  integrity.  Occupant  impact 
v?!th  the  vehicle  Interior  must  be  cushioned  by 
appropriate  design. 

It  is  evident  that  the  standard  form  of  occu¬ 
pant  restraint,  that  Is,  a  lap  belt  and  shoulder 
harness,  can  not  provide  adequate  restraint  dur¬ 
ing  a  side  impact.  Although  the  hip  area  is  re¬ 
strained  by  the  belt,  the  occupant  is  free  to  ro¬ 
tate  sideways  about  the  hip  and  collide  with  the 
vehicle  wall  orwindow.  The  addition  of  a  shoulder 
harness  does  not  help  much,  because  such  har¬ 
nesses  allow  considerable  side  away.  There¬ 
fore,  an  additional  side  restraint  is  required. 
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The  New  York  Stale  Safety  Sedan  provided 
the  additional  side  restraint  by  the  use  of 
energy -absorbing  material  built  into  wings  on 
the  sides  of  the  seats.  The  Inboard  wings  are 
part  of  the  seat  -while  the  outboard  wings  are 
built  into  the  door  (Fig.  3).  This  feature  per¬ 
mits  easy  entrance  and  egress  ior  the  driver 
and  passengers.  The  degree  of  protection  af¬ 
forded  the  occupant  depends  on  the  energy- 
absorbing  characteristics  and  volume  of  mate¬ 
rial  uaod.  It  is  important  to  note  here  that  only 
the  plastic  deformation  of  a  structure  can  be 
considered  to  absorb  and  dissipate  energy; 
elastic  deformation  absorbs  energy  from  a  sys¬ 
tem  but  then  promptly  returns  an  equal  amount 
of  energy  back  to  the  system. 

The  structural  protection  against  passen¬ 
ger  compartment  penetration  is  provided  in  the 
New  York  State  Safety  Sedan  by  means  of  a  thick 
door  nested  Into  Uie  side  sill  of  the  platform 
which  Is  a  large  longitudinal  thln-wall  beam  at 
bumper  height.  Both  of  these  structural  ele¬ 
ments  are  capable  of  undergoing  moderate  de¬ 
formation  without  significant  compartment 
Intrusion.  In  the  deformation  process,  they  ab¬ 
sorb  a  large  amount  of  energy. 


The  problem  of  estimating  the  plastic  de¬ 
formation  of  the  longitudinal  beams,  door  posts, 
and  doors  of  the  struck  car  is  one  of  predicting 
the  following: 

1.  The  percent  of  the  kinetic  energy  of  the 
striking  car  that  remains  as  kinetic  onorgy  of 
rigid  body  motion  immediately  after  Impact. 

2.  The  percont  of  energy  loss  as  a  result 
of  friction  during  the  impact. 

3.  The  percent  of  the  kinetic  enargy  of  the 
striking  car  A  which  is  converted  to  plastic  or 
permanent  deformation. 

4.  The  percent  of  the  energy-causing  plas¬ 
tic  deformation  in  the  striking  car  A  and  in  the 
struck  car  B. 

5.  The  percent  of  the  energy  absorbed  in 
the  struck  car  U  by  the  longitudinal  beams, 
door  posts,  doorB,  and  the  percent  absorbed  by 
other  local  structure. 

The  procedure  is  illustrated  in  Fig.  4  for 
center-side  impact. 


Fig.  3  Side  impact  passenger  compartment  protection 
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Fig.  4.  Conversion  of  initial  kinetic 
energy  during  side  Impact 


Analysis  of  test  results  for  typical  vehicle 
crashes  in  the  literature  [11,15]  indicates  that 
up  to  57  percent  oi  the  initial  energy  of  the  im¬ 
pacting  vehicle  can  be  loet  during  the  collision. 
Classical  impact  theory  suggests  that  even  In 
perfectly  plastic  impact  no  more  than  50  per¬ 
cent  of  the  initial  kinetic  energy  can  be  con¬ 
verted  Into  permanent  plastic  deformation.  The 
discrepancy  of  7  percent  can  i>e  attributed  to 
friction  losses  In  the  tire*  and  In  Internal  vi¬ 
bration  damping.  The  plastic  deformation  en¬ 
ergy  loss  occurs  in  the  crushing  of  the  front 
end  of  the  striking  car  A  snd  in  the  crushing  of 
the  side  of  the  struck  car  B.  This  energy  loss 
is  not  equally  distributed  between  the  two  cars, 
but  depends  on  the  relative  stiffness  of  the 
crushing  pnrtB.  For  the  Safety  Sedan,  a  distri¬ 
bution  ratio  of  2/3  is  reasonable  with  the 
smaller  value  for  the  side  of  the  struck  car  B 
which  will  deform  much  less  than  the  front  of 
the  striking  car  A.  Thus  only  about  20  percent 
of  the  initial  kinetic  energy  must  be  absorbed 
by  the  side  structure  of  the  impacted  car.  Es¬ 
timates  of  the  energy -absorption  breakdown  for 
major  side  structure  components  are  indicated 
in  Fig.  4,  These  estimates  are  helpful  in  pre¬ 
liminary  design,  but  detailed  dynamic  nonlinear 
analysis  [16-18]  supported  by  actual  test  data 


is  clearly  needed  to  obtain  better  predietJv&g  A 
critical  toads  and  energy  absorbed  for  final  de¬ 
sign  verification 

REAR  IMPACT  SUBSYSTEM 

The  Safety  Sedan  has  the  capability  of  pre¬ 
venting  serious  injury  to  the  occupant  when  It 
is  struck  from  behind  by  a  vehicle  of  similar 
weight  at  a  speed  of  50  mph.  In  rear  Impact, 
as  in  side  impact,  the  occupant  in  the  struck 
vehicle  Is  accelerated  from  an  Initial  velocity 
associated  with  his  vehicle's  speed  to  an  in¬ 
creased  velocity  caused  by  impact.  The  veloc¬ 
ity  increment  is  the  significant  parameter  so 
that  the  potential  severity  of  a  60-mph  car  hit¬ 
ting  the  rear  of  a  30-mph  vehicle  Is  the  same 
as  for  a  30-mph  car  hitting  a  stationary  car, 
because  the  relative  velocity  would  be  the  same. 
In  rear  Impact,  the  large  impact  area  of  the 
seat  back,  when  coupled  with  adequate  head  re¬ 
straint  to  prevent  whiplash,  minimizes  the  occu¬ 
pant  injury  potential  for  this  crash  situation. 
However,  the  energy-absorbing  rear  structure 
must  not  result  in  penetration  of  the  passenger 
compartment. 

The  rear  bumper  of  the  Safety  Sedan  v  x  ps 
around  the  car  from  wheel  opening  to  wheel 
opening.  It  is  backed  up  by  a  perimeter  frame 
structure  over  Us  entire  length.  The  bumper's 
principal  attachment  points  are  to  the  rear 
longerons  and  the  base  of  the  wheel  arch . 

The  rear  section  connects  to  the  passenger 
compartment  "strong  box"  in  such  a  way  as  to 
absorb  major  forces  of  impact,  and  a  trans¬ 
verse  bulkhead  resists  deformation  ana  pene¬ 
tration  by  typical  objects  from  the  trunk  or  out¬ 
side  tiie  vehicle .  This  bulkhead  also  acts  as  a 
rear  firewall  in  case  of  fire  caused  by  fuel 
spillage. 


ROLLOVEn  SUDSYSTEM 

An  occupant  of  die  Safety  Sedan  if  protected 
in  case  of  rollover  by  a  stiff  integrated  system 
of  pillars,  roilbars,  roofrails,  and  heavy-gage 
roof  skin.  The  purpose  of  this  structurally  stiff 
system  ts  to  resist  the  severe  roof  loading 
without  collapsing  and  crushing  the  occupant. 

As  the  car  may  be  skidding  forward  ana 
sideways  while  in  the  inverted  posltton,  three 
types  of  loads  on  the  roof  have  been  considered. 
First  and  foremost  is  the  vertical  load  resulting 
from  the  downward  inertia  force  of  the  car. 
Second  is  the  shear  force  in  the  fore-aft  direc¬ 
tion  caused  by  friction  while  the  car  is  sliding 


forward  on  its  r«X>f  This  introduces  a  trans¬ 
verse  shear  load.  The  third  type  of  load  is  also 
caused  by  friction,  this  time  as  a  result  of  the 
car  sliding  sideways,  and  this  introduces  a  lat¬ 
eral  shear  load  on  the  structure.  Gniy  a  very 
stiff  structure  could  avoid  collapee  under  these 
combined  conditions. 

The  roof  structure  of  the  Safety  Sedan  in¬ 
corporates  four  transverse  rollbars.  The  A,  B, 
C  and  D  pillars  (Fig.  5)  continue  over  the  top  to 
form  roiebars.  The  A  pillar  is  designed  of  high- 
st>  ~-ngth  steel  to  minimize  cross-sectional  area 
tc  ford  optimum  driver  vision.  It  is  then  re¬ 
inforced  to  act  as  the  forward  rollbar.  The  B 
pillar  is  integrated  to  the  center  transverse 
bulkhead  and  is  of  box  section  to  form  the  roll- 
bar  structure  over  the  top.  The  C  and  D  pillars 
are  interconnected,  that  is,  they  are  spanned  by 
a  continuous  reinforced  box  structure  and  thus 
become  the  primary  rollover  protection  element. 

The  four  rollbars  are  joined  together  and 
stiffened  by  the  roof  rails  and  the  heavy -gage 
roof  skin.  The  side -post  structure  has  a  high 
degree  of  "tumblehome"  or  curvature  away 
from  the  vertical.  Therefore,  the  semicircular 
cross  section  of  the  Safety  Sedan  above  the  belt 
line  will  give  the  vehicle  improved  safety  per¬ 
formance  In  a  rollover  type  accident  by  — 

1 .  Avoiding  high  stress  concentration  at 
the  square  corner  juncture  between  the  roof  and 
sides  typical  of  vehicles. 

2.  Avoiding  sudden  high  rotational  or  trans¬ 
verse  acceleration  iha  passengers  caused  by 
square  corner  impacts  with  ground. 

3.  Avoiding  elastic  and  plastic  deflections 
during  roll  which  can  cause  the  doors  to  fly 
open  or  jam  shut. 

The  interior  surfaces  of  all  roof  structural 
members  have  no  exposed  edges  and  are  padded 
for  additional  occupant  protection.  The  peri¬ 
scope  housing  will  collapse  against  the  roof  un¬ 
der  moderate  loads. 

The  Safety  Sedan  will  withstand  the  loads 
associated  with  a  70-mph  uncomplicated  roll¬ 
over  without  permitting  significant  deformation 
or  penetration  of  the  body  structure. 


OCCUPANT  INTERIOR  PROTECTION 
SUBSYSTEM 

The  Safety  Sedan  Interior  Is  designed  to 
protect  all  occupants  by  means  of  an  Integrated 
scat  and  restraint  subsystem,  force  distributing 


surfaces,  and  delethelized  hardware  installa¬ 
tions  (pig  3).  Special  consideration  was  re¬ 
quired  for  the  driver’s  position  to  maintain  the 
proper  eye  level  for  optimum  vision  capability, 
and  to  assur<>  accessibility  to  the  controls. 

The  driver’s  seat  In  the  Safety  Sedan  Is  an 
individual  seal  with  a  tubular  peripheral  frame, 
zig-zag  springs  and  foam  upholstery  cushioning. 
The  seat  is  attached  on  lie  vertical  adjustment 
tracks  to  a  transverse  bulkhead  at  the  B  pillar 
(see  Fig.  5).  This  vertical  moun'lng  provides 
greater  resistance  to  failure  of  the  seat  during 
collision  because  the  Impact  forces  of  the  col¬ 
lision  are  primarily  in  the  horizontal  direction; 
with  horizontal  mountings,  a  large  bending 
stress  may  develop,  particularly  when  the 
shoulder  harness  loads  are  reacted  by  the  up¬ 
per  seat  back  structure.  Furthermore,  with  the 
seat  mounted  in  the  former  manner,  vertical 
adjustability  is  Incorporated  into  the  seat  with¬ 
out  reducing  the  strength  of  the  anchorage. 

The  driver's  head  support,  which  has  two 
inertia  reels  and  the  X  type  shoulder  harnesses 
stored  within  it,  is  also  rigidly  attached  to  the 
bulkhead.  Adjustability  is  not  provided  in  the 
head  Bupport  because  the  seat  is  vertically  ad¬ 
justable  for  a  standard  eye  position.  The  head 
support  affords  protection  against  whiplash  in¬ 
juries  In  the  event  of  a  rear-end  collision.  It 
is  padded  to  provide  injury  protection  In  all  di¬ 
rections.  This  Includes  the  possibility  of  un¬ 
restrained  rear  seat  occupants  striking  the 
front  seat  head  support  during  a  frontal  impact. 

The  moat  significant  factors  tr>  occupant 
safety  are  that  the  occupant  remain  restrained 
in  his  seat  and  that  the  seat  remain  a  controlled 
part  of  the  vehicle  during  the  entire  crash  pe¬ 
riod.  Nonuse  of  a  seat  belt  has  been  clearly 
established  as  a  prime  cause  of  serious  injury 
or  death  In  cases  of  accident.  A  loose  or  overly 
flexible  tap  belt  can  endanger  the  user  by  per¬ 
mitting  Impact  with  the  vehicle's  interior  ele¬ 
ments,  by  unnecessary  amplification  of  crash 
loads,  or  by  allowing  ejection  from  the  vehicle. 
To  function  properly ,  the  restraint  system  use<i 
must  be  compatible  with  vehicle  characteristics 
and  with  the  human  factors  involved.  Forward 
Impact  imposes  the  greatest  forces  on  the  vehi¬ 
cle  occupant  (&0  percent  of  all  injury-  and 
fatality-producing  accidents  are  frontal).  The 
Safety  Sedan  has  a  system  of  restraints  that 
arrest  the  occupant's  forward  motion  with  a 
minimum  of  injury  and,  at  the  same  time,  is 
compatible  with  his  need  for  freedom  and  com¬ 
fort  during  the  time  of  normal  or  accident-free 
travel.  Rearward  impact  presents  s  lesser 
problem  because  the  occupant's  back  and  head 
are  impacted  against  the  large,  cushioned  area 
of  the  seat  and  head  support. 
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In  the  selection  process  of  an  Integrated 
restraint  system  lor  the  Safety  Sedan,  a  side 
variety  of  restraints  against  forward  impact 
were  examined.  The  restraint  system  selected 
contains  webbing  that  is  integrally  mounted  on 
the  seat  structure;  this  minimizes  the  posslbil-' 
ity  of  belts  tearing  loose  and  avoids  the  clutter 
and  hazards  of  mountings  that  are  on  the  floor 
or  roof.  Throughout  the  range  of  adjustment, 
the  webbing  has  only  a  short  distance  to  span 
between  mountings  and  the  occupant's  torso. 

This  means  that  the  occupant  can  be  snugly  re¬ 
strained,  and  the  possibility  of  excessive  g  am¬ 
plification  is  reduced.  The  lap  belts  are  push¬ 
button  recoil-mounted  at  on  angle  of  50  degrees 
with  the  seat  cushion  plane.  The  shoulder 
straps  of  X  type  are  mounted  integrally  within 
the  head  support  and  arc  on  rate- sensitive  in¬ 
ertia  reels. 

Inertia  reels  are  spring-loaded  take-up 
spools  on  which  harness  belts  are  mounted.  On 
impact,  or  any  deceleration  equivalent  to  more 
than  2  g's,  the  device  will  lock  the  belt  auto¬ 
matically  and  restrain  the  occupant  from  being 
thrown  forward;  yet  normal  movements  will  not 
activate  the  locking  mechanisms,  so  that  the  oc¬ 
cupant  has  relative  freedom  of  movement.  The 
Safety  Sedan  uses  a  multlaxial  rate-sensitive 
reel  that  has  the  advantage  of  allowing  the  oc¬ 
cupant  to  check  Its  working  order  by  a  quick 
yank  on  the  harness.  The  headrest-mounted 
reels  avoid  the  severe  spinal  compression  in¬ 
herent  in  floor  or  other  low-level  shoulder 
strap  mountings. 

The  occupant  restraint  system  crash  loads 
are  transmitted  to  the  bulkhead  so  that  the  seat 
can  be  lightweight  in  comparison  with  normal 
safety  seat  construction;  any  significant  occu¬ 
pant  loadings  beyond  those  of  normal  highway 
effects  will  be  taken  by  the  bulkhead.  The  bulk¬ 
head  structure  le  designed  to  yield  at  SO  g’s  so 
that  it  wilt  yield  sufficiently  during  severe  col¬ 
lisions  to  keep  the  occupant  loading  within  tol¬ 
erable  physiological  limits. 

The  harness-seatbelt  assembly  is  usually 
ihought  to  restrain  a  passenger  precisely  In  the 
scat.  This  is  not  true  because  some  stretch 
will  occur;  furthermore,  the  occupant- restraint 
system  must  be  considered  as  a  dynamic  sys¬ 
tem.  Tests  of  vehicle  collisions  [15]  with  con¬ 
ventional  seatbelts  show  that  an  accelerometer 
on  the  passenger's  htp  Indicates  higher  peak 
decelerations  than  one  mounted  on  the  chassis. 
The  dynamic  response  of  the  seat  and  restraint 
system  may  magnify  the  chassis  deceleration 
levels  and  cause  seatbelt  loads  that  exceed 
present  belt  load  capability  at  the  higher  Impact 
speeds.  The  shoulder  straps  must  allow  the 


occupant's  shoulders  to  pitch  forward  at  least 
until  his  weight  is  taken  up  by  the  lap  belt  tv 
reduce  the  likelihood  of  submarining  under  the 
lap  belt.  This  will  distribute  the  high  stresses 
on  the  anatomy,  thereby  avoiding  excessive  g's 
on  the  more  vulnerable  upper  torso  and  direct¬ 
ing  higher  decelerations  to  the  pelvic  area 
which  can  tolerate  the  higher  loadings. 

The  allowable  stretch  of  the  belts,  however, 
must  limit  the  velocity  of  contact  with  the  pad¬ 
ded  cowl,  steering  wheel,  roof,  or  the  rear  of 
the  front  seat  to  velocities  within  the  deforma¬ 
tion  design  level  of  the  area  contacted. 

Present  safety  belts  will  elongate  during 
impact  from  16  to  40  percent  before  failure. 
(Society  of  Automotive  Engineers  specifications 
limit  elongation  of  a  shoulder  harness  to  40 
percent.)  Owing  to  the  particular  characteris¬ 
tics  of  webbing  currently  in  use,  most  of  the 
elongation  will  be  elastic  and,  therefore,  there 
will  be  a  return  reaction.  With  large  shoulder 
harness  elongation  and  a  high  enough  g  load,  It 
is  possible  to  create  whiplash,  when  the  occu¬ 
pant  rebounds  into  the  seat  back  after  a  front- 
end  Impact. 

A  plastic  or  yielding  belt  is  specified  in  the 
Safety  Sedan  to  minimize  rebound.  The  yield 
properties  of  the  restraint  are  consistent  with 
known  human  tolerance  level.  Loadings  in  ex¬ 
cess  of  human  capability  will  cause  the  trans¬ 
verse  bulkhead  to  yield  to  keep  the  Impact 
forces  within  human  tolerance  levels,  that  is. 

30  to  40  g's. 

The  other  seats  In  the  sedan  will  be  of  the 
same  type  and  basic  structure;  they  will  only 
lack  the  versatility  of  adjustment  that  the  driv¬ 
er's  ocai  needs  for  proper  vision  and  reach  to 
controls  which  is  not  considered  as  important 
a  factor  for  the  passenger.  The  passenger 
seats  will  still  possess  adjustability  for  com¬ 
fort  and  accommodation. 

The  Safety  Sedan  interior  is  primarily  de¬ 
signed  to  reduce  occupant  injuries  in  all  types 
of  collision  when  the  specified  restraints  are  tn 
use;  yet  it  is  recognized  that  some  occupants 
will  neglect  to  use  them.  Therefore,  every  ef¬ 
fort  is  made  to  also  protect  unrestrained  pas¬ 
sengers  from  injury.  Occupants  who  neglect  to 
use  the  restraint  system  will  be  significantly 
safer  than  in  cars  of  conventional  construction 
under  similar  conditions.  Specific  interior  in¬ 
jury  impact  areas  have  been  modified  for  in¬ 
creased  safety. 

The  most  severe  damage  is  often  produced 
by  imparting  into  rigid,  small-area  surfacoe 
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which  concentrate  impact  pressures.  Examples 
include  knobs,  hard  metal  edges,  gearshift  lev- 
era,  rearview  mirrors,  and  steering  whoet  hubs. 
Rigid  flat  areas  do  not  penetrate  the  body,  but 
they  can  generate  very  rapid  deceleration  and 
often  cauee  limb  or  r,b  fractures  as  well  as  in¬ 
ternal  damage  resulting  from  a  relative  internal 
displacement  of  organs  such  as  the  brain,  heart, 
and  viscera.  Any  reasonably  sharp  structure 
will  lacerate  with  even  moderate  Impact  force. 
Very  sharp  structures  such  as  open  glove  com¬ 
partment  doors,  broken  glass,  or  rearview  mir¬ 
rors  will  lacerate  severely  with  very  mild  im¬ 
pact  pressures.  Based  on  accident  studies,  the 
instrument  panel  and  associated  knobs  and  con¬ 
trols  inflict  the  greatest  number  of  Injuries.  In 
the  Safetv  Sedan,  the  primary  display  instru¬ 
ments  are  located  along  the  cowl  at  the  wind¬ 
shield  and  are  flush  with  the  cowl  on  crushnblo 
mountings.  All  controls  are  flush  mounted  on 
crusheble  structure  and  are  configured  to  pre¬ 
vent  Injury.  The  controls  are  located  on  a 
small  console  to  the  loft  of  the  steel  mg  column, 
thus  making  contact  with  them  by  passengers 
and  driver  unlikely  because  of  the  shielding  af¬ 
forded  by  the  steering  wheel. 

The  "floor -mounted"  gearshift  lever  is 
countersunk  in  the  transmission  hump.  Interior 
lights  are  placed  flush  with  the  surface  of  inte¬ 
rior  cushioning  and  are  covered  with  flexible 
plastic.  Impact  injury-producing  structures 
have  been  removed  from  the  sphere  of  contact 
with  head,  shoulders,  and  chest  of  the  re¬ 
strained  occupant  wherever  possible.  Whore 
this  is  not  possible,  surfaces  and  structures 
are  designed  to  minimize  injury  potential  by 
limiting  rigidity  to  avoid  excessive  unit  pres¬ 
sures  on  the  body. 

The  steering  wheel  accounts  for  a  !arge 
percentage  of  driver  injuries.  It  can  be  dan¬ 
gerous  for  both  the  lap-belted  as  well  as  the 
unbelted  vehicle  occupant.  In  forward  colli¬ 
sions,  the  steering  column  may  be  displaced 
rearward  into  the  compartment  or  the  passen¬ 
ger  may  be  projected  torwnrd  against  the  wheel. 
For  this  reason,  the  Safety  Sedan  incorporates 
an  energy-absorbing,  collapsible  steering  col¬ 
umn.  The  steering  wheel  hub  is  level  with  the 
rim  to  provide  a  broader  area  for  torso  con¬ 
tact.  The  wheel  rim  will  deform  under  Impact 
to  match  the  angle  of  the  upper  torso.  The  cen¬ 
ter  hub  is  10  in.  in  diameter  and  padded  to  re¬ 
duce  chest  injuries.  The  traditional  glove  com¬ 
partment  is  eliminated,  and  maps,  gloves,  and 
other  personal  paraphernalia  are  carried  in 
center  compartments  placed  between  both  the 
front  and  rear  seats.  The  traditional  dasliboard 
is  replaced  by  a  controlled-energy-absorblng 
cowl  placed  40  in.  forward  of  the  eye  point,  at 


the  base  of  the  windshield.  It  consists  of  a 
yielding  backup  structure  covered  by  foamed 
padding. 

The  front  seats  form  a  padded  barrier  in 
front  of  the  rear  passengers  that  will  not  break 
away  under  the  crash  loading  by  the  front  pas¬ 
sengers,  nor  under  Impact  loading  by  the  rear 
passengers.  The  doors  provide  the  outboard 
lateral  support  and  cushioning  from  the  shoul¬ 
der  down  to  the  pelvis.  They  are  contoured  to 
provide  arm-rest  space,  and  the  arm-rest  is 
itself  the  door-operating  handle. 

The  windshield,  as  a  transparent  part  of 
the  "strongbox"  concept  of  automobile  safety 
design,  is  a  compromise  of  conflicting  require¬ 
ments.  The  Safety  Sedan  windshield  consists 
of  simple  curved  surfaces  (to  eliminate  visual 
distortion)  well  removed  from  the  seated  front 
occupanv  position.  It  is  made  of  laminated  glass 
especially  formulated  to  reduce  head  Impact  in¬ 
jury  for  the  unrestrained  occupant.  This  lami¬ 
nate  consists  of  thin  plies  of  annealed  ouler 
glass  and  a  chemically  toughened  inner  glass 
with  a  0.030-in.  thick  controlled  adhesion 
polyvinyl-butyral  interlayer.  According  to 
tests,  this  glass  has  less  weight  and  less  stiff¬ 
ness  —  and  takes  up  to  three  times  greater  head 
velocity  to  fracture  —  than  the  recently  Intro¬ 
duced  improved  laminated  windshield  glass 
used  in  196?  vehicles.  Other  tests  indicate  that 
flying  glass  created  by  severe  impact  of  this 
material  1b  of  such  size  and  shape  as  to  cause 
minimal  laceration. 


The  side  window  area  is  extensive  and  re¬ 
quires  the  use  of  the  best  glass  characteristics 
available  to  minimize  ejection  of  the  unre¬ 
strained  occupant  and  impact  injury  from  the 
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that,  when  side  windows  shatter,  some  parts  of 
tho  passenger  may  be  forced  outside  the  car  and 
injured.  UBe  of  a  proper  laminated  glass  will 
help  prevent  such  ejection.  In  (he  Safety  Sedan, 
the  side  glass  is  similar  to  the  windshield,  ex¬ 
cept  that  thinner  piles  are  used  for  greater  re¬ 
siliency  in  occupant  impact. 


The  side  windows  are  flush  with  the  padded 
interior  door  frame  to  reduce  the  likelihood  of 
occupant- Injurious  contact  with  frames  and  door 
posts.  The  interior  roof  or  ceiling  area  pro¬ 
vides  added  head  protection  with  a  uniform  3-ln. 
thickness  of  energy -absorbent  padding  under  the 
finished  headlining  material. 


CONCLUSIONS 

The  Engineering  Design  and  Development 
phase  of  the  New  York  State  Safety  Car  Program 
has,  through  a  systematized  study,  created  an 
optimized  configuration  for  a  safety  sedan  which 
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is  capable  of  greatly  reducing  the  severity  of 
injury  that  an  occupant  will  experience  in  a  col¬ 
lision.  The  dynamic  response  of  the  vehicle 
structure  together  with  the  responses  o  the  in¬ 
tegrated  seat  and  restraint  systems  hat  ■  been 
studied  and  designed  to  minimize  Intrus  i, 
control  the  magnitude  and  distribution  of  ihe 
loads  transmitted  to  the  occupants,  and  mini¬ 
mize  occupant  Injury  causod  by  vehlclo  interior 
impact.  The  occupant  who  neglects  to  use  the 
available  restraint  system  Is  also  protected  to 
a  greater  extent  than  In  current  practice. 


New  York  State  has  no  immediate  plans  for 
continuing  with  the  next  phase,  that  of  building 
and  testing  prototype  safety  sedans.  However, 
they  have  presented  the  designs  to  the  Federal 
Government  tor  possible  development  of  such  a 
car  as  part  of  the  nationwide  emphasis  on  traf¬ 
fic  safely.  The  Safety  Sedan  1b  an  important 
step  forward  on  the  road  to  greater  automotive 
safety;  for  whether  or  not  the  Safety  Sedan  is 
built  tn  its  present  form,  the  odds  arc  that  its 
ideas  and  concepts  will  effect  your  car  of  the 
future. 
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DISCUSSION 


Mr.  Paul  (MIT):  You  put  down  all  these 
criteria  such  as80  mph  frontal  impact  and  40 
mph  aide  Impact.  What  degree  of  damage  to 
the  occupant  la  permitted?  la  this  keeping  him 
alive,  maiming  him,  or  what? 

Mr.  Davis:  The  degree  of  Injury  la  called 
minor  injury.  There  is  absolutely  no  danger  of 
death.  The  detailed  medical  definition  of  minor 
injury  may  he  Holed  in  the  paper.  I  do  not  re¬ 
call  at  the  moment. 

Mr.  Meyo  (McDonnell  Douglas  Corp):  Do 
you  consider  anuman  response?  when  you  talk 
about  human  Injury  are  you  considering  dynamic 
model#  of  the  head,  the  neck,  and  so  on  ?  If  you 
do,  what  kind  of  springe  and  damping  are  postu¬ 
lated  and  where  did  you  gst  them  ? 

Mr.  Pavla:  Frankly,  the  state-of-the-art, 
particularly  In  such  directions  a#  side  Impact, 
does  not  have  such  models  as  you  refer  to.  The 
basic  criterion  that  we  have  used  to  estimate 
the  degree  of  Injury  Is  the  allowable  g  level  that 
human  occupant  can  tolerate.  We  probably 
have  used  very  simple  dynamic  models  of  the 
occupants  to  estimate  what  the  dynamic  re¬ 
sponse  of  the  occupants  will  be. 


Mr.  Meyo-  Arc  you  saying  that  you  really 
have  a  sot  oTin-motion  or  ln-car  descriptions 
of  the  environment  and  you  sort  of  let  It  go  at 
that? 

Mr.  Davis:  No.  Some  groups,  such  as 
Cornell  Aeronautical  Laboratory,  for  example, 
have  an  il-dogree-of-freedom  model  of  a  human 
in  a  forward  crash  impact.  The  details  of  the 
model  have  taken  3  years  to  validate  finally. 

I  think  tho  basic  approach  we  took  was  to  look 
at  approximately  what  the  deceleration  level  of 
a  semirigid  occupant  would  be. 

Mr.  Bynum  (Hockctdync):  I  think  you  left 
out  tike  moat  Important  tiling.  What  docs  this 
thing  coat  compared  to  eay  tho  latoet  model 
Chevrolet  or  Ford?  How  much  more  would  a 
production  version  of  this  ear  coot? 

Mr.  Davis:  This  can  can  be  mass-produced 
at  a  cost  In  the  range  of  the  low-priced  three. 
However,  I  would  like  to  point  out  that  this  cal¬ 
ls  aircoudltloned.  If  you  are  going  to  compare 
it  with  a  current  car  It  should,  of  course,  have 
the  same  features. 
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